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After a brief survey of the theory of hydraulic turbines, the book presents a de- 
tailed description of various designs of Francis and Kaplan turbines as well as of their 
main components and auxiliary equipment, such as scroll casings, guide vanes, run- 
ners, shafts, bearings, governors, guide-vane and blade-actuating mechanisms, etc. 

The problem of selecting constructional parameters and designs of hydraulic 
turbines is given due consideration. Information is given on turbine governors, and 


control problems are discussed. 


This book is intended for both designers and students of hydraulic engineering. 
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PREFACE 


The Soviet hydraulic-turbine industry has considerable achievements to 
its credit, and units manufactured in the U. S. S. R. - with a total capacity 
of over 10,000,000 kw - are rendering commendable service in many parts 
of the world. 

The production of the most powerful Kaplan (adjustable-blade)-type tur- 
bines in existence for the hydroelectric plants [HEP] on the Volga River, 
imeni Lenin and imeni XXII Party Congress, is an outstanding achievement. 
These turbines have been in operation for a congiderable period and have 
given satisfactory results. 

The most powerful Francis (radial-axial)-type turbines yet built, with a 
capacity of 226,000 kw, are now being manufactured for the Bratek HEP. 
Detailed drawings and preparations for construction are now in progress 
for even bigger turbines, with a capacity of 500,000 kw, for the Krasnoyarsk 
HEP. The design of the high-head turbines for the Nureksk HEP has begun. 
New turbine designs, such as the diagonal Deriaz, submersible (tubular) 
and reversible types are now being developed too. 

The future development of power engineering in the U. S.S.R. demands 
a rapid increase in the production of various types of turbines, and an im- 
provement both in design and in power and cavitation characteristics. 

The reduction of construction costs for hydroelectric plants is an import- 
ant problem. Although the cost of turbines themselves is not a major ele- 
ment in the total cost of the plant, the over-all sizes of their water passages, 
especially in low-head turbines, play a significant part in determining total 
construction costs, particularly of that part below water level. Turbine de- 
sign, therefore, has a considerable bearing on the reduction in cost, and 
the length of construction time, for the hydroelectric plant as a whole. 

Most hydraulic turbines are manufactured at the LMZ*, which has al- 
ways been the leading plant in this field, and remains so today. 

The author has been working in the design department of this plant for 
30 years. The present study is an attempt to generalize the experience 
gained by turbine builders, and analyze the positive and negative features 
of the various models produced. 

The experience amassed at LMZ in calculation, design and manufacture 
of hydraulic turbines has already been set out in monographs and technical 
articles published over the past years. 

Turbines are described in monographs /24/, /95/, and /46/. Monograph 
/53/ reviews modern methods for the design and calculation of turbine 
water passages. 

Technological problems in the construction of large turbines are pre- 
sented in /15/ and /89/, 

Regulation of hydraulic turbines and problems in the design of LMZ gov- 
ernors are dealt with in monographs /16/, /4/, /31/,and /32/. 


[* See list of abbreviations on page 683. ] 


[Monograph /64/, edited by A. A. Morozov, discusses problems con- 
nected with the selection of hydraulic-turbine characteristics. Most of the 
contributors to this work belong to the LMZ staff. ] 

Editions I, III, IV, and VIII of LMZ technical and scientific papers, 
and the jubilee edition published on the occasion of the plant's centenary, 
cover problems of design, calculation, research, construction, and pro- 
duction technology of hydraulic turbines. 

In his monograph, /78/, I. N. Smirnov deals with general problems of 
hydraulic turbines, and gives a partial summary of the LMZ practice in 
this field. 

The present study covers the construction of hydraulic turbines, their 
evolution,and the design of their components, Among other problems dealt 
with are the procedure of design and all related questions which arise in 
the course of design and production of modern turbines. 

In order to afford an over-all picture, the present book opens with a gen- 
eral statement of the theory and structure of hydraulic turbines. Some in- 
formation on auxiliary equipment and regulation is included at the end. 

The study is based on the experience of the LMZ in the construction of 
hydraulic machinery which has already been reviewed to some extent in the 
papers mentioned above, and therefore some repetition is unavoidable, Al- 
though the design of a large turbine is the result of team work, this book 
also singles out the contribution of various individuals to technical progress 
in this field. 

The monograph is divided into 13 chapters. 

Chapters I and II contain general information on hydraulic turbines and 
basic theory; ChapterIII deals with selection of the characteristics of hy- 
draulic turbines; ChapterIV deals with the water passages of the turbine; 
Chapter V with various types of hydraulic turbines; Chapters VI, VII, VIII, 
IX and X are concerned with the design of the main components of the tur- 
bine; Chapter XI, with auxiliary equipment; Chapter XII gives concise de- 
tails on regulation; and finally, Chapter XIII gives the order of steps 
in the design of hydraulic turbines and their components, 

The author wishes to express his indebtedness to G. S. Shchegolov for 
his review of the manuscript, to A. Ya. Aronson, B. A. Berkman, V.S. 
Postoev and I. E. Etinberg for their remarks on separate chapters of the 
manuscript, to Yu. U. Edel' for his aid in editing this book, and to O. N. 
Debrinskaya for her assistance in the preparation of the manuscript. 


The author 


Chapter I 
GENERAL DATA ON HYDRAULIC TURBINES 


1. TYPES OF HYDROELECTRIC PLANTS 


è 


Hydraulic turbines convert the potential energy of water into kinetic en- 
ergy by utilizing the difference in elevation between two water levels which 
is called head (H). To utilize the energy of water apart from turbines 
proper, special hydro structures are also required. 

The difference between water levels (head) is usually obtained by build- 
ing adam, whose height will depend upon conditions at the site. 

On lowland rivers the dam is usually located near the powerhouse. On 
mountain rivers, dams may be built at a distance from the powerhouse; 
the water reaches the turbines through a tunnelor channel, called a diversion 
channel, and a penstock. Hydroelectric plants are accordingly termed 
run-of-river plants or diversion plants. 

Hydroelectric plants for heads ranging from 2 to 2,000 m have been built, 
depending on the natural conditions and the hydraulic layout adopted. 

The head represents the energy of a unit weight of water. The power de- 
veloped by the water depends on the head and the discharge, i.e. the quan- 
tity of water passing per second. When comparing turbines of approximate- 
ly equal power, it is obvious that those working under a higher head will 
have a smaller discharge, and hence smaller dimensions. In modern low- 
head turbines, the discharge Q reaches zz 700 m3/sec. The most import - 
ant turbine dimension is the runner diameter, and the largest turbine ever 
built has a runner diameter D4,29300 mm. 

The type of turbine depends on the head-to-discharge ratio. 

Figure I. 1 shows a cross section through a low-head (H = 10 to 20m) 
hydroelectric plant with the powerhouse adjacent to the dam. 
~ The vertical shaft turbine (1) is coupled to the generator (2). From the 
storage reservoir created by the dam where the water is at a certain eleva- 
tion VHW, called headwater, the water stream is directed to the turbine 
and then discharged to the lower reservoir [if a river cascade scheme is 
planned] where the elevation is denoted by V TW (tailwater). 

Figure I. 2 shows a sectional view through the powerhouse of a high-head 
HEP. (H= 300m). The water reaches the turbine (1) through a long steel pen- 
stock, part of which (3) is visible in the figure. The gate (2) is located on 
the penstock, upstream from the turbine. The water is discharged direct- 
ly into the tallrace. The turbine is coupled to the generator (4). 

Sometimes, in run-of-river hydro plants, the equipment may be located 
right inside the dam. Considerable savings may be obtained by eliminating 
the powerhouse building. Such a plant, operating undera relatively low head, 
may be seen in Figure I. 3. Figure I. 4 shows a medium-head hydroelectric 
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FIGURE 1.1. Sectional view of a low-head hydro-plant powerhouse adjacent to the dam 


plant (H 80 to 100m), where the generating unit (1, 2) is located inside the 
dam, The water reaches the turbine through the steel penstock (3). 

It is more convenient to house horizontal turbines inside the dam. Dur- 
ing recent years, a great deal of attention has been paid to improved de- 
signs for horizontal-shaft turbines. 

It sometimes proves economical to pump water from the tailwater to the 
headwater side for certain periods of time, for use later on in the turbine. 
Such plants are termed pumped-storage plants. The operation may be ef- 
fected by specially installed pumps: a better method still is to use the tur- 
bine itself for pumping. The generator then works as a motor, drawing 
current from the network, and the unit is called a pump-turbine unit. 

The turbines used in tidal hydroelectric-power plants which harness the 
energy of marine tides are of special construction. Their characteristic 
feature is the periodic interchange of headwater and tailwater sides. 


2. POWER OUTPUT OF HYDRAULIC TURBINES 


The hydraulic turbine utilizes the energy of the water, which develops a 


torque on the generating-unit shaft. 
The power developed by the water depends both on discharge and on head; 


it may be determined according to the general laws of mechanics, 
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FIGURE I.2. Sectional view of a high-head hydro-plant powerhouse 


The water power developed ELAS THE TURIS! yk Kc : 
N, = IEE —-9.81QHg kw, (I. 1) 


where y =1000 kg/m? = specific weight of water; 
Q - water discharge, mꝰ / sec ; 
H g = gross head, m. 


Water power is not completely utilized in the turbine, and unavoidable 
losses always occur, 
If N is the power as measured on the turbine shaft, the following rela- 
tion will always be valid 
N«N, or N = ANa 


where 5, is the turbine efficiency. This does not include the power losses of 


the generator and should be distinguished from the general effiency. 





FIGURE 1.3, Low-head hydroelectric plant with the generating unit located in the dam 


The efficiency of the whole installation also takes into consideration the 
losses in the generator, 
The effective or net head, H, utilized in the turbine will always be small- 


er than the gross head H, by the head losses between intake and turbine, 
and ín the tailwater channel (tailrace). 


H = H, —(Ah, + Ah). 


where 4h; head losses from intake to turbine; 
Ah, * head losses in the tailrace. 


The effective (net) head may be defined as the difference between the 
energy of 1 kg of water at the entrance to the turbine, and at the beginning 
of the tailrace [less all losses]. 


r-(Bessed)-(pes d) aa 


where p, and p, = average pressures, kg/cm?; 
24, and 2, = elevations, m; 
9, and o, * average water velocities, m/sec; 
g = acceleration of gravity, m/sec; 
a, and @ = coefficients introduced to allow for the uneven velocity 
distribution in a cross section. 
In these formulas the subscript e refers to the entrance cross section of 
the turbine casing, and the index & to the beginning of the tailrace. 


The effective head is the specific energy which may be physically util- 


ized by the turbine. 
The power developed by a water stream of head H in m is 


N, " 9.81QH kw. 


The power N in kw developed at the turbine shaft, 4H being the head in 
m, Q the discharge in m?/ sec, and *« the over-all turbine efficiency, is 


N = nN, b 
See a 
or ae 
N = 9.8IQH» kw. 
The over-all power losses in the turbine are 
AN = 9.81QH (1 — n) kw. 


The over-all losses are made up of head losses owing to hydraulic fric- 
tion in the turbine, losses due to local turbulence, to changes in the magni- 
tude and direction of velocity, to differences in the velocity heads in the draft 
tube and in the tailrace, water leakages between the blades and throat ring, 
friction losses in bearings, etc. 

The turbine efficiency depends on design, dimensions, and operating 
conditions. The efficiency of small turbines is usually lower than that of 
larger units, since the roughness of the water-spilled passageways is rel- 
atively higher, the Reynolds number is smaller,and the mechanical losses 
are relatively larger. 

The efficiency of modern large turbines may reach values of 90 — 93% 
and even more (up to 94.5%). 

Very high efficiencies are reached only under extremely favorable con- 
ditions, by certain combinations of discharge, head, and speed of rotation, 
or optimum operational conditions of the turbine, as they are called. 

The power N ni developed by the generating unit, measured at the gener- 
ator output terminals is 


~ 


N ni” 9.81QHnn, kw 
where 5, is the generator efficiency. 

The efficiency of a generator coupled with a turbine varies from 95 to 98%. 
Thus the over-all turbine-plus- generator efficiency varies from 90 to 91%. 

The power developed by a turbine may vary within very large limits, de- 
pending on discharge, head,and the combination of the two. At present, 
there are turbines in existence with a maximum capacity of more than 
200,000kw. A turbine of given capacity may have a runner with a large 
or a small diameter, depending on the head. 


3. CLASSIFICA TION OF HYDRAULIC TURBINES 


The wide variety of head and discharge combinations in hydroelectric 
plants requires a large number of types and a considerable range of dimen- 
sions for turbines. The classification of modern turbines is given in Table 
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FIGURE I.4. Medium-head hydroelectric plant, with the generating unit and 
steel penstock located ín the dam 


As may been seen from the table,’ hydraulic turbines fall into two gener- 
al classes, reaction and impulse turbines. 

These terms are, to a certain extent, arbitrary. It would be more correct 
to call the reaction type, velocity-pressure turbines, and the impulse type, 
free-jet turbines, thus indicating the true nature of the phenomena involved 
more precisely. 

According to the Bernoulli theorem, which expresses the law of energy 
conservation in hydromechanics, 


apt +2=£ =const, (I. 3) 


the energy of unit weight of water flow is the sum of three different kinds 
of energy, corresponding to the three terms of this equation (kinetic ener- 
gy £ , and two kinds of potential energy, the pressure -> and the eleva- 
tion 2 ). Turbines are grouped into various classes according to the type of 
energy converted by the runner. 

The water energy delivered to the runner will evidently equal the differ- 
ence in the stream energies before and after the runner, Denoting the en- 
trance to the runner by subscript 1 and the exit by subscript 2, we may 
write 





2. Q2 
Sx BIB pna A. |. Q. 4) 


TABLE I. 1 


Classification of hydraulic turbines 
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The larger the difference 
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the larger the quantity of energy A received by the runner at the expense of 
potential energy, and vice versa. 

Reaction turbines are the type most widely used and cover the range of 
heads (1. 5 - 300m) most often encountered in hydroelectric plants. 

With free-jet or impulse turbines, the pressures at the runner entrance 
and exit are equal, i.e., p; = ps. 

Only kinetic energy of the jet discharging into the atmosphere is used 
up in the runner. The impulse turbine is operated under atmospheric pres- 
sure by the free jet, which does not fill the passages. The available head is 
converted into velocity head o = K,V2gH where K, is a coefficient depend- 
ing on the losses due to jet formation. Usually K, = 0.97 to 0.985. 

The two classes of hydraulic turbines (reaction and impulse) in turn are 
divided into various sub-types. In modern practice the most important 
types of reaction turbines are the following: adjustable blade [Kaplan], 
fixed-blade, and radial-axial [Francis]; the impulse turbines are: [fixed 
bucket [Pelton], inclined jet, and double -jet types. 

The turbine types most widely used are the Kaplan, Francis, and Peltontypes. 

The hydraulic turbine generally consists of the following basic elements: 
the casing, the distributor, the runner (water wheel), the throat ring, the 
draft tube, the shaft, and the bearings. 

In reaction turbines, the casing is usually a scroll (spiral) casing whose 
function is to guide the water fully and uniformly all around the circumfer- 
ence toward the distributor, In impulse turbines, the water does not bear 
against the entire circumference of the runner, but strikes it in jets. Hence 
the casing of the impulse turbine, especially that of the Pelton type, is the 
penstock itself (with" Y" pieces provided for multiple-jet turbines, with a 
corresponding number of branches). 


The purpose of the distributor is to direct the water flow entering the 
runner, and to regulate the discharge through the turbine. In reaction tur- 
bines, the distributor consists of guide vanes which are angularly adjustable 
by means of a special mechanism, The vane axes may be parallel to the 
turbine center line (radial guide vanes), perpendicular to it (axial guide vanes) 
or inclined (diagonal guide vanes). The distributor of the Pelton turbine is 
a contracting nozzle, inside which a pear-shaped needle moves in an axial 
direction. The movement of the needle alters the free section of the nozzle, 
thus regulating the discharge. 

The main direction of the flow near the Kaplan turbine runner is paral- 
lel to the turbine center line. The runner blades may turn about their axes, 
which are perpendicular to the turbine center line, Blade angles may thus 
be adjusted, obtaining a high efficiency under all operating conditions. 

The diagonal Deriaz-type turbine is a variety of the Kaplan (adjustable -blade) 
turbine; the blades are inclined at a sharp angle with respect to the turbine 
axis. 

The direction of flow in the Francis-type runner changes gradually from 
radial to axial. The blades are fixed, and fastened by a band (called the 
shroud). The Pelton runner buckets are bowl-shaped. 

The draft tube,of the diverging type, reduces the velocity at the turbine 
exit, and is intended primarily for the regain of head. For constructional 
reasons most plants have elbow-type draft tubes. In Pelton turbines, as 
already indicated, pressure at the runner exit equals atmospheric pressure 
and a draft tube is not required. 

Each turbine class is subdivided into a number of series. The turbines 
in each series have geometrically similar water passages. 

— In turbine construction the turbines belonging to a certain series are 
characterized by their specific speed, whichis determined from the formula 


VN (kw) 
n, = 1) a (1.5) 


Depending on the specific speed, the turbines are divided into low-, me- 
dium-, and high-speed types. 


TABLE I. 2 











Specific speed 


Medium- 
Low -speed edium 
speed 
300-450 500-700 


— — 







Turbine types 





High-speed 









800-1100 






Francis 250-400 






Pelton 


4. DESIGNS OF HYDRAULIC TURBINES 


Since large and medium hydro plants are usually equipped with Kaplan, 
Francis,and Pelton turbines, only the various parts and operating princi- 
ples of these turbines require detailed consideration. 

The schematic diagram of a Kaplan turbine is shown in Figure I. 5. 
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FIGURE I. 5. Kaplan turbine 


From the storage reservoir created by the dam, water is fed to the spi- 
ralcasing (8). The guide vanes (2) are located inside the spiral casing. 

With the guide vanes adjusted, the distributor directs the flow toward 
the runner (1), controls the amount of water supplied to it, and also 
makes it possible to interrupt the water supply to the runner complete- 
ly. 

The turbine output may be regulated by varying the water discharge with 
the aid of the distributor. 

The distributor is a mechanism consisting of a large number of hydrody- 
namically-shaped guide vanes, disposed around the circumference. The 
vanes can be turned simultaneously at a certain angle, thus creating chan- 
nels for the passage of water; the width of these channels changes, depend- 
ing on the turning angle of the guide vanes. When the distributor is closed, 
the guide vanes touch each other, and the water flow through the turbine is 
shut off. The distributor leads the water uniformly toward the entire cir- 
cumference of the runner. The guide vanes are kinematically linked to the 
oil-pressure operated piston-type servomotor (7). 

The servomotor consists of cylinder and piston. When oil is admitted 
under pressure into the cylinder the piston moves, thus pulling the sliding 
ring which turns the guide vanes. From the distributor, the water passes 
through the runner, 

The Kaplan-turbine runner (1) usually has only a few blades (4 to 7), fast- 
ened to the runner hub by the blade stems. Within the hub are the crank- 
shaft mechanism for blade pivoting and an oil-pressure piston-operated 
servomotor, for its actuation. 

The oil is supplied to the servomotor through hollow rods located with- 
in the shaft (11). These rods are connected to the oil-supply head (4) in- 
stalled on the generator, The oil-supply head is connected to the oil pump- 
ing system (6). 
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FIGURE 1.6. Schematic diagram of a Kaplan-turbine regulation system 


The runner blade angle may be adjusted to a certain water discharge, 
in accordance with the distributor opening. 

From the runner the water enters the draft tube (9) whence it is dis- 
charged into the tailrace. 

The runner is mounted on the vertical shaft (11) which is guided in the 
bearing (10). The turbine shaft is coupled to the generator shaft. The 
governor (5) regulates the operating conditions of the turbine according 
to changes in power demands (load), 

The layout of the Kaplan-turbine regulation system is shown in Figure I.6. 

The governor has a highly sensitive speed-responsive flyballs system (7). 
Receiving small impulses from the flyballs - measurable in grams - the 
governor amplifies them considerably, sometimes up to hundreds of tons, 
by means of hydraulic amplifiers (pilot valve (1) and servomotors (3 and 4)), 
in order to turn the movable guide vanes (5) of the distributor and the ad- 
justable runner blades (6). 

The blade-control valve [in Russian terminology - kombinator], which 
ensures the required interdependence between the guide-vane position and 
runner blades position, is denoted by (2), and the restoring mechanism 
by (8). 

The arrangement of a Francis turbine, shown in Figure I. 7, is similar 
to that of a Kaplan turbine (Figure I. 5). The difference is that the Francis 
runner has fixed blades (14-20) which are surrounded by a shroud. Hence, 
the Francis turbine attains high efficiency under certain operating condi- 
tions only. If these conditions alter, the efficiency markedly decreases. 

The regulating system of these turbines is much simpler, since no spe- 
cial mechanism for runner-blade adjustment is required. 

The arrangement of a horizontal Pelton turbine for high-head plants is 
shown in Figure I.8. 
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FIGURE 1.7. Schematic diagram of a Francis turbine 
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FIGURE 1.8. Schematic diagram of a Pelton turbine 
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shaft (tubular) turbine 


FIGURE 1.9. Schematic diagram of a horizontal- 


The arrangement of a horizontal Pelton turbine for high-head plants is 
shown in Figure 1.8. 

The water is fed to the runner through the penstock provided at its end 
with the nozzle (6). The high-velocity water jet issuing from the nozzle 
strikes the runner buckets (3) and causes the runner to rotate, The water, 
leaving the runner buckets, flows around the casing (2) and passes into the 
tailrace. Quite often turbine and generator have a common shaft (1). Reg- 
ulation of the water jet emerging from the nozzle and reaching the runner is 
effected by the movable needle (4) located in the nozzle, and by the jet de- 
flector (7), both actuated by the governor. 

In modern turbine engineering, the use of horizontal Kaplan turbines for 
spill-type, pumped-storage, and tidal-power plants is continually spreading. 
As an example, the schematic diagram of the horizontal-shaft Kaplan 

turbine for the Kama hydroelectric plant is shown in Figure I.9. 

Water is fed into the axial distributor (4) through twolateral rectangular- 
shaped ducts (1), These ducts enclose the concrete casing (bulb) (2) 
where the generator (3) is housed. When leaving the runner, the water flows 
through the straight horizontal draft tube (7). 

The runner (5), with adjustable blades, is coupled with the generator 
shaft which is located on two bearings (9). 

The turbine runner is supported by the turbine bearing (8), located in the 
outlet stator (6). 

The servomotor (11) and the blade-adjustment mechanism are located in- 
side the runner. The oil is supplied to the servomotor (11), through rods 
connected to the Supply head (10) mounted on the generator -shaft end. 


5. DESIGN FEATURES OF HYDRO GENERATORS 


Whether horizontal or vertical generators are used depends on the pos- 
ition of the turbine shaft. For large turbines the shaft is generally vertical, 
and coupled directly to the shaft of the vertical generator. 

Horizontal-shaft generators for large turbines, which are usually of low 
speed, are rather difficult to design. The capacity of the largest horizontal 
generator built in the U.S.S.R. for a speed of 125 rpm is 23,000 kw. 

Two types of vertical generators used, the overhung type and the umbrella 
type, differ only in the position of the thrust bearing with regard to the rotor. 

The overhung-type generator has a thrust bearing located above the rotor 
and fastened to the upper bearing bracket, and two guide bearings, one below 
the rotor on the lower bracket, and the other on the thrust bearing. The um- 
brella-type generator has only one thrust bearing below the rotor, resting 
either on the lower bearing bracket or on the turbine cover-plate, 

The over-all height of the umbrella-type generator is smaller, while the 
lower bracket, having a smaller widththan the upper bracket of the overhung- 
type generator, is lighter under equal load, thus reducing the total weight 
of the generator. 

Low-speed, high-power Kaplan turbines (a <75 rpm) require a large-size 
generator, so that it becomes of paramount importance to reduce its weight 
and dimensions. Anumbrella-type generator is therefore indicated. 

For high speed generating units (a > 150 rpm) with relatively large dimen- 
sions (stator diameter < 10 m), the overhung-type generator is commonly 
used. | 

A sectional view of an overhung-type generator is shown in Figure I. 10. 
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The stator (5) consists of the frame, the laminated core, and the stator 
windings (6). The stator frame usually rests on the foundation. 
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FIGURE 1,10, Sectional view of an overhung-type generator 


The rotor (3) consists of the rim, mounted on the spider (7), with the hub 
(13) shrunk on the generator shaft (14). The excitation current from the ex- 
citer (10) enters the pole windings (4), producinga magnetic flux in the rotor. 
poles and the stator core. The relative motion between the rotor and the 
stator causes the magnetic flux lines to intersect the stator winding, thus 
inducing a current which is delivered to the electrical network, In large 
generators an additional pilot (booster) exciter (11) is provided to excite the 
main exciter. 

The stationary thrust collar (8) on the upper bracket (12), carries the 
whole axial load of the runner. The generator shaft (14) transmits the 
torque from the turbine shaft to the rotor, being guided by two bearings , 

(1) and (9). 

Hydraulic brakes are provided below the rotor to stop it when the 
load is disconnected; otherwise, continued rotation due to inertia would 
upset lubrication conditions between the sliding surfaces of the thrust bear- 
ing and the thrust-bearing collar might heat up and suffer damages. 

An umbrella-type generator is shown in Figure I. 11. It is similar in de- 
sign to the overhung type, except for the stationary thrust collar (1), which 
is located below the rotor on the lower bearing bracket (2). 
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FIGURE I. 11. Sectional view of an umbrella-type generator 


As a rule the generators are of the a.c. three-phase type [alternators]. 
When selecting the turbine speed, and hence the generator speed, it should 
be remembered that in the U. S. S. R. the a.c. frequency f=50 cycles. 

The number of pole pairs, p, depending upon the speed n (rpm), may be 
computed from the formula 

60f 3000 


p-—————. 


6. DEVELOPMENT OF TURBINE CONSTRUCTION IN THE U.S.S.R. 


The manufacture of hydraulic turbines started in the U. S. S. R. only after 
the revolution. 

In 1920, the VIII All-Union Session of the Soviets approved the first plan 
for the economic development of the country —GOELRO. This plan envis- 
aged the erection of 30 power plants (including 9 hydro plants) totalling 
1,750,000 kw over a 10-15 year period. 

The hydraulic power equipment for the first hydroelectric plants built 
under the GOELRO was purchased abroad. 

The manufacture of hydraulic turbines started simultaneously at the plant 
imeni Kalinin in Moscow, and at the plant imeni XXII Congress of the KPSS 
in Leningrad. Before World War II the plant imeni Kalinin supplied only 
small-size turbines. After the war, the production of small turbines was 
begun in the Urals too. 


LMZ delivered its first two hydraulic turbines, with a total output of 
425 kw, in 1924. 

In 1925, 9 turbines were produced at the plant, with a total output of 
4,560kw. As time went on, and turbine manufacturing expanded further, 
LMZ became the national center for the production of hydraulic turbines, 
and delivered the most powerful units of its own design. 

The first Kaplan turbine, with an output of 294 kw at a head of 4.25m, 
was delivered by LMZ in 1930, for the Pervomaiskaya hydroelectric power 
plant. 

In 1928 LMZ erected a hydraulic laboratory for experimental research 
on turbine models, which was a significant step forward in the successful 
development of turbine construction. 

In 1931 LMZ started building a large hydraulic-turbine shop which com- 
menced production in 1935. The new shop was equipped with machines to 
take parts up to 14m in diameter, surface and assembling plates, power- 
ful cranes, test benches for turbine governors, etc. 

In the first period of development, machining and assembling technology 
was rather primitive. Experienced foremen used to decide on the accuracy 
required in machining, clearances in joints, and so on. 

After 1935, production was planned on a more serious basis. This was 
done from the very first stage by checking the design according to techno- 
logical criteria; the newly designed technological processes were then trans- 
lated into practice. 
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FIGURE I. 12. Turbine for the Rybinsk hydroelectric plant (N= 65,000kw; H = 17.5m; D= 9m) 


The turbines for the HEP of the Volga-Moscow Canal imeni Moskva were 
delivered in 1937. For the first time in U.S.S.R. practice, turbines were 
designed for full automatic control, according to principles and circuits de- 
vised at the LMZ. Afterwards all high-power turbines were delivered with 
fully automatic control. 

The construction of the Kaplan turbines for the hydroelectric plants on 
the Volga River,Uglich and Rybinsk,carried out in the period before World 
War II was a big achievement for the country's turbine industry. These 
units were the most powerful of their type in the world, at the time. 

They had an output of N = 65,000 kw and operated under a head H :15.5 m. 
The runner diameter was 9m. Figure I.12 presents a sectional view of one 
of these turbines. 

The design and manufacture of all major components of these turbines 
raised entirely new problems, such as the design of the water passages, and 
design and construction of large-size heavily-loaded parts of intricate geo- 
metrical shape. 

Difficult problems in metallurgical technology had also to be solved, such 
as: casting large-size parts weighing up to 60t with guaranteed mechanical 
qualities, casting stainless steel, heat treatment of blades weighing up to 
20t with preservation of high strength and ductility characteristics in each 
cross section of the blade, etc. 

These problems were mainly solved at the new machine-construction 
plant at Kramatorsk (NKMZ) in the Donbass, which delivered all the large 
steel castings and forgings for these turbines. 

Special instruments and devices had tobe provided and new advanced meth- 
ods of machining established, suchas: simultaneous machining of components 
on several machine tools, more efficient machining conditions, machining 
of large-size parts with cutters of larger cross section, machining of parts 
on vertical mills with a more efficient use of lathe capacity, Meanwhile re- 
search was carried out into the technology of rubber bearing-liner manufac- 
ture, pressing-in of bronze-bushing without subsequent machining, methods 
for detecting shaft defects and for precise static balancing of assembled run- 
ners weighing up to 300t, etc. 

Before World War II, the plant manufactured and installed several large 
turbines, proof of the success of the U. S. S. R. turbine industry. 

The efficiency of these turbines, as measured during actual operation, 
attained 92 — 93.5%. 

During World War II, turbine production in the U. S. S. R. was interrupted 
unti] 1944, when work started simultaneously at the LMZ on reconstructing 
the plant itself, and on repairing and restoring turbine equipment for the de- 
stroyed hydroelectric plants. 

A considerable amount of work was required to restore the Dnieper HEP. 
The turbines for this plant had been delivered in the thirties by the Newport- 
News Company in the U. S. A. 

The first three units (turbines and generators) for the reconstructed plant 
were purchased in the United States, and the other six units were delivered 
by the U. S. S. R. plants LMZ and Elektrosila. 

Without increasing the over-all sizes of the former designs, the new tur- 
bines installed were more powerful (80,000 kw instead of 67,000 kw), with 
an efficiency of 93% instead of 90.2%. 

For the first time U. S. SS R. engineers succeeded in manufacturing and 
transporting an all-cast runner with a diameter of 6.1m, a height of 3.1m, 
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and a weight of 92t. American companies have manufactured similar run- 
ners,but in sections. The manufacture of all-cast runners saved 12t of steel 
and shortened manufacture and erection time by three months for each tur- 
bine. 

After World War II, much was done to improve the design of Kaplan 
turbines, Improvements in regulation systems led to smaller servomo- 
tors and distribution valves, and oil-pumping units of reduced over-all di- 
mensions. A novelty in turbine design was arranging the thrust bearing on 
the turbine cover-plate, This made it possible to eliminate the bearing 
bracket, thus reducing the weight and the total height of the turbine unit, 
which is even more important. 

In 1952, the production of hydraulic turbines was begun at the Harkov Tur- 
bine Plant which has manufactured many large Kaplan turbines in recent 
years. 

After the war, standard turbine parts were largely used in the U. S. S. R. 
turbine industry, thus eliminating many of the shortcomings of the custom- 
made products. 

LMZ and VIGM jointly developed a specification for hydraulic turbines, 
which established the types and dimensions of runners covering the whole 
field of application of hydraulic turbines, for heads ranging from 3 to 300m 
and outputs from 500 to 150,000 kw. 

The design and manufacture of turbines for the most powerful hydroelec- 
tric plants in the world, imeni Lenin and imeni XXII Congress of KPSS 
(D,=9.3 m) on the Volga River, was an important step in the development of 
turbine construction. 

These units — among the largest and most powerful Kaplan turbines in 
the world — have a capacity of N=108,500 kw under a rated head of H*19 m, 
and 126,000 kw under a maximum head of H=22.5m. A large series of 41 
turbines was produced. 

All the turbines at the Volga HEPs have given satisfactory service, and 
demonstrate high technical characteristics. 

Complicated technical problems had to be solved inthe construction of the 
powerful Francis turbines for the Bratsk and Krasnoyarsk hydroelectric 
plants. 

LMZ is at present manufacturing turbines with an output of 225,000 kw 
under a head H=100m for the Bratsk HEP. The turbines manufactured for 
Krasnoyarsk have an output of 500,000 kw. 

The increase in specific power in the generating unit leadstohigher stres- 
ses in the turbine parts. Hence these must be built on the basis of careful 
calculation and research. 

Since the cost of the hydro structures largely depends on the size of the 
turbine water passages, it is very important to look for ways and means of 
reducing their dimensions. 
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Chapter II. 


FUNDAMENTALS OF THE THEORY OF TURBINES 


7, BASIC EQUATIONS IN TURBINE DESIGN 


When the water passes through the runner blades, a reciprocal action 
takes place between them. The stream deviates from its initial direction, 
and its pressure on the blades causes their rotation, thereby creating a 
torque upon the turbine shaft. 

The runner reaction on the stream at steady operational conditions of 
the turbine may be determined thus: 





FIGURE II.1. Diagram of the water flow through the dis- FIGURE II.2. Velocity of a water par- 
tributor (1) and the channels between the runner blades(2) ticle in the runner area (a) in meridian 
and (b) horizontal planes 


After a time interval At, a quantity of water having the mass m reaches 
the runner blades (Figure II. 1). According to the law of mass conservation, 
the same quantity is discharged from the runner. 

By Ø, we denote the mean velocity of a water particle before entering the 
blade, and by o, the mean velocity after its exit. 
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At the entrance to the blade the mass m, having the velocity v, carries 
the momentum mo, and after leaving the runner it carries the momentum 
mo, away into the draft tube. 

It is known that a variation in the momentum of a mass in a unit of time 
is proportional to the force exerted on it. 

This forceis the runner reaction. 

Let the velocity have radial, axial, and tangential components (Figure 
II. 2) o,, o,,and o, respectively 


oJ of + vi + of. 


As can be seen from the figure, the moment of the components o, and o, 
with respect to the turbine axis is zero. Hence, the moment of the veloc- 
ity v is determined only by the component 9,. The variation in the moment 
of momentum of the mass m during time Af equals the product of the mo- 
ment of the driving forces (M) and their action time Af 


MAt = mr,o,, — mr,o,, or M = Ap (CDa — rita). 


where r, = radius of center of gravity of the water mass at the entrance to 
the runner; 

radius of center of gravity of the water mass at the exit from 
the runner. 


d. 


The moment exerted upon the blade by the stream, i.e., the moment 
driving the turbine calculated in terms of absolute values, equals this mo- 
ment but is of opposite sign, i.e., 


Mr = — M = er (Wa — f Da). 
but 


-U 
m 7 Af, 


where Q * discharge; 
Y =- specific weight; 
g = acceleration of gravity ; 
thus 


M= 2v (71044 — 20a). 
The power developed at the turbine shaft is 


Ny = Myo = S reu rae 


where e = the angular velocity. 
Since the peripheral velocities at the entrance and exit are fw = u,and 
fse=u,, respectively, then 
Ny = XY (ou, — oig). 


The turbine power is also 
N; = yQHn. 
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By inserting Np into the foregoing equation, we obtain 
ngH = 02,4; — Ou s! a (II. 1) 
This equation may also be written as: 


n. e. 


ngH = 
where T, = 2x0,,r, - circulation before the runner; 
T, = 21o,,7, - circulation after the runner. 

These equations show that the moment transmitted to the runner 
equals the difference between the moments of momentum, at the inlet 
and the outlet of the runner, of a mass of water Q flowing through the 
turbine during unit time. 

This relationship was found by Euler (in 1754), who was also the first 
to prove the necessity of a distributor (guide vanes) in the hydraulic tur- 
bine. 

The absolute water velocity v, created by the distributor at the entrance to 
the runner, together with the relative velocity w, andthe tangential runner veloc- 
ity u form a closed triangle (Figure II. 1). A primary condition is that œ, 
must be tangential to the entrance tip of the runner blade, When this is so 


®, 
aay uuu] (11.2) 


If the direction of e, is not tangential to the blade tip, the flow will be 
accompanied by additional energy losses. 

Consequently, the efficiency of energy conversion, or turbine efficiency, 
depends on the value of angle a,. 

The optimum value of a, which corresponds to maximum turbine effic- 
iency, is called the shockless -inlet angle. 

When the turbine load changes, the guide vanes turn around, altering 
the angle a,. Francis turbines have fixed runner blades, and the optimum 
value of a, corresponds only to normal power output which usually varies 
between *A4 and *A, of the rated power. 

Through the adjustment of the runner blades, the angle a, in the Kaplan 
turbines remains close to the optimum value for various distributor open- 
ings. These turbines have high efficiencies over a wide range of power var- 
iation. : 

The triangle of outflow velocities at the runner exit (Figure II.1) shows 
that the magnitude and the direction of the absolute velocity 0, depend on 
the value and direction of the relative velocity w, and that the tangential 
runner velocity u, is constant for a constant rotational speed of the turbine. 

When designing a runner, normal practice is to have the lowest possible 
value for v,. This value cannot equal zero, since then the water discharge 
would be nil. 

For this purpose, the runner blades are shaped in such a manner that 
the tangential projection of the velocity v, becomes 9,,=0, i.e., the veloc- 
ity U, becomes perpendicular to ug. 

In effect, the vanishing of €,, means that the vector v, lies in the same plane 
as the turbine axis, and, consequently, that the water passes from the run- 
ner to the draft tube without whirling (rotation). 
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Laboratory research carried out in recent years in the U.S.S.R. shows 
that for certain types of turbines a small positive whirl in the direction of 
rotation has a favorable influence on turbine efficiency. 

If the water flow at the exit is axial and o,,=0, the fundamental formula 
becomes 


ngH = Oal- (11.3) 


Analysis of the fundamental formula shows that energy conversion in the 
runner depends (neglecting losses) on blade design. 


8. SIMILARITY LAWS AND DIMENSIONLESS NUMBERS 


In turbine construction it is common practice to design the water pas- 
sages ofthe turbine first, and then test them on a laboratory model. These 
results are finally applied in the construction of the full-scale turbine. 

In laboratory model tests, the similarity laws mustbe observed, and in 
particular, the requirements of geometrical, kinematic , and dynamic sim- 
ilarity. 

The basic conditions of geometrical similarity require that the stream- 
lined surfaces of the water passages should be similar in configuration. In 
other words, the linear dimensions of the streamlined surfaces of the pro- 
totype turbine and its model have to be proportional. 

Quite often, however, only the runner undergoes tests, whereas the in- 
fluence of the other elements of the water passages, which are not model- 
ed (scroll case, distributor, draft tube, etc.), are allowed for by modify- 
ing the characteristic curves obtained by testing. 

The condition of kinematic similarity refers to the similarity of the pat- 
tern of the water stream flowing through the water passages of the turbines 
being compared, in which case, as in geometrically similar turbines, the 
absolute and relative velocities and their components have the same direc- 
tions, with proportional values at corresponding flow points. The con- 
dition of kinematic similarity thus equates with the similarity of the veloc- 
ity triangles at corresponding points of the flow. This condition is called 
the isogonality of the flow pattern. 

The conditions of dynamic similarity are defined by the equality of sever- 
al parameters: the Reynolds number (Re), which expresses the ratio of in- 
ertia to viscous forces at corresponding points of geometrically similar tur- 
bines; the Froude number, which expresses the ratio of inertia to gravity 
forces, etc. 

All similarity conditions cannot be simultaneously fulfilled. The 
equality of Reynolds numbers for model and prototype, for instance, is 
practically impossible to obtain. On the other hand, numerous tests have 
shown that for Re > 10°, which is usually the case for full-scale and mod- 
el turbines alike, any changes in the Re number do not markedly affect the 
flow pattern. 

The influence of the Re number on the turbine efficiency, as well as of 
the difference in the roughness between prototype and model, are allowed 
for by empirical approximate formulas. 

Relationship (II.2) is determined from the triangle of inflow velocities 
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ak -— on n 
sin sina, sin (B, —@,) ' 
Similarly, from the triangle of outflow velocities, we obtain 
id en Rig 
sin B, sin d, sin (f — aa) ` 
Hence 
sin : 
EET ED 
Q “sina, , 
us sin r 
"t rg: 


(11.4) 


u, sinds . 
me = 3n (f a) 
sin 
on = o, cos ay = anp OS ; 
us sin cos 


By using the expressions (II.4), we rewrite the fundamental formula 
(11.1), with due allowance for the fact that 


us = Kus, 


where K =p. 


We then obtain 


— wd sin B, cos a, ÊK? sin f, cos a, 
ng? = sn —e) —  sn(h—o) 


whence 


- — = 
u, = RI * 2 Zaj V ngH , 


cos a, sin B, sin cos a, sin 


or, denoting the expression under the radical sign by K, we obtain 


u, = Ka V ngH (11.5) 


and similarly 


U: = K,V ugh: (11.6) 
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w, = Ko V wgH. (II. 7) 


The coefficients X,, K, and Kæ which are direct factors of the angles a,, 
6,, a, and f,, are identical for turbines of the same type operating under 
isogonal conditions. 

Consequently, the flow velocity of the water in homologous turbines 


is proportional to YngH. 

The relationship between the speed (rpm), discharge, and power of two 
homologous turbines may be determined from the expressions (II.5), (II.6), 
and (II.7). 

The peripheral velocity at the entrance to the runner is 


u, = K, V ngH = 2". 


Consequently, for two homologous turbines a and b, if we disregard the 
differences in their efficiencies, we obtain 


fe „DoVe (11.8) 
^^  D,YH, 


The water discharge through the turbine runner 


Q = Fwz = zFK,V ngH. 


where F = the cross-sectional area of the channel between two runner blades, 
perpendicular to the velocity w; 
z= the number of runner blades. 
For two homologous turbines a and 6 we have 


Qe _ Dia WH (11.9) 
Q» Di, V H, i 


since 


The power of the turbine 


N = YO kw, 


For turbines a and bwe have 


Ne Qus 
Ne — QN. 


By combining with expression (II.9) we obtain 


Na _ Date VH. (11.10) 
Ne D? Hs V H; 
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Formulas (II.8), (11.9) and (II.10) are called the similarity equations. 

It can be seen from these expressions that, for identical turbines, the 
speed and discharge vary directly as the ratio of the sqyare roots of the 
heads, and the turbine power is proportional to (Hg/ Hp) '*. 

Knowing the results of model tests, we may calculate from the equa- 
tions the diameter for a turbine which develops the required power, when 
operated with a given head, speed, and discharge. 

It is common practice in turbine design to use so-called unit quantities: 
unit speed aj, unit discharge Qand unit power M. 

The unit values are defined respectively as the speed, discharge, and 
power of a turbine having a runner diameter of 1 m, for a head of 1 m. 

If we assume D,«1 and H, = 1 m in the formulas (II. 8), (II. 9), and (II. 10), 
then ne Q,, and N, will become respectively nj, Q, and N,. Then by drop- 
ping the subscript 6 we obtain the following values for the unit quantities 


n, = DÀ. 
9 = YT (IL. 11) 
N = N 

1 D? VA 


The unit quantities are usually determined by model tests, and apply to 
all homologous turbines of a given series. 
The expressions (II. 11), written in the form 


n = ayn for speed 
Q-QDVH for discharge } (II. 12) 
N = NiDIHVH = 9.81 QinH V HDI. kw for power 


may conveniently be used in the selection and computation of the basic tur- 
bine parameters. 

The difference between turbine efficiencies was disregarded in the de- 
termination of the unit quantities. 

It is, however, impossible to fulfill] all the requirements of the simi- 
larity laws in practice. Hence, the efficiencies of geometrically similar 
turbines are not strictly identical, and consequently the unit quantities 
also differ. 

In caiculating the unit quantities of a prototype according to model test 
results, with allowance for efficiency differences, the following relation- 
Ships are used: 


: l 
nir = nia)! : 
i 
Qir = QE): (II. 13) 


Nis T Nin zr) 
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For tre characterization of hydraulic turbines, A A. Sabaneev and 
A. M. Cristyacov 23 suggested the so-caiied serial unit speed a° and dis- 
crarge Q,* wrich aliow for the volumetric and hydrauiic efficiencies and 
9. r*apectiveiy. These unit values are computed from the formula 


A TY 
Dir zv 


These values are not used in practice, because of the difficulties en- 
countered ín the determination of efficiencies. 


9. SPECIFIC SPEED 


The term "specific speed" was introduced into turbine construction to 
characterize the hydraulic properties of a turbine in terms of speed and 
discharge capacity, as well as to compare various types of turbines and 
runners. 

The specífíc speed is numerically equal to the rotational speed of a tur- 
bine of a given series which develops the power of N = 1h.p. with a head of 
H*1m. 

From expression (II. 8) we have 


22:1 


Putting a, n,; H, = 1 m and a and H instead of n, and H,, we obtain 





D 
m= eT (IL. 14) 


From the expression (II. 10) we have 


D; H 
N, == Nob yH Hy 


A 





By inserting in the above relation N,= 1 h.p. and Hp= 1 m, and, substitut- 
ing N for N,, H for H,, we obtain 


D 


Conse quently 


De V N 
D 7 HyH ` (II. 16) 
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(11.17) 





comes 







n, = 3.65 n, Y Qin, .. (11.18) 
where Q; is expressed i sec. = 

The specific speed changes with changes in the operating conditions of 
the turbine (i. e., power or speed at given head). Hence different types of 
turbines may be compared in terms of specific speed only if they are de- 
signed for predetermined operating conditions. 

Usually the specific speed is computed for rated power output of a tur- 
bine under computed head and normal speed. Sometimes the specific speed 
is computed for the operating conditions corresponding to maximum ef- 
ficiency. 

The basic trend in hydraulic turbine development is to increase the spe- 
cific speed. 

For a given power and head, an increase in specific speed permits 
smaller turbine dimensions and higher speed, i.e., lower weight. 

As seen from equation (II.18), the specific speed may be increased by 
increasing the speed n; and the discharge Qj. 

It is more convenient to increase the specific speed by increasing the 
unit discharge Qj since in this manner the runner diameter is reduced pro- 
portionally to the square root of the unit discharge and the rotational speed 
is increased proportionally to the specific speed. 

From the formula which expresses the relationship between power, 
torque, and angular velocity 


FR 
N = Me = M- 


we find that a given power may be obtained with a smaller torque, if the 
speed is correspondingly greater. 

Consequently, smaller turbine weight and dimensions may be obtained 
by reducing the runner diameter D, andincreasing the unit discharge Qj, thus 
diminishing the forces acting by increasing the speed. 

In order to illustrate this, Figure II.3 represents the classified [unit] 
runner diameters, designed to develop the power N = 1 h. p. under the head 
H = 1m, for various specific speeds. j 

It will be seen from Figure II.3 that the specific speed of a turbine de- 
pends on the shape of its water passages. It also depends on the number 
and shape of the blades. When the specific speed rises, the runner dimen- 
sions decrease, and vice-versa, 

Specific-speed selection is very important from the design angle. 

It permits a general comparison of all classes and series of turbines, and 
their classification according to rotational speed and discharge capacity. 
In common practice, however, turbines are selected by means of univer- 
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FIGURE II. 3. Dimensions of (unit) runners developing 
* PL stands for Kaplan turbines; RO stands for Francis turbines. 
= lh.p. under = 1m for various specific speeds. 


sal characteristic curves, which permit a thorough quantitative analysis 
of turbine parameters under any operating conditions. 


10. POWER LOSSES AND EFFICIENCY OF HOMOLOGOUS TURBINES 


The efficiency of a certain turbine type operating under isogonal condi- 
tions increases, asa rule, with the runner diameters, i.e., the relative 
power losses are smaller in the full-scale turbine than in the model. 

Many investigators have paid attention to these losses and proposed a 
series of approximate formulas for their determination. These formulas 
contain correction coefficients for the efficiency when passing from the 
model to the full-scale turbine. 

The efficiency losses of a turbine may be divided into several groups. 
The hydraulic losses in the water passages include losses in the scroll case, 
distributor, runner, and draft tube. 

The (skin) friction at the runner rim (beyond the water passages) creates 
the so-called disk-friction losses. 

The water leakages through various gaps in the water passages are 
called volumetric losses. 

The mechanical losses caused by friction in the bearings and stuffing 
boxes depend on turbine parameters and construction. 

We may analyze these losses in detail as follows: 

1. The hydraulic losses in the water passages of the turbine are governed 
by the general laws of hydraulic friction in conduits. At a uniform turbulent 
flow, the head losses due to friction against relatively smooth walls may be 
expressed by the formula 


L9 


m (11.19) 


hp-a 





where R= the hydraulic radius of the flow; 
a= coefficient allowing for the wall roughness; 
o = the flow velocity of water; 


L= the length of the water passage. 

In the water passages of the turbine, the stream area changes continu- 
ously along the flow line. Formula (II. 19) is therefore valid only for a 
small length AL, for average values of R and v. 

The friction losses over a certain length AL may be expressed 


AL g” 
âh, = a- paT: (II. 20) 


In this formula, diameter D, instead of hydraulic radius R, is used. 
For geometrically similar turbines operating under isogonal conditions, 


S is obviously a constant, and the velocity 9 varies proportionally to VH, 
therefore, a 
HI 
Ah, = k — ˖ i (11. 21) 
Dy 


where & is a constant coefficient for similar turbines, By summarizing 
the friction losses for the whole stream flow, we obtain 


H3 
hy = EAhp- per Zh, 
or denoting Zk = K = const, we obtain 


n 
HT 
Dec 





hy = K (II. 22) 
The efficiency of a full-scaleturbine, taking into account the losses, is 


Hr—hr K 


Similarly, the efficiency of the turbine model, 


K 
n! — DEDE (II. 24) 


After substituting in (II. 23) the value of K from (II. 24), we obtain 


ny -1—(1—5,) (z5) C22)". (IL. 25) 


Replacing m —1 by, and 1—0.5a by F we obtain the relationship 


between prototype and model efficiencies. 


nr = 1 — (0170) y pny A. (1I. 26) 


According to various authorities, the values of the root exponents a and fp 
range for a from 3 to 10 and for f from 8 to co. 

It will be seen from expression (11.26) that the over-all efficiency increas- 
es with runner diameter and effective head even if such an increase involves 
higher hydraulic losses. 

2. The so-called "eddy-losses', caused by variations in magnitude and 
direction of velocity, are identical with local losses in conduits. This group 
also includes the kinetic-energy losses at the exit from the draft tube, 

According to the conventional formulas of hydraulics, this head loss may 
be expressed as 


à 3nd. 


where o, and ¢, are the velocity and the loss coefficient at the i-th flow section, 


respectively. QD! VT 
i 


Allowing for the fact that o = a D. we obtain 
pe 


QrH 
h,= Dh -ier 
The efficiency, with allowance for these losses, equals 


ny Sgt eic te — St te KA. 


where 


K, = E} gr 


K, has the same value for all geometrically similar turbines operating 
under isogonal conditions [at large Reynolds numbers]. 
Consequently, 


Nor = op ™ ] — KQj. (II. 27) 


It results from this expression that for turbines with larger unit discharge 
Qj, i.e., higher specific speeds, the losses caused by velocity variations will 
be larger, and the efficiency smaller. This must be kept in mind. 

3. The volumetric losses are due to the fact that only part of the water 
reaching the runner flows through it. Part of the water bypasses the run- 
ner; in Francis turbines through the shaft sealings along the rim, in Kaplan 
turbines through the clearances between the runner case andthe throat ring. 

The leakages through the clearances are computed by the formula 


AQ = pF V'2gH, 


where F = cross-sectional area of the clearance space; 
p = discharge coefficient. 
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Since F= eD}, then 
AQ = peDiV2gH = K,DiV H, 
where K, = pe y 2g. 


The numerical value of coefficient Kg may be determined by computing 
the leakage through the labyrinth seals, or by experiments. 

The volumetric efficiency, with allowance for water leakages through 
clearances, is 


vo S eic Fm Kye (II. 28) 


Hence the volumetric efficiency will be smaller when Q; decreases, i.e., 
the volumetric losses for the same diameters and heads will be greater in 
turbines having low specific speeds. 

By analyzing the experimental results of various researches, I. M, 
Shchapov /94/, established that the ratio of the volumetric losses of two 
turbines having similar water passages and seals may be determined approx- 
imately from the formula 


AQT 


Tr 2 = yT 
On * b b m' 
m 4 
V^ 
The volumetric losses of a given turbine at a given head vary with — 
I 


However, when applying the results of model tests to actual turbines 
allowance must be made for the fact that the latter have more complica- 
ted seals, and the gaps are usually narrower and longer. "Therefore the vol- 
umetric losses of the full-scale turbine may be smaller. 

4. Mechanical losses in bearings are due to the friction of the revolv- 
ing parts of the turbine. 

For vertical turbines, these losses occur mainly in the thrust bearing, 
and their value depends on the axial load. 

The power losses caused by friction in bearings are 


AN, — Mte M; -> (11.29) 


where M, is the friction moment in the bearings. 
The efficiency, with allowance for these losses, is 


np m M ml WU (11.30) 
By writing the unit values Qj and n;, instead of Q and n we obtain 
Ms x^ 
n; -1— i (11.31) 
i 3oyD]H Qj 


In laboratory research on the model, H and D, usually have constant 
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values, and therefore we may write 
K; = a 
m= ORE 
and the formula (II.31) becomes 


my 
on™ Pes Cn MER gr (II. 32) 


For a prototype (full-scale) turbine, the head is usually variable, while 
the speed is constant. A 
By substituting in formula (11.31) H - (7) » we obtain 


°3 
Mer 
a. r-10— — 
ĩ 
Denoting 
Korm DE" 
1 
we obtain 
Miras 
Wurm — Krug (II. 33) 


5. Losses caused by disk friction, i. e. power losses caused by fric- 
tion between the revolving surfaces of the turbine and water outside the 
water passages, will be greater in Francis turbines because they have larg- 
er rotating surfaces at the inner and outer bands and at their seals. 

The power losses from disk friction are given by the formula 


AN, T ADin?, 


where A is a coefficient depending on the viscosity, fluidity, dimensions, and 
on the shape of the friction surfaces. 
The efficiency, with allowance for these losses, is 


3 
nye aNd La LT (11.34) 
Expressing Q by Q; and n by nj, we have 
Ani? 
n,-1——7. (11.35) 
: YQ; 


It follows from expression (11.35) that, for geometrically similar turbines 
operating under isogonal conditions, yy will be a constant. 

When the specific speed decreases, Qj varies more rapidly than n, and, 
disregarding the fact that n, in the numerator is of the third power, the pow- 
er losses due to disk friction will be greater for small turbines; further- 
more, with low specific speeds, turbines have longer labyrinth seals. 
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It appears that of all losses due to hydraulic friction, eddies, leakages, 
mechanical friction in bearings, and disk friction, only the mechanical loss- 
es cannot be tested on models; the hydraulic friction losses are a function 
of the turbine diameter and the head. As far as other losses are con- 
cerned, one may consider with satisfactory accuracy that, for geometrically 
similar turbines of similar design, operating under isogonal conditions, 
the relative value of the losses is constant. 

Hence, when determining the efficiency of a prototype by model tests, 
one assumes that the basic losses in a turbine are governed by the law of 
hydraulic friction on the surfaces of the water passages, and one computes 
the efficiency of the prototype from the efficiency of the model, by the for- 


mula (11.26). 
tr = 1 —(1—n,,) y pm y E 


The correction, allowing for the influence of the magnitude of head, is 
usually not applied for small and medium heads; the efficiency for H < 100m 
is computed from the formula 


"-1—( -rm y Bs. (1I. 36) 


when one assumes that a = 4. 

However, some investigators recommend a=5, which apparently is more 
in conformity with actual practice. 

Formula (11.36) then becomes 


nr = 1 — (1-4) y Tw. (11.37) 


Others, by putting a = 4, suggest that 25% of the losses 1 —*9,,do not de- 
pend on the turbine diameter, and introduce the correction to the remaining 


75% (1 — n9. 


The efficiency formula takes the form 


ny —1—035(1—5,) — 0.75 (1 - y BE. (II. 38) 


For heads H > 100m the following formula is usually applied 


v -1—(-n3 V Duy Ts. (11.39) 


LMZ designers use formula (11.36) for heads H « 100m; the efficiency cal- 
culated from formula (11.36) is reduced by A according to the table given 
below 


Runner diameter A. % 
Dı m 
py) A: E E E A dete ones ed 1.0 
20-215... ido 0.9 
30 1. ioa 0.8 
4, 50.0. i woo Uta e ER E RUPES 0.7 
6,079 0, voa E see Me E 0,5 
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LMZ designers disregard the correction for the magnitude of head. The 
corrections determined according to LMZ practice, yield values close to 
those computed by formula (11.37) with the index a = 5. 

The computed correction for efficiency becomes more accurate as oper- 
ating conditions approach the optimum. 

For loads below optimum efficiency, the relative value of other than friction 
losses increases, The eddy losses increase even more rapidly, as a con- 
sequence of the deviation of the flow conditions from the conditions of shock- 
less inlet and normal outlet from the runner. 

The absolute value of the mechanical losses remains constant, but their 
relative value increases for low-power turbines. Hence efficiency cor- 
rection according to the foregoing formulas leads too high values for 
small loads. 

For geometrically similar turbines, LMZ designers introduce the cor- 
rection in the following way: 

1, For Francis and axial fixed-blade turbines,the correction Ay =n; —4,, 
applies equally at any point on the universal characteristic for efficiencies 
greater than 75%, and is computed for maximum efficiency, i.e., fora 
certain point on the curve we have 


nr = Ant An = Am (nr opt 75). (11.40) 


2. For Kaplan turbines, the Ay correction is determined from the max- 
imum efficiency on the runner characteristic for each given runner blade 
angle, q, its value being kept constant along the lines 9, = const of the 
universal characteristic. Very often complete geometric similarity is 
not achieved; for instance, the draft tube and throat ring differ in shape and 
proportions. It is thus necessary to introduce a correction to the efficiency 
which allows for the influence of those parts not to scale. 

At present, both in the U.S.S.R. and abroad, research is being carried 
out to find new efficiency formulas, more adequate to the present develop- 
ment of the theory of hydraulic turbines, 

The basic idea of these new methods is to split up the turbine losses into 
components according to their point of occurrence, and to find the relation- 
ship between hydraulic losses and turbine size and head, according to the 
most recent hydrodynamical data. In model tests, mechanical losses are 
either determined separately, or completely eliminated, and the conversion 
calculations are carried out for hydraulic losses only. 

At the TsKTI, attempts are being made under I.E. Etinberg's guid- 
ance, to establish a calculation method for converting the efficiency of 
Kaplan turbine models to full-scale sizes. 

Basically, this method is as follows. The main hydraulic losses in the 
Kaplan turbine are regarded as those in the runner and draft tube. Accord- 
ing to their origin, these losses are divided into profile and exit losses in 
the runner, and internal and outlet losses in the draft tube. The profile loss- 
es in the runner blades are taken to be similar to the losses in a blade cas- 
cade immersed in a viscous liquid. The exit losses may be computed sim- 
ilar to the induced resistance of afinite-spanwing. Finally, the internal and 
outlet losses in the draft tube may be calculated by means of experimental 
flow measurements on models. By summing up the losses in various areas 
we obtain the balance of losses in turbines of various specific speeds. The 
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calculations of the balance of losses showed that the fraction of each kind 
of loss in the total losses for turbines of different specific speeds is almost 
the same, and may therefore be assumed to be equal. 

Since the profile losses in the runner and the internal losses in the draft 
tube are caused by the viscosity of the liquid, they may be computed by 
means of the Reynolds number, Therefore, these losses have to be calcu- 
lated afresh when passing from the model to the full-scale turbine. The 
exit losses in the runners, which in character are actually eddy losses, 
as well as the outlet losses in the draft tube, obviously do not depend on 
the Reynolds number Re ; therefore, they may be considered identical both 
in model and full-scale turbine. 

On the basis of the foregoing considerations, a formula has been suggest- 
ed below for converting hydraulic efficiency from model to full-scale: 


| 
int = e+(1—s) (ez) * 


where s = coefficient depending on the operating conditions of the turbine, 
and n = 5to 7. 
The ratic of Reynold numbers is 


Re D m 
Rer = Dr | Hc 
The computation of the balance of losses shows that for optimum operat- 


ing conditions e = 0.5. 
By putting a = 5, the formula becomes 


iz -os[ + (à2)*] ; 


the well known Ackeret formula. 

At present, research is under way to determine the relationship between 
& and the operating conditions of the turbine more accurately, as wellas 
the value of the index n. 


11, CAVITATION COEFFICIENT AND DRAFT HEAD 


In reaction turbines, the water is discharged from the runner into the 
tailwater through the draft tube. 

The purpose of the draft tube is: 

1) to recover part of the velocity head of the flow at the runner exit; 

2) to permit the runner to be set below the tailwater level without loss 
of head, thus simplifying the building of the powerhouse substructure. 

However, this is possible up to certain limits determined by the occur- 
rence of cavitation, which is related to the hydrodynamics of the water 
particles in the runner and at the entrance to the draft tube. 

Cavitation is a complicated physical phenomenon, which appears in hy- 
draulic turbines in two stages. 
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In the first stage, the so called "cold boiling" [formation of water-vapor 
bubbles] occurs, accompanied by slight damage to the blades. Cavitation 
becomes more extensive during the second stage, which is characterized 
by a loss of efficiency, severe vibration and a sudden drop in power output. 

Research has shown that when the water has a high velocity, or when a 
solid body moves rapidly within it (e. g., the propeller blades), the contin- 
uity of the flow is disturbed, and vapor-filled pockets appear in the 
areas of high velocity. 

The possibility of cavities forming in the stream results from the equa- 
tion of conservation of energy. 

For z = 0 the Bernoulli formula becomes 


di a iu 
Y Tox = const. 


At points where the velocity v increases, the component x also has a 


higher value and the pressure decreases. As a result, at the reduction of 
pressure to the vapor pressure of the water for a given temperature, the 
water begins to boil and vapor -filled pockets are formed within the stream. 
These pockets (cavities) are carried away by the stream into areas of lower 
velocity and increased pressure. Here, the vapor will condense instanta- 
neously. 

If the pockets form between the stream and a metallic surface, this sur- 
face begins to deteriorate [pitting] since, as experiments have shown, high 
pressures and temperatures occur when the bubble is compressed. 

The compression of the cavitational bubble also sets up electrical phen- 
omena, which create bubble luminescence. 

Observations showed that the cavitation bubbles oscillate continuously, 
and resonance occurs under certain flow conditions. The pressure around 
the bubble may reach extremely high values of the order of 15,000 atm. 

If the cavitation bubbles oscillate near the surface of a turbine, they act 
like sharp cutting tools, and destroy the metal surface. 

Chemical reactions add to the mechanical action, since cavitation is as- 
sociated with evolution of oxygen-rich gases, which enhance oxidation, in- 
tensively corroding the metal. 

Usually the zones on the back of the blades near the exit of the stream 
flow, the outer band of the Francis runner, and the throat ring of the Kap- 
lan turbine, are zones of high velocity, and it is here that cavitation is li- 
able to occur. 

As stated above, cavitation may appear only if the absolute pressure is 
smaller than the vapor pressure, i.e., 


Go. fe 
Y <7: (11.41) 


The temperature of vaporization f decreases with the reduction in pres- 
sure. Figure Il. 4 represents the vapor pressure plotted against the water 
temperature. From this curve, one may determine the pressure drop and 
temperature at which cavitation pockets are liable to appear. 

The pressure in the stream close to the runner outlet, in the area where 
the highest water velocities appear, may be determined by means of the 
Bernoulli formula. The Bernoulli formula for the relative motion be- 
tween the point « of minimum pressure on the blade, and the point 2 after 
the runner belonging to the same flow line, may be written 
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FIGURE 11.4. Vapor pressure as a function of 
water temperature 


The Bernoulli formula for the flow between point 2 and point 5 in the 
tailwater of the HEP may also be written 


z^ +2 = B + Ah... (11.43) 
By combining equations (11.42) and 11.43) we obtain the pressure at point x 


TERE 
- = B— „(2 — Ahes) ; (11.44) 


where B = atmospheric pressure in m W.G. 
z, = h, = elevation above tailwater level of point « (called the theoret- 
ical static draft head). 
The magnitude shown in parentheses is basically a dynamic pressure 
developed by the flow. The ratio of this value to the total head is called the 
cavitation coefficient (number) of the runner or turbine. 


TIL ERIT ME 
a — — (11.45) 


By inserting this coefficient into the equation (11.41) we obtain 
—h,—coH > Ax, 
whence the permissible draft head is 
h, < B—oH — 


The ratio a may be neglected due to the small value of the vapor pressure 


at normal temperatures. Then 


h, < B — cH. 
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The atmospheric pressure B depends on the elevation of the power plant 
above sea level. 
B is usually determined from the formula 


B —103— a. (II. 46) 


where X is the elevation of the runner center line above sea level. 
Finally, we obtain 


h, < 10.3 — 4% — oH. (II. 47) 


It follows from relation (II.47), that for larger cavitation coefficients, a 
smaller draft head must be chosen. 

The permissible value of the cavitation coefficient may be computed from 
the relation (1147) 


v 
— 10.3 — 
uacua JN (IL. 48) 


9, is usually termed the cavitation coefficient of the power station, be- 
cause it depends only upon H,elevation (X7), and h, i.e., the three main 
parameters of the plant. 

Relationship (II.45) characterizes the cavitation coefficient as a function 
of the runner parameters. øp is therefore called the turbine cavitation co- 
effícient. 

Modern turbine construction aims at increased runner discharges and 
hence increased runner speed and reduced head losses in the draft tube, 
which in turn favors the occurence of cavitation phenomena. 

The turbine cavitation coefficient o, is usually determined by laboratory 
tests on models. It has a definite value for each runner and every set of 
operating conditions, and is plotted on the universal characteristic of the 
turbine in the form of special curves. 

It is obvious that in order to eliminate cavitation, the turbine cavitation 
coefficient should be smaller than the plant cavitation coefficient 90, < 0,. 

This can be achieved either by selecting turbines with small øp or by in- 
creasing o,. To increase a, it becomes necessary to lower the draft head. 

This, however, involves a greater amount of constructional work on the 
erection of the substructure, Hence the tendency is to use turbines with a 
smaller o,, i.e., with improved cavitation characteristics. 

From the above it follows that the improvement of the cavitational prop- 
erties of the turbine is of great importance as it permits the construction 
cost of the hydroelectric plant to be reduced, 

It is difficult to determine the theoretical value of the draft head h, for 
the exact position of point « is sometimes unknown. It is therefore common 
practice in the U., S. S. R. to calculate the relative (unit) value of H,for a 
given type of turbine from a certain plane in the runner region. 

For vertical Francis turbines, H,is considered as the difference in ele- 
vation between the surface of the lower ring of the distributor and the 
tailwater level. 

For Kaplan turbines the draft head is considered as the difference in 
elevation between the blade-adjustment axis and the tailwater level, 
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For horizontal-shaft turbines, the draft head is considered as the dif- 
ference in elevation between the highest point of the runner blades and the 
tailwater level. This is due to the fact that in these turbines the most un- 
favorable cavitation conditions occur on the periphery of the blades at 
their highest point. 
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FIGURE 11,5, The cavitation coefficient, as a function of 
head HM and the ratio //f 


The draft head for vertical turbines is sometimes taken as the distance 
between the middle of the distributor height and the tailwater level. Denot- 
ing this head by H,, we obtain 


a) for the Francis turbine 


b) for the Kaplan turbine 


H, — H, — «D,, 


where b, = height of the distributor; 
e = coefficient allowing for the distance between the blade-adjustment 
axis and the middle of the distributor height. 

The draft head is considered positive if the tailwater level is below the 
relative elevations mentioned above; conversely, the head is negative if the 
runner setting is below the tailwater level. 

When designing a turbine and selecting the draft head, the general aim is 
to achieve cavitation-free operating conditions. It is, however, impractical 
to try to avoid cavitation completely, because the reduction of the turbine 
elevation with respect to the tailwater level usually involves a considerable 
increase in the amount of excavation for the substructure. Therefore, the 
turbine manufacturer, in his technical conditions, usually stipulates the per- 
missible amount of damage due to cavitation in the metallic parts of the wat- 
er passages. 

Only such damage is permitted as may be repaired on the spot without 
dismantling the turbine. 

When designing new turbine runners, the cavitation characteristics may 
be improved by increasing either the number of blades, or the ratio of blade 
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length to blade pitch //f (pitch ratio), i.e., by increasing total blade area. 
Thus, as a consequence of the reduced specific load on the blade, the de- 
pression on its convex side is reduced. 

However, a considerable increase in the //f ratio without changing the 
number of blades leads to large-size blades, thus rendering their fasten- 
ing to the hub more difficult. Figure II. 5 shows the approximate depend- 
ence of ce on the //f ratio and head. 

This curve proves that a significant change in cavitation characteristics 
occurs only when //t varies from 0.7 to 0.9. For large values, the ratio 
l/t plays a less important part in the improvement of cavitation character- 
istics. It must also be kept in mind that an increase in the //f ratio means 
a reduction of the turbine specific speed and larger turbine dimensions. 

The ratio of the runner hub diameter dj, to the runner diameter D, 
(the so-called hub-tip diameter ratio) affects the cavitation coefficient, 
since it influences the discharge area of the water flow. It is obvious that 
a greater l/t value increases the flow velocity, and consequently reduces 
the pressure, a fact which leads to poor cavitation characteristics. 








600 800 000 1200 1900 — 1600 002; 


FIGURE II, 6. Dependence of the cavitation coefficient 
on the hub-tip diameter ratio 


Figure II.6 shows (according to LMZ data) the relationship between the 
value and the unit discharge Q, for various hub-tip diameter ratios. Thus, 


for instance, for Q; = 1500 and a hub-tip diameter ratio $ - 0.35, the 
cavitation coefficient ø = 0.25, and for $- 0.55, we have ø = 0.38, i.e., 


an increase of 50%. Consequently, in order to improve Kaplan turbine 
cavitation characteristics, the hub-tip diameter ratio should be lowered. 
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Chapter III 


TURBINE PARAMETERS AND DESIGNS 


12, MODEL TESTS AND TURBINE CHARACTERISTICS 


Present-day calculation methods for the water-passage elements of a 
turbine do not permit the determination of the optimum shape of the water 


passages with the required cavitation characteristics for a given head and 
discharge. 
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FIGURE IIl. 1. Schematic diagram of a power test stand for turbine models 


It is more difficult still to determine the turbine power and cavitation 
parameters for operating conditions which differ from those rated. Hence 
when designing a modern turbine, several alternatives for its water passages 
are calculated. The most favorable shapes for the water passages are then 
determined by laboratory tests on models of each design variant. 

The tests are carried out under a wide range of operating conditions, 
and their results are used to plot the turbine-characteristic curves, These 
curves provide an over-all picture of the power and cavitation character- 
istics of the turbine, 

According to the problems to be investigated, laboratory installations for 
turbine model testing fall into two groups: for power tests and for cavitation 
tests. 

The equipment for power tests makes it possible to investigate the rela- 
tionship between the efficiency of a turbine of given design and its operating 
conditions. 

The equipment for cavitation tests is used to investigate the relationship 
between the turbine cavitation coefficient and the operating conditions. 

Figure III.1 gives the schematic diagram of the LMZ laboratory stand for 
power tests. The centrifugal pump (7), driven by an electric motor, discharges 
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the water through the gate valve (2) into the stilling chamber. The water en- 
ters the inflow flume (5). One of the fiume walis is a sharp-crested weir, 
which a:iows the discharge of the excess water flow, in order to main- 
tain a constant water level in the stilling chamber. From the infiow flume 
the water enters the pit, passing from there to the scroil case (1) of the 
turbine model. 

The water, leaving the model draft tube, enters the inferior channel, and 
after passing adjustable valve (13) which regulates the tailwater level, it 
reaches the downstream channel of the weir. One of the channel walls (9) 
is built ag a weir for measuring the water discharge. The stilling racks (11) 
(screens) are installed in front of the weir in the downstream channel. 

The headwater and tailwater levels are measured by means of floats and 
are recorded on scale (12). Float (10) measures the level before the weir. 

The rotational speed of the model shaft is measured by a revoiution 
counter (3), automatically set for a one-minute period by means of a special 
electrical clock- mechanism. 

The torque developed at the model shaft is balanced by means of rope 
brake (2). The frictional moment is balanced by the moment of the counter- 
weight which pulls at the cable end. 

Knowing the rotational speed and the torque of the model, the net power 
output may be calculated; with the known head and discharge, one can de- 
termine the theoretical power, i.e., the energy supplied to the turbine. 

The ratio of these values represents the efficiency of the model. 

The testing equipment of the water-passage components is so designed 
as to permit easy changing. 

Figure III. 2 shows a schematic diagram of the LMZ test bench for cav- 
itation model-testing. Conditions of cavitation are created by increasing 
the draft head. The instant at which extensive cavitation appears is deter- 
mined by the sudden drop in efficiency of one of the following parameters: 
speed, water discharge, or power. Consequently, the tests on this rig 
serve to determine the relationship between the basic turbine parameters 
and the draft head. 

The equipment operates on the closed-circuit principle.. The water fed 
by the centrifugal pump (7) circulates through the unit and does not come 
into direct contact with the atmosphere at any point. The negative pressure 
under the runner, corresponding to a given draft head, is created by means 
of the vacuum pump (6), which draws the air out of the pressure tank (5). 

The pressure (head) in the system may be regulated by changing the ro- 
tational speed of the electric motor. 

The pressure before the runner, and the vacuum in the tank, are meas- 
ured during the tests by mercury pressure-gages (8). 

The rate of discharge is measured by flowmeter (1), installed in front 
of the pressure tank. 

The torque on turbine shaft (2) and the rotational speed are measured 
by means of brake (3) and speedometer (4). 

The cavitation coefficients o, for various discharges Q; and speeds ni, 
are determined during the tests. Other rig layouts for power and cavita- 
tion tests are also common. 

The diameters of the model runner range from 180 to 800mm, but those 
most widely used in power tests have a diameter of 250 to 460mm, and in 
cavitation tests, of 250mm. 
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For a detai;ed irvestigation of the turbine water passages, aerodynamic 
tests on modeis are most effective 71 . Such tests permit a convenient 
and effective study o! the various models to determine the over-all power 
characteristics and tne basic parameters of the water passages, as well as 
tne distribution of velocities and pressures within the passageways. These 
data are used in refining tne analyt:cal computations of the runner and other 
elements of the water passages, and to select the designs *o be tested in the 
hydraulic laboratory on the power and cavitation stands. For aerodynamic 
tests, many model parts may be made of wood or plastics. These tests 
take less time and are cheaper than hydraulic tests. 

Aerodynamic tests provide information on the power characteristics of 
the model oriy, andare not suitable for investigating cavitation phenomena. 
By measuring the air currents it is possible to Ceterm:ne when cavitation 
begins; turbine performances under actual cavitation conditions cannot 
be model-tested in air, however. 

Figure III. 3 shows a sketch of the aerodynamic test stand designed by 
TsKTI. 

The test stand consists of electric motor (1), connected to axial fan (3), 
which draws aír from the room through pipe (2). The air is blown into 
pressure tank (5), through annular diffuser (4). The pressure tank is con- 
nected to model scroll casing (5). 





FIGURE III. 3, Schematic diagram of the aerodynamic test stand 


The distributor and runner are installed inside the scroll casing. The 
scroll casing is connected to the elbow draft tube (7). The power is measured 
by means of an electromagnetic brake, or a pendulum-type dynamometer 
with weights and a speedometer. 

A pressure gage connected to the pressure tank measures the air pres- 
sure. The discharge is determined from the readings of a Pitot-tube flow- 
meter installed in the specially-designed inlet pipe (8). 

The head is measured as the difference between the pressure in the tank 
and the pressure inthe room. The pressure tank is intended to simulate 
the headwater. Its volume must be large enough to make the pressure inde- 
pendent of the water flow velocity. Since the power developed by the air model 
is much smaller than that of the hydraulic model, the relative mechanical 
losses will be greater in the former. Hence, it is very important to make 
allowance for mechanical losses when carrying out aerodynamic tests. 

The basic results of tests on power and cavitation stands are plotted as 
a turbine universal chart where the following characteristic lines are 
plotted in coordinates of unit speed n; and unit discharge Q; : of equal effic- 
iency (2 = const), of equal opening of the distributor (a, = const), of equal 
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specific speed (n, = const), of equal cavitation coefficients (c = const), the 5% 
power-margin line for Kaplan turbines, and lines of equal runner blade angles 
(& = const). The 5% power-margin line on the universal chart defines the lim- 
its of stable operating conditions of the turbine. By increasing the unit 
discharge Qj beyond this limit, the power output increases by only 5%, after 
which it falls once more, since the decrease in efficiency is more rapid 
than the increase in discharge. 

Figure III.4 shows the universal chart (universal characteristic curves) 
of a Francis turbine. 
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FIGURE III. a. Universal chart of a Francis turbine P4 


Figure III. 5 shows the universal chart of a Kaplan turbine. 

Figure III. 6 shows the universal chartof a Pelton turbine. The character- 
istic feature of this chart is that the lines of equal [guide-vane] opening 
(a, = const] are vertical. This is due to the fact that the water discharge in 
a Pelton turbine is independent of the turbine speed. 

Figure III.7 compares the performance curves of the turbine, i.e., the 
dependence of efficiency on power output, for various speeds and types: 
axial fixed-blade, Francis, Kaplan, and Pelton. It may be seen from this 
figure and from the universal charts, that the region of high efficiencies is 
least with axial fixed-blade turbines. These types maintain high efficiency 
figures for the rated power only, while their efficiency drops rapidly when 
the power changes; hence their operation entails considerable power losses. 
The Kaplan turbine, on the other hand, with runner blades adjustable to the 
most favorable angle, can maintain high efficiencies over a wide range of 
power output, and its efficiency does not drop so rapidly when the head 
changes, as does the efficiency of axial fixed-blade turbines. 
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FIGURE II1,5, Universal chart of a Kaplan turbine 
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Thus, under variable operating conditions, the Kaplan turbine has a 


higher average efficiency and generates more power than the propeller tur- 
bine. 
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Both types of axial turbines are characterized by large cavitation coeffi- 
cients o and are therefore used at low heads. 

As can be seen, the efficiency curves of the Francis turbine have inter- 
mediate values between those of the axial fixed-blade and Kaplan turbines. 

Francis turbines have very high efficiency values, but their zone of 
maximum efficiency is much narrower than that of Kaplan turbines; they 
have a lower specific speed and 
larger runner diameters under 
the same operating conditions. 

The characteristics of the Pelton 
turbines ensure a constant high ef- 
ficiency for an even wider range 
of power variation. 

Turbine universal charts are of 
great importance in turbine construc- 
tion. They permit the following 
parameters to be determined easily 
as a function of operating condi- 
tions: efficiency, angle of open- 
ing of the guide vanes a,, value of 

0 10 203040 S060 70 80 100110 120 N°% — — o, and run- 
FIGURE Ill. 7. Efficiency plotted against load ner-blade angle @°. For a given 
curves for various turbine types , head H and power output N, the 

' universal chart also makes it 

' possible to determine other basic 
parameters: runner [inlet] diameter D,, speed n, discharge Q, and the 
power characteristics for varying operating conditions. 





13. CLASSIFICATION OF HYDRAULIC TURBINES 


Current classifications. The tremendous water-power resources of the 
U.S. S. R. are extremely diverse in nature and form. Lowland and mountain 
rivers, as well as low- and high-runoff rivers, provide for a wide range 
of combinations between heads and discharges. 

This unique feature of water-power engineering has led to a great diver- 
Sity in hydraulic turbines, as regards power output, type, dimensions, and 
construction. 

Depending on the available head, a given power may require a turbine 
with a smaller or a larger runner diameter. 

In the U. S. S. R., for purposes of standardization, turbines are divided 
into small, medium, and large-size types, depending on the power output, 
dimensions, and weight of their components. 

In small turbines, runner diameters may attain 1.2 m for a low head 
and 0.5 m for a high head, with power outputs up to 1,000 kw. 

Medium turbines have runner diameters up to 2.5 m for low heads and 
1.6 m for high heads, with power outputs up to 15,000 kw. 

Large turbines nowadays have runner diameters up to 10m (Kaplan 
turbines) and 7.5 m (Francis turbines). Their power output may attain 
300,000 kw. 

A great deal of progress has been made toward unifying and standardiz- 
ing hydraulic turbines, as a result of which turbine construction could be, 
to a certain degree, switched over to series production. 


49 


A classification was drawn up for the most widely-used types of large, 
medium, and small-size reaction turbines. 

This classification divides the entire field of application of large, med- 
ium, and small reaction turbines for heads ranging from 2 to 300m, into 
sections covered by the smallest possible number of standardized runner 
types (series). 

Each series comprises several runners of the same diameter, whose 
number covers the whole range of required power outputs. 

The combination of series and diameter represents the so-called tur- 
bine standard-type size. When plotting a graph with N and H as coordinates, 
the zone of application of each standard-type size is delimited by a parallelo- 
gram. 

The sum total of all standard-type sizes which comprise all runner diam- 
eters and series considered, constitutes the classification for small, med- 
ium, and large-size reaction turbines. 

The fields of application for the various types of hydraulic turbines are 
shown in Figure III. 8. 

The classification of large turbines (drawn up by LMZ) covers the ver- 
tical-shaft Francis and Kaplan turbines. "The classification of medium and 
small turbines (drawn up by VIGM) covers both vertical and horizontal 
turbines. 

The turbine classification establishes: 

1) the runner type according to head; 

2) the shaft position and casing construction; 

3) the basic dimensions of the turbine (runner diameters); 

4) the turbine designation. 

The turbine designation consists of three symbols separated by dashes: 
type of runner - type of installation - dimensions (e.g. PL587 - VB - 600). 

The runner class is designated by two letters denoting the turbine type, 
and a number denoting the runner type. 

The following symbols were adopted for the various turbine types: 

PR - axial fixed-blade; PL - Kaplan; RO- Francis; K - Pelton. 

The type of installation is shown by two capital letters: the first speci- 
fies the shaft position, and the second, design of the casing. 

V - vertical shaft; G - horizontal shaft; O - open flume; B - concrete 
scroll casing; M - steel scroll casing. 

The turbine dimension is designated by the nominal runner diameter D, 
(cm). 

The nominal runner diameter D, is (Figure III. 9): 

1) in Kaplan and axial fixed-blade turbines, type (a) — the largest diam- 
eter of the throat ring; 

2) in Francis turbines, (b and c), — the largest runner diameter as 
measured at the inlet; 

3) for Pelton turbines, (d) — the diameter of the runner circle tangential 
to the axis of the water jet issuing from the nozzle, 

The standardized rotational direction in turbines is clockwise when 
looking at the turbine from the generator side. 

The turbine classification comprises the smallest possible number of 
runner types, which covers almost the entire field of application of Kaplan 
and Francis turbines. 

Figure III. 10 gives, in logarithmic coordinates, a graphical representa- 
tion of the classification for large turbines, for heads ranging from 3to250m 
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FIGURE II. 8. Fields of application of various hydraulic turbines 


and power outputs of up to 150,000kw; ten turbine series (four Kaplan and 
six Francis) with runner diameters from 1,800 to 9,000 mm were selected. 

The zones of power output for each field of application are delimited by 
the largest and smallest runner diameters Demax and Dimin. The diameters 
are represented by inclined parallel lines. 

The zone of heads for each field is established on the basis of economic- 
ally suitable draft head H, and the mechanical strength of the runner blades. 

The various types of turbines, covering the entire field of heads and 
power outputs of the classification for large turbines, are given in Table 
III.1. This table contains also data on specific speeds, number of guide 
vanes, standardized runner diameters, and guide-vane circle diameters. 

Figure III. 11 gives a graphical representation of small and medium- 
Size reaction turbines /35/. On the graph, the field of application of med- 
ium turbines borders at the upper edge on the field of large turbines, and 
at the lower edge on the field of small turbines. 

The ranges of heads from 2 to 200m and of power output from 60 to 
20,000 kw, are covered by nine types of runners - three of the Kaplan and 
axial fixed-blade types, and six of the Francis type. 

The runner diameters vary - according to their type - between 350 and 
2500mm. The classification of medium turbines comprises only twelve 
runner diameters [see Table III. 2]. 

The basic dimensions of the standardized Kaplan runners are given in 
Figure III. 12, and those of the Francis runners in Figure III. 13. 

These tables show that with decreasing specific speed, i.e. at high 
heads, the dimensions of the water passages of Kaplan and Francis tur- 
bines become less. 

The turbine classification also comprises detail diagrams for the field 
of application of each type of turbine runner. These diagrams are plotted 
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on the same coordinates as the general diagram, but give additional 
data for the determination of turbine dimensions and speed. The detail 
diagrams for standardized runners may be found in handbooks and are 
used by design institutes for preliminary calculations. 

The classification of medium and large turbines comprises the smallest 
possible number of types and diameters of runners, and is selected so as to 
maintain the best hydraulic properties for the turbines without any essential 
changes in parameters. 


D, 1.000 








FIGURE III. 9. Nominal diameters for various types of runner 


This is achieved by using the system of nominal runner diameters, Each 
nominal runner diameter included in the classification also defines the 
diameters of the turbine speed-ring elements. 

The basic nominal dimension of the turbine speed-ring is the guide-vane 
(pitch) circle diameter D,; the actual runner diameter D, may differ, under 
Special circumstances, from the nominal value. 

By expressing the discharge in the formula of the daebine power output 
N = 9.81QHy, in terms of the unit discharge N;, we obtain 


à F 
N = 9.81 Q;D?H * 9. 


Thus, to achieve the required range of power outputs N max — N mn at constant 
head and with the smallest number of diameters in any standard series of 
turbines, Q; and D; should be varied. 


52 


[1393 - M 
ee a 2 CM 
Nvjo d». - Mo 


s9ujqm1 Bre] pazjprepueis jo uort3uss2ido: eyd “OLN aNd 


uY 00E 052022 002 081 09! Ort OZI 00606 09 OL 09 OS €^ 0$ SE OF S2 —02 8) NAHEZU 6 8 1699666 Shh Se tc 








a 
a 
i 
ig 
Eu 
= 
i E FE — 
w —1- 1459 
zs 
g TIE A 
s| ro hh SS I 13 
-— 00* 
+ 05 
qm 
- GEES mS a 7o oe o AU ee aem ws DO, 
>t 008 
22 — 000 
Ys A OG LEES j 
ILI TT IS Te Ley oF I S 


^3X0001 W 


— Google 


53 


WA 
WA 
WA 
WA 
WA 
WA 
WA 
WA 
WA 
WA 


99-09 
961 
06 


ORTI-SI 
006 -06T 
996 OW 





99-99 
088 
001 


091-6 
093-091 
669 OU 





*uj&1eu 1aMod 9,6 Jo AMI II UO 


‘lu unupdo jo 1ujod aui 03 soutqma tj2ut14 103 pue *ops]1avieuo UTEW ayz uo **v Iw pue uiam Ib jo uod au o1 spuodsano2 fu paads 21122ds ou soujqini ueqdv y 204 


006 
008 
02L 
099 
009 
oss 
00s 
ost 
OTH 
OLE 
0££ 
00€ 
GLZ 
0SZ 
C22 
006 
081 


ae 

GE 

Gt 

vz 

bZ 

bZ 

vo 
Ed 

vo 

bZ 
t 

vo 

v 

PS 


9I 
9T 
9I 


soujqini um pW 














wid ul *q 
‘319119 JULA 
-apimns əy 
jo avau 


wo ur 'g 
*JOIOUIeIP 
Jouuny 


?r 
'soueA opina 
Jo 19quinN 


uopw[reisuy oujqun ] 






99-lL 89-2 06-021 ogt-002 | :: "I1, —"*" ly. spaads m parey 


0,9 0011 oo£t-o09r | oost-oost [oo91-096r | ooze | "io -lo so8reuosyp yun parey 
061 Sez 009 00L OEG ener ttn tpaads ogirods 


098-91 SLI-9 G22-01 SZI-22 8r-90 | tt tt * | MXOOOT ‘Bue: indino 
091-001 0L-0* 0b-S6 [I6-L 8-£ sé aim e na yet phe ane le eee Pes p 
869 OU Itz OU LLS "ld OTS "ld 6S dd Joo tt tt tt adh 19000 


$1312UIP Ie d 
wiaisds outqin T 


uopIe[[esuy jo s2dÁ1 pue syauuns 2uqq mà 23181 Jo suotsuourp pue sasse|^ 
TM dTi8vl 


54 


— Google 















moot t+ 
15000 |— Oe ee E RO 
OFS PORES 


PL587- VB and V H loe 
PL510- VB VM and VO — 
| 
[|| prao- ve ana vo} ft 


Wor HA HE 


sais 
a] 
— TE EDT d ; 






Fx? 
























500}— 

M NAE -E-HURHGEERDUICH ATE aa 
ao H= TAs 
150 HA TS tee LE 
0011 — Les eT cp HL era CE 

80 LI t rJ AH Aa ill Li 








Remarks: the fields of applica- 
tion for propeller turbines almost 
completely overlap those for the 

Kaplan turbines illustrated above 
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FIGURE III. 11. Graphical representation of standardized medium and small turbines 
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Note. The geometrical dimensions of the turbine are given in relation to the nominal runner diameter D, 
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FIGURE UI. 13. Dimensions of standardized Francis runners as a function of D, 


RO 123] 1,16-1.2 
RO 211} 116-1.2 
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* Note: The dimensions of the turbine are given in relation to runner diameter. 
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3 
Nan = 9.81 Qian (Di + AD)? H? m; 

r 
Nuun = 9.81Qj min (Di — AD)? H ne 


or,neglecting the difference between q and n,, we obtain the relation 


Nan — Qhmax (D, + AD,)* : 
N min Qimin (Dy — AD? 


If it is not possible to change the runner diameter D; but only the runner 
discharge capacity, the ratio 


am 


will be smaller, and consequently, to obtain the same efficiency, it is 
necessary to increase the number of standardized diameters in the series, 
or to lower the efficiency when the power output of the given standardized 
size changes. 

This is illustrated in Figure III.14 which represents the efficiency curves 
of two Francis turbines with two adjacent diameters from the same series 
of the classification, one diameter without deviation from the nominal val- 
ue and the other having the greatest permissible deviation from this value; 
the speed ring is the same for both runners. 

The curves in(a) correspond to the nominal values of diameters (with- 
out any deviations); the curves in(b) correspond to the same consecutive 
nominal diameters of the series, but with deviations within permissible 
limits - larger deviations for the foregoing nominal diameter Dı- + AD, 
and smaller deviations for the succeeding one D; 4, — AD,. 

In the first case, the maximum possible reduction of average operational 
efficiency (An) amounts to — 2475 and in the second case to ~ 0.5% only. 

The value of this reduction is calculated as the ratio of the arithmetical 
means of the efficiencies corresponding to loads N, 0.9N, 0.8N, 0.7N, and 0.6N. 
The above method of calculating the deviations from the nominal runner 
diameters Dı, maintaining the speed-ring diameter D, unchanged, may be 
applied only to Francis turbines, as these permit variation in relatively 

narrow limits of discharge capacity Qj. 
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FIGURE III. 14. Efficiency curves of a turbine for two adjacent diameters 
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The efficiency curve n=/(N) for Kaplan turbines slopes gently; devia- 
tions from the nominal diameters are not considered (AD = 0) in the classi- 
fication, since the required variation of the turbine output within the 
standard-type sizes may be achieved by changing the runner-blade angle. 


X In the turbine classification the ratio K = pte of two nominal diameters 


is established within the limits of 1.10 (for larger diameters) and 1.13 (for 
smaller diameters). 

The average ratio K of two adjacent diameters for the standardized di- 
ameters is 1.115. 

The possible reduction of average operational efficiency amounts to ~ 0.5%. 

The classification of hydraulic turbines developed in the U.S.S.R., with 
Standard-type sizes characterized by the runner diameters, was the basis 
for further standardization of type sizes of turbine stator elements. 

The type of the scroll case was accepted as the basic characteristic of 
the turbine type; the scroll case is made of concrete for small heads or of 
cast or welded steel for medium and high heads. 

Precise fields of applicability (in terms of available head H) of standard- 
ized runners and types of speed rings, and the existence of diameter series, 
made it possible to create a system for the standardization of turbine as- 
semblies and parts. Standardized elements and dimensional series per- 
mit the wide use of the similarity laws for many turbine parts and make it 
possible to obtain dimensional series established in a strict sequence. 

This standardization, and the nomenclature for large turbines, were 
drawn up for the first time by B. E. Gol'din /23/, and were adopted by the 
U.S. S. R. hydraulic-turbine industry. The introduction of standard-type 
sizes, constructions, and regular series of assemblies and components 
paved the way for the series production of turbine components and helped 
shorten design, production, planning and manufacturing time. 

New classification for large-size turbines. The state plan for further 
development of water-power engineering in the U. S. S. R. envisages the 
construction of powerful hydroelectric plants equipped with larger and more 
powerful turbines than those provided for in the existing classification. 
Hence a new classification for these large-size turbines is at present in 
preparation. 

A characteristic feature of the new classification is that it proceeds not 
only from the existing types of runners, but also from types not yet devised, 
but having technically feasible parameters. These improved parameters 
are the result of theoretical computations and of the analysis of existing 
experience, both in the U. S. S. R. and abroad. 

As will be seen, the new classification not only specifies present stand- 
ards, but also indicates development trends in the design of new runners. 

The new classification allows for the characteristic geometrical param- 
eters of runners which to a large extent determine their hydraulic char- 


acteristics. Such parameters are the hub-tip diameter ratio d = Stub and 
L 


the number of blades (Figure III. 15) for Kaplan turbines, and the relative 
height of the distributor b, = ER for Francis turbines. 


The designation of runners in the new classification shows a certain 
departure from previous designations. As in the previous one, the runner 
type is designated by two letters (PL or RO), followed by the maximum 
head under which the runner may be installed, and its serial number. 
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Accordingly, the turbine designation consists of symbols separated by 
dashes: the runner type - the installation (vertical or horizontal shaft) — 
the runner diameter, in mm. 


PL40/07—V —500 or RO80/01—V—300 


In the new classification the runner diameters have been changed. The 
ratio of two adjacent diameters is increased up to 1.12 (as against the form- 
er 1.11) for smaller diameters, and lowered 
to 1.073 (as against 1.12) for larger diameters. 
The average ratio of two adjacent diameters 
is reduced to 1.12 (as against 1.15). 

Eight standardized runners were selected for 
Kaplanturbines, for heads up to 80m. Eight 
standardized runners were selected for Francis 
turbines for maximum heads H upto 500 m. The 
limits of diameter series are somewhat wid- 
ened: for Kaplan runners to D; - 1,000 cm, and 
for Francis runners to D,= 850cm. The nu- 
merical values of diameters of the new series 
are in accordance with GOST 8032-56 (preferen- 
tial numbers and series of preferential numbers). 

In the light of experience gained in the design 
of hydraulic turbines, the guide-vane circle di- 
ameter D, (characteristic speed-ring diameter) and the number of guide 
vanes werealsorevised. The values of D,, De, and 24, are given in Table III. 3. 





FIGURE IIl, 15, Dimensions of water 
passages of Kaplan turbines, accord- 
ing to the new nomenclature 


TABLE III.3,a 
Dimensions of the water passages of Kaplan runners, according to the new nomenclature 
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Tables III. 4 and III. 5 show the basic design and hydraulic parameters 
of the runners, according to the new classification. 
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In both tables, the lower limits Qi ma and o,, correspond to the upper 
limits of heads for each range, and vice-versa. The value of o,, corresponds 
to the value of o for the model runner. In order to calculate it for the full- 
scale turbine a correction coefficient allowing for the scale effect should be 
introduced. 


TABLE III.3 


Runner and speed- ring diameters D, and D, respectively, in cm and the number of guide vanes z, 


D, D, 


i 
550 640 24 





























TABLE III. 4 


Basic design and hydraulic parameters of Kaplan runners according to the new classification 



















Head limits 
Hmin— Hna Me ee ees 50—80 
Number 2, of runner blade 8 
Hub-tip diameter ratio 
= = 4hub 
hub Dy ...... 0.54— 
0.60 
Relative height of the 
distributor 
R-O e es. eo 99 o 0.35 
Ratio Vt (average) . · ·. 1.75 
Blade coverage (enve lop- 
ing angle @ ......- 79—79* 
Unit speed opt s.. °. o o 100 
Rirat «occ: 110 
Q} max without output 
drop, with allowance for 
5% power margin 1480 
Q' for cavitation-free 
operating conditions 1020— 
150 
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FIGURE III. 16. Fields of application of large turbines, according to the new classification 
Figure III. 16 presents a summary diagram of the fields of application 


for large turbines. The new classification was drawn up at the LMZ and 
the TsKTI by I. E. Etinberg, A. Yu. Kolton and I. N. Umikov. 
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FIGURE III, 17, Universal performance chart of a Kaplan turbine 
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14, SELECTION OF TURBINE PARAMETERS FROM THE UNIVERSAL CHART 


Fuller information about this problem may be found in /64/. The steps 
taken to select the turbine parameters are briefly outlined below. 

i The basic turbine parameters are chosen for given power, head, and 
headwater and tailwater levels. 

Where head fluctuations occur, the turbine parameters are selected ac- 
cording to the rated head. 

The values of N, H,,,H,,, and Hmn are given by the designer of the hydro- 
electric plant. The turbine parameters are chosen from the universal 
chart plotted from the test results of the standardized runner models. 

The turbine and runner types are chosen according to the rated head Mra; 

The runner diameter is found from formula 


D. —— 
X D: 9.8190; Hrad rat 


where N is given in kw and H inm, 
In determining the runner diameter the efficiency range is taken from the 


table below: 


for Francis turbines ņ = 0.88 - 0.90 
for Kaplan turbines n = 0.84 - 0.86. . 7 


The unit discharge Q; (m3/sec) for Francis turbines is usually selected 
on the curve for 5% power margin; with Kaplan turbines, one must allow 
for cavitation in order to obtain feasible draft heads. 

The runner diameter, calculated from this formula, is rounded off to 
the nearest nominal diameter. Owing to the considerable head fluctuations 
under which Kaplan turbines operate, it is convenient to select the runner 
diameter for the lowest head which would ensure the rated power. The 
permissible draft head H,, is calculated in relation to this head. 

The turbine speed is given by the formula 


j us nV Frat 


The value of n, is selected from the chart, on the curve which passes through 
the point of optimum efficiency or a little above it. 

The correction An, is usually assumed to be constant for all points of the 
chart. It is computed for the optimum point of the chart from the formula 


EDI 


The speed a is computed from the corrected value of a, and adjusted to the 


nearest larger synchronous speed. 
The draft head may be calculated from the formula 


{Ham 100 — 355 — koH, 
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where k= 1.05 to 1.1= safety factor used at LMZ; 
V = elevation of the hydroelectric plant. 
The coefficient g is taken from the universal chart. 

The magnitudes of Q; and a; and o vary with power output and head. 

The permissible draft head H, thus depends on the effective head and power. 
The plant head depends in turn on the variations in the headwater and tail- 
water levels. The draft head has therefore to be matched with the different 
combinations in head between headwater and tailwater levels. 

Adding the draft head H, to the lowest tailwater level, one obtains the 
highest permissible runner elevation for each case. Of the elevations ob- 
tained, the lowest has to be selected, in order to obtain cavitation-free 
operation under all conditions. 

The values selected for the nominal diameter and the synchronous speed 
must be checked on the chart by plotting a tetragon with sides 


n; = const. at Haia; 
n; = const. at Hug 


having vertices with the ordinates Qj, corresponding to the maximum and 
minimum power outputs at these head limits. If this tetragon adequately 
covers the central area of the chart within the region of high efficiencies, 
the parameters have been selected correctly; if the central area of the 
chart has markedly shifted with respect to the center of the tetragon, the 
runner diameter D; or the speed a,or both of them, have to be changed. 

~ It is sometimes more convenient to select a smaller value of Q for 
high-head Kaplan turbines than those determined from the chart and 
allowed by the degree of opening of the distributor. In this manner it is 
possible to reduce g and to increase the permissible draft head H, 

Since turbines are usually operated under variable head H and output 
[10ad] Ni, the discharge Q, the efficiency n, and the cavitation coefficient ø 
change as well. Asa rule, turbine speed does not change. For proper 
turbine operation, it is therefore important to know the relationship between 
the basic turbine parameters. For this purpose, after turbine diameter D; 
and speed n have been properly selected, the universal efficiency and per- 
formance charts are plotted, 

The efficiency characteristic ņ = f (N) shows efficiency as a function of 
load N under constant head H and speed n. Since hydroelectric plants opera- 
ting at constant head are rather infrequent, an over-all picture of turbine 
performance is best obtained by plotting the turbine performance chart 
from data on the individual efficiency characteristics. 

The universal performance characteristics show the dependence of ef- 
ficiency n on power output N and head H, at speed a = const. These char- 
acteristics consist of a family of lines of equal efficiency n, plotted with 
N and H as coordinates (Figure III. 17). On this characteristic are plot- 
ted: the line of upper output limit, the lines of constant efficiency, and 
the lines of constant draft head. 

The turbine efficiency and performance characteristics are plotted on 
the basis of the universal chart of the selected runner model for the given 
diameter Di, speed n, and heads H p H,,, and Han 
— In order to plot the efficiency curve the following steps are taken: 

1) from data giveninSection10, Chapter II, the maximum efficiency of 
the turbine n,,, is plotted as a function of the turbine head, with due allow- 
ance for the scale effect; 
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2) the correction for unit speed is calculated, allowing for the differ- 
ence between the turbine and model efficiencies 


An = nope (y atu — 1) 


and the corrected unit speed mj, corresponding to the unit speed n, on the 
characteristic curve of the model 


ns yg n , 


TABLE III. 5 


Principal design and hydraulic parameters of Francis runners, according to the new classification 


was RO 175 | RO 115 | RO 170 Ro 230 | Ro a10 | RO 400 





Runner types 












Relative height of dis- 


tributor R= — 0.08 
Head limits Hmin— 
Hoax 7 08 380— 
500 
Unit discharge Q; , sec 200— 
150 
58 


Unit speed a’topr, rpm . 


0.036 — 


3) the relationship n,,= /(Q)) for ñi. is obtained from the universal chart 
in the following way: the values of the unit discharges are selected on the 
lines of equal efficiencies nm for Francis and axial fixed-blade, and on the 
lines of equal angle 9 for Kaplan turbines; this relationship is then written 
in tabulated form; 

4) the scale-factor correction for the conversion from model to proto- 
type efficiency is calculated, and the turbine efficiency is determined for 
each point; 

5) the turbine power output is calculated for each point, from formula 


N = 9.8150; DIHV A; 


6) the efficiency characteristic is then plotted. 

In order to plot the performance chart, the range of variation of nj, 
corresponding to the given amplitude of head fluctuations (from Hmn to 
Han) is divided into 4-5 intervals and the efficiency characteristics are 
plotted for the heads obtained. 

The points of equal efficiency n for various heads are represented 
with N and ZA as coordinates and linked up by a family of smooth curves — 
the performance chart. 
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To obtain the minimum head for each curve n = const of the performance 
chart, an auxiliary curve nma = f (H) must be plotted. The minimum values 
of H, corresponding to each curve ņ = const, may be found on this curve. 
The lines of equal H,are plotted on the basis of the lines of equal o from the 
universal chart. 

To plot the lines of equal H, on the performance chart the following steps 
should be taken: 

1) the auxiliary function N = f (Qj), being selected on the universal 
chart of the model, is determined for each of the heads used in plotting 
the efficiency characteristics; 

2) the following relationships are written in tabulated form for each head: 


Q = f (o; N = F(Q); H, =F (N), 


where Q, corresponds to the values of c from the universal chart; N is 
computed from N = f (Qj), and the draft head is calculated from formula 


H, = 10.0 — gs — koH; 


3) the curves H, —/(N), are drawn for each head and the points of equal 
H, from these curves are transferred onto the turbine performance chart 
and linked up by smooth curves. 

The output curve on the performance charts for Francis and axial fixed -blade 
turbines is determined either from the curve of 5% power margin of the 
universal chart, or directly from the efficiency characteristics. 

The power output of Kaplan turbines is limited for the maximum rated 
head H,,, by the largest blade angle q*,,, = const, and for the minimum rated 
head, by the largest opening of the guide vanes dema = const. 

The values of P°max and Goma on the turbine universal chart may be deter- 
mined from the position of the operating point corresponding to the rated 
power N and rated head Hj, 

The plotting of the performance chart is based upon full geometrical sim- 
ilarity between model and prototype. However, this similarity does not al- 
ways obtain, In practice, selection is often madeaccording to the universal 
chart of a model whose water passages differ from that of the turbine. When 
this isthe case, the effect of differences between water passage elements of 
model and prototype upon the turbine characteristics must also be found. 

The water passages of a reaction turbine consist of the casing, the speed 
ring, the distributor, the throat ring, and the draft tube. 

If the profile of the guide vanes and the ratio of guide-vane circle diam- 
eter to runner diameter remain unchanged, variations in other construc- 
tional dimensions of the distributor and stator speed-ring do not markedly 
affect the turbine parameters, The shape of the casing has a certain in- 
fluence on the turbine parameters: the replacing of open-flume casings 
by spiral casings causes additional head losses due to friction; these losses 
increase with the specific speed and with the reduction in the cross-sectional 
area of the spiral casing. 

Experimental data show that replacement of open-flume casings by spiral 
casings reduces the maximum efficiency by about 0.5% and that for large 
openings [of the distributor] even a drop in power output of 2—5% is re- 
corded, 
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These figures, which are considered as correction values, are very 
important for turbines with small and medium diameters (range of D, from 
2.5 - 3m). When the diameter increases, these values decrease, and for 
D,= 8 - 9m they may be neglected, since the relative head losses in the 
spiral casing diminish as the dimensions increase. 

The shape of the draft tube affects head losses to a much larger extent: 
local losses are greater in the elbow of the bent draft tube than in the 
straight draft tube, due to the changes in the value and direction of flow 
velocity in the elbow. 

The drop in efficiency and power depends on the geometrical shape and 
depth of the elbow draft tube, as well as on the turbine type. 

With Francis turbines, the efficiency of an elbow draft tube compared 
with that of a straight conical draft tube of identical exit area is less by 
approximately 0.5 - 1%, depending on the turbine power output, The ef- 
ficiency reduction is greater at full load, and smaller at part load. 

For Kaplan turbines, especially high-speed ones, the shape of the draft 
tube affects efficiency and discharge capacity in particular. "Therefore, 
when selecting their parameters, it is imperative to use the characteristic 
curves obtained from model tests in which the draft tube has been modelled 
for allits elements, i.e., for vertical turbines with an elbow draft tube 
and for horizontal-shaft turbines with a straight draft tube, 

From the unit discharge of the model, the unit discharge of the horizon- 
tal turbine, with the shaft passing through the elbow of the draft tube, may 
be determined from the formula 


Qi = Um 


where *$ = coefficient allowing for the restriction in the cross-sectional 
area by the shaft 


where D,,= the exit diameter of the runner 
d, = the shaft diameter. 
For the case considered, the efficiency reduction due to eddy losses in 
the draft-tube elbow equals Ay = 1-2%. 
For turbines with cylindrical casing, the influence of the latter on q 
and Qj is allowed for by the following correction factors: 


Ayn = 0.5 to 1.0% 
* = 0.98 to 0.95. 


The larger values for An and the smaller for * should be selected for 
turbines with high specific speed. 


15. RUNAWAY SPEFD 


The basic equation of turbine dynamics is: 


de 
IF = M.— M, 
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where J = the moment of inertia of the rotating parts; 
o = the angular velocity; 
t = the time; 
M, = the driving moment; 
M, = the moment of resistance forces. 
» In the operation of an hydraulic turbine, three situations may occur: 
1, Ma = M, 
In this case the turbine power output N, equals the load demand of the 
generator Ng. 


Thus * = 0, i.e., € = const, which corresponds to a constant speed, i.e., 


to steady operation of the unit. 

2. Ma < M, 

In this case, the turbine power output is smaller than the load demand of 
the generator: 


N, < Ng, so that «c, 


i.e., the turbine speed decreases when the load on the generator increases. 
3. M; > M, 
In this case the power output of the turbine is greater than the load de- 
livered by the generator into the network: 


N, > N,, so that $0, 


i.e. the turbine speed increases when the generator load is reduced. 

In the second and third cases, the operation of the turbine unit is un- 
steady. Under normal operating conditions, the regulating system of the 
turbine assures a balance between the moments of the driving and the re- 
sistance forces, When a change in load and a rise or fall in speed occurs, 
the governor operates immediately, narrowing or widening the distributor 
opening accordingly: the turbine output is then altered owing to the change 
in discharge. The turbine speed increases or decreases slightly, in ac- 
cordance with the generator output, and is brought back to normal by the 
regulating system. 

" If during operation a sudden load drop occurs and the guide vanes remain 
open due to a failure in the turbine-regulating system, then the speed rises 
sharply and, after some time, reaches the maximum value - called run- 
away speed. 

The runaway speed may be determined from the corresponding unit speed 
n,, from formula 


n, =n, 


In turbine tests the model is brought to the runaway speed and the charac- 
teristic curve of unit runaway speed a), is plotted; this curve represents the re- 
lationship between the unit runaway speed n, and the guide -vane opening ay. 

The runaway speed of Francis turbines depends on the distributor open- 
ing and the head; for Kaplan turbines it depends on the runner -blade angle 
as well. 

The highest runaway speed occurs when the distributor is fully open, 
or nearly so. 
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With Kaplan turbines the highest runaway speed is reached if the distrib- 
utor-blade angle connection fails to operate, the distributor remaining 
fully open and the runner blades being set at a small angle. 

The runaway speed may be characterized by the coefficient K, = = 
i.e., the ratio of runaway to normal speed. l 


For Francis and Pelton turbines k, = 1.7— 1.9 
For Kaplan turbines with the distributor-runner blade 

connection operating k; = 2.0— 2.2 
For Kaplan turbines with failure in the distributor- 

runner blade connection control- valve k, = 2.4— 2.6 


Figure III.18 represents the runaway -speed characteristic curves for a 
number of Francis runners of the RO 123, RO 211, RO 638, RO 82 and 
RO 246 types, as a function of the distributor opening. From this figure 
it will be seen that as a rule the runaway speed increases with the specific 
speed. 

Figure III, 19 represents the runaway-speed characteristic curves of the 
PL 587 Kaplan runner, for different blade angles q? as a function of the 
distributor opening. 

These curves show that the highest runaway speed corresponds to small 
angles @° and large distributor openings. 

Such a combination can occur only when the distributor -runner blade 
connection fails to operate. 

Normally, alarge distributor opening a, corresponds to a large runner- 
blade angle 9. Consequently the runaway speed depends on the unit speed 
a, corresponding to the normal operating conditions of the turbine. The 
runaway speed increases with the unit speed n, This is illustrated by the 
family of a, curves on the universal chart, corresponding to various unit 
speeds under normal operating conditions. 

The high runaway speed for small runner-blade angles may be explained 
as follows: 

Figure III.20 shows the velocity triangles at the inlet and exit of the Kap- 
lan runner blades under both normal and runaway conditions. At runaway 
speed, the peripheral velocities uy, and u,, increase, owing to the appreci- 
able increase in the relative velocities m, and w,, and deviate from the 
direction tangential to the blade entrance and exit tips, thus increasing the 
eddy losses caused by the water flowing around the blade. 

At steady runaway speed, allthe energy is dissipated. 

If the runner blades are then turned to a greater angle €? (Figure III.20), 
the conditions of flow around the blade deteriorate, due to the increase in 
the angles between the relative velocities w, $4, and the corresponding 
tangents to the blade entrance and exit tips. The hydraulic losses increase 
so that equilibrium between the driving and resisting moments obtains at 
low runaway speeds. On the contrary, if we close the blade opening by re- 
ducing the angles €*, the conditions of flow around the blade improve, 
due to the decrease in the angle between the relative velocity and the tan- 
gent to the blade profile. The equilibrium condition then obtains at a higher 
runaway speed. This characteristic feature of the Kaplan turbine — differ- 
ent runaway speeds corresponding to different blade angles — must be care- 
fully considered when designing a turbine and selecting the runaway speed. 
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FIGURE 111.18, Runaway-speed characteristic curves of FIGURE 111.19. Runaway-speed charac- 
some Francis runners teristíc curve of a Kaplan turbine, for 


various runner-blade angles with distrib- 
utor-runner blade connections operative 
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FIGURE III. 20. Inlet- and exit-velocity triangles at the blade of a Kaplan run- 
ner, for normal and runaway speed conditions 
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FIGURE III. 21. Schematic diagram of a turbine unit FIGURE 111.22, Specific weight of generator as 
(turbine runner and rotor of generator) a function of runaway-speed coefficient 


The increase in runaway speed causes an increase in the centrifugal 
forces, a fact which should be considered when calculating the strength of 
the turbine rotating-parts. Due to the considerable energy losses at runa- 
way speed, dangerous vibrations of the runner may occur as well. The 
centrifugal forces are computed from the formula 


C = mre’, 


where m = the mass of the rotating parts; 
r = the radius of center of gravity; 
e = the angular velocity. 

The main part of the rotor mass is concentrated at its rim. Since the 
rim has a large diameter, the centrifugal forces developing in the generator 
at runaway speed are greater than in the turbine, where the main part of 
the runner mass is concentrated close to the axis of rotation. This can be 
seen in Figure III. 21. Therefore, the selection of the rated runaway speed, 
with due allowance for operation or failure of the distributor-runner blade 
connection, or for the existence of a runaway-protection device (which re- 
duces the runaway speed) is an important economic consideration, since at 
low runaway speed, the turbine runner and especially the rotor of the gen- 
erator have 8maller over-all sizes and weight, and are less expensive to 
construct. 

The dependence of the specific weight of the generator on the runaway 
coefficient, plotted according to data from Gidroproekt, is shown in Figure 
III. 22. If the runaway coefficient is reduced from k, = 2.0 to k, = 1.5, 
the weight of the generator may be reduced by about 30%. 

This characteristic feature of the Kaplan turbine —different runaway 
Speeds corresponding to different blade angles — is used in practice as a 
means to prevent excessive increase of speed. 

Thus, if the unit reaches the runaway speed, two methods may be used 
to restore normal conditions: the closing of the runner blades, and the ad- 
justment of the runner blade angle to a greater value /61/. 
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As an example, Figure III. 19 shows that if the guide-vane opening is 
a,= 35mm and the runner-bladeangle @ = 0°, the runaway speed equals 
m, = 335. If the runner blades are 
closed to an angle @ = -20?, the runa- 
Qiy, Vsec p. way speed drops to A, = 250. If the 
ip runner blades are opened up to @= +15°, 
the runaway speed also drops, and equals 
m, = 240. 
However, as Stated before, an increase 
2000 in the blade angle leads to greater hy- 
LL y draulic losses as the water flows around 
— the blades and causes vibration. 
| At U. S. S. R. hydroelectric plants it was 
E] found that such vibration occurred when 
1000 the blade angle deviated from the opti- 
mum value. The vibration was not limited 





NV ga to the runner and rotor, but affected the 
| Pya = whole unit, and even the building. The 
0 pe qp up larger the unit, the stronger the vibration. 


“J0 -20 -0 0 +10 20g? Another drawback of this method is 


the large amount of water flowing through 
no-load Qj, on the runner-blade angle € the turbine when the guide vanes are open. 
for various guide-vane openings ay of the When the runaway speed is lowered by 
PL-91 distributor reducing the runner-blade angle @° (see 

Figure III. 23), the blades must be ad- 

justed until complete closing is obtained, 
or, if the // ratio permits, they can be opened in the opposite direction. 
The water passages of the runner may be completely closed, and runner 
rotation stopped. 

The curves in Figure III. 23 show, that if the blades have a large coverage 
angle 9° and an //f ratio which permits their adjustment to complete stoppage, 
the water discharge at no-load through the closed blades will be small, even 
if the distributor is fully-open. 

At a certain rate of increase in the normal speed and blade-closing time, 
the connection between the distributor opening and runner-blade adjustment 
mechanism may be disturbed to such a degree as to cause the runaway 
Speed to attain its maximum value (see curves in Figure III. 19). 

Consequently, the unit may reach the runaway speed, even if only for a 
short time, a fact which has to be considered in the turbine design. "This 
is the disadvantage of the second method. 

Turbine builders outside U.S.S.R. do, however, use this technique 
in order to prevent prolonged operation at runaway speed. Thus, oil under 
high pressure is supplied to the servomotor controlling the adjustment of 
the runner blades. 

In order to reduce the runaway speed of Kaplan turbines, it is possible 
to use special braking blades located below the runner or above it. 

At normal speed, for instance, these blades are located inthe runner hub. 
When the runner speed increases, the centrifugal forces drive these blades 
outward from their seats into the water stream, where they create a brak- 
ing moment which reduces the runaway speed. 


FIGURE III. 23. Dependence of discharge at 
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The schematic diagram of braking blades of this type, located in the 
runner hub and designed by LMZ, is given in Figure III. 24. 

There are two braking blades (1) turning around shaft (2); at normal 
speed these are held in the closed position by means of a stopping device 
with a locking pawl (3). 

If the speed exceeds the normal value, the increased centrifugal force 
in the braking blade overcomes the locking force of the device; the blade 
opens and creates a force opposing the runner rotation. 
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FIGURE III. 24. Kaplan runner FIGURE III. 25. Values of unit runaway speeds of the 
fitted with braking blades PL 201 runner, with and without braking blades 


The oil-pressure servomotors (4) bring the braking blades back into 
their initial position, after the turbine is halted; these servomotors serve 
also as shock absorbers for the braking blades. 

The oil is supplied to, and removed from, the servomotors through a 
pipe located in the hollow shaft of the turbine. Model tests carried out by 
LMZ on the PL 201 runner provided with such a device have shown that 
the braking blades reduce the maximum runaway speed by about 35%. This 
is illustrated by the curves in Figure III. 25. 

The maximum unit runaway speed of the PL 201 runner provided with 
braking blades drops from nm, = 318 to m, = 223. 

LMZ developed a turbine design provided with braking blades (see Fig- 
ure III. 24), but this model was never manufactured because, under normal 
conditions, the moving mechanisms of the braking blades operate only sel- 
dom and remain constantly under water, making it impossible to count on 
their reliable operation. 

Moreover, the presence of braking blades is liable to increase the vi- 
brations. 
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The prospectuses of the "English Electric Company" list a Kaplan run- 
ner with braking blades located above the runner blades. In this design 
the braking blades also open under the action of the centrifugal forces, and 
create a hydraulic moment opposing that acting upon the runner blades. 

Other devices are more frequently used to counter high runaway speed. 
Figure III. 26 shows schematically several antirunaway devices. 

Plain sliding gates (Figure III. 26, a), installed in special grooves in 
front of the scroll casing (1) or in the draft tube (2), are still the most widely 
used. The quick-acting gates are lifted and lowered by hoists provided 
either with winches driven by electric motors or with hydraulic servomo- 
tors consisting of cylinders with oil-pressure-operated pistons. 

Gates located in front of the scroll casing have greater dimensions and 
travel, and accordingly higher weight and cost, compared with gates in- 
stalled in the draft tube, but they permit complete shutdown of the turbine, 
even if the distributor is open. 

Gates installed in the draft tube are cheaper, but when closed, the tur- 
bine remains under pressure if the distributor is open. This is a major 
drawback of such an arrangement. 

Another drawback of gates located in the draft tube is that their rapid 
closing at runaway speed creates an axial lifting force on the runner. 

To prevent this, gate-closing time must be lengthened. 

If, during operation with distributor open and the generator connected 
to the network, the gate accidentally drops into the draft tube, the turbine 
will start working as a pump, thus creating an axial force directed upwards, 
which is liable to lift the rotor. 

Another device (Figure III. 26, b) consists of special streamlined adjust- 
able vanes, located between the stay vanes (1) and the distributor (3). 

This arrangement forms an emergency distributor which stops the turbine 
at runaway when the regular distributor fails to close. 

Although this device is reliable and permits the turbine to stop when 
thedistributoríails to work, it involves a considerable increase in turbine 
dimensions, weight, and cost. 

It is an accepted fact that the weight of a conventional distributor in a 
low -head turbine with bearing ring and distributor-actuating mechanism may 
attain 40% of the total weight of the turbine. 

Separate servomotors, installed on each guide vane, may also be used 
as an antirunaway device. The servomotors may be located on the turbine 
cover-plate, or in the turbine pit (Figure III. 26,c). Servomotors installed 
in the pit are more reliable. 

These servomotors may replace the main servomotors in an emergency, 
not only for the distributor-actuating mechanism, but also for the govern- 
or system, Since they are supplied with oil-pressure from a Special emer- 
gency distribution-valve. 

At present, antirunaway devices with separate servomotors are under- 
going practical trials. 

The operation of separate servomotors is rendered more difficult by 
the presence of special breaking elements on the distributor-actuating mech- 
anism: the vanes must be separated from the ring should the gate ring 
jam. If this should be effected by breaking the special elements provided 
for this purpose, either the separate servomotors must be made very 
powerful or a special device for disconnecting the vanes from the jammed 
gate ring has to be fitted. 
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FIGURE III. 26. Schematic diagrams of various antirunaway devices 


It is also possible to use propeller-type servomotors to adjust the guide 
vanes (Figure III. 26, d), but these are difficult to synchronize. Such servo- 
motors may be used as an antirunaway device if the oil is supplied from an 
emergency distribution valve. 

At present, the possibility is being investigated of using a self-closing 
distributor as an antirunaway device, with vanes whose profile is designed 
so as to develop a hydraulic closing moment at any degree of vane opening. 

In this case, however, the danger arises of sudden, spontaneous closing 
of the guide vanes, and appearance of water hammer in the water passages. 
Difficulties alSo stem from the fact that the hydraulic moment exerted on the 
guide vanes depends upon their position with respect to the scroll casing. 
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When solving the problem of runaway protection by means of the main 
distributor, the possibility of opening several vanes simultaneously should 
be taken into account. Consequently, 
the laboratory of the Leningrad Poly- 
technic Institute is carrying out tests 
on the model of the PL 495 runner, in 
order to determine the runaway speed 
reached when several guide vanes open 
simultaneously. The results of these 
investigations are shown in Figure III. 27. 

The curves show that the runaway 
speed changes according to the num- 
ber of open guide vanes from n; 760 
to n, - 160. The normal unit speed 


isn, = 140. Consequently, when a 





FIGURE III. 27. Dependence of the unit runaway small number of guide vanes are open, 
speed nj on the runner-blade angle @°, for dif- the speed of the turbine, running at 
ferent numbers z of open guide-vanes no-load, is close to its normal value. 


It will thus be seen that the prob- 
lem of runaway speeds and antiruna- 
way devices has no generally-applicable solution, and has to be solved for 
every case separately according to the local conditions. 


16. EXPERIMENTAL STRESS ANALYSIS ON TURBINE COMPONENTS 


The maximum permissible stress e for static loads is usually determined 
as a function of the yield point from the formula 


o 
o= y. 
where K, = safety factor. 

When designing turbine components, one generally takes K,= 1.5 to 2.0. 

For cyclic loads, which cause dynamic stresses in the material, the 
permissible stresses are given as a percentage of the fatigue limit. The 
fatigue limit is defined as the highest stress (flexure, tension, or torsion) 
at Symmetrical load cycles that a test specimen may withstand for a prac- 
tically infinte number of loadings (more than 107 for ferrous metals, and 
more than 108 for nonferrous metals). 

Materials are usually subjected to static and dynamic stresses simultane- 
ously. Besides the stresses due to external loads, residual stresses often 
occur, especially in pieces of intricate shape, as a consequence of nonuni- 
form heat treatment or temperatures in various parts of the component. 

In such cases, even for symmetrical external loads, alternating stres- 
ses with an asymmetrical cycle occur. Smaller values are accepted for 
permissible stresses when the alternating loads have an asymmetrical cy- 
cle, than for those with a symmetrical one. These values also depend on 
the static stress; the larger the static stresses, the smaller the permis- 
sible alternating stresses. 
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In turbine construction, definite values are used for the permissible 
stresses in the various turbine components. 

In designing turbine components according to the basic principles of the 
strength of materials and the theory of elasticity, designers tend to adopt 
the highest values for permissible stresses as a strength criterion, which 
has a major shortcoming. Although it characterizes the state of stress in 
the turbine component subject to load, it does not reflect the actual capacity 
of the part to withstand the load. It would be more correct in this respect 
to design for strength according to limiting stress by resorting to the theory 
of plasticity which permits an estimate of the load-carrying capacity of a 
given component, its actual ultimate strength, and its capacity to withstand 
loads. This method, however, is not widely used in turbine construction, 
where the classical’ methods of design according to the maximum per- 
missible stresses are still current. 

The strength calculations of numerous turbine components subject to 
complex and nonuniform stress conditions, presenta number of difficulties. 

This requires a knowledge, not only of the loads under steady-state condi- 
tions, but alsoofthose occurring during regulation under transient operating 
conditions. The computation is rendered even more difficult by the com- 
plicated shapes and large sizes of the parts. 

Therefore, approximate computation methods based on practical experi- 
ence are often used in the design of new turbines. 

In order to determine the degree of accuracy of these approximate com- 
putation methods, use is made of data furnished by experimental analysis 
of stresses and strains in machine parts. 

In the design of high-power turbines, experimental stress analysis 
is especially necessary for components of intricate shape subject to com- 
plex stress combinations. 

Various methods are used in experimental stress analysis: strain meas- 
urements, the method of coating, light polarization, photoelasticity, etc. 

In turbine construction, techniques of lacquer coating and electrical 
strain measurement are widely used in testing models or prototypes. 

The first method consists of coating the component to be tested with a 
strain-sensitive lacquer, which hardens on drying. 

On subsequent loading of the part, elastic tensile strains occur on the 
lacquer-coated surface; when these strains reach a value critical for the 
lacquer used, they produce visible cracks in the coating. The value of the 


rupture Strain e&,- = for the given lacquer is called the coating "constant". 


It is essential that the lacquer coating constant Smaller than the strains 
to be expected in the component being tested. he lacquer-coating method 
provides an overall stress picture and gives the principal stress directions. 
Its results are accurate to within 10 to 20%. 

If greater accuracy is required, further measurements are made by 
means of wire-type strain gages cemented to the part along the principal 
stress directions (normal and tangential to the crack lines in the coating). 

The method of direct strain measurement consists of cementing a strain- 
sensitive device, called a resistance-wire gage, to the surface of the com- 
ponent. This so-called active gage, together with an identical one for ther- 
mal compensation, and two adjustable resistances (mounted on the meas- 
uring device) constitute a measuring bridge. The thermal compensation 
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element is set for the same temperature conditions as the active strain 
gage, but is not connected to the component to be tested, thus eliminating 
errors due to temperature fluctuation. 

Upon deformation, the gage length and the cross-sectional] area of the 
active strain gage change, and with them its electrical resistance. The 
change in the resistance of the active gage which is connected to one of the 
bridge arms disturbs the bridge balance. The strain in the part being 
tested is determined by means of this electrical imbalance. 

The gage consists of a long, thin wire looped back and forth, bonded toa 
paper backing. Usually, constantan or nichrome wires are used with a 
diameter of 10 to 60m. The gage length is 5 to 20mm, sometimes attaining 
50mm. The ohmic resistance of the gage usually varies between 70 and 
200 ohm. 

For short-time measurements, the gage is bonded to the component by 
means of a special cement consisting of a solution of 5 — 8% celluloid in 
acetone. For more extended measurements, other types are used, e.g., 
Silicone glycerol-phtalate (No. 192T), BF4, and methanol-base cements, be- 
cause celluloid-base cement is not heat-resistant and starts to flow. The 
strain gage is sensitive to both tension and compression of the metal, and 
to static as well as dynamic strains. 

Beside strains, water pressure and vibration occurring under normal 
conditions should also be measured. Special pressure and vibration gages, 
installed at various points of the stationary or rotating parts, are used for 
this purpose. 

The sensing element of the pressure gage is a membrane. Water pres- 
sure deforms the membrane which has a strain gage fastened to its inner 
surface. The pressure gages are installed in special seats provided in the 
part, so that the membrane is flush with the surface of the component. 
The leads from the gages are laid in a brass tube. 

For measurement of vibrations in the frequency range 30 — 1,200c, 
piezoceramic gages are used. The vibration transducer is fastened to the 
component to be tested. Inside the transducer body, an inertia mass is 
supported by piezoelectric plates made of quartz or other materials. 
When the component vibrates, the pressure exerted on the plates by the 
mass is proportional to the acceleration, the result being an electromotive 
force proportional to the pressure. 

Protection of transducers and cables against the high velocity of the 
water stream around the turbine parts is essential. For this purpose, 
metal plates and clamps, resin coatings, and special cements are used. 

Usually, a large number of transducers are installed simultaneously. 

Multiple-point strain measurements are carried out by successively 
connecting the transducers to the measuring instrument through plug-in 
switches (for 20 — 30 gages) or remote-control switches (for 100 — 150 
gages). The remote-control commutating-switch consists of contacts and 
a control board interconnected by cables. 

For strength tests on models, plastics such as the cast phenol plastics 
and plexiglass are suitable. 

Blocks of cast phenol plastics and plexiglass are used to manufacture 
models of thick-walled parts. 

Plexiglass sheets, machined and cemented, are used for models of the 
welded and thin-walled parts. 
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The characteristics of these materials are given in Table III. 6. 


TABLE III. 6 


Approximate characteristics of the marerials used for elastic models in strain measurements and tests 


M 
procul cr Proportional — 
Material Thickness, elasticity s limite, less than Poisson's ratio 
mm at 20 - 25'C, pr 0.005% 
kg/cm2 eee ” 


Plexiglass sheets up to 5-10 2.7: 104 | 30 — 120 0.35 


Phenol plastics ín up to 
shaped blocks 400-600 3.2: 104 


The total load on the model is determined from the ratio of the load act- 
ing on the prototype Ppr to the limiting stresses in both the model and proto- 
type materials Omod and Gp, and from the scale ratio a of the geometrical 


similarity, by the formula 
i sad 
Prod at (S Pp: : 


When studying a new design, either the maximum stress must be com- 
puted approximately, or trial tests must be made. 

Model tests are carried out in the following manner. The regions of 
highest tensile and compressive stresses, and the principal strain direc- 
tions, are revealed by means of brittle lacquer coatings. 

The value of the highest stresses is estimated by using calibrated coat- 
ings. 'The wire-type strain gages permit the relative strains e tobe meas- 
ured at various points. The displacements are measured by means of dial 
gages. 

Once the principal strains &, and e, are found, the principal stresses 
and g, can be determined. 





150 0.35 
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9, ra + Bsa); 
= i-a + a5). 


where E = modulus of longitudinal elasticity; 
p = Poisson's ratio for the material of the model. 

Model tests are also important for measurements on prototypes, since 
they make it possible to find the most highly stressed regions where meas- 
urements have to be carried out on the prototype turbine, and to reduce the 
number of transducers in places where their installation is difficult. 

The methods of stress analysis on models made of materials with a low 
modulus of elasticity were devised, verified, and applied for the first time 
at the strain and stress laboratory of the Institute of Machines of the Acade- 
my of Sciences of the U.S.S.R. [/76/, /77/]. 
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The same institute also developed methods and test equipment for multi- 
ple-point strain, pressure, and vibration measurements under normal opera- 
ting conditions. The work was carried out by N.I. Prigorovskii, G. E. 
Rudashevskii, M.L. Daichik, and others, in cooperation with LMZ special- 
ists V. A. Nemm and M.S. Kustanovich, in connection with the design of 
large turbines. 

Several stationary and rotational turbine parts, such as runner blades, 
shaft, cover plate, throat ring, etc., were investigated on full-size turbines, 
under various operating conditions and during regulation, Many compli- 
cated problems connected with the specific conditions of turbine operation 
had to be solved in the course of this research. Some of these problems 
were: the fastening and protection of the transducers and the connecting 
cables against water flow and mechanical damage without affecting the 
streamlined shape ofthe turbine parts; the length of the cables required 
to connect the gages to the recording equipment; the difficulty in carrying 
out measurements on turbines operating according to the schedule of the 
connected power grid. 

In strain, pressure, and vibration measurements of rotating turbine 
parts, e.g., runrer blades, certain difficulties may arise in the fixing 
and removal of the cables connecting the transducers to the recording 
equipment, located a considerable distance away (up to 50m) in the turbine 
room. The connection between the rotating and stationary parts is effected 
by means of a current collector, located on the turbine shaft either above 
the exciter or above the oil-supply head. 

The danger of damaging the transducers and the cables is aggravated 
by the possibility of cavitation. Hence, the pressure, strain, and vibra- 
tion transducers must be sealed as tightly as possible, securely at- 
tached, and well protected against mechanica] damage. The best way to fix 
the transducers to the surface of the turbine part is by means of methanol- 
base cement, or by electrical welding. It is convenient to cover the gages 
with sheets about 1 mm thick and 10mm wide, electrically welded to 
the turbine part. The brass tubes containing the leads from the strain 
gages have to be grouped together and fastened to the surface of the turbine 
part, (e.g., the blade) by means of clamps made of a thin nichrome strips. 
The tube bundles must be covered with welded steel plates. The projecting 
ends of the tubes should be coated with methanol -base cement containing 
30 — 50%dry river-sand. 

The pressure and vibration gages for the distributor are fitted into 
threaded holes prepared beforehand, and fixed in the manner previously 
described. 

In the turbines of theVolga hydroelectric plant imeni Lenin, the brass 
tubes containing the cables were fastened along the blade and led out to the 
bolt heads, where contacts for connection with the cables passing through 
the runner hub were provided. The space around the bolt heads was filled 
with a special putty, hermetically sealing the cable inlet to the hub. 

All cables passing through the hub should be properly insulated to en- 
sure prolonged operation in oil. In Francis turbines, it is easy to lay the 
cables from the runner blades through the hollow shaft. In Kaplan turbines 
/49/, where the shaft bore is used for the piston rods of the runner- 
blade adjustment system, it is more convenient to lay the cables through 
the flange connections between the turbine shaft and the runner, as was 
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done in the turbines for the Tsimlyansk and Narva hydroelectric plants 
(Figure III. 28). The current collector is located beside the turbine 
bearing. 

In the design of the turbines for the Volga hydroelectric plant imeni 
Lenin, provision was made for laying the cables inside the shaft, thus 
simplifying cable installation. The cables ran along the shaft axis toward 
the current collector located above the oil-supply head. Their layout is 
shown in Figure III. 29. Current collectors located above the generator 
require smaller dimensions than those located around the shaft which 
has a large diameter, andtheir construction is simpler and less expensive. 
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FIGURE III. 28. Cable layout in turbines of the Tsimlyansk and 
Narva hydroelectric plants 
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LMZ carried out the most complete multiple-point measurements in its 
history when testing the turbines for the Volga hydroelectric plant imeni 
Lenin, using equipment designed by G. E. Rudashevskii. The basic elements 
of the new measuring systems are: 

1) strain, pressure, and vibration transducers, located on the runner 
blades; 
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Pendulum-type dynamometer 






Current collector 


Switching unit 


FIGURE III. 29. Cable layout in the turbines of the Volga hydroelectric plant imeni Lenin 
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2) switching units located inside the runner hub; 

3) current collector, located onthe generator shaft above the oil-supply 
head; 

4) control switchboard, strain and pressure compensating elements in- 
cluded in the switchboard, loop oscillographs, and other devices located 
in the turbine room. The schematic layout of the equipment is shown in 
Figure III. 30. 

The new measuring equipment made it possible to obtain cyclic record- 
ings by merely pushing the starting button on the control switchboard. The 
gages were connected to the measuring channels according to a predeter- 
mined program by means of special switches. The signals from the gages 
were amplified and recorded by the loop oscillographs. Time marks, tur- 
bine-speed values, and scale pulses, permitting correct interpretation of 
the oscillograms, were recorded at the same time on the oscillograph tapes. 

In order to protect the measuring channels against environmental inter- 
ference, shielded cables were used for all connections. 


Location of strain gages 
on the turbíne blade 





FIGURE III. 30. Schematic layout of the equipment for multiple-point measurements of strains, pres- 
sures, and vibrations ín the turbine: 


1— control switch board; 2— current collector; 3— switching unit; 4— inductive pressure gage; 

$— strain gage; 6— vibration gage; 7—tensiometric pressure pick-up in the turbine casing; 

8—comtrol consoles for measuring stresses and strains; 9—two-channel unit for strain measurements; 10— 
voltage -stabilized rectifier for strain measurements; 11—oscillograph for strain recording; 12— generator; 
13— voltage-stabilized rectifier for pressure measurements; 14—control consoles for pressure measure ments; 
15—frequency stabilizer for vibration measurements; 16—two-channel unit for vibration measurements; 

17— voltage-stabilized rectifier for vibration measurements; 18—oscillograph for pressure and vibration re- 
cording; 19—two-channel] unit for pressure measurement. 


With the aid of this equipment, specialists at the Volga hydroelectric 
plant imeni Lenin investigated the forces acting on the runner blades and 
on the throat-ring shell and determined the strains and stresses occurring 
in the blades and shafts under the following operating conditions: 

1) starting and stopping of the turbines; 

2) no-load conditions and synchronization; 

3) turbine operation at various power outputs: 25, 50, 75, 100, and114 Mw; 
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4) transient conditions during speed regulation; 

5) load drops, 125, 90, 60, and 30 Mw. 

Sixty pressure gages, 80 strain gages, and 10 vibration gages were 
mounted on the blades. 

The pressure transducers were placed on three cylindrical sections of 
the blade: at the base, in the middle, and on the periphery. 

The strain and vibration transducers were located at points subject to 
the strongest strains and vibrations. 

As a result of investigations made at the above plant, some 400 oscillo- 
grams and a few thousand measured values for strain, pressure, and vibra- 
tion under widely differing operating conditions were collected. 

Similar, but less extensive, investigations were carried out at the Tsim- 
lyansk, Narva, Dnieper, and Niva hydroelectric plants. All these not only 
furnished valuable reference data on the stresses acting on the turbine-unit 
components, but werealsoofgreat importance for general research on tur- 
bine operating conditions. 

In order to illustrate the data obtained by measurements on full-size 
turbines in operation, Figures III. 31, III. 32, and III. 33 are given as 
examples. 





FIGURE II[.31, The values of M,, a, P and Ô during load increase 
and turbine shutdown 


Figure III. 31 shows the curves (for the Kaplan turbine at the Narva HEP) 
of the dependence of torque Mi, speed n, blade pressure P, and stresses c 
at a certain point of the blade, on time f during the load increase, and when 
the turbine is brought to rest. 

Figure III. 32 shows the lines of equal specific loads on the turbine blade 
at the turbines of the Volga hydroelectric plant, for a power output of 
N = 50,000 kw. 

Figure III. 33 shows the lines of equal principal stresses on the upper 
side of a blade of the turbine at the Volga hydroelectric plant at an output 
25,000kw. Location of gages is also shown. 
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Leading edge 


Axis of rotation 






FIGURE III. 32. Lines of equal specific loads on a blade of the turbine at the Volga hydro- 
electric plant for a power output of N = 50,000 kw 





(350 * 10%) kg/ rj 


Axis of rotation 







FIGURE III. 33. Lines of equal principal stresses g, on the upper side of a blade of the turbine at 
the Volga hydroelectric plant, output - 25,000 kw 
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In turbine construction, photoelastic strain measurements are less fre- 
quently used in model testing than direct strain measurements. The prin- 
ciple of photoelastic measurement is based on the fact that most transparent iso- 
tropic materials become birefringent when subject to strain. The changes in 
the optical characteristics of the loaded transparent model are measured 
at various points, thus permitting the stresses to be ascertained. 

The models made of transparent materials are loaded exactly as the pro- 
totype turbine part. The materials used for models are celluloid, phenol 
plastics, or similar materials. When unloaded they are isotropic, and 
light propagates through them unpolarized. 
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FIGURE Ill. 34, Polariscope IMASh—KB2: 


l—light source; 2— polarizer; 3—plane model; 4—analyzer; 5— photographic camera; 6—tilting glass 
screen; 7—wall screen for magnification. On top: layout of the polariscope unit. 


Photoelasticity tests are carried out by means of a polariscope. In the 
polariscope, the light (generally monochromatic) passing through the po- 
larizer, becomes plane-polarized, and on passing further through the (ani- 
sotropic) stressed model, emerges with the propagation velocities in two 
planes at right angles to each other depending on the stresses, The vibra- 
tion planes for each wave coincide with the planes of action of the two prin- 
cipal stresses (0; ando,). As a consequence of the difference in velocities, 
a linear phase shifting occurs between the two rays, proportional to the dif- 
ference between the principal stresses. 

A second polarizer (called the analyzer), located behind the model, re- 
combines the two waves and throws onto the screen an image of the model 
with dark and light fringe patterns of different widths, corresponding to the 
distribution of the stresses in the model. 

The schematic layout of the polariscope unit is shown in Figure III. 34, 
with the following notations: S —light source, P —polarizer, O — model, 
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A-—analyzer, E — viewing screen, Underneath is a view of the polari- 
scope built by IMASh (IMASh-KB2 type) with an active-field diameter of 
130 mm. 

The unit is illuminated by a lamp of high light-intensity and is provided 
with a 130X180 mm photographic camera. Owing to its small size (3360X 
X1570X700 mm), the unit can be located in a relatively small room. 
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Chapter IV 


DESIGN AND SELECTION OF 
THE WATER PASSAGES OF THE TURBINE 


17. TYPES OF TURBINE CASINGS 


In reaction turbines, the water enters through casings or flumes, ex- 
tremely diverse both in shape and design. These may be open flumes, 
cylindrical,or scroll casings (made of concrete or metal). 

The type of casing depends on the size of the turbine and on the water 
head (pressure). 

Figure IV. 1 shows the fields of application of various types of casings, 
depending upon the turbine output and head, 





FIGURE IV. 1. Fields of application of various types of 
casings 


Open flumes are used only for small turbines with runner diameters of 
up to 1.2 m and heads up to 5 or 6m, 

To obtain favorable hydraulic characteristics, relatively large casings 
are required to prevent the water velocity from exceeding 1 m/sec. The 
width (B) of the casing (in a plane normal to the turbine center line) should 
be no less than 3 Dı. For higher heads, the over-all sizes of open flumes 
become so large that cylindrical or scroll casings become preferable, 

Cylindrical steel casings with frontal water inlet are used for horizontal- 
shaft turbines with runner diameters of 0.5 to 1.0m in the range of heads 
from 5,5 to 25m. | 


88 


The most common type of casing is the scroll type (Figure IV. 2). The 
radial cross-sectional area of the scroll decreases uniformly from the en- 
trance toward the tip (nose). The speed ring, which carries the turbine, is 
located inside the casing, with the distributor inside it, The speed ring 
consists either of separate well-streamlined columns (stay vanes) or of a 
circular piece consisting of an upper and a lower ring and the stay vanes. 
In concrete scroll casings the speed ring transmits the load from the scroll 
ceiling to the foundation of the casing. The speed ring in metal casings is 
the framework which holds together the entire casing. 

The scroll casing ensures satisfactory water inflow with the smallest 
over-all casing size. In well designed casings, the losses are very small. 
Unlike open flumes and cylindrical casings, the scroll casings permit many 
components of hydraulic turbines to be located outside the water flow. 





FIGURE IV. 2. Scroll casings: 


a— with T-shaped cross section; b— with circular cross section. 


Scroll casings are made of concrete or steel, depending on the available head. 
Concrete casings with T-shaped cross section are used for heads up to 
40m. For heads above 30m, round, welded or cast casings are used. 
Siphon-type scroll casings are used only for very low heads. Thistype 
of casing permits installing even large turbines below the headwater level 
without large-scale excavation work. 
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The ceiling of the siphon casing is located above the headwater level; 
the siphon is filled with water by means of an ejector or a vacuum pump. 
Figure IV. 3 shows schematically a siphon-type scroll casing. 


Vacuum pump 





FIGURE IV.3. Schematic layout of a siphon-type 
scroll casing 


For successful functioning of the siphon, the vacuum (negative pressure) 
at the highest point of the flow ahead of the runner must be « 7m W.G. 

Incertain siphon-type casings developing a considerable vacuum, the 
water flow into the turbine may be stopped by admitting air. 

The over-all size (B) of the casing (Figure IV. 2) depends on the en- 
veloping angle (also called "nose angle"), Qas, of the spiral and on the 
inlet cross-sectional area, which in turn depends on the selected water 
velocity V, at the entrance, and on the discharge. 

Figure IV. 2 shows designs of several scroll casings with different nose 
angles and cross-sectional shapes. Circular steel scrolls for medium-head 
and high-head turbines usually have enveloping angles up to @%, = 345 to 
360°. Low-head turbines with concrete scrolls have an enveloping angle 
Qaa = 180? or even less. 





FIGURE IV. 4. Comparison between the over-all sizes of scroll casings: 


a— for different cross sections (circular or T-shaped); b— for different nose 
angles. 
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A large nose angle of the spiral requires increased casing-width B. 

The width (B) is the sum of the speed-ring diameter D, and the dimen- 
sions in the horizontal plane of the cross sections I and III. It is obvious 
that the discharges through the cross sections I and III, and consequently, 
their dimensions, diminish with the angle. 

The cross-sectional shape of the scroll also affects the magnitude of B. 
The magnitudes of B for circular and T-shaped casings are shown in 
Figure IV. 4. 

The circular cross section has the largest entrance radius (R), since 
the T-shaped cross section is narrower and elongated in the vertical plane 
both in the upward and the downward direction. 

Alternative designs of the T-shaped cross section of scroll casings in 
common use are shown in Figure IV. 5. With respect tothe distributor cen- 
ter line, the cross sections are symmetrical (a) and asymmetrical (b, c, d). 
The ratio betweendimensions m and n depends on the design of the powerhouse 
substructure and the location of the turbine equipment. 





FIGURE IV. 5. Design variants for the T-shaped cross section of 
concrete scroll casings 


All these cross sections are almost equivalent hydraulically. The cross 
section with a flat ceiling is more convenient for the layout of the turbine- 
unit equipment. With this particular cross section it is easier to locate 
the passageways to the turbine pit, and to install the auxiliary equipment 
and the pipes. | 

However, as this type of casing is at a considerably lower elevation, 
the distance between the bottom of the scroll casing and the ceiling of the 
horizontal diffuser (enlarged section) of the draft tube might prove insuf- 
ficient. 


91 


Although the upward-elongated asymmetrical shape makes the layout of 
the turbine equipment inside the pit more difficult, it leaves more free 
space between the scroll and the draft tube; this may be used to accomodate 
galleries for the discharge of floodwater through the powerhouse. 

In selecting the dimensions of the scroll-casing entrance section, es- 
pecially for m= 0 or R= 0, care should be exercised to prevent the cross 
section from becoming too narrow. The following proportions between a 
and b, resulting from practical experience, are often used (Figure IV. 5): 

for n= Oorm = 0 


b 
T = 1.5 — 1.8; 


forn»50ormo»0 
€ e 


A larger ratio between 5 and a should be employed when it is imperative 
to obtain a smaller scroll-casing width B. 

The following values for the taper (conicity) of the scroll angles are 
recommended: 


ô= 20 to 35°: 

y = 20 to 35° form <n; 
y = 10 to 20° form >n; 
Y = 10 to 15° fora = 0, 


The diameters D, and D, of the circles formed by the leading and 
trailing edges of the stay vanes (see Figures IV.2 and IV. 5) depend on the 
runner diameter (Dj). 

Table IV.1 gives the values of these diameters as a function of the run- 
ner dimensions, according to LMZ data. 

A number of scroll casings used in practice are given as examples. 

The schematic layout of the scroll casing for the turbines of the Uglich 
HEP is shown in Figure IV. 6. The enveloping angle 9 = 192°. The casing 
has a T-shaped cross section and a flat ceiling. Two 2m-thick columns, 
called piers, are provided at the casing inlet section to reduce its internal 
opening. The distances from the turbine center line to the trailing edges 
of the piers are 10,500 and 11,000 mm and were selected so as to leave suf- 
ficient space for the water entering the casing. As shown in the figure, one 
of the piers has an inclined trailing edge (see projection (a) in Figure IV. 6) 
parallel to the scroll cone generatrix, for the same purpose. 

Figure IV. 7 shows the design of a turbine scroll casing at the Volga HEP. 
To suit construction conditions, the turbine design had to provide for a 
symmetrical layout of the turbine unit, with the center line passing through 

the middle of the turbine bay. A scroll casing with an enveloping angle 

9 = 180? would not meet this requirement. A scroll casing with an envelop- 
ing angle @ = 135°, with the bottom of the floor sloping gradually, was there- 
fore used. One dividing pier was provided at the casing entrance. 

The scroll shape determines both location and shape of the stay vanes, 
as well as the load on them. Hence, the design of the speed ring has to be 
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coordinated with the design of the casing. Speed-ring design will be con- 
sidered in a separate chapter of this book. 

Steel scroll casings with circular cross section, for medium heads, are 
made of steel plates welded to the speed ring. Formerly, the plates were 
riveted. The schematic layout of this casing is shown in Figure IV.8; a 
plan and a cross section of the welded casing are shown in Figure IV. 9. 

This casing is intended for a turbine operating at H = 100m. 


TABLE IV. 1 


Diameters Dg and Dg, as a function of D, for standard-type sizes of turbines 


Nominal runner diameter 
Dy, MM... se eee eeees 1200 1400 1600 1800 


Diameter of circle formed 
by the speed-ring stay- 








2500 2750 3000 


vane leading edges, 





Ds mmeertrtrr eee ew @ 1750 2000 4100 
Diameter of circle formed 

by speed-ring stay-vane 

trailingedges Dg, mm 2410 2700 3000 4800 
Nominal runner diameter 

D, MM... cccesecves 3300 [3700 | 4100 | 4500 8000 | 9000 






9600 [10700 |12000 


Diameter of circle formed 

by the speed-ring stay- 

vane leading edges 

Dp, mm «5-55 4500 |5000 | 5500 | 6050 | 6700 
Diameter of circle formed 

by speed-ring stay-vane 

trailingedges Dg,mm 5300 |5800 | 6400 | 7000 | 7900 | 8600 


As shown in Figure IV. 8, proceeding from cross section No. 7 toward 
the scroll-casing nose, the cross sections change gradually from circular 
to oval. This is necessary to ensure a cross section of required area at 
the scroll-casing nose. If the cross sections near the nose (e.g., sections 
23 or 24) were also circular, there would not be enough space left for them 
between the circular entrance section and the speed ring. The spiral con- 
tour is represented on the plan view by a broken line from sections 1 to 23 
instead of being shown by the theoretical curve. The scroll casing may 
easily be constructed from conically rolled plates. 

Ifthe spiralcasing sections were not made of flat plates, but, as demanded 
by theory, of curved ones, they would have to be stamped instead of rolled, 
which would require a large quantity of expensive stamping dies. 

The replacement of the curvilinear contour of the spiral by a polygonal 
contour scarcely affects conditions of water flow. The number of sections 
is selected so as to make the contour sufficiently smooth. 

Each cross section requires plates of different thickness. The plates 
at the entrance section are 30 mm thick, becoming thinner as the cross- 
sectional area decreases, until they reach S = 16 mm at the spiral nose. In 
spirals with a full opening angle (9?) all the speed-ring stay-vanes have the 
same profile. 





9450 |10400 | 12000 4000 
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FIGURE IV.6. Scroll casing for the turbines of the Uglich HEP 
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FIGURE IV. 8. Design of a steel scroll casing 


Table of scroll-casing cross-sectional dimensions 


Desig- Number of the scroll section 
mda | o| 2| s] «[s|e|r|oj|jo|m|m|m 
m jene ien | sor | ora | sem | osr2 | ome | ouo | sore | sree | asss | ewm 
e | 2970 | mo | mo | ses | sees | ano | zas | ans | oso | omo | 210s | xw 
eI a ee ee ee a p]. 1-1 
ee ae Se EE ee ee ee ae ee 
Desig- Number of the ll section 
nation] : | : | uw | ww J| uw | ww | 9 | 2 | 2 | 2 | 2 | u 
R |s | ros | oe | rue | rue | osr | eoo | eso | emo | soso | soo | ess 
e | xe | o| of} | | | | | | yu 
e| | | | [ajm] m| ue | i| iso] ne 
e | | | ff | tm | us | oc | nas| | w 








Thickness diminishes from 30 to 15mm 


FIGURE IV.9. Design of a welded scroll casing 


Depending on the dimensions of the entrance cross section and the di- 
mensions of the scroll itself, the speed ring is made of a single piece or 
of several elements. The number of elements is decided upon according 
to the transportation facilities available (rail or water). The welded scrolls 
are assembled in situ. At the factory, only the first scroll of a batch is 
fully assembled (Figure IV. 10) in order to check the drawings of the plate 
developments, and to fit the sections together. They are welded into sec- 
tions suitable for transportation to the erection site. As for the rest of the 
scrolls, only that part of the scroll nose which is most complicated in shape 
is assembled at the factory. Since the scroll is welded in situ, and the 
welded joints get no subsequent heat treatment, the welding electrodes 
and the material have to be carefully selected. For the erection of large- 
size scrolls, special tightening bolts, jacks,and other equipment must be 
provided to facilitate correct assembly. The dimensions of scroll casings 
have increased considerably in recent years, due to the construction of 
large turbines. Plates have also become thicker. Since it has proved to 
be more difficult to roll the thicker plates in existing plate-bending rollers, 
thinner plates with ribs are now being used in scroll construction. The 
schematic layout of this type of scroll is shown in Figure IV.11. In this 
design, however, the total weight of the metal and of the electrodes used 
increases. The plate thickness for welded scrolls is selected according 
to internal water pressure only, since the scroll casing is a thin shell and 
cannot withstand external weights without buckling. Therefore, the scroll 
casing is installed so that its upper part is open. If the scroll is embedded 
in concrete, an elastic layer should be provided between the scroll surface 
and the concrete foundation to protect the scroll casing from the weight of 
the concrete. The concrete layer above the scroll is arch-shaped and sup- 
ported outside the scroll. 





FIGURE IV. 10, Assembly of a welded scroll casing 
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FIGURE IV. 11. Design of a welded scroll casing with ribs 


Cast-steel scroll casings are used for high-head turbines (FigureIV.12). 
A high-head turbine is usually characterized by a small water discharge, 
the entrance cross section of the scroll thus becoming rather small. Be- 
cause of the high head, the scroll walls have to be very thick. To facilitate 
railroad transportation of cast-steel scrolls, they are usually made of 
several sections divided along radial planes and bolted together at the flanges. 

Figure IV. 12 shows a scroll casing of a turbine for a head of 300m. 

Cast scroll casing usually serves as support for the turbine and accom- 
modates the distributor, servomotors, guide bearings, and other compo- 
nents. "Therefore, bosses and projections for locating the servomotors 
and connections for the pressure regulator and other parts should be pro- 
vided on the scroll. Cast scroll casings are usually completely machined 
at the factory, where the temporary assembly for inspection purposes, and 
hydraulic tests according to the standards in force, are also carried out. 





FIGURE IV. 12. Shop assembly of a cast steel scroll 
casing 
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When designing a cast scroll casing for high heads, consideration must be 
given not only to the strength of the walls, but also to the rigidity of the 
flange connections. If the latter are too thin and insufficiently rigid, they 
might not ensure sufficient tightness of the whole assembly. 

Usually, cast scroll casings are not completely embedded in concrete, 
but are either laid on a ring-shaped concrete foundation or partially embed- 
ded in it. 


18. HYDROMECHANICAL COMPUTATION OF THE SCROLL CASING 


In designing a scroll casing the first parameter to be established is the 
water discharge. Usually, the scroll is designed for a discharge which 
corresponds to the maximum power output under the rated head. The scroll 
may also be designed for a discharge corresponding to the maximum effi- 
ciency. In this case the dimensions will be less. It is sometimes neces- 
sary to design the scroll for the maximum discharge corresponding to the 
rated power under the minimum head, in which case the dimensions will 
increase. For the design of casings, the discharge should be selected ac- 
cording to steady operating conditions. 

The water flow in the scroll casing should be axisymmetrical and form 
a potential vortex. 

The meridian section of the scroll is selected so that the water flows 
uniformly around the circumference of the distributor. In other words, the 
following condition should be satisfied: 


Q, = =, (IV. 1) 
where Q, = the discharge through the meridian section of the scroll, cor- 
responding to the nose angle 9; 
Q = (total) discharge through the turbine. 
Knowing the turbine discharge, the discharge through the scroll entrance 
section may be determined according to the nose angle 9. 

The entrance cross-sectional area (K,,) is determined according to the 
predetermined (given) mean velocity at the entrance section. 

After selecting the shape of the scroll cross section, the entrance cross 
section may be calculated from the known value of Fen. The adopted en- 
trance cross section determines the adjacent sections required to distribute 
the water uniformly around the whole distributor circumference. 

The hydraulic computation of the scroll casing according tothe relation- 
ship o,r = const, proceeds from the assumption that when a fluid flows 
around an axis, the moment of momentum of each particle is constant: the 
liquid, flowing through the spiral, performs no work at all, but is merely 
caused to whirl by the scroll and distributor; the whirling flow changes its 
momentum only on entering the runner, thus causing the turbine runner to 
rotate. 

As was found by practical experience, this method of computation is 
suitable for nose angles € 23 180^, and ensures a scroll shape with little 
energy losses for properly selected velocities, thus imparting a high ef- 
ficiency to the turbine. 
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The mean velocity at the entrance cross section of the scroll is selected 
according to the head: a,» kV H. 

For concrete scroll casings k= 0.9 to 1.1; for metal scrolls k = 0.8 to 
1.0. 

At each point of the flow in the scroll casing, the water velocity may be 
divided into two components: the radial velocity o, directed along the radius 
toward the turbine center line, and the peripheral velocity o,, normal to 
the radius (Figure IV. 2). 

The radial velocity is 


Q 
U, = D i e (IV. 2) 


where Q= discharge through the turbine; 
D, * diameter of circle formed by trailing edges of stay vanes; 
6, = distributor height. 
The radial velocity component should be constant, to ensure a uniform 
water flow around the whole circumference of the distributor. 
At each point, the peripheral velocity should obey the law of constant 
areas 


or = const = K, 


where f = distance from the turbine center line to the point considered: 
K = a constant of the spiral casing. 
Consequently, the discharge through any section í having an outer 
radius R equals: 


. R 
Qe 
q= sar = | vadF, 
Te 
but K 
=, and dF = bdr, 
consequently, 


R 
q, - K f Żar. (IV. 3) 


(IV.4) 


The discharge through the entrance section of the scroll, corresponding 
to the largest nose angle Phar is 


Ren 
Qon, b 
Q.a = -30 =K fta. (IV.5) 
le 
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With known discharge through the entrance section Q,,, and given 
entrance velocity and section shape, the entrance cross-sectional area 
F., and the scroll constant K can easily be 
determined. 

The position in the horizontal plane of other 
similar scroll sections ig then calculated. 

Calculations for scroll ‘casings of T-shaped 
cross section. It is easier to calculate con- 
crete scroll casings of T-shaped cross section 
by the graphic-analytical method, as follows. 

One draws the entrance section ABCHDE 
(Figure IV. 13) so that the discharge Q,, may 
pass through it with velocity 94; afterwards, 
one determines the position on the horizontal 
plane of the other scroll cross sections. 

Changes in the section dimensions are cal- 
culated according to a given law. For instance, 
the location of the exterior angles should be on 
the lines AC and EH or on curves, such as 
parabolas. 

Assuming preliminarily the constant K = 1 
in the formula (IV. 5), we obtain 


Ren i 
duas = | 7 dr. 
"B 

This integral is calculated by a graphical 
method. The values -& as a function of radius 
R, for the entrance section and for the inter- 
mediate sections 1, 2, 3, and 4, are laid off on 
the vertical to an arbitrary scale. 

The areas bounded by the curves mnab, 
m,n,ab, m,n,ab, myn,ab, mnab and by the axis of 
abscissas, will represent the discharges Que de 
q 4%,» and q, for K = 1 through the above- 
mentioned sections. 

After determining the area mnab with due 
regard for the selected scale, the value of the 





constant K may be caluclated from K - m. 


FIGURE IV. 13. Graphic-analyti- Knowing the value of K, one may alsodetermine 
cal computation of concrete scroll the true values of 9g, = Kg). qs = Kay Qa = KG; 
casings for Of = const. and q = Kq. 


The curve Q = f (R) may be plotted (see Fig- 
ure IV. 13) from the calculated values geas qi. 9s: fa, Gand the correspond- 
ing radii Ren- Ri. Rs. Rs, Rg. 


The curve @=/(R), calculated by the formula e- M. is plotted on the 


same diagram. It is obvious that for e * 0 the discharge q= 0, and that 
the radius Ren corresponds to the angle e, . 
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The mean velocity through each section is calculated from the relation- 
ship ris . where F, is determined by the geometrical dimensions of the 


section i. 

The velocity omis plotted to an arbitrary scale on the ordinates corre- 
sponding to each section, and then curve 9,= (R) is drawn. 

Using the curve 9 = f (R), we may plot the spiral contour in the horizon- 
tal plane, as well as its dimensions determined for each section. 

Sometimes, scroll casings are computed assuming the velocity dis- 
tribution to be uniform, or falling constantly toward the spiral nose. Such 
methods are not common in Soviet practice. 

Computation of scroll casings with circular cross section. Steelscroll 
casings with circular cross section usually have a nose angle of about 360°, 
and are computed assuming oy = const. 

The dimensions of the circular sections are usually determined analyti- 


b 
cally, since it is quite easy to calculate the value of f Žar in this way. 
e 
According to the designations in Figure IV. 14, we have 


(z) +e- =e. 


By determining the value of b from this relation and inserting it in the 


integral f T dr, we obtain 


ratte R 
2f b £ a2 | VEZ F- - On [ru H e — Vra 39]. 


By inserting the value of the integral in the relationship (IV. 4), we obtain 
9; =Cirg+e— Fa (f, + 20)], (IV. 6) 
where 


C 720Kx . 
— 


The discharge through the entrance cross section of the scroll 
Qoa = Qm . For the permissible mean value of velocity Un the sectional 


area is 


whence 
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The constant C may be calculated by inserting the values for the en- 
veloping angle and the radius of the entrance cross section Qaa , into the 
relationship (IV.6). The relationship (IV. 6) gives the value of o for any 
section, determined by the angle eg* 


e= Ty r S- (IV. 7) 


Equation (IV.7) makes it possible to calculate the radius of the circular 
cross section of the scroll case for the angles q^, and to determine 
R-20-rr, The calculation is usually tabulated: 





The spiral contour in the horizontal plane may be drawn from the data 
in this table. 





FIGURE IV.14. Diagram forthe analyti- 
cal computation of the scroll casing with 
circular cross section 


The scroll casing has a considerable influence on the losses in the distrib- 
utor and runner. Analyzing the experimental data obtained in the LMZ 
laboratories, A. Yu. Kolton points out that scroll casings of different shape, 
with different nose angles, guide the flow toward the distributor under dif- 
ferent angles of attack, thus causing different losses in the distributor. 

Inasmuch as the angle of attack changes with the variation in the degree 
of the distributor opening, an optimum opening of the distributor for a cer- 
tain given shape of the guide vanes exists for each scroll casing. 

There is an optimum range of discharges for each shape of scroll casing, 
within which higher turbine efficiencies may be obtained than for any other 
shape and dimensions. 

It is thus possible — within certain limits, of course — to adapt the region 
of optimum efficiencies to corresponding discharges by choosing a suitable 
Scroll casing. 

It was also found experimentally that the discharge capacity of a turbine 
does not depend upon the scroll casing, since the discharge through the runner 
is determined solely by the direction of the flow prior to entry; this direction 
depends entirely on the distributor, which acts like a relatively dense radial 
blade cascade. 
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Investigations were carried out at the LMZ laboratories into the effect 
of the scroll-casing nose angle on velocity fluctuations. It is an estab- 
lished fact that in the scroll casing the 
radial and peripheral velocity compo- 
nents o, and co, are almost uniformly 
distributed along the distributor cir- 
cumference, and coincide with the 
rated values. 

The distribution of the velocities o, 
and o, is nonuniform in that part of the 
Part of distributor circumference distributor periphery not enveloped by 

covered by the scroll the scroll. At the casing axis, the pe- 
ripheral velocities o, are almost equal 
to zero, increasing toward the entrance 
cross section, and even becoming nega- 
tive in the vicinity of the spiral nose. 
The radial velocities o, have maximum values at the casing axis, and 
diminish toward the spiral nose (see Figure IV.2). 

The smaller the enveloping angle 9, the greater the velocity fluctuations. 
This is illustrated in Figure IV. 15, where the velocity distribution of the 
components o, and o, in a scrollcasing with an enveloping angle ọ < 360° is 
given. 

The investigations also showed that the nonuniformity of the flow before 
entering the distributor is maintained to a certain extent behind the distrib- 
utor, causing nonuniformity in the flow around the runner blades. This 
fact leads to increased losses in the runner, while cavitation appears earlier 
on those runner blades which, at a given moment, are opposite to the cas- 
ing entrance, whereas on those blades opposite the spiral part of the casing 
cavitation is delayed. Consequently, a greater nose angle improves the 
conditions of water admission to the distributor as it ensures a more uni- 
form velocity distribution. 

However, an increase in the nose angle, with the width of the scroll and 
consequently of the turbine bay kept unchanged, leads to higher velocities 
in the scroll and, hence, to greater losses. 

The experimental data from LMZ show that the optimum enveloping 
angle for medium -head Kaplan turbines varies from @ = 180 to 195°. The 
recommended value of the external-wall radius of the entrance cross sec- 
tion is Ren = (1.5 to 1.6) D,. 

An increase in the enveloping angle up to 9 = 240 to 270° for the same 
radius R,, leads to a drop in turbine efficiency of 2 to 2.5%. 

Comparative tests on scroll casings of the same width and for the same 
mean velocity, but with different enveloping angles, v - 180? and @= 135°, 
showed that the efficiency of the turbine model with m= 180° exceeds the 
efficiency of the turbine model with @ = 135? by 1 to 2%. 





FIGURE IV, 15. Velocity distribution in the 
scroll casing ( 9 < 360°) 


19. DESIGN OF STEEL SCROLLS FOR STRENGTH 


The steel scroll casingis designed to withstand the internal water pres- 
sure, and the thickness of the shell is determined as a function of this 
pressure. 
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The internal water pressure in the scroll casing changes according to the 
operating conditions. It is constant during the steady operation of the 
turbine, and varies during the transient regu- 
lation process. 

Until recently, the design of the scroll casing 
for strength was carried out by the method 
proposed by A. E. Zhmud' /21/. According to 
him, computation is based on the assumption 
that each radial section through the scroll casing 
is a shell, obtained by rotating the given sec- 
tion about the turbine center line, i.e., varia- 
tions in the casing cross sections are neglected. 
For the shell represented in Figure IV. 16, 
the relationship between the stress at point A 
and the pressure p, is expressed (according 
to Timoshenko) by 


A = -2 ; 
: +a +, (IV. 8) 





FIGURE IV.16. Stresses in a shell- 
like body of revolution, caused by 
uniform pressure 


where o,* normal stress ata horizontal section of 
the shell; 
6, normal stress at a meridian section; 
Qı = radius of curvature of the meridian section; 
Q, = radius of curvature of the conical section; 
ô = shell thickness. 
In any ring-shaped conic section of the shell, the stresses o, acting in 
the shell, and o, normal to o,, cause the ring to become elongated; the relative 
elongation, allowing for transverse compression due to c,, is given by 


— 2ar | 
where f = radius of the ring; 
E = modulus of elasticity; 


v * Poisson's ratio ( * * 0.3 for steel). 
Consequently, the changes in the radius of the ring-shaped section are 


Ar == -p (0, — v0,). (IV. 9) 


Besides the stresses due to the internal pressure, additional stresses 
occur in the shell at the joints between the scroll and the speed ring and at 
the joints between scroll elements of different thickness at the meridian 
section. These three types of stresses are added, and the resulting stress 
calculated. 

Stresses in the shell due to internal pressure (tensile shell stresses). 

In the circular meridian section, through the scroll element, the scroll shell 
represents atorus(FigureIV.17). If the radius of the meridian section of 
the torus is q,, the other principal radius @, at any point A at radiusr 

is 


, 
~<a" ta: 
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Then, according to formula (IV. 8), 
9, $ es (r — 7) M Pp. 
Qı ' ô 


or 


o + o, = A =a, (IV. 10) 


where go, = the transversal stress in the thin-walled cylindrical shell of 
radius Q. 
The stress o, in the meridian section can be determined from the con- 
dition of equilibrium of the forces acting on the shaded surface of rotation. 


2xr0c, sina = px (r? — R), 


p(*— n) p(rF—A)a (rte 
whence o me 7 ae = 27 *— de. (IV. 11) 





FIGURE IV.18. Stresses in a torus of elliptical cross section 
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It results from the expression (IV.11) that stress o, increases in- 
versely with r, becoming largest at the point where the scroll element 
is connectedto the speed ring, where r=r,. For r=fre, O, =6, . It fol- 
lows from the relationships (IV. 10) and (IV. 11) 


o = ~~ (—9)--. (IV. 12) 


Consequently, the stresses in a meridian section of the torus are con- 
stant, and equal to the corresponding stresses in a cylindrical pipe of 
radius Q,. 

For an elliptic meridian section near the spiral nose (Figure IV. 18), 
we employ an auxiliary system of coordinates x,y. The equation of the 
ellipse is 


x$ p 
wth 
and the coordinate r, i.e., the radius, is related to the coordinate x by 
expression 
r = fa x. 


For constructional reasons, b is always greater than a. The angle a 
is determined from the relationship, 


dy bx 

tan Q = — = —— 
dx aVa—x ' 
hence, 


ETEA Garhi ss (IV. 13) 
Vai + (r— re 01— a?) 


The radius of curvature Q, of the meridian section, i.e., the radius 
of curvature of the ellipse is, according to the formulas of differential 
geometry, 


3 
a = ag lat + (r— n! (o ay]? (IV. 14) 


According to Meunier's theorem, the radius of curvature Q4 of a conic sec- 


tion is 
r r Val + (r — P (03— a5 | 
On. ~ (r— 7) : (IV.15) 


The stress g,, in the meridian section, is analogous to the stress in 
a circular section 





p(o—^ Varera 
wo ead = VE (v.16) 


From the expressions (IV. 16) and (IV. 8) we find 


= gy (2 — St) = PI 1) OO} IV.17 
amalie) = neri rara —— 
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and obtain for r =: ro 


o m E 0, fr. 


From expression (IV. 16) the conclusion can be drawn that the greatest 
possible stress o, occurs either at the point where the shell is connected 
to the speed ring, where r has the smallest value r = rf, or for the largest 
value of r = r, + a. 

Fora = b, the cross section becomes circular. 

Stresses in the joints between the scroll elements and the speed ring. 
Since the speed-ring edges are very rigid and do not deform easily, the 
Scroll elements are assumed to be rigidly fastened to the speed ring. 
As a consequence, additional local stresses will arise in the scroll shell. 

To compute local stresses in the joints (with the speed ring), the stresses 
in the edge of the scroll element must be determined; for this purpose the 
shell is considered to be free, not rigidly attached, and subject only to shell 
stresses. 

On the basis of the calculated stresses, one determines the forces and 
moments acting at the joints, and the value of the bending stress, from the 
formula given in A. E. Zhmud's manual mentioned above. 


IV. 
o - ly Li [t-»-2]e. (IV.18) 
for v = 0.3 
o= l (0.635 — 0.272 72.) O. (IV.19) 


The total tensile stresses in a circular meridian section, in the joint 
between the scroll element and the speed ring (rz7,), equal the sum 
of the shell stresses o,, according to relationship (IV. 11) and the positive 
bending stresses according to relationship (IV. 18): 


o;=4,(r) +0, —[(1 c2) y al -yvi $. (IV. 20) 
For a steel scroll casing 


a j = (1.135 + 0.228 7) o, = (1.135 + 0.228 72.) AB. 


Since the ratio -- has its maximum value in the scroll elements nearest 
$ 


the entrance cross section of the casing and is there approximately equal 
to 1.8, the maximum value of øj is 


Oj max = 1.55. 


The relative increase of the total stress at the joint between scroll ele- 
ment and speed ring, due to bending, namely 


Aae, 
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varies between 10 and 30%, increasing with the reduction of the ratio 2 : 


For an elliptical meridian section, the bending stresses are 
l y 3 fat + 2r4 (r4 — rg) (0 — d^) 
=z od =Z 
"b 2 ra] Vat + (r, — (6 — a) 
— Ate ya (7, — n (5 —a5) E (IV. 21) 
The total tensile stresses occurring in the joint between the elliptical 
scroll element and the speed ring (r =r) equal the sum of the bending 


stresses €, and the meridian shell stresses determined from the rela- 
tionship (IV . 16) 


-[; Vi3s| See fat 4-2, (o, —7.9 (9 — s | — 

2 rent a -— 

— Mt V a* + (r,— r4) (b =| + 

+ Ys Ee re eg. (1V. 22) 


For a steel scroll case, Poisson's ratio is v= 0.3, so that 
= [a* 4- 2r, (4 — r — 
[o-9o6| Y — —* n E 3 
MM T—nu-— |+ 
Pa — f, 
+0.5 (=) ya t (r—ny a Eg (IV. 23) 


For a = 6, the formulas (IV. 22) and (IV. 23) become the formulas (IV. 20) 
and (IV. 21). 

Stresses in the joints between plates of varying thickness in a meridian 
section. The stresses are determined in the same way as the stresses in 
the joints between the scroll and the speed ring. 

The maximum bending stress in the thinnest plate is determined from. 


formula 
x mile V 1—a 3 — rh) ox 


(83 + 08) (6 + ôs) +2 (6,5)? 
xS -^y (IV. 24) 


, 


For steel plates (v = 0.3), the formula becomes 

et (6 E (ar; — år 

o  =4255 (ê: +4) onu, (IV. 25) 
(61 + 53) (& + ôs) +2 (6:5) 


where Ar, = changes in radius of the circular section, due to deformation 
of the thin plate section; 
Ar, = changes in radius of the circular section, due to deformation 
of the thick plate. 
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Deformations Ar are calculated according to expression (IV. 9). 

Inorder to determine the total tensile stress, the bending stress should 
be added to the corresponding shell stress a. 

The stresses, calculated in this way, agree closely with the stresses 
actually measured on scroll models by means of strain gages. 

The plates, whose thickness has been determined by calculation, should 
be chosen from the existing specifications for rolled sections and plates. 

A thickness 2mm greater than the calculated value is usually selected, 
since allowance must be made for prolonged operation of the scroll case, 
as well as corrosion and erosion caused by suspended matter in the water 
stream, 

Material for the steel plates and the welds must be given particular at- 
tention and, for this purpose, material of high plasticity is usually chosen. 
This is important since the casing plates, apart from preliminary roll 
bending and stamping, undergo bending operations during assembly and 
erection. Furthermore, a material of high ductility ensures an easy 
smoothening-out of stress peaks should the scroll elements deviate from 
their calculated shape. 

Since brief pressure fluctuations in the scroll occur only during the regu- 
lation process, the permissible stress is usually selected according to the 
static head with the distributor closed, allowing for higher stresses during 
the regulation process. 

Welded scroll casings are usually made of sheet steel, having the following 
mechanical characteristics: 


yield Oy = 24 kg/mm? 
ultimate strengin................. O = 44 to 41 kg/ mm? 
percentage elongation .............. ô = 25%. 


The permissible stresses, with allowance for the increase in dynamic 
pressure, areg, = 1,300kg/cm2. With allowance for the local stresses, 
according to formulas (IV.21 and (IV.23), the permissible stresses are 
o, = 1,550kg/cm2. 

The same formulas are used to determine the casing-wall thickness. 

The wall thickness of the casing is selected, bearing in mind the availa- 
bility of all-cast casings or casings made up of separate segments. 

The transportation facilities should also be considered. 

Cast scroll casings are usually made of steel having the following char- 
acteristics: 


yield point «eee nnn ey = 23 kg/mm? 
ultimate strength «...... ......... o= 45 kg/mm? 
percentage elongation.............. ô= 16% 


The permissible stresses are 10 to 20% smaller than for welded casings, 
since, owing to the complicated shape of the cast pieces, the cast metal is 
liable to display nonuniform characteristics. 

Scrolls for high-head turbines, in which the water stream carries sus- 
pended matter, are cast of corrosion-resistant steel. 
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The assumption made in the foregoing method of computation, that the 
speed ring to which the spiral casing is connected is absolutely rigid, 
does not agree with the actual conditions. The elastic displacement of 
the upper part of the speed ring is liable to be so great that additional bend- 
ing stresses arise in the casing. | 

In this connection, V.S. Postoev and V.I. Mikheev /72/ refined the method 
for calculation of scroll casings; their method considers the effect of de- 
formations in the upper part of the speed ring on the state of stress in the 
joints of the scroll. 


| 





Curved lower flange 


Detail 1 


Turbine center line — 





FIGURE IV.19. Refined calculation of the junction between the scroll and the speed ring 


The upper band of the turbine speed ring is calculated as a complicated 
ribbed shell-plate construction (Figure IV. 19), fixed by its upper web to 
the cover-plate flange, and by its lower web to the stay vanes. The least 
rigid element in this construction is the lower curved flange. Since the 
stay vanes are distributed closely along the speed-ring circumference, the 
lower flange between two vanes resembles a short cylindrical plate whose 
length is / (as measured on the outer flange perimeter), built in along the 
junction line between the web and the stay vanes. 

The bending moment G', the thrust force Q, and the meridian force T 
at the junction between the lower flange and the scroll must all be determined. 

Since, in a toroidal symmetrical shell, the meridian force only slightly 
depends on Q; and G', the force T' is determined irrespective of Q, and G'. 

The scheme assumes the existence of an inflexion point at the junction. 


In order to determine the forces Q and @ at the joint between the scroll 
and the lower flange, two conditions are stipulated under which the relat- 
ive radial displacement and angles of twist are equal to zero. 

These conditions are expressed by two equations: 


QA, + C'A, = d (IV. 26) 
Q:A; + G A, = B, 


by solving them, we obtain 


Q = MT A, | (IV. 27) 


, — BA, — Abs j 
where the following notations are introduced: 


A, = (Cs, sin 9, + Cu cos 9) cos 9, + (Cy, sin 6, — 


— C,, cos 6) sin 6, — ay; 
A, = — (Cs, sin 6, + Cis cos 6, + ay); 
à, = — As (IV. 29) 


A, = — (Gas + Css); 

A = ôy + T' [Cu sin 9, + C,, cos 8) cos (0, — $) — 
— (Cs, sin 6, + Cis cos 9,) sin (& — $T; 

B = T’ IC,, cos (6, — $) — Cs sin (& — $91. 


In the formula (IV. 29), the C's, provided with the corresponding subscripts, 
are coefficients allowingfor the influence of the lower flange. 'The direction 
v is taken as direction l(Figure IV. 19, detail 1), y as direction 2 and w 
as direction 3. Here, the theorem of reciprocity holds, i.e., 


Cis = Cj; Cig = Cy, and Cy = Cos. 


The letter a denotes the influence coefficients on the periphery of the 
toroidal shell, where direction / coincides with that of Q}, and direction 2 
is opposed to that of the force causing moment G'. For a torus we have 


Gig = —4dÓ31, 


4, = the radial displacement for the moment-free condition due to the 
hydrostatic pressure is determined by the well-known formula of the 
theory of shells 


As, = Pp (1 — 24 — (1 — p) a ein &], (IV. 30) 


where R= radius of the shell cross section; 
a = radius of the torus axis; 
0 * shell thickness; 
p = Poisson's ratio; 
— a 


97 =: 
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The total meridian stress is 


ae p. (IV. 31) 
T'here is found from the formula 


T' = pR E 2 — a sin 


— (IV. 32) 


Thus, the solution of the problem reduces to the determination of the in- 
fluence coefficients for the lower flange and the torus, i.e., to the deter- 
mination of the displacement of the shell edges produced by the boundary 
stresses. 

In order to determine the deflection of an open cylindrical shell, we apply 
the so-called theory of the nondegenerative boundary effect in shells with 
zero gaussian curvature. The solution to this problem applied to the com- 
putation of the lower flange built in at three sides, was given by A. L. 
Gol'denveizer in /22/; here, only the final formulas for the coefficients are 
presented: 





Cy = tee [M, (A°y, — eu. — Bee) — 


— M, (M*y, — ay; + By]: 
Cy = — 90 FO Rahs y, (y, — ay, — Bus) + 
T xi y, — ay; + Pus) + Diy, — Dads]: 
3(1 — u* RY 
Cs — ai [Le (My, — e's — Buys) — 
— L, (åy, — a, + Pug) 
I [Mg (A*y, — a.u; — Boys) — 
— M, Ay, — aw; + Pul 
Cy, = Cy, = ant [Mg (A°y4 — asy, — Buys) — 
— M, (A'Y — ay, + Biy;)); 
3(1 — u*) RY 
Cy = Cy = — — — [Le QV. — Gy: — Boys) — 


— L, (My, — ay; + Biy,)I, 


(IV. 33) 





Cy, = Cy = 


where y, —the basic functions —are determined from the following formu- 
las for e = —20, (Figure IV.19, detail 1) 
Ye = 4 (ch aw -cos bo -+ ch bo. cos ae); 
yi m -Á cos 4p (sh au-cos bo -+ ch bo. sin ae) + (IV. 34) 


+ sin -F- (ch aw. sin bw -+ sh bo. cos ae) ] : 
* [Meaning of g in first term on right side unclear.) 
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Y, = — (ch aw-cos bo — ch bæ- cos aw + sh aw. sin bo 4- 


+ sh be sin aw); 
Js = 3: [sin -z- (sh aw- cos bo — ch bo. sin ae) + 


+ cos -g- (ch aw- sin bw — sh be · cos aw) | 4 

Y = pvc 

Js = a5 [cos -$ (chaw- sin bw + sh bw -cos aw) — (IV. 34) 
— sin J (sh aw-cos bw + ch bw- sin au)] ; 


— (ch bo- cos aw — ch aw- cos bo + sh aw. sin be + 


+ sh bw. sin io); 
4, = 3T [sin -$ (ch aw- sin be — sh bw-cos aw) — 


I= — 


— cos -3- X (shaw-cos bo — ch bo · sin au)] , 


In these formulas 


n= yx. y 5-30: (IV. 35) 
x, = 4,7300 t; (IV. 36) 


h = half the lower-flange thickness. 


a = À cos 4 
(IV. 37) 
b = À sin =; 


9, = value of the first eigenfunction of the oscillations of a beam rigidly 
fixed at both ends to an elastic foundation. 
For x, = -y 
Qı = sin kx, — sh jx, — EET . (cos k x, — ch xj). (IV. 38) 


Here, ky = 4.7300 + ; 


fı = first term of the Fourier expansion according to the 
eigenfunction 9, for a single stress. 


sin k,l — sh k,l 


1 kd sin k,l — sh k,l \2 
( AET ERT) 


The other coefficients in the relationship (IV. 33) are determined from 
the formulas 


18 AMAT hh. g 48 Ah. 
a=" b. Th 


Voie — Vs 
a a MY t Wb. 6, = We + np s 
| ^ WAS ' Vel — Fs ° (IV. 40) 


"HE "HP -h . 

Mm FRA “Sm RRA 
F __F 

Ly FF FF,’ L, 377 iF, 


where 
Fo = Yot ade + Bays Fi = yi + Oy, — Pus ) (IV. 41) 
Fs = M (y; + ay) — Pu; F; = M (y, + ayy.) + Baye: 
also 
—_ __“___. REM CEER 
9$, Vela — Vs" 9 Yee — 


= — JA + D) — Fa (Diye — Os). 

Xe BUCO A (IV. 42) 
— Fe 9s + 044) — Fe (Ore — Oth) 

hn FLF,—F,F; ° 


The state of stress in a toroidal shell was investigated by V.S. Postoev 
and V.I. Mikheev /72/. The following formulas give the coefficients of 
influence at the built-in shell edge: 


zí(1—a 3 MR. = R . R? 
where 
Ap — kh gu Lu (IV. 44) 
| — a sin 


k= V3 — pR: D= -i 


An example of scroll casing computation is given below for the following 
parameters: 


Radius of the lower- flange section. ..............0.. R,= 42cm 
Distance between the ribs on the outer circumference 

(assuming 24 ribs)... 1... wt et eee eee ees f= 116cm 
Half the lower- flange thickness... .......... llle k= 3cm 
POISSON'S TatlÓ 5. su paco dw Ev OU ACRI CURE COGIT p- 0,3 
Radius of the entrance cross section of the scroll .......... R= 297cm 
Thickness of the scroll wall ........... eee 6 = 3,2cm 
Pressure inside the scroll casing... ........ leere p= l3kg/cm? 

e, = 9$. = 55? 
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l. x, 4;,@ and b are determined from the formulas (IV. 35 to IV. 37). 
They are 


x; = 1.7126; 4, = 2.8700; a = 2.6516; b = 1.0983. 
2. The basic functions y, are given by the formulas (IV. 34): 


Ye = 0.9176; y, = — 0.9512; y, = 0.4599; y, = —0.1474; 
ya = 3.5376 x 10-1y, = —6.7928-10-*; 
Ye= 1.0869 -10-*; y, = 1.4348 -10-*. 


3. The auxiliary coefficients are computed from formulas (IV. 40 to IV. 42): 


a, = —306.1693; B, = —2.5210-10*; a, = 294.686; 
B, = —997.44, F, = 0.9466; F, = —0.7740; 
F, = —1.8627-10*; F, = 1.0071-10*; M, = —2.0621; 
M, = 3.8140; L, = 1.5847-10-*; L,-—1.9381.107*; ©, = —0.1989; 
®, = 1.2432; x, =— 1.9381 10-3; x, = —2.3214-10-*. 


4. The first eigenfunction and the first term of the Fourier expansion 
are determined from formulas IV. 38 and IV. 39: 


91 = 1.4659; h == 0.8163. 
5. The influence coefficients are determined from formulas (IV. 33 and 
IV. 43): 


EC,, = 74.8; EC,, = —1.81; EC,, = —6.53.10*; 
EC, = 7.90; ECis = 205.1; EC u= 29.0; 
Ea, = 4093.6; Ea,,; = —10.1: Eas, = 143.79. 


6. The moment-free displacement of the shell A, and the force T’ per 
unit length according to formulas (IV.30 and IV.32), are 


EA,, = 72110, T’ = 5060 kg/cm. 


7. The displacements are determined from formulas (IV. 29) : 


EA, =e 4364.6; EA, = 125.48; EA; = 125.48; 
EA, = 11.92; EA = 7072.1 -10?; EB = 378.69 -10*. 


8. The moment per unit length of the joint between the scroll and the 
speed ring is given by formula (IV. 28): 


G’ = 70.5-10* kg; 
the resulting meridian stresses in the built-in edge, computed from formula 


(IV. 31), are 
e, = 5630 kg/ cm?. 
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When using the method which ignores the effect of speed-ring deforma- 
tion, the stress at the scroll joint is 


0; = 1900 kg/cm2. 


The considerable effect of the deformation of the lower speed-ring flange 
on the stresses in the scroll was confirmed at the LMZ laboratory by 
model tests of the scroll casings for the turbines of the Bratsk HEP. 

Analysis of this solution shows that the stresses at the joint depend 
mainly on the rigidity of the lower speed-ring flange. Thus, the bending 
stresses decrease if the flange rigidity is increased by means of additional 
ribs. The smoothness of junction between the lower speed-ring flange and 
the scroll wall plays an important part. 

Even a small inflexion of 7 to 10° increases the stresses considerably. 
The shape of the lower flange also affects the state of stress. The most 
suitable shape of the junction is a conical ribbed surface. 

It should be noted that the upper ring in modern high-power turbines is 
embedded in concrete for increased rigidity; since the foregoing calcula- 
tions did not allow for the influence of the concrete, the bending stresses 
under field conditions are smaller than the calculated values. 


20. THE SPEED RING 


The function of the speed ring is to transmit the loads from the concrete 
pit of the turbine, the weight of the turbine unit and the axial load of water 
to the turbine foundation. For concrete scroll casings, the speed ring con- 
sists of separate stay vanes or of an annular construction consisting of 
an upper and a lower ring held together by ribs (also called stay vanes or 
stationary guide vanes). The speed ring is mounted inside the scroll be- 
tween its upper and lower cones. The stay vanes are streamlined to suit 
the flow lines in the scroll. The stay vanes are fastened to the concrete by 
top and bottom flanges. The dimensions of these flanges are chosen accord- 
ing to the permissible pressure on the concrete. One of the vanes is the 
scroll nose itself. Usually, the stay vanes inside the scroll are of the same 
profile, while in the open part of the case, the profile varies with the flow 
direction. Figure IV. 20 shows the location of the stay vanes in a semi- 
scroll casing. Some speed-ring designs are shown in Figure IV. 21. In de- 
signs where the thrust bearing is located on the turbine cover-plate, it is 
more convenient, and safer, to transmit the load to the foundation by means 
of an annular speed ring, than through separate stay vanes. When design- 
ing the speed ring and selecting its construction, consideration must be 
given to the fact that the annular speed ring will be the largest part of the 
turbine determining its dimensions and the required equipment for mach- 
ining. The speed ring with bolted stay vanes and without a lower ring is 
simpler in construction. But, since the lower ring and the link between it 
and the lower ring of the distributor are absent, the turbine has no independ- 
ent casing. The distributor rings are assembled into a single structure 
by means of the concrete, but this is liable to cause misalignment of the 
distributor due to settling of the concrete. The material for the speed 


ring should be selected according to the load acting. If the speed ring is 
subject only to compression, it may be made of cast iron. If, on the other 
hand, the speed ring is subject to both compressive and tensile loads — as 

is usually the case with medium and high heads — the speed ring is made 

of steel. For welded-cast constructions, the upper and lower rings and 

the ribs (stay vanes) are made of cast steel, welded together as a single 
segment. Figure IV. 22 shows a welded-cast speed ring. Formerly, speed 
rings were made ofa single all-cast segment, but with the advent of new cast- 
ing techniques, previous methods became obsolete. Today, the segments 
are divided into smaller elements, which makes their casting more conveni- 
ent. In welded constructions, the upper and lower rings and the ribs are 
made of steel plates roll-bent or stamped to shape. The type of speed-ring 
design is selected according to the parameters and dimensions of the tur- 
bine and the technological possibilities of manufacturing. For this purpose, 
a detailed technical and economic analysis and a comparison of alterna- 
tive designs should be made. The speed rings for the turbines of the Volga 
and the Votinsk HEPs, designed by LMZ, are of the welded-cast type, as 
shown in FiguresIV.21,b andIV. 22. Welded speed rings with bolted stay 
vanes were designed by the KhTZ, for the large Kaplan turbines of the 
Kremenchug and Dnieprodzerzhinsk HEPs. Speed rings of this type are 
shown in Figure IV. 21,c. The upper band of the speed ring is fastened to 
the upper ring of the distributor. No lower band is provided. In the de- 
sign of speed rings, the selection of a suitable shape for the outer edges of 
the upper and lower bands must be carefully made to obtain a smooth rounded 
transition line in the scroll segment. The transition from cone to plane be- 
tween the speed ring and the scroll, as used in certain designs, is not prac- 
tical, since in this case, higher stresses occur in the embedded junc- 
tions. The number of stay vanes (ribs) is usually taken as half the num- 
ber of the guide vanes. The stay vanes are arranged so as to leave adequate 
space between the trailing edge of the stay vane and the guide vanes. 

For semi-scroll casings, additional stay vanes are usually provided 
in the open part of the scroll to ensure better conditions of flow toward the 
distributor. 

Experiments carried out at the laboratories of the LMZ, LPI, MISI, and 
other plants showed that the power characteristics of turbines with semi- 
scroll casings can be improved by a proper arrangement of the stay vanes 
near the nose of the open part of the scroll casings. 

The dimensions of the stay vanes in the horizontal plane, as well as their 
shape and location, depend on the geometry of the turbine, on the conditions 
of flow, and on the strength required. The camber line of each stay vane is 
plotted from the flow lines; the vane profile is selected from the existing 
tested profiles and checked for strength. 

Figure IV.20 shows the location of the stay vanes of a turbine with a 
semi-scrollcasing. In L MZ practice, the stay vanes are located on the base 
(mean) circle D, passing through the nose. 


D, + D 
D,- er, 


From the nose to vane No. 10, the stay vanes are located at equal angles 
of 30°, and from vane No. 10 to No. 14 at angles of 15°. 


118 


sauea Aeis paijog prm Buu paads— > ‘Bui paads—q ‘sauea Áe1s a1e1edos—e 


:s8uu -paads jo sadÁ1 snoueA 





e P K; 
Æx Vi 





— 
py" A 


'I$ “AL 328514 


P ue P 
AL AA 





o 
f ? , ^ —* P 
/ OLX 
J Ag WA vee 
Ld —8 


Buyseo 


110125 aya uy saueA Avis Zup-poads jo uopesoq *02^AI FUND! 








119 


The camber line of the stay vanes is drawn as shown in the figure, i.e., 
by dividing the interval R, — R, into several parts by arcs. Afterwards, 
on the basis of the rated parameters for the scroll case, the angle 8 be- 
tween the direction of absolute velocity and its peripheral component v, is 
determined, 

For a scroll, assuming v, r= const =K, 





D, Qr dr 
tanó =- = Tady K = const ndr" 


Consequently, tan ó remains unchanged along the whole flow line, For 
given increments dr we find increments du proportional to dr. | 


du = dr Semi a K,dr. 


We then plot the camber line for the stay vanes, and by giving them a 
streamlined profile, we obtain their geometrical shape. 





Welded joint: 


FIGURE IV. 22. Welded- cast speed ring construction 


The exit angle 6 of vanes No. 7 to No. 13 in the open part of the casing 
is made equal to that of the vanes inside the spiral; the entrance angle for 
each stay vane is determined by calculations assuming the peripheral veloc- 
ity component 9, to vary linearly from point A (vane No. 6) to point B (spiral 
nose), i.e., 


0, Vs, p AEE. ghe n me, (IV. 45) 
l 


where 9, = peripheral velocity component on the circumference with dia- 
meter D,, for the vane considered; 

0,5, = peripheral velocity component on the diameter D, at point B ; 

0,,A ^ Peripheral velocity component on the diameter D, at point A ; 


o 
1 


9 angular position of the vane considered, with respect to the 
Spiral nose; 
9, = enveloping angle of the casing part outside the spiral. 
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The velocity o, , depends on the nose shape, and is determined from 
equation 


0, p = 0, ay COtanóÓ = LA cotan 4, (IV. 46) 
a 


In practice, angle 6 is determined by drawing the velocity triangle at the 
nose. 
The peripheral velocity component v, at point A is 


On 4 -R (IV. 47) 


where K = the scroll constant. 

Equations (IV. 40) and (IV. 47) enable us to determine the coefficients a 
and m of formula (IV. 45), and the value of o, for each vane having its par- 
ticular angle 9*. 

The camber line for each stay vane in the part of the casing outside the 
scroll is drawn graphically. Figure IV. 23 shows standard speed-ring de- 
signs used by LMZ. 

Computations for strength. The strength computation of the speed ring 
consists of determining the stresses caused in the stay vanes by the weight 
of the concrete, the weight of the turbine unit, and the water pressure. The 
loads on the stay vanes are determined for the following cases: with the 
turbine stopped; with no water in the scroll; under normal operational 
conditions; during load drop, when the pressure in the scroll may rise due 
to rapid closing of the distributor. 

The calculation of the forces acting on each stay vane is a statically in- 
determinate problem; for simplification it is assumed that, owing to the 
reduced rigidity of the upper and lower rings (bands), each stay vane can 
be considered as an independent element. The load on the stay vanes is 
taken as proportional to the angular position @°of each vane. The vanes are 
subject to verticalloads, steady loads due to weight, and variable loads 
due to water pressure. The transverse force of the water flow is usually 
disregarded, due to its small value and to the streamlined shape of the 
vanes. 

The diagram of the loads acting on the vanes is shown in Figure IV. 24. 
The plan view in this figure shows the dependence of the load on vane loca- 
tion in the scroll. 

Q = the weight of the concrete and of the turbine unit. 

p = water pressure in the scroll, taken up by the scroll walls and the 

stay vanes. 

The loads are determined for the following three cases: 

I. The turbine is not operating; there is no water in the scroll (p = 0); 
compressive forces only are acting on the stay vanes. 


Qi x Qi + Qs, 


where Q, = weight of the concrete carried by one stay vane; 
Q: = weight of the turbine and generator components carried by one 
stay vane. 
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Variant No. 2 (for metal scroll casings) 
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The weight of concrete Q, carried by one stay vane is usually determined 
by the power-plant designers in accordance with its location. 
The weight of the turbine and generator parts carried by one stay vane 


is found from the formula 
Q = a. (IV. 48) 


where ZG = total weight of the turbine and generator parts carried by the 
stay vanes (stator and rotor of the generator, turbine cover- 
plate, gate ring, thrust bearing, turbine shaft, runner, guide 
bearing, etc.); 

° = angle between each stay vane. 
II. The turbine is running under normal conditions (p + 0). In addition 
to the axial load due to the concrete and the unit weight, the stay vanes are 
also acted upon by the water pressure. 


Qu = Q: + Q: — P: — P. Ps (IV. 49) 


load due to water pressure on the scroll-casing ceiling, trans- 
mitted to the stay vane; 
P, = load due to water pressure on the speed ring and on the upper 
water passages of the turbine, transmitted to the stay vane; 
P, = axial load acting on the runner and transmitted to the stay vane. 
When determining the load P,, it must be noted that the water-pressure 
load on the casing ceiling transmitted to the casing wall and to the stay 
vane is proportional to the angle @° between the stay vanes. 
Then a trapezoid is drawn between the contour of the spiral and the stay 
vanes; its centroid (Figure IV. 24) is determined, and the load P, is cal- 
culated from formula 


where P, 


P = p. where bz nate, f= Y 


Consequently, 


| 1 (a+aqah 
P= ghata ee ee A 





or 


P, = œ (2a + c) h- p, (IV. 50) 


where a, c, andh = dimensions of the trapezoid (Figure IV. 24); 
P;= pressure on the scroll-case ceiling, determined from 


the formula 


n). 


where H = level difference between headwater and scroll-casing ceiling. 
ocn = Velocity of flow in scroll casing. 
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Consequently, 


P= d (4 — X. (IV. 51) 


The load due to water pressure on the speed ring and from the upper 
water passages of the turbine, taken up by one stay vane, is determined 
from the formula 


P, = py (Di — Di) s. (IV. 52) 


where D, = diameter of the circle formed by the stay-vane leading edges; 
D, = diameter of the turbine shaft. 
The pressure in the water passages is 


p v(— 3). 


where H, = level difference between the headwater and the center of the 
distributor. 


Q Q 
0, = dE == Q "D, 
The coefficient az 1.5 used in these formulas allows for the nonuni- 
formity of velocities. 


Pa A (Ha — 7 (03 — DE Sr (IV. 53) 


The axial load of the water column acting on the runner and transmitted 
to the stay vane is 


P, = MS, (IV. 54) 


where P, = axial load of the water column on the runner. 

III. Load drop and rapid closing of the distributor. The loads due to 
the weight of concrete, the weight of the hydro-unit parts, and the water 
pressure over and above the hydrostatic pressure, acting on the stay vane 
are 


Qu = Qi + Q3—P,— P, + P, (IV. 55) 


where P, = load due to water pressure on the scroll-case ceiling, trans- 
mitted to the stay vane; 

P, = force caused by the water pressure on the ring surface between 
the leading edge of the vane (D,) and the pitch circle of the 
guide vane axes (Dy) transmitted to the stay vane; 

P, = force caused by water pressure inside the distributor, trans- 
mitted to the stay vane. It is positive, since after a rapid 
closing of the distributor, a pressure drop (vacuum) occurs 
in the latter, so that the force is directed downward, 
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The force P, due to water pressure on the scroll-casing ceiling during 
drop of generator load is transmitted to the stay vanes and is calculated 
exactly as for normal conditions (formula (IV. 50)) 


P, = 4- (2a 4- e) h-py, (IV. 56) 


where p, = pressure on the scroll-casing ceiling, determined from the 
formula 


pP, = vH (1 - 47- ' 


where AH = increase of head in the scroll case due to water hammer oc- 
curring during rapid closing of the distributor. 
Consequently, 


P=% (a +e (1 + SE) aH. (IV. 57) 


The force P, on the ring-shaped space between the speed ring and the dis- 
tributor, transmitted to the stay vane, is computed from the formula 


P, = p, - (Di — Di) es 


or 


P, = TiS (D: — DÌ) (1 t At) a. (IV. 58) 


The force P, due to pressure of water inside the distributor is transmit- 
ted to the stay vane and is determined from the formula 


P, = = Db rs. (IV. 59) 


where P, = negative pressure inside the distributor, after sudden closing, 
usually taken as f, = 1kg/cm2. 

After calculating the loads Q, Quand Qu, acting on the stay vanes for 
these three possible operating conditions, one may either select the ma- 
terial and the required cross-sectional area of the stay vanes, or deter- 
mine the compressive and tensile stresses on the existing areas. 

The stay vanes, subject to compressive stresses, should be checked for 
buckling. 

At the LMZ, only the stay vanes subject to the highest compressive stres- 
ses and those with the smallest cross-sectional area, are checked for buck- 
ling. 

For strength computations, the stress is determined with allowance for 
buckling 


o=- 2%. (IV. 60) 
e 
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where Q = load on the stay vane; 
F = cross-sectional area of the stay vane; 
= safety coefficient. 
The coefficient @ depends on the material and on the slenderness ratio 


À m E, (IV. 61) 
coefficient; 
stay -vane length; 


minimum radius of inertia of the stay vane. 


i= Vi. 


where J = minimum moment of inertia of the cross section. 
The values of the coefficients 9 for steel as functions of the slenderness 
ratio À are givenin TableIV.2. Thistable is reproduced from reference /5/. 


where p 
/ 
i 


TABLE IV.2 
Dependence of coefficient @ on the slenderness ratio A 






Slenderness ratio A 






Coefficient @ for 
steel (St.5; 30L) 









Slenderness ratio A 






Coefficient @ for 
steel (St.5; 30L) 





For speed rings made of separate stay vanes, the upper and lower flanges 
of the vanes should be designed with allowance for the permissible pressure 
on the concrete, and the foundation bolts must be calculated for strength. 


21. PARAMETERS OF REACTION- TURBINE RUNNERS 


The basic geometrical parameters of the Kaplan and Francis runners 
(number, [maximum] opening angle of the blades, the thickness and shape 
of the blades, as well as the dimensions of the hub or of the upper and lower 
rings (bands), etc.), which are chosen according to the static and dynamic 
strength requirements, have a marked effect on the hydrodynamic charac- 
teristics of the runner, as well as on its power and cavitation parameters. 

For details on the dependence of hydrodynamic characteristics upon geo- 
metrical parameters, the reader is referred to the study by A. Yu. Kolton 
and I, E. Etinberg /53/. The present work presents a brief examination of 
the relationship between the geometrical and hydrodynamic characteristics 
of the runner only in reference to strength problems. 

Francis runners, The basic geometrical parameters of the Francis run- 
ner are: number and thickness of blades (z, and ô), distributor height be, 
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shape of crown (upper ring), radius of curvature of lower ring (for low- 
speed runners) or the cone angle of the lower ring (for high-speed runners), 
and ratio between discharge (exit) diameter and nominal runner diameter 
Dex 

Eu 

The blade number, which has a great effect on the static and dynamic 
strength of the runner, is one of the most important factors determining 
the power and cavitation characteristics of the Francis turbine. At a rel- 
atively small blade number, the blades are subject to a high specific load, 
so that the cavitation characteristics are rather poor. On the other hand, 
a smaller over-all blade surface wetted by the water stream makes it pos- 
sible to increase the efficiency and the specific speed. With the increase in 
the blade number, the specific load on the blades is diminished and the cavi- 
tation characteristics are improved. 

However, a water flow greatly impeded by the [larger number of] blades, 
causing considerable skin friction, may cause not only reduction in effi- 
ciency, but also in the specific speed, in terms of both rpm and discharge. 
An excessive increase in the blade number is liable to restrict the water 
flow to such an extent as to worsen the cavitation characteristics instead of 
improving them. 

The blade number (2,) usually depends on the specific speed, and varies 
between 9 and 21. On the basis of experience, LMZ correlates the blade 
number with the specific speed (see Table IV. 3). Strength and rigidity of 
the runner may be improved if the blade number is increased (the runner 
dimensions remaining unchanged). High-head turbines, therefore, have a 
higher blade number, which improves the cavitation characteristics, but 
lowers the specific-speed characteristics (in terms of both discharge capac- 
ity and optimum unit speed). 


TABLE IV. 3 
Number of blades in Francis runners. 





300-350 





Since the cavitation characteristics improve with reduction of 6, the blade 
thickness 6 should be kept at a minimum value consistent with strength and 
rigidity requirements. 

If the blade number is changed, the aspect of the universal characteristic 
of the runner may, within certain limits, be altered. The increase in the 
blade number displaces the point of optimum efficiency and the power -limit- 
ing line toward the smaller discharges. 

The meridian projection through the runner (i.e., the contour water pas- 
sages) (Figure III. 13) is defined by: the distributor height bẹ, the radius of 
curvature of the lower ring (band) of the distributor, the angle a of the lower 
ring (band), and the shape of the runner hub cross-section. 

The distributor height 6, decreases with the increase in head, the run- 
ner thus becoming more rigid. If, for increased head, the distributor 


° (m,= specific speed; 2%, = blade number.) 
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height were not reduced, a small opening of the distributor would be re- 
quired for the given discharge, causing a throttling of the water stream 
during its passage through narrow slits. Appropriate heights 6, of the dis- 
tributor for various heads, as used in turbine engineering practice, are 
tabulated in Figure III. 13. 

The radius of curvature of the runner band R, and the angle a determine, 
to a large extent, the runner discharge (exit) diameter D,. An increase 


in ratio a increases the outlet cross-sectional area and reduces the 


flow velocity (pressure drop) after the runner. However, in such cases, 
the flow conditions around the lower runner band should not deteriorate, 
since otherwise the efficiency is reduced. The relationship between a 
and H may be seen from the table below (according to LMZ). 


Range of @ Range of head ( H ) 
6-20° 40-100 m 
3-6° 100-150 m 





Although the shape of the hub cross-section affects the turbine charac- 
teristic only slightly, a curved shape nevertheless ensures higher ef- 
ficiency than a straight shape. On the other hand, a runner with a straight 
hub shape is easier to build. This is of particular importance when welded 
constructions are used. Therefore, the hub shape should be selected ac- 
cording to the turbine parameters with due regard for manufacturing and 
economic requirements. 

High turbine efficiency demands runner blades of a complicated shape, 
determined by hydrodynamical computations. On the other hand, compli- 
cated shapes of Francis runner blades and interblade channels render the 
manufacturing process more difficult. With narrow and highly curved blade 
channels, for an all-cast runner, it is quite impossible to maintain the the- 
oretically computed shape and the smoothness required. The hydrodynami- 
cal design of the Francis runner should therefore comply — as much as 
possible — with the manufacturing conditions, and among different runners 
with equivalent hydrodynamical characteristics, ease of manufacture should 
be the criterion governing final selection. 

Kaplan runners, The basic geometrical parameters of the Kaplan runner 
are: the blade number, the blade-opening angle (or the ratio of blade length 
(1) to blade pitch (t) (/Jnj*), the blade thickness 6, and the diameter and shape 
of the hub. 

Apart from the above-mentioned geometrical parameters of the runner, 
the shape of the throat ring also affects the cavitation and power character- 
istics of the runner to a great extent. 

One of the basic parameters of the Kaplan runner, determining its hydro- 
dynamical characteristics, is the shape, and especially the diameter, of 
the hub. 

The increase of the hub diameter, by decreasing the discharge area, 
lowers the discharge capacity, the efficiency, and markedly increases 


* (For the Russian definition of 1/t see in this text page 42.] 
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the critical cavitation coefficient. This is of great importance, especially for 
high-head Kaplan runners, where a considerable increase of the hub- 


tip diameter ratio d, y Toi is required, in order to accommodate a 
large number of blades subject to large hydrodynamic forces and mo- 
ments. 

Figure IV. 25 shows dependence of the hub-tip diameter ratio on the maxi- 
mum head for turbines of different specific speeds. As can be seen, the 
ratio increases markedly with the increase in head, changing from 0.35 for 
heads of about 10m, to 0.60 in the range of heads from 60 to 70m. Such an 
increase in this ratio leads to a rapid increase in the (critical) cavitation 
coefficient, and to a corresponding reduction in the discharge capacity. This 
is the main obstacle to the use of Kaplan turbines for higher heads and hence 
the necessity to improve Kaplan runners yet further by reducing the hub- 
tip diameter ratio in every possible way. Another way of reducing dy, 
apart from improving the hub design, is to develop a blade design ensuring 
minimum effect of hydrodynamical forces and moments exerted on the blades 
over a wide range of operating conditions. By reducing the forces and 
moments acting on the blades, it is possible to reduce the rigidity and 
strength of the blade-adjusting mechanism, and thus to reduce the hub sizes. 


2 
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FIGURE IV.25. Dependence of the hub-tip diameter ratio on 
head, for Kaplan turbínes 


The second important factor determining power and cavitation character- 
istics of Kaplan runners is the ratio of blade length / to blade pitch £ (the 
Ut or pitch ratio), which determines the specific speed almost completely. 

If the ratio l/t is increased, and with it the over-all blade area, the specific 
speed decreases (due to the increased friction losses at the blades), and with 
it the critical cavitation coefficient, Since, with the increase in head, 
cavitation properties become very important, high-head plants use mainly 
low-speed runners with better cavitation characteristics and increased 
ratio //f, The ratio //f may be increased in two ways, either by increas- 
ing the blade-opening angle and maintaining the same number of blades, or 
simply by increasing the number of blades. Usually, the blade-opening an- 
gle does not exceed 70° to 80°. A further increase in the angle is not recom- 
mended, since it causes undesirable blade vibration. 

The ratio //f in a four-blade runner, with the above-mentioned open- 
ing angle is approximately llt = 0.8 to 0.9; further increase of this ratio 
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may be obtained by increasing the number of blades. The maximum num- 
ber of blades fitted in U. S. S. R. high-head Kaplan runners is eight. A fur- 
ther increase in the number of blades —as in Francis turbines — is liable to 
cause an excessive throttling of the stream flow and impair hydrodynamic 
characteristics. 

It should be noted that, due to design considerations, the increase in the 
blade number involves a certain increase in the hub-tip diameter ratio; 
therefore, the gain [in efficiency] due to increase in the over-all blade 
area is not accompanied by a corresponding improvement in the cavitation 
characteristics. It is therefore advisable to avoid increasing the hub-tip 
diameter ratio when designing runners with an increased number of blades. 

Power and cavitation characteristics require minimum blade thickness, 
but without impairing strength. The design of blades for minimum thickness 
requires precise computation of the static and dynamic blade strength and 
the accurate determination of the distribution of hydrodynamic 1oads on the 
blades under various operating conditions. 

The throat-ring shape also affects the discharge capacity of the runner 
and its cavitation characteristics. 

Usually, that part of the throat ring located above the runner center-line 
has a cylindrical shape, whereas the part below the runner is spherical. 
The clearances between the blades are thus reduced to a minimum and re- 
main constant during blade pivoting, a fact which reduces leakages and con- 
sequently increases efficiency. 

The spherical part of the throat ring is characterized by the throat (run- 
ner-discharge) diameter D, and is connected to the draft tube through a 
conical section. 


22. THROAT RINGS IN KAPLAN TURBINES 


The throat ring is an essential part of the Kaplan turbine. At its top, it 
is connected to the lower ring of the distributor, and at its bottom, to the 
draft-tube cone. 

Figures III. 12 and III. 15 show the optimum profile of turbine water pas- 
sages located near the throat ring (according to LMZ data). 

The spherical part of the throat ring extends downward approximately a 
distance equal to the length of the blade at its maximum pivoting angle. 

The cylindrical throat ring gives larger clearances between the blades 
and the ring and permits an easier access to the runner from above for in- 
stallation or dismantling. 

Throat rings are also provided with a spherical upper part manufactured 
outside the U. S SR. Openings with detachable covers are fitted in the up- 
per part of the ring, through which the blades may be inserted or removed. 
For dismantling, the plates are removed, the blades brought with their peri- 
pheral sections into a vertical position, and the runner can thus be lifted 
upward. 

Research was carried out at the LMZ laboratory to determine the in- 
fluence of a completely spherical throat ring on turbine efficiency, but no 
gain in efficiency was observed. This may apparently be explained by a 
deterioration of the flow distribution around the lower ring of the distributor, 
due to the spherical throat ring. 
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3300+-1.5 2 | (4) 12 
3700--1.5 — 2101212 24 | 12 
4100--2.0 | 4 750 — 2 1(4)|—] 2 24 | 12 
45 2.01 5200 — 2|141—124 28 | 20 
5090--2.0 | 5 800 6 360 — i 41—14 28 | 24 
5500+-2.0 | 6 350 6 910 — 1141214 28 | 24 
$00013:0 7 000 7 565 — 6141214 5 48 | 32 

,0 | 7700 8 290 — 4141-l^4 60 | 40 
7200--3,0 | 8 400 9 020 — 4i14]—14 5; 60 | 40 
8000--3,0 | 9 300 9 940 8181616 86 | 58 
9000-+4-3.5 |10 500 11 190 8 1816116 86 | 56 
9300--3.5 |10 800 11 490 8181616 86 | 56 








Note: the data in parentheses refer to design variants for runners of small diameters. 
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The throat ring is usually embedded in the concrete of the conical 
scroll liner. Figure IV. 26 shows the cross section through the throat ring 
standardized by LMZ, with all the basic dimensions. The throat ring coun- 
sists of several annular cast sections (segments). Nowadays, the sec- 
tions are welded from rolled or stamped steel plates. When using all-cast 
rings, the upper section is usually cast in one piece with the lower ring of 
the distributor, and bolted to the speed-ring flange (4). The conical draft- 
tube liner (1) is bolted to the throat ring; the lower throat-ring flange is 
secured to the foundation beam (2) by adjusting wedges (3). This ensures 
a rigid connection of the throat ring to the speed ring, which thus form the 
body of the turbine. On the outer surface, the throat ring is provided with 
ribs for a better tie with the concrete. The throat ring may be made in one 
piece or in sections, according to the dimensions of the turbine. In the 
central part of the throat ring, in front of the blade-pivoting axis, there is 
a removable element not embedded in concrete, which fits into a recess 
provided in the scroll cone. 

The dimensions of the recess for the removable element, as measured 
in the horizontal plane, tally with the length of the runner blades. Special 
openings are provided for access. The height of the recess is selected in 
accordance with the turbine dimensions and the possibility of carrying out 
dismantling (of blade and other screwed assemblies). The removal of 
blades through the draft tube via the hatch is shown in Figure IV. 27. 
For turbines with a runner diameter smaller than D, = 4m, such dis- 
mantling recesses are hardly practicable, owing to their reduced dimen- 
sions. For small-size turbines, a detachable hatch — instead of a recess— 
is provided through the whole thickness of the conical scrollliner. In this 
event, the removable element of the throat ring is not embedded in concrete, 
and may be passed through the hatch, thus permitting the blades to be re- 
moved into the scroll casing. 

It should be noted that the width in the horizontal projection of this kind 
of hatch is considerable — about 90? of the circumference. "Therefore, one 
fourth of the conical scroll liner has to be cut away, a fact which does not 
permit the scroll to be used for the location of the stay vanes; this renders 
the transmission of the loads to the foundation more difficult. 

In certain designs, the throat ring is not embedded in concrete but bolted 
to the foundation. This facilitates throat-ring removal (e.g., for repairs), 
but increases the weight of the part considerably, due to the additional 
foundation elements required. Hence, this design (in the author's opinion) 
is not to be recommended, The cast-steel throat-ring is lined in the hatch 
area with stainless-steel plates which ensure a better protection against 
cavitation erosion. 

During operation of the runner, the throat ring is subjected to fluctuating 
forces caused by increased and reduced pressure acting alternately. 

The frequency of the periodical pressure fluctuations at points of the 
throat-ring walls is 


K = uM c, 


where a = turbine speed; 
2, = runner-blade number. 
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VIGM carried out investigations /36/ of the pressure distribution in a 
throat-ring model for different blade angles. It was found that the value of 
the absolute pressure acting on the throat ring may exceed the static head. 
Under any operating conditions, the zone of maximum and minimum pres- 
sures is not along the blade contour, but at a small distance from the blade 
outline. The zone of high pressures lies slightly above the blade axis, and 
the low-pressure zone underneath it. The character of instantaneous pres- 
sure distribution is shown in Figure IV. 28. 
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FIGURE IV. 27. Removal of the runner blade through the 
throat ring opening 


Pressure fluctuations cause loosening of the throat-ring fastenings. The 
amplitude of the pressure fluctuation increases with head, a feature par- 
ticularly dangerous in large turbines, where, for transportation reasons, 
the throat ring is made of separate sections, fastened together in vertical 
and horizontal plane by means of bolted flanges. The bolts in butt joints 
are subjected to fluctuating forces. In throat-ring design, close attention 
has therefore to be paid to the bolted joints of the sections. 

Special attention must also be paid to the correct bond between ring and 
concrete, The secondary concrete around the throat ring is usually placed 
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after building the scroll cone, with space around the ring restricted, 
and the secondary concrete insufficiently hardened. Special elements — 
tie rods and jack screws — are used in embedding the throat ring in the 

secondary concrete (see Figure IV. 26). 

The number of tie rods and jack bolts has to be chosen so as to provide 
sufficient space for the workers to place the secondary concrete between 
the throat ring and the primary concrete. Since the throat ring has a rather 
low rigidity, and is easily subject to radial deformations, the use of the 
above tightening elements ensures the correct shape of the throat ring dur- 
ing its installation. 


Pressure curves p = const for 
H = 3.5m and H, = —202m 
(measured with a plezoelec- 
tric pressure gage) 





Runner blades at p= + 10° 


FIGURE IV. 28. Instantaneous pressure distribution on a throat- ring section 


Instances are known of damage to throat rings due to their loosening 
and shifting from the initial position during turbine operation. Such dam- 
age involves prolonged shutdowns of the turbine and a great amount of 
repair work. For instance, in one particular hydro plant with turbines of 
runner diameter D, = 9.0m and power output N = 70,000kw, damage to the 
throat ring interrupted operation for three months, causing loss of 2.17 
billion m3 of water, equivalent to losses inpower output of 75 million kwhr. 
Repairs necessitated 6,000 working days in three shifts. 

The movement of the throat ring was due to the poor quality of the sec- 
ondary concrete, and to the inadequate bond between the throat ring and 
the primary concrete. An inadequate bond between the ring and the second- 
ary concrete may lead to seepage of water from the scroll casing into the 
low-pressure area ofthe runner. Seepage is particularly dangerous inthe area 
of the repair hatch, where the seepage path is the shortest. Here, the water 
may erode the concrete, washing out the alkali and the salts, and damag- 
ing the bond between the ring and the primary concrete. In such cases, a 
liner has to be provided to prevent seepage of water. 

During concrete placing, special attention must be paid to preparation 
of the secondary concrete, its consistency, pouring conditions and quality, 
and the bond to the primary concrete. 

The bond between the throat ring and the concrete should be checked peri- 
odically during operation if necessary; grout should be injected into the 
secondary concrete by means of pumps through special openings in the 
throat ring, 

Experience in manufacturing welded throat rings for the Volga hydroelec- 
tric plant imeni Lenin, showed that welding permits the machining of the 
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inner surfaces of such rings to be dispensed with. The weight of welded 
throat rings — compared with cast rings — and the manufacturing time are 
thus reduced. 

Some turbine builders use cast-iron throat rings, lined with steel plates 
assembled by bolts with conical heads. 

These designs are not recommended, since the vibration of the steel 
plates caused by load fluctuations loosens the bolt fastenings, the plates 
are torn off, and the unlined inner surface of the throat ring is rapidly de- 
stroyed through cavitation. 


23. DRAFT TUBES 


General, In reaction turbines, the function of a draft tube is to discharge 
the water into the tail race with minimum losses, and to permit the setting 
of the runner axis above the tailwater level without loss of head. The 
water, discharged by the runner, still has a large reserve of kinetic energy. 
By means of draft tubes, much of this kinetic energy may be regained. 
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FIGURE IV. 29. Schematic outline of the turbine 
water passages 


The draft tube is designed as a diverging discharge passageway, witha 
gradually increasing cross-sectional area (also called diffuser) and creates 
an additional suction head after the runner, thus permitting the kinetic en- 
ergy to be efficiently regained. The discharge flow velocities, and conse- 
quently, the losses at the exit, both decrease. 

The operational effectiveness of a draft tube may be ascertained by com- 
paring the degree ofuse of the [available] head by a turbine with and without 
draft tube. 

The specific energy before the runner is, according to Figure IV. 29, 


E, = 2e + H, + H, — h, 


where A, = head losses in the flow passages. 


The energy at the runner exit is 
E, = 24H, + 3 
3 1 3 328 , 
consequently, the energy utilized by the runner is 
AE = E,— E e PH, RA Lh. (IV. 62) 


When there is no drafttube, the pressure p, at the runner exit equals at- 
mospheric pressure, formula (IV. 62) thus becoming 


ag, = n - (3 n). (IV. 63) 


To the contrary, in the presence of a draft tube, the »oressure E: inthe sec- 


tion after the runner is determined from Bernoulli's equation, written for 
sections (2) and (5) (Figure IV.29), 


y Pe H, [7] + hy + 1g ° (IV. 64) 
where h, = head losses in the draft tube. 


By inserting T in the formula (IV. 62), it becomes 


By comparing this formula with (IV. 63), it is seen that the draft tube 
permits the head H,to be used, which represents the elevation of the run- 


ner above the tailwater level. The kinetic energy 2 lost by the flow dis- 
charged through the draft tube is considerably smaller than 3g in the fore- 


going case, because of the divergent shape of the draft tube (diffuser). 
The ratio of the entrance to the exit cross-sectional areas is usually 
taken as 


a= ^ = 0.25t00.35. 
b 


With ratios of this order, the energy losses at the draft tube exit are 
some 6 — 12% of the total kinetic energy of the flow discharged through the 
runner; a large part of this energy is recovered in the draft tube, which 
creates an additional suction head. 

As shown by the formula (IV. 64), this dynamic suction head is 


^a = d (A + ty). (IV. 66) 


Draft-tube efficiency (also called divergence coefficient or coefficient 
of energy recovery) is the term used to denote the ratio of the dynamic suc- 
tion head existing at the draft tube entrance to the dynamic suction head ob- 
tainable (in an ideal case) at the runner exit. 


X 


Sem. (IV. 68) 


(IV. 67) or ya =I— 


POET 


Since the flow velocity of the water in the draft tube is not uniform, 
Ndr 18 more accurately expressed by the formula 


| sar 
My = —. (IV. 69) 
dg "wd, 


Consequently, the measures recommended for improving draft-tube ef- 
ficiency are either to diminish the entrance velocity or to increase the 
draft-tube entrance cross-sectional area. 

Experimental investigations have shown that very frequently the flow 
discharged by the runner is not axial, but rotates. The tangential veloc- 
ities sometimes reach about 50% of the axial velocities, and, furthermore, 
they may change along the radius by 20-30%. 
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FIGURE IV.30. Flow velocities for unit head of 1 m, at the exit section 
of an elbow draft tube (runner rotating counterclockwise as viewed from 
the tailwater) 


It was also shown that this nonuniformity of flow may be observed not 
only at the entrance to the draft tube, but also at its exit. An exceptionally 
marked nonuniformity occurs at the entrance section of elbow draft tubes, 
since the elbow affects the flow considerably. The losses increase with 
the nonuniformity of flow velocities in the draft-tube cross-sections. 

The degree of nonuniformity of velocity distribution is characterized by 
Coriolis coefficient K , which is the ratio of the actual specific kinetic en- 
ergy ata given section to the specific energy calculated for the mean 
velocity at the same section, viz. 


ind 
Ks : 
AQ 


The Coriolis coefficient is always greater than unity and depends on the 
shape of the runner blades, the shape and dimensions of the draft tube, and 
the operational conditions of the turbine. 

In bent draft tubes, owing to existence of an elbow, the value of K; is 
larger than for straight conical tubes. According to experimental data, 


for straight conical draft iubes....................... . . . Ks = 1.210 1.5 


for bent draft tubes with blade- control connections between 
distributor and runner in operation .............. enn Ks = 1.5 to 2.5 


for elbow draft tubes with blade-control connections out of 
ODÉFallOn us dowd ee eA Oe ee RE ee ee Oi K5 = 3.0 to 6.0 


As an example, Figure IV. 30 shows the pattern of velocity distribution 
at the exit section of an elbow draft tube, measured by V.S. Kvyatkovskii 
/37/, at the VIGM during model tests on a Kaplan turbine. The curves 
of equal velocity at the exit section of the draft tube are shown for two dif- 
ferent kinds of operating conditions: 

a) conditions corresponding to maximum efficiency at the center of the 
characteristic chart ( Qj = 1,000 liter/sec); 

b) conditions corresponding to a large discharge (Q, = 1700 liter/sec), 
at the right side of the characteristic chart, 

The velocities in m/sec related to unit head of 1 m are represented on 
the graph. As can be seen, even under operating conditions (a), corre- 
sponding to the point of maximum efficiency, the flow at the draft tube exit 
is highly nonuniform. The main part of the water flows through the lower 
left side of the cross section, when looking at the draft tube exit section 
from the tailwater, i.e., in the direction opposite to the flow. On the upper 
right side of the section, a "dead region" appears, occupying abouf'a quarter 
of the total exit cross-sectionalarea, The highest velocity at the lower 
corner of the cross section 9,,,,, 2 0.65 m/sec for a mean velocity of 9,,,= 
0.365 m/sec. 

For the operating conditions previously considered, the Coriolis coef- 
ficient K, = 2.16, i.e. the energy losses at the draft exit are 2.16 as 
great as they would have been with a uniform velocity distribution over the 
cross section. Under different operating conditions, the flow was also 
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found to be nonuniform, but the character and intensity of the nonuniformity 
both change. When the discharge is small, the flow is more uniform and 
the stagnant regions are either very small, or nonexistent. 

When the turbine operates at greater discharges (corresponding to the 
right side of the characteristic chart) the nonuniformity of the velocity increases 
and the Coriolis coefficient rises. This is illustrated in the same Figure 
IV.30, by the curves b. 

In this case, the stagnant region is shifted toward the center of the sec- 
tion. The water flows mainly through the right and left parts of the section. 
The maximum velocity at the left side is Osmax” 1.3 m/sec, the Coriolis 
coefficient increases to Ky = 2.6. According to data from the same study, 
the nonuniformity of flow increases, especially under conditions in which 
the blade-control connection between distributor and runner does not operate 
then, the Coriolis coefficient reaches K, = 7.4, and the stagnant region ex- 
tends over half the draft tube exit section. 

One suggestion made was to install guide vanes in the draft tube elbow to 
improve the flow conditions and make the flow velocity more uniform. 
Joint research carried out in wind tunnels by the LPI and LMZ labo- 
ratories in connection with the design of turbines for the Volga hy- 
dro plant imeni Lenin, showed that the flow pattern in the elbow draft tube 
and the power characteristics of the turbine may be improved in this way. 
However, such vanes should be adjustable to the correct position according 
to operating conditions. In view of the large over-all sizes of the draft 
tube, the construction of adjustable vanes presents a difficult engineering 
problem. Hence, economic considerations will decide whether such vanes 
should be used or not. 

The importance of the draft tube varies with turbines of different specif- 
if speeds, being greatest for Kaplan turbines. This may be seen by com- 
paring the kinetic energy at the runner exit for turbines of different specif- 
ic speeds and accordingly, of different discharge capacities Q;. 


For Q; = 2200 to 2400 1/ sec 1 = 40 to 50% of H ; 


For Q; = 200 1/sec z = 0.5 to 1% of H. 


In the first case, i.e., for the Kaplan turbine, the draft tube has evidently 
a much greater influence than in the second one. 
According to experimental data, the draft-tube efficiency is: 


For straight tubes.................... Ndr = 0.75 to 0.85 
For bent draft tubes ..............000- Adr = 0.6 to 0.75 


The ratio between the losses in the draft tube and the turbine head is 


"TR 


Čr = 


According to formula (IV. 67) we have 


hy + = (lng n. 


tr = (1— har — (IV. 70) 
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Consequently, the losses in the draft tube are directly proportional to 
the kinetic energy of the flow. 

According to I.E. Etinberg, for ņa = 75%, the losses in the draft tube 
are: 


For Kaplan turbines..............-206- Cr = 10—12 5% 
For Francis turbines. ............. lens Cr = 0.12—0.25% 


A reduction of 9, by 10% may lead to an efficiency drop: 


For Kaplan turbines.................. from 4— 5% 


For Francis turbines... ............ eL. from 0.05 — 0.1% 


Therefore, in designing a Kaplan turbine, the shape of the draft tube 
has to be chosen very carefully. Its over-all sizes should be large enough 
to ensure as high a draft-tube efficiency as possible. 

The draft tube is much less important for the efficiency of Francis tur- 
bines, especially with medium and high heads. 

Since an accurate method for determining the stream lines in the draft 
tube does not yet exist, data provided by field or model tests are used to 
determine the dimensions and shape of the draft tube. 

With the extensive use of Kaplan turbines, draft-tube model studies are 
finding increasing application, since turbine efficiency depends on the shape 
and dimensions of the draft tube, while its depth markedly affects the vol- 
ume of excavations necessary to accomodate the powerhouse substructure, 
and consequently, the over-all cost. 

Important design and constructional considerations such as these require 
the use of small draft tubes, but on the other hand, they lead to the reduc- 
tion of turbine efficiency, especially for turbines operating at increasing 
load demands, with large unit discharges Qj. 

The selection of optimum draft-tube dimensions suited to every type of 
power plant equipped with Kaplan turbines should be made on the basis 
of thorough economic calculations, by taking into account the operating 
conditions, the load curves, the output of the power system, etc. 

For different draft-tube designs, A. V. Tananaev recommends the increase 
in the turbine output and in the average annual power output to be calculated 
from the increment in the turbine efficiency. The increase of the average 
annual output of the plant saves steam power and consequently lowers 
the generation costs of the thermal power plants serving the same power 
grid. 

Such economic calculations are carried out by the designer of the power 
plant for various alternatives, and the selection of the final turbine param- 
eters and draft-tube dimensions is made jointly with the turbine designer. 

In order to ascertain the effect of the draft tube on turbine efficiency, 
V.C. Kviatkovskii studied the losses in the separate elements of a medium- 
speed Kaplan turbine (n, = 550 to 600), and calculated the energy balance 
for different operating conditions. The analysis of the energy balance 
made it possible to establish the part played by each turbine component. 

It was thus found that at large discharges, the energy losses in the draft 
tube are much higher than in the runner. 
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The analysis of the energy balance for one Kaplan turbine, namely the 
distribution of losses among the runner, distributor, and draft tube for 
variations in unit discharge from Q; = 500liter/sec to Qj =2,100liter/sec, is 
illustrated graphically in FigureIV.31. At small discharges (Qj = 500 to 
700 liter/sec), the greatest losses (14-18 7.) occur inthe runner and distrib- 
utor. This may be explained by poor flow conditions about the distrib- 
utor and runner vanes. The total losses in the draft tube are some 3%. 

At normal water discharges through the turbines (Qj = 1,400 to 1,6001iter/sec), 
corresponding to the point of maximum efficiency and normal operating 
conditions, the losses in the runner and distributor drop sharply to approxi- 
mately 4%, whereas the losses in the draft tube increase. The losses at 
the draft-tube exit increase up to — 10%, while the hydraulic losses in the 
draft tube increase up to 3%. At maximum unit discharges (Qj = 2,000 to 
2,1001iter/sec), corresponding to maximum power output, the losses in the 
runner and distributor are about the same, whereas the losses at the draft- 
tube exit increase markedly, reaching 14.5%; the hydraulic losses rise to 
~ 7%, and consequently the total losses in the draft tube attain ~ 21.5%. 
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FIGURE IV. 31, Energy balance in a Kaplan- turbine model 


Straight conical draft tubes. The simplest type is the straight conical 
draft tube shown in Figure IV. 29. At present, the use of this type is con- 
fined to small-size turbines, since considerable excavation is necessary 
for the required length L = (3 — 5)D,, of the draft cone. This is not eco- 
nomical for large hydro plants. 

Bent draft tubes (also called elbow tubes) with a depth ofh <2.6D, are 
used for large turbines. 

The curves of mean velocity and specific energy at the exit section, as 
a function of head, are shown in Figure IV. 32. These curves are used in 
the selection of the draft-tube exit cross-section area F,. With known exit 
cross-section area and entrance diameter D, of the tube, and given angle 
of flare $°, the length of the straight draft tube may be determined. The 
angle of flare should be taken in accordance with the length-to-diameter 
ratio L/D, (relative length) within certain limits established in practice. 
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For large angles f^, the increase in the losses due to the widening of the 
tube cross section is offset by the reduction in losses due to the greater 
exitcross-sectionalarea. We thus obtain an optimum value of f* for each 


5. for which total losses in the draft tube are a minimum. The values 


of maximum draft-tube efficiency and optimum angle of flare for conical 
draft tubes of different length are given in Figure IV. 33, according to data 
by I. E. Etinberg. For one particular draft tube of length L = 3D,, the opti- 
mum angle of flare f? = 7° and the draft-tube efficiency na, = 77%. Fora 
shorter tube L = 1.5D, the optimum angle equals f° = 9° and the tube ef- 
ficiency is then reduced to n, = 68%, i.e., by 9%. If the tube length is in- 
creased up to L = 5D,, the draft-tube efficiency will increase up to n4, = 82%, 
i.e., by only 5%, compared with the tube of L = 3D, 





900 125 150 175 200 225 250 275 300 
Head, /, m 
FIGURE IV, 32, Mean velocity and specific energy FIGURE IV. 33. Draft- tube efficiency 
at the draft-tube exit-section and optimum angles of flare of straight 


conical draft tubes 


The straight conical draft tube shown in Figure IV. 29 should be set in 
the tailrace at a minimum permissible distance from its lateral walls and 
bottom, and at a certain depth below the tailwater level. According to prac- 
tice, the suitable proportions are: 


b > (0.5-0.7)D,, 
h > (0.6-1.0)D,. 


Elbow draft tubes. Elbow draft tubes are of various shapes. A draft 
tube designed by LMZ is shown in Figure IV.34. It consists of the conical 
flare (1), the draft-tube elbow (2), and the horizontal flare (3). The conical 
flare may have various heights h,4 for the same diameter of the tube Ds. 
The entrance diameter D, of the elbow changes accordingly. The elbows 
are geometrically similar for various draft-tube depths h. 

A typical Kaplan-turbine draft-tube elbow, as designed by LMZ, is shown 
in Figure IV. 35. For minimum draft-tube heights, the elbow ensures the 
transition from the circular exit of the conical section to the rectangular 
entrance section of the horizontal flare. The elbow is built up of regular 
geometrical surfaces. From the circular entrance section of diameter D, 
the inner surface of the elbow bends in the direction of flow into torus (6) of 
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radius r, which then changes into a horizontal surface (7). A conical sur- 
face (1) extends from the entrance to the elbow, intersecting the horizontal- 
cylinder surface (2). The transition from the conical surface (1) to the 
toroidal surface of revolution (6) is accomplished by the inclined plane (5). 
The elbow surface on each side consists of the vertical plane (4) and the 
vertical cylindrical surface (3). This elbow design simplifies the lining and 
concreting. The height h, of the exit section is considerably smaller than 
the width B,, thus ensuring a minimum elbow height h,. In the horizontal 
plane, the elbow is usually asymmetrical with respect to the turbine cen- 
ter line. The excentricity m of the elbow depends on the scroll-casing 
dimensions, so that the draft tube can be accommodated within the scroll. 
A dividing pier is sometimes provided in the horizontal diffuser of draft 
tubes for large turbines to reduce the draft tube width B,. The pier thick- 
ness should be as small as possible without, however, impairing structural 
strength, since the presence of piers in the draft tube restricts the flow 
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FIGURE IV. 34. Kaplan- turbine elbow draft tube 


The elbow draft tube is actually a diffuser with a curved axis. A length- 
ening of the axis should therefore lead to an increase in the draft-tube 
efficiency. The axial length of the draft tube may be increased by increas- 
ing the depth A and the length L. 

It was found experimentally that, with an increase in the depth and the 
length of the elbow draft tube, turbine efficiency increases with the specif- 
ic speed. It is the increase of the draft-tube depth which proves to be 
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most effective for increasing turbine efficiency. The difference in 
the efficiencies of turbines with draft tubes having different exit cross sec- 
tions may be calculated from the formula 


— Ks (v; — 9) l 


where t, and u, = mean exit velocities in the draft tubes compared, 
and K, = Coriolis coefficient. 

In determining the over-all sizes of draft tubes with the same exit cross 

section, a shorter and deeper draft tube is more Suitable than a long and 
shallow one. This may be explained by the fact that the elbow has a greater 
hydraulic resistance than a straight pipe. Changes in direction in the draft 
tube are conducive to intensive eddies along the inner wall of the elbow. 
The pressure varies along the elbow, being lower at the inner wall, and 
increasing toward the straight section. This causes additional losses in 
the elbow. It is therefore more advisable to discharge the water into 
the draft tube at low velocities. This may be achieved by using a longer 
conical section, with a larger cross section and consequently, an elbow 
of larger dimensions. 





t6 (8 20 22 24 26 20, 30 


j 


FIGURE IV. 35. Draft- tube elbow FIGURE IV. 36. Variation of draft tube efficiency 
with length and depth 





Draft-tube efficiency values for draft tubes of various lengths and depths 
are given in Figure IV. 36, according to data by I. E. Etinberg on the basis 
of LMZ practice; they correspond to conditions in which the blade-control 
connections between runner and distributor are operating. 

The curves in Figure IV. 36 show that a small variation in the draft-tube 
length only slightly affects its quality. The most suitable draft tube is that 
having L = 4.5D,, since an increase in the tube length up to L = 6.5D,, i.e., 
by 2D; or by almost 50%, only slightly increases the tube efficiency, 
whereas a reduction in the draft-tube length to L = 3.5D,, i.e., by approxi- 
mately 1D,, reduces the value of ù, to a larger degree. 

The tube depth h affects the properties of the elbow draft tube to a larger 
extent. Reduction in depth from hk = 2.0D, to h = 1.6D, i.e., by 0.4D,, low- 
ers the draft-tube efficiency qq, by 7.5%. The same reduction for a deeper 
draft tube from h = 2.6D, to h = 2.2D, lowers", by only 3.5%. 

For Kaplan turbines LMZ usually adopts two different draft-tube depths: 
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h = 1.915D,; 
h = 2.3D,. 


However,inonecase, LMZ built an elbow draft tube with 
h = 1.5D.. 


A series of economic calculations are usually required for the selection 
of the draft-tube depth: they refer to the power output for various draft- 
tube dimensions, the cost of additional excavation for a deeper tube, etc. 
Deep draft tubes ensure higher power output as a rule, but require a greater 
capital investment. The larger the required discharge capacity Q; of the 
turbine, the more suitable the use of a deeper drafttube, since otherwise the 
losses would increase excessively. 

For Kaplan turbines, it is not advisable to use short (shallow) elbow draft 
tubes with a depth k less than 1.9D;, even if they prove to be economical, 
since this leads to an increase in the nonuniformity of the flow discharged 
by the runner. With short tubes (L 21.5Dj), the runner -hub extension is 
located close to the elbow, thus considerably increasing the nonuniformity 
of flow velocity. Apart from this, the runner hub is subject to lateral 
forces resulting from the bending and nonuniformity of the flow in the elbow, 
and causing dangerous vibrations in the turbine unit. 

According to experimental data by LMZ, two draft-tube types, depending 
on the specific speed, are recommended for Kaplan turbines: type 4A for 
low-speed turbines, and type 4C for medium-speed turbines (Figures IV. 34 
and IV. 35). 


Type 4A Type 4C 
h = 1,915D) D, = 1.1D, k = 2.3D] D, = 1.17, 
L = 3,5D1 ħ = 1.1D, L = 4.5Dj Ak, = 1.17Dj 
B, = 2.2) h, = 0.55D, B, = 2.3D) hę = 0.584Dj 
A, = 1.0D) L, = 1.417Dj A, = 1.2) L, = 1.5D) 


The slope angle y° of the horizontal flared section is selected accord- 
ing to the length of the flared section 


y = 10° for L,= 2.4D] 
y = 13° for L4 = 1.8Dj. 


The dimensions A, h,, hs, and Ds are selected according to the runner type. 

I. M. Shchapov studied the problem of the optimum length for elbow draft 
tubes; by analyzing the results of tests made by various designers and the 
available data on draft tubes in operation, Shchapov arrived at the conclu- 
sion that the correct selection of the draft-tube over-all sizes is of the ut- 
most economic importance. He points out that the different draft-tube ele- 
ments, such as cone, elbow, and horizontal flared section, recover energy 
differently. The conical part, which accounts for 11% of the total length of 
the draft tube, recovers about 50% of the energy recovered by the draft tube 
(the draft tube usually recovers 75% of the total energy), whereas the hori- 
zontal flared section, which represents 33% of the tube length regains 
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only about 20%. Some 5% of the kinetic energy is regained in the elbow. A 
study of existing hydroelectric plants showed that draft tubes of the following 
depths are mainly used: 


in the U.S.S.R. «suo Re ee eae k = (1.9 to 23) D, 
abroad cero ex es d o Be hae Mars k = (1.9 to 25) Dy. 


The draft-tube lengths are: 


in the U. S. S. R.................... L = (4.2 to 5.5) Dy, 
L = (5.0 to 5.) Dy. 


Plants outside the U.S.S.R. are equipped with longer draft tubes ,and re- 
cent data show that the latest hydroelectric plants are provided with still 
longer draft tubes, these being considered more economical. In the long 
run, reduction of draft-tube length to save capital investment is liable 
to cause greater losses, 

Various investigations showed the importance of that region of the water 
passages where the throat ring joins the draft tube (Figure IV. 37). 

Research on hemispherical throat rings was carried out at the LMZ and 
VIGM /55/, as well as in Czechoslovakia; it showed that a throat-diameter 

D4,- 0.97D; and a flare angle f? = 7° should 
be recommended for high-speed turbines. 
In turbines for higher heads, the throat diam- 
eter D, should preferably be reduced to 
0.943D,. When D, is reduced, the turbine 
efficiency increases Slightly, but the discharge 
— capacity decreases and the critical cavitation 
Ne D coefficient (o,,) rises. The effect of throat 
[— AS. cross section (profile) on cavitational and 
p = power characteristics of the turbine decreases 
R with the increase in depth of the draft tube. 
i , Research carried out by F. F. Gubin and 
B=” | J | M.F. Gubin, at the MISI /25/, showed that 
ptf : the lengthening of the runner-hub extension 
5709635, \ 
027097, \ 


Hub extension 


(Figure IV. 37) improves turbine efficiency, 
which may be explained in this case by 
smoother changes in the cross-sectional dis- 
| charge area at the draft-tube entrance. 
N The investigations carried out by I. N. Fila- 
— tov at the LPI, showed, however, that the 
danger of the runner being damaged by hy- 
draulic forces increases when the hub ex- 
tension is made longer. Filatov studied 
conventional hub extensions (/ = 0.6D,) and 
shorter ones (l= 0.4D, under various operating conditions. 

Shorter hub extensions were found to provide less favorable conditions for 
flow around the runner than conventional (longer) extensions, and to have 


FIGURE IV.37. Shape of throat 
ríng and runner-hub extension 


146 


higher pressure fluctuations. On the other hand, transverse forces in 
conventional hub extensions are 1.5 times higher than in shorter hubs. 
Although these transverse forces (in absolute values), in a normal draft 
tube, are rather small (about 2% of the total axial forces) they may en- 
danger the mounting of the runner, since they act periodically with high 
frequency. In shallower (shorter) draft tubes, the elbow is located nearer 
to the runner, and the transverse forces are considerably increased. In- 
stances of hub-extension failures are not infrequent. 

The elbow draft tubes used for Francis turbines are practically of the 
same shape as those for Kaplan turbines. Model tests and field investiga- 
tions on Francis turbines showed that the flow after the runner is rotation- 
al under almost all operating conditions. The shape of the vortex, how- 
ever, varies: it is almost vertical near the turbine center-line for high 
loads, and becomes spiral-shaped at part load. 

The blades impart a certain rotation to the water flowing through the 
runner, and all these eddy lines leaving the blade edges converge toward 
the flow center in the low-pressure region. 

Eddies cause periodical changes in the flow pressure below the runner 
at the flared entrance section of the draft tube. The perturbation forces 
induced by pressure fluctuations do not act only in the stream flow, but 
also on the draft-tube liner, loosening it and tearing off the plates. 

These unsteady forces, acting together with the irregular, chaotic eddies 
on the draft-tube walls, cause mechanical vibrations, not only of the runner 
and the entire hydro unit, but also in the concrete foundations of the tur- 
bine bay and of the powerhouse. 





FIGURE 1V.38. Turbulent flow below the runner of a Francis turbine, under different 
operating conditions 


Apart from the optimum-runner designs, it is therefore common labora- 
tory practice to investigate the nature of the eddies, the causes of their in- 
crease, the amplitude of the pressure fluctuation in the water passages, and 
measures for reducing or eliminating the eddies. The most effective meth- 
od known at present is to introduce air below the runner. 
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In these investigations, photographs and visual observations of the eddies 
are made, as are also oscillographic records of the pressure on the throat- 
ring walls both for different operating conditions of a single runner design 
and for different runner models. 

The optimum design for runners should be selected by considering not 
only the maximum efficiency, the magnitude of the cavitation number o and 
the shape of the characteristic curve corresponding to the field of the uni- 
versal chart, but also the shape and distribution of the eddies, the ampli- 
tube of pressure fluctuations below the runner under various operating 
conditions, and the efficiency loss upon admission of air below the runner. 

Some eddy shapes observed below the runner of a Francis turbine may 
be seen in Figure IV. 38. From reports on the Dnieper HEP, whose Fran- 
cis turbines were supplied by the U. S. A. Newport-News Company before 
World War II, it is known that, due to poorly designed draft tubes (too nar- 
row tube elbow), the rotational flow, under operating conditions differing 
slightly from the normal, caused vibrations of the draft-tube concrete to 
such an extent that turbine operation became impossible. Air had to be 
introduced below the runner in order to eliminate the vibrations. By 
changing the draft-tube shape and replacing the elbow, turbine operation 
was markedly improved. 

It appears from the above that, in selecting over-all sizes for Francis- 
turbine draft tubes, due consideration should be given not only to efficiency, 
but also to operating performance of such turbines. Draft-tube dimensions, 
in particular depth, should not be too small, even if Francis turbines 
run at smaller unit discharges Q, and require a smaller discharge capacity, 
because, otherwise, a whirling flow would lead to dangerous transient 
phenomena, 

For medium and high speed Francis turbines, LMZ recommends the 
draft tube of type 4H, having a depth not less than L= 2.5D,. For low- 
Speed turbines, the draft tube of type 20 is recommended; in this case, 
the depth may be reduced to L - 2.3D,. 

The following draft-tube dimensions, corresponding to the designations 
in Figure IV. 34, are recommended for Francis turbines: 


Type 4H Type 20 
hk = 2.5D4 k = 2.3D, 
L = 4.5D, L = 35D, 
B, = 2.74Di B, = 2.17D, 
hy = 1.31Dj h, = 9.937Dj 
D, = 1.352 Dy D, = 1.04D1 
hk, = 1.352 D1 h, = 1.04D, 
h, = 0.670D1 hg = 0.510Dj 
L, = 1.75D4 Ly = 1.410D, 
Y = 1130 y = 11°30 


Since draft-tube dimensions considerably affect the construction cost of 
powerhouse substructures, various new designs of draft tubes with smaller 
depth have been tested in laboratories. A shallow draft tube that would 
eliminate efficiency losses, has, however, not yet been designed. 

Figure IV. 39 shows a small draft tube with a flared section, according 
to a design by I. V. Kotenev from the VIGM. Draft tube models of this 
shape have been tested. 
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The most suitable design had the following dimensions: 


k = 2.1 Di 
D, = 1.42 D1 
D; = 2.5 D4 


A; = 0.445 D1 
R = 0.58D, 


Comparison with conventional draft tubes of depth & = 2.24D, showed 
that the turbine bay should be enlarged to give a tailrace width B = (4.0 - 





FIGURE [V. 39. Draft tube with flared 
section (diffuser) 


4.5)D,, instead of the usual B = 3.5D,;, and 
that the turbine efficiency is lowered by 
1% for Qi = 1500 l/sec and by 2% for 

Qi = 2000 1/sec. Consequently, such draft 
tubes are not to be recommended. 

Figure IV. 40 shows the schematic lay- 
out of a spreading draft tube ( k = (1.18- 
1.37) Di)with a concentric water discharge, 
suggested by V.G. Aivaz'yan (VNIIG). 

Models of such draft tubes were also 
tested at the LMZ laboratory and com- 
pared with a customary elbow draft tube 
of h = 1.915D,. 

The tests showed that small spread- 
ing draft tubes have a low efficiency. 
The efficiency difference increases with 
the unit discharge Qj. Thus, whereas 
for Qj = 1000 liter/sec the efficiency loss 
caused by the best spreading draft tube 
was 1%, for Qj = 2000 liter/sec, the effi- 
ciency was reduced by 15%. 

The low efficiency of small spread- 
ing draft tubes with a 90? flow rotation, 
may be explained by the shorter verti- 


cal diffuser and the steeper transitions in the discharge area, due to 
the reduced depth of the draft tube. 





FIGURE IV. 40. Spreading [Moody] draft tube 
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Chapter V 


TURBINE DESIGNS 
24, LAYOUT OF TURBINE UNITS 


Vertical turbine units. The main characteristic of the layout of vertical 
turbine units for large hydroelectric plants is the location of the thrust 
bearing. Four alternative layouts are shown in Figure V. 1. 

1. A hydro unit with three guide bearings and an overhung generator 
(Figure V.1,a). The thrust bearing (1) and the upper bearing are located 
above the generator on the upper bracket (2). The intermediate bearing 
is installed on the lower bracket (3). The load is transmitted from the 
thrust bearing through the bracket to the generator stator (6), and further 
to the foundation through the turbine pit and speed ring (7). An intermedi- 
ate shaft is usually provided between the turbine shaft and the generator. 
Such layouts are only seldom used nowadays, but formerly were very 
common. 

2. A hydro unit with two guide bearings and an umbrella-type generator 
(Figure V. 1, b). The thrust bearing (1) and the upper bearing are located 
on the lower bracket (3). The load is transmitted from the thrust bearing 
through the lower bracket and the concrete turbine pit to the speed ring (7) 
and then to the foundation. This design permits a smaller height of the 
unit than the former, as it dispenses with the loaded upper bracket. The 
lower bracket is smaller than the upper one shown in Figure V. 1, a. In 
this layout the intermediate shaft is usually omitted. 

3. A hydro unit with two guide bearings and the thrust-collar frame on the 
turbine cover-plate (Figure V. 1,c), The upper bearing is located on the upper 
bracket (2) and the thrust bearing (1) is supported by the conical frame of 
the turbine cover-plate (4), which is mounted on the speed ring (7). The 
load is transmitted from the thrust bearing to the foundation through the 
conical frame, the cover-plate, and the speed ring. The generator and tur- 
bine runner have a common shaft. This type of layout has come increasing- 
ly into use in recent years. Its advantage lies in the reduced axial dimen- 
sions of the hydro unit. There are, however, limitations, set by the re- 
quirement of maintenance, for which suitable ways of access to the turbine 
components inside the pit are required. It is, therefore, difficult to use 
this design for small turbines (Di«4.0 to 5.0 m). 

4. The layout in Figure V. 1,d is similar to that in Figure V. 1, c. The 
thrust bearing (1) is supported by the turbine cover-plate (4). The only 
difference of this layout is the position of the oil-supply head (5). In the 
other three layouts, the oil-supply head for the runner servomotor is 
located above the generator in a special part of the powerhouse. 
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In Figure V.1,d, the oil-supply head is mounted at the upper end of 
the turbine shaft inside the upper bracket, but not above the generator level. 
This design is used for open-air power plants where the powerhouse super- 
structure is dispensed with. 

Horizontal- shaft turbines [in open flume or scroll casings] are still in 
use at small hydroelectric plants. However, a variant of the horizontal- 
shaft turbine, the tubular turbine, is gaining wider use also in large power 
plants. These require simpler hydro structures than the vertical type. 

The main advantage of horizontal-shaft turbines, withthe water inlet and 
outlet in the same direction, over vertical turbines is their high discharge 
capacity. Hence, for the same power-plant parameters, tubular-shaft units 
are smaller than vertical ones. 

Experiments carried out by LMZ and VIGM showed that the discharge 
capacity of tubular turbines is 20 to 25% greater than that of vertical units 
for the same parameters (of the power plant). 

As shown by L. B. Bernshteinin /6/, a 68.8 m long powerhouse was re- 
quired at the Koblenz plant for the installation of four vertical turbines of 
N = 4,000 kw each, whereas a powerhouse of only 47.5 m was adequate for 
four tubular turbines of N = 5,200kw. At the Kama hydro-power plant, a 
tubular turbine of D, = 4.5m was installed at B.K. Alexandrov's suggestion, 
instead of a vertical turbine which required a runner diameter of D,» 5.0m 
for the same parameters. The use of tubular units reduces the dimensions 
of the turbine bay. 

The design of a tubular horizontal hydro unit with the generator located 
in a concrete casing, and the water let in to the runner through a scroll, is 
shown in Figure V. 2, a. It is similar to the ordinary vertical unit turned 
through 90°. 

The vertical casing (13) conducts the water toward the conventional 
cylindrical distributor (8). Admission of water to the casing is controlled 
by the taintor gate (5). The water is discharged through a straight draft 
tube (10). The overhung-type runner (11) rotates inside the throat ring (12), 
which is embedded in concrete. A hatch (9) is provided at the throat-ring 
top for the removal of runner blades. The turbine cover-plate (7) and the 
speed ring (6) form a stationary casing (14), embedded in the concrete wall 
of the room, in which the generator (3) is located. The hydro-unit shaft 
(4) is supported by the turbine bearing and the generator bearing (2). The 
oil-supply head is located on the free end of the generator shaft (1). 

The advantage of this type of design is the straight draft tube, which gives 
smaller losses and 10 to 15% more discharge capacity, as compared with a 
vertical turbine equipped with an elbow draft tube, 

The disadvantage lies in the difficulty involved in erecting the generator 
and its auxiliary equipment, which has to be introduced into the cavity in 
the concrete. Admission of water from above through the scroll provided 
in the interior of the dam renders the dam shape and the plant erection 
more complicated. 

The plan view of a semi-tubular turbine unit with the generator located 
in a concrete pier is represented in Figure V. 2, b. The water stream ad- 
mitted through the intake is divided into two branch channels (2), which sur- 
round the concrete casing (1) of the horizontal generator (3). The concrete 
casing is open at the top to facilitate servicing by a crane. Further on, 
the branch channels (2) converge into a conical flared section, which guides 
the water toward the axial distributor (4) and the adjustable-blade runner (5). 
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FIGURE V. 2. Designs of tubular-turbine units 
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The runner is supported at its lower end by the streamlined ribs (6) of the 
speed ring. The water is discharged through the straight draft tube (7). 

A tubular turbine unit, with the generator rotor located on the runner 
band, is shown in Figure V. 2,c. The water is admitted through the straight 
intake (1), and discharged through the straight draft tube (7). The runner 
(5) and its hub are supported by the bearings located on the upstream (2) 
and downstream (6) streamlined ribs of the speed ring. 

The radial guide vanes of the axial distributor (3) are shaped to en- 
sure a certain rotation of the stream entering the runner. The runner band 
carries the generator rotor which in turn is surrounded by the generator 
stator (4), mounted in the concrete pit. The water passages of this unit 
have a straight axis. 

The advantage of this construction lies in the extremely simple design 
of the turbine water passages, but sealing becomes very complicated as 
the generator is located on the runner band close to the water flow. 

The design of a tubular turbine unit with the generator enclosed ina 
sealed steel casing located upstream is represented in Figure V. 2,d 
(bulb-type unit). 

The water flowing in the axial direction around the metal casing (1), 
through the conical distributor (4), enters the overhung-type runner (5) 
and is discharged through the straight draft tube (6). The steel casing is 
supported by the concrete structure and is connected to the foundation ele- 
ments of the turbine with the aid of massive streamlined ribs (2) and stay 
vanes (3). A small generator, as well as several turbine components, 
such as the bearing, the shaft, and the oil-supply head, are located inside 
the steel casing. 

This turbine design ensures an extremely simple layout of the auxiliary 
hydro structures. The impossibility of inspection and maintenance of the 
generator and encased turbine parts during operation is a serious drawback. 
The overhung position of the runner lowers the rigidity of the rotating parts 
of the hydro unit. 

A tubular unit with enclosed high-speed generator and step-up gear is 
shown in Figure V.2,e. As in other tubular units, the water is here 
admitted to the runner through the straight intake (1) and axial distributor 
(3) The runner (4) discharges the water through the annular channel (8) 
and the straight draft tube (9). The load is transmitted to the foundation 
through the ribs (2) located in front of the runner and by the ribs (7) mounted 
on the generator casing. The turbine is connected to the generator through 
the step-up gear (5), which changes the low runner speed into the high gen- 
erator speed. Compact generators may thus be used. Whereas the width 
of the turbine bay for a pit-type unit as shown in Figure V.2,b is = 3.1D,, 
the width of the bay for the hydro unit shown in Figure V.2,e is 1.6D,, 
i.e. it is about half the former. 

A disadvantage of this type of layout is the problem of the complicated 
design of the step-up gear. 

M.A. Kasparov developed a novel turbine design with two concentric 
runners (1) and (2) rotating in opposite directions (Figures V.2, f). The unit 
has two coaxial shafts coupled to two generators (3) and (4). Theoretically, 
it is possible to connect both runners to the same generator, i.e., one 
runner to the rotor and the other to the stator, which thus also rotates, but 
in the opposite direction. In this type of unit with two runners rotating 
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in opposite directions, the total head is divided between the runners, the 
load on each blade being thus reduced. This fact permits the reduction of 
the hub-tip diameter ratio and, hence, of the cavitation coefficient; Kaplan 
turbines may thus be used at higher heads. It is, however, extremely dif- 
ficult to design a unit of this type with two Kaplan runners rotating in op- 
posite directions, and with two coaxial shafts. 


25. DESIGN OF FRANCIS TURBINES 


The Francis turbine is used for heads ranging from 30 to 450m, its de- 
sign depending on the head available. 

Several vertical Francis turbines with runner diameters D, from 1.75 
to 6.6m, heads H from 36 to 300 m and power outputs N from 12,600 to 
900,000 kw are shown in figures V.3 to V.10. 

The figures show only the main turbine components: scroll casing, dis- 
tributor with its actuating mechanism, runner with the shaft, guide 
bearing, foundation elements, etc. Auxiliary mechanisms —the oil, air, 
and water piping, devices for automatic control, transmissions to the 
switchgear, measuring equipment and the like, as well as the regulating 
equipment (governors) —are not shown. 

From the constructional point of view, all vertical radial-axial turbines 
are identical: the water enters the steel scrollcasing of circular cross sec- 
tion, passes through the distributor and the runner, and is discharged 
through a straight or elbow draft tube. The shaft is coupled to the runner 
through flanges, and is maintained in strictly vertical position by the guide 
bearing located on the turbine cover-plate. The distributor-actuating mech- 
anism and its gate ring (spider) are also mounted on the cover plate. 

The individual components of the Francis turbine may differ according 
to the general parameters, but ingeneral, these turbines have not undergone 
substantial changes over the past 25 years. Developments have been mainly 
in the direction of improving the operating characteristics, simplifying 
the design, reducing the over-all weight, using cheaper materials, and im- 
proving production methods. 

Some typical turbine designs are worthy of consideration. Sectional and 
plan views of a large Francis turbine with runner diameter D; = 5.45m, 
designed by LMZ, are represented in figures V. 3 and V.4. This turbine 
has a power output N = 80,000kw under a head H = 36m, a typical low- 
head Francis turbine design. The scroll casing (1)is welded of steel plates 
and assembled to the speed ring (2) which is embedded in concrete, The 
turbine cover-plate (3) is fastened to the top of the speed ring. Twenty-four 
holes for the location of guide vanes (4) are provided in the cover plate. 

The lower guide-vane pivot is carried by the lower ring of the distrib- 
utor (9), and the upper, by the bearings of the cover plate. The lever (5) 
fastened to the upper pivot is articulated by means of link (6) to the gate 
ring (7) located upon the cover plate. 

The gate ring is connected to two servomotors (oil-pressure-operated 
pistons) (8), through cylindrical hinges and rods (10). Oil is supplied to 
the servomotors from the distributing valve of the governor through pipes. The 
rubber-lined guide bearing (11) is installed inside the cover-plate flange. 
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A water container (13) for bearing lubrication, connected with the water intake, 
is provided above the bearing. The water, leaving the bearing, is discharged 
into the throat ring and thence into the draft tube. 

The turbine shaft (14) is connected torunner (18) by a flange and bolts (17). 
The cast runner consists of the upper conical disk with a flange, and the 
lower band held together by the runner blades. In order to obtain a well- 
streamlined shape, hub extension (16) is added to the runner hub. 


* 





FIGURE V. 3. Sectional view of a Francis turbine (runner diameter D, = 5.45m, power output 
N= 80,000kw, head H = 36m) 


Rings (19) and (20) provided on the crown and the band for sealing the clear- 
ances, reduce the water leakage. The band rotates within the inner surface 
of foundation ring (21), whichis connected to the turbine speed-ring and is em- 
bedded in concrete. Platform (15) and ladders are provided for access to the 
turbine pit, while a water pump is also provided to drain it. A special 
air valve located on the turbine cover-plate serves to prevent formation of 
vacuum (negative pressure) below the runner during sudden load drop re- 
sulting from regulation processes. 

The sectional view of a vertical Francis turbine (designed by LMZ) for a 
higher head H = 60m, is shown in Figure V.5. The runner diameter is 
D, = 1.75 m and the power output N = 12,800kw. The concrete pit is dis- 
pensed with, the generator being mounted on the concrete floor of the scroll 
casing (1). The lower part of the casing up to the horizontal axis is 
embedded in concrete. The scroll is connected to speed ring(2), which car- 
ries distributor (3). The servomotor (9) of the distributor is fastened to 
pedestal (10) near the scroll. In this design, babbitted guide bearing (4) is 
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lubricated by oil circulated in a closed cycle. From the upper receptacle 
(5), the oil flows through the special grooves provided in the guide -bearing 
lining into the lower receptacle (7). Pump (6) driven from the turbine shaft 
returns the oil into the upper receptacle. Stuffing box (8) located below the 
lower receptacle of the bearing prevents the water from penetrating into 
the space above the cover plate. 





FIGURE V. 4. Plan view of a Francis turbine 


Butterfly valve (12) actuated by a plunger-type sevomotor (11) mounted 
on the valve casingis installed in the water intake upstream from the scroll. 
The closed valve disk stops the water admission to the distributor. The 
turbine is equipped with idle discharge (13) and pressure regulator (14) which, 
upon closing of the distributor during regulation, moves upward and per- 
mits the water to bypass the runner (idle discharge), thus preventing in- 
crease in pressure in the pipeline ahead of the turbine. 

Figures V. 6 and V. 7 show ahigh-power Francis turbine for H = 285m. 
The turbine, designed by Ya. S. Degtyarev and L.G. Smolyarov and built by 
LMZ, has a runner diameter D,- 2.85 m and a power output of N= 55,000 kw. 
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FIGURE V. 5. Sectional view of a Francis turbine (runner diameter D,= 1.75 m, power output N= 12,800 kw 


and head H= 60m) 
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FIGURE V. 6. Sectional view of a Francis turbine (runner diameter D,= 2.85 m, power 
output N= 55,000 kw, and head H= 285 m) 





FIGURE V. 7. A 55,000 kw Francis turbine 
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The turbine has a cast-steel scroll casing (1) made of separate sections 
connected by means of flanges and bolts (2). Distributor (4) is located inside 
cover plate (3). Servomotors (5) are mounted on bosses on the scroll. The 
rubber-lined guide bearing (6) is lubricated with water from pipeline (8). The 
stuffing box (7) is mounted on the shaft above the guide bearing. The 
runner crown and band are provided with packing rings (9) for sealing the 
clearance spaces. A characteristic feature of this high-head turbine is 
the fact that the foundation parts below the runner are not embedded in 
concrete and that a special dismantling pit (10) is provided. This arrange- 
ment makes it possible to remove the runner downward without dismantling 
the generator and the distributor. The turbine is provided with a ball valve 
(11) with oscillating oil-servomotors (12), and an idle discharge (13). The 
conical liner (14) of the draft tube and the elbow (15) are made of steel. 





FIGURE V.8. Sectional view of a Francis turbine installed at the Fionnay HEP in Switzerland 


A sectional view of one of the largest high-head Francis turbines built 
by the Escher-Wyss Company for the ;:Fionnay hydro plant is shown in Fig- 
ure V. 8. This turbine develops N= 46,400 kw under a head Hof 455 m, and 
N = 53,000 kw under Hay = 471m; the speed a= 750 rpm and the runner 
diameter D;,- 1,500 mm. 

This turbine has a relatively thick-walled cast scrollcasing (1) embedded 
in concrete with an entrance diameter D,= 1,200 mm, a massive cast cover 
plate (2), and a lower ring (3) of the distributor of a box-shaped cross sec- 
tion. The runner (4) is cast of stainless steel. The guide vanes are cast of 
high-strength nichrome steel (6, = 80 to 100 kg/ mm^) and sealed with leather 
rings. 
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In field tests, the turbine had a maximum efficiency of 9 = 92%. 

Figure V.9 shows the cross section through a Francis turbine unit (for 
particulars see caption of figure). LMZ has already built several tur- 
bines of this type which are now in process of installation. 
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FIGURE V. 9. Sectional view of a Francis turbine (runner diameter D,= 5.5m, power output 
N= 230,000kw, H = 100m, and R = 125rpm) 


The overhung-type generator (14) has the thrust bearing (15) located on 
the upper bracket (bridge) (16). 

The scroll casing (1) with an extrance diameter D = 7 m is welded 
of grade SKhL 4 alloy steel plates, comprising thirty sections of varying 
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thickness. The maximum plate thickness is 30mm, the minimum, 20mm. 
To permit easy railroad transportation, the largest sections are made of 
two parts. The cast speed ring (2), consisting of the upper and lower bands 
welded by the electroslag process to the streamlined stay vanes, is 
welded to the inside wall of the scroll. The speed ring is divided into four 
parts. The largest diameter of the assembled speed ring is 8,870 mm and 
its height 2,300 mm. Distributor (10) consists of 24 adjustable vanes, ar- 
ranged along a circumference of diameter D,= 6,400mm; the distributor 
height is 5. - 1,100 mm (0.2D)). 

The gate ring is actuated by twin-type servomotors with a diameter of 
900mm. Each consists of two servomotors connected by a common rod; 
cast-iron pistons are provided on both sides of the rod, one for each 
cylinder. 

The servomotor rod is articulated to the gate-ring pin by a slide 
block, while the servomotors themselves are installed on the turbine cover- 
plate. 

The runner (5) of type RO662 has fourteen blades. For Q;= 860, 
the cavitation coefficient is ø= 0.083, which ensures, for the maximum 
output, a draft head H,- 0. The runner is of welded-cast construction. 
The blades, the hub, and the band are cast separately of 20GS-L steel, 
welded together (while still at the factory) into a single piece by the elec- 
troslag process, and subsequently heat-treated. Runner diameter is 
6,100 mm and height, 2,723 mm. For easy railroad transportation, the 
runner is made of two parts assembled in situ. The parts are fastened 
to the hub by 8 bolts and to the band by welding with subsequent local an- 
nealing of the welded seams. Seal rings (6) with machined labyrinths are 
provided on the runner crown and band. Hub extension (deflector) (7) is 
fastened to the runner bottom. The draft tube (4) is of the elbow type, its 
depth being L= 2.6D,. 

The (hollow] turbine shaft (8) is forged of 20GS steel and flanges cast of 
20GS-L steel are welded to it. It has an external diameter d of 1,500mm, 
and a wall thickness of 150 mm. 

The rubber -lined guide bearing (9) is provided with water lubrication. 
The cylindrical surface of the rubber liners has sixteen longitudinal grooves. 
In the upper water container of the bearing provision is made for a seal 
consisting of a ring mounted on the shaft and a rubber ring on the casing. 

The EGP-150 hydraulic governor (12), and the MNU 12.5 oil-pressure 
unit (13), are located in the generator room of the powerhouse. A maxi- 
mum turbine efficiency of n = 93.6% is predicted. The turbine is designed 
for a runaway speed n, of 250rpm. Figure V.10 shows the LMZ design 
of a turbine unit with a runner diameter D,- 7.5m, The output N of this 
turbine will be 508,000 kw under a head Hof 95 m. 

A novel-type runner is used in this turbine; the unit discharge (Qriz-1100 
l/sec) is notably high for its specific speed, thus enabling the runner to 
develop such a high power with the given diameter. A maximum efficiency 
of ny = 94% is predicted. 

According to the design, the scroll casing is to be of high-quality 
steel. The turbine is connected directly to the three-phase umbrella-type 
generator (4). The generator thrust bearing (3) is located on the turbine 
cover-plate (7). The fourteen-blade runner (1) is of welded construction. 
The crown, the band, and the blades are to be welded together in the shop 
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and transported by water to the power plant. The runner is secured to the 
shaft flange by means of fitted bolts; the one-piece shaft (2) for the whole 
hydro unit has cast flanges welded to the forged tubular shaft. 

The upper flange of the shaft is bolted to the hub of the generator rotor 
(5). In this design, the distributor height is increased to b= 0.25D,; the 
distributor has twenty-four guide vanes (9) linked to the two pistons of the 
servomotors (6) installed on the turbine cover-plate. 
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FIGURE V. 10. Sectional view of a Francis turbine (runner diameter D,- 7.5 m, power 
output A = 508,000kw, and head H = 95m) 


The box-shaped cover plate (7) has a conical frame which carries the 
load from the thrust bearing of the turbine unit. The turbine guide-bearing 
(10) is rubber-lined and water-lubricated. The designers succeeded in ob- 
taining a low specific weight for the turbine: 2.5kg/kw. The construction 
of the turbine was preceded by prolonged design-and experimental research 
work. 


26. KAPLAN TURBINE DESIGNS 


The design of the Kaplan turbine is more complicated than that of the 
Francis turbine, since it includes the blade-adjustment mechanism, which 
consists of a crank or slide-block arrangement located inside the runner 
hub. Usually, the piston of the servomotor which develops the force re- 
quired to adjust the blades is also located inside the turbine shaft. Owing 
to the Simultaneous adjustment of the runner blades and the distributor, 
regulation of the turbine is more complicated. 
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Compared with the Francis turbine, the Kaplan turbine has an additional 
distributing valve for the runner servomotor, and a blade-control valve for 
the simultaneous adjustment of the distributor and runner blades. 

The more complicated design of these turbines, as compared with the 
Francis turbine, is more than offset by the gainin energy (kwhr) due to the 
Simultaneous blade-and guide-vane control. Kaplan turbines have higher 
efficiencies at low heads and large water discharges; since the dismantling 
of the runner parts is always possible, runners of large diameters may be 
used. Hence, Kaplan turbines are extensively used in low-head power 
plants all over the world. 

The U.S.S.R. has a great number of lowland rivers with low heads,a fact 
which favored the construction of hydroelectric power plants equipped with 
Kaplan turbines, and which resulted in its becoming the biggest supplier 
of large high-power Kaplan turbines in the world. Evenbefore World War II, 
Kaplan turbines with a runner diameter D,= 9m, built by LMZ for the 
Uglich and Rybinsk HEPs, were the largest in existence. After the war, 
even larger turbines were built at LMZ for the Volga HEPs imeni Lenin 
and imeni the XXII-nd Congress of the U.S.S.R. These turbines have runner 
diameters of D,- 9.3 m and a power output of N= 126,000 kw under a head 
H = 22.5 m. 

Because of the high efficiencies of Kaplan turbines, engineers tend to 
employ them for still higher heads. Various designs of Kaplan turbines are 
given in Figures V.11 to V. 20. A turbine of runner diameter D,= 3.6m 
for a head H= 20 m, built by LMZ in the thirties, is represented in Figure 
V.11. Alarge number of turbines built during that period by LMZ are of 
a similar design. The water enters the turbine through the scroll casing (6); 
the speed ring (5) consists of separate stay vanes whose flanges are em- 
bedded in the upper and lower concrete cones of the scroll. The lower 
ring (4) of the distributor is embedded in concrete and is connected to the 
throat ring (3); thelower partof throat ring (3) adjoins the foundation ring (1). 
These parts Surround the turbine water-passages and together form a casing 
of the required shape for the runner. One of the throat ring segments is 
not embedded in concrete and is provided with an opening for blade removal. 
The upper ring (7) of the distributor and the cover plate (8) are located 
above the runner. The bearings of the guide -vane (18) are located in the upper 
ring of the distributor which is embedded in the concrete of the turbine 
pit. For the easy dismantling of the vanes the upper distributor ring is 
provided with openings covered by the bearing flanges. Lever (17), fastened 
to the upper guide-vane pivot is connected through link (16) to gate ring 
(15). The gate ring is connected by links and rods with two piston-type 
servomotors (14), installed inside the turbine pit. The oil-lubricated 
guide bearing (9) having babbitted shells (10) is located inside the turbine 
cover-plate. The lubricating oil flows in a closed cycle from upper recep- 
tacle (12), through the oil grooves into the rotating receptacle (13) located 
on the shaft below the bearing; from there, the oil is returned by means 
of Pitot tubes and a pump. A special cooling pipe is sometimes provided 
in the upper receptacle to cool the oil. Labyrinth seals (19) preventing 
the leakage of water into the bearing are mounted on turbine shaft (11) 
which is connected by flanges at its top end to the generator shaft, and 
at its bottom end to runner cover-plate (20). The servomotor cylinder, cast 
integral with runner hub (22), is located below the runner cover-plate. 
Piston (21) and rod (26) move inside the cylinder. This servomotor de- 
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sign — typical of LMZ and several foreign companies — is best suited for 
the transmission of the actuating force along the shortest route. The oil 
is supplied to the servomotor through a pipe inside the hollow turbine shaft. 
The oil-supply head, located on the top end of the shaft above the generator, 
is connected with the runner distributing-valve through a pipe. Cross-piece 
(25), fastened to the lower end of the servomotor piston rod, is connected 
through lugs and links (24) to the levers keyed to the blade pivots. Each 
blade pivot is guided in two bronze bearings located inside the runner hub. 
The streamlined hub extension (2) is fastened to the runner from below. 
Figure V.12 shows a cross section through an LMZ turbine of similar 
parameters, but of more recent design, (runner diameter D,= 3.6m, 
H=17.5m and power output N =11,000kw). 
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FIGURE V. 11. Sectional view of a Kaplan turbine (runner diameter D,- 3.6 m, power output 
N= 12,500kw, and head H- 20m) 
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In this design, the upper distributor ring is fastened to the turbine cover 
plate (2), but there is a special upper foundation ring (1) embedded in the 
concrete of the turbine pit. The housing (3) of the guide bearing is located 
closer to runner (10) than in the previous design. This was made possible 
‘by using water-lubricated rubber-lined shells (4), which permit the bearing 
seal to be dispensed with. The water for lubrication enters the upper con- 
tainer (5) through pipeline (6) either from the scroll casing or from the 
water mains of the power plant. l 





FIGURE V. 12. Sectional view of a Kaplan turbine (runner diameter D,- 3.6 m, power output 
N = 11,000 kw, and head H - 17.5 m) 


The stuffing box (7) is provided on the shaft above the water container. 
The turbine shaft (8) has at its lower end a large flange (9), which serves 
as the cover of the servomotor cylinder (10). The runner is covered from 
below by one hub extension (11) only, and not by two, as in the previous 
design. 

Figure V.13 shows a turbine built by KhTZ, with a runner diameter 
D,= 8.0m, power output N= 58,000 kw and head H= 14.2m. A character- 
istic feature of this construction is the installation of the thrust bearing 
stays (4) on the cover plate (3). The over-all size of the hydro unit was 
thus reduced and the generator brought closer to the turbine. In the hydro 
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units shown in figures V. 11 and V. 12, the thrust bearing is not mounted on the 
turbine cover-plate, but on the generator bracket. As shown in Figure V.13, 
the turbine speed ring consists of the stay vanes (1) bolted to the upper dis- 
tributor ring (2); the ring is embedded into the concrete pit of the turbine. 
The cast flange (7) which also serves as a cover for the runner servomotor 
(9), is welded to the hollow shaft (6). The blade-adjustment mechanism has 
neither rods nor cross-pieces. Cranktransmission (10) connects the servo- 
motor piston (8) directly to each blade lever (11). The oil is supplied to 
the runner servomotor through the shaft from the oil-supply head (5), located 
on the upper bracket above the generator. Most of the turbine parts are 


welded. 
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FIGURE V.13. Sectional view of a Kaplan turbine (runner diameter 
D, = 8.0m, power output N - 58,000kw, and head H= 14.2 m) 
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For the firsttime inthe U.S.S.R., aturbine with the thrust bearing located 
on the cover plate was designed by V. M. Orgo of the LMZ, and built by the 
Syrzan' Heavy Machinery Plant. Units of this type, with a runner diameter 
D, = 5m and a power output N= 21,800kw, were installed at the Kama HEP. 
Figure V.14 shows the cross section through the unit. Turbine and genera- 
tor have a common shaft. The load fromthe generator rotor, which is sup- 
ported by the turbine cover-plate, is transmitted to the turbine speed ring. 
A special foundation ring embedded in the concrete pit transmits the load 
from the generator stator to the turbine speed ring. 
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FIGURE V.14. Cross section through hydro unit of the Kama HEP 
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Figure V.15 shows a turbine unit with a runner diameter D,= 3.7m, 
power output N= 53,600 kw, and head H = 56m. The turbine was built by 
the CKD Plant in Czechoslovakia, and installed at the Slapy hydroelec- 
tric plant [onthe Vltava]. A circular steel scroll (6), welded to the speed 
ring (3), wasprovided because of the high head. There is a marked dif- 
ference between the foundation parts of this unit and those described above. 
The conical and cylindrical draft-tube liners (1) and (2) extend the turbine 
water passages below the runner, The lower ring of the distributor and 
the throat ring (4) are not embedded in concrete and are accessible through 
manhole (5). It is thus possible to replace worn-out parts without demolish- 
ing the concrete foundation. These parts must, none the less, be securely 


attached to the concrete. 





FIGURE V. 16. Sectional view of a Kaplan turbine (runner diameter 
D,= 4.15m, power output N= 64,000 kw, and head H= 52 m) 
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Owing to the large hub diameter dj = 0.6D,, and the vertical position of 
the blade levers (instead of horizontal, as in the other designs), the 
hub extension of runner (13) is rather long; the cylindrical liner of the draft 
tube, thus, also becomes relatively long. The blade levers are coupled to 
the cross-piece) by means of intermediate bell-crank levers. A char- 
acteristic feature of this design is the location of the runner oil-pressure- 
operated servomotor (10) between the flanges of the turbine shaft (11) and the 
generator shaft (9), and not inside the runner hub. Although this design 
is employed by several firms outside the U. S. S R., it would seem to be 
disadvantageous, since it requires a long rod to transmit a large force 
from the servomotor piston to the runner-blade levers, and the total weight 
of the parts is thus increased. The distributor is of conventional design. 
The babbitted guide bearing is periodically grease-lubricated. The turbine 
is coupled to the overhung-type generator. The thrust bearing (7) is sup- 
ported by the upper generator bracket (8). The weight of the generator 
parts and the load from the generator are transmitted to the welded-casing 
(14) located above the turbine speed-ring (3), and not to a concrete pit, as in 
the designs previously described. 

The cross-sectional view of a Kaplan turbine built by the Swedish com- 
pany "Nohab', and installed at the Lasele plant, is shown in Figure V. 16. 
The spherical throat ring (1) is not embedded in concrete, but is secured 
at the top to the flat lower ring of the distributor (2), and at the bottom to 
the conical steel liner embedded in the concrete of the draft tube (8). The 
distributor, of conventional design, is actuated by two servomotors (3) 
located on the turbine cover-plate. The bearing (4) is of the babbitted oil- 
lubricated type, with closed-cycle oil circulation. The rotating oil receptacle 
is mounted on the shaft. A combined type of packing (6), consisting of a stuff- 
ing-box and a labyrinth seal, is used for sealing the bearing. The runner 
servomotor (7) is located inside the runner hub, and is coupled to the blades 
through a crank mechanism. 

Figure V.17 shows the design of a low-head turbine unit built by the Swiss 
"Ateliers des Charmilles". The runner diameter D, is 7.2 m. A character- 
istic feature is the location of the thrust-bearing (7) on the turbine cover - 
plate (6), without an intermediate support. The central part of the cover 
plate is expanded slightly upward. The guide bearing (3) is of novel design. 
The babbitted bearing does not guide the shaft directly, but envelops a ring- 
shaped sleeve (4) forged integral with the shaft. This sleeve, project- 
ing downward, permits the use of an oil bath that envelops the whole bear- 
ing, thus ensuring its lubrication. Bearing lubrication is also simplified 
because of the absence of Pitot tubes and oil pumps in this design, but on 
the other hand, the design of the shaft becomes more complicated. A simi- 
lar guide bearing is also used for the generator shaft (10), and is supported 
by a special bracket. The runner servomotor (9) is located inside the gen- 
erator hub, while the oil-supply head (8) is mounted directly on the rotor. 
Servomotor (5) for distributor adjustment is connected to the box-shaped 
gate ring through an intermediate transmission. The throat ring and the 
lower distributor ring (1) are not embedded in concrete, but are held by 
means of stay bolts (11). The speed ring (2) consists of stay vanes bolted 
to the upper ring of the distributor. 
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27. THE TURBINES OF THE VOLGA HEP IMENI V.I. LENIN 


Figure V.18 shows a cross section through one of the largest units in 
the world, installed at the Volga HEP imeni V.I. Lenin and the Volga HEP 
imeni XXII Congress of the KPSS; a cross-sectional view of the power- 
house of the Volga HEP imeni V.I. Lenin, is shown in Figure V.19. 


The construction of these units was a milestone in the history of U.S.S.R., 


turbine industry. Their basic characteristics are given below: 


Turbine type: 1o Sead oa ob sas Dod VR UA DE Peters .  PL-581-VB-930 
Rated head Hp................................... 19.5m 
Maximum head Bmax ............-. ern — 30 m 
Power output W under rated head..................... 108,500 kw 
Power output N max under heads from 22.5 to 30mm ......... 126,000 kw 
Water discharge through the turbine Qmax ........... eee. 700 m3/sec 
Maximum draft head Hgmaxy ............ Lees UE 4.5m 
Rated (normal) speed ......... cw wr ee eee nnn 68.2 rpm 
Runaway speed . ........ .. rr rere re ee ee ee 140 rpm 
Runner diameter D, .......... ERR due eave ene Row dco E s 9.3m 
Axilload P... duel ae XR E ROSE ERN Ca DE ie 2350t 


The turbine is coupled to a 123,500 kw three-phase 50c generator. 

The scroll casing for the turbine of the Volga imeni V.I. Lenin HEP 
is located symmetrically to the turbine center-line and has a nose angle 
a of 130°. This design ensures minimum over-all casing dimensions and 
permits the channels for floodwater discharge to be located in the turbine 
bay between the scrollcasingand the drafttube. The PL -587 runner, of 
improved output and cavitation characteristics, has the following rating: 


Unit discharge, Qj ............ ..................... 1850 l/sec 
Unit speed, n; —— ee a ee ee ee ae a re ee 118 to 170rpm 
Optimum efficiency 4 with a model runner(D,= 460m)*...... 87 to 88% 
Cavitation coefficient Ø for Qj = 1850 liter/sec............. 0.72 to 0.75% 


The draft tube setting (depth A = 2.38D,) provided in the LMZ design, 
ensures a guaranteed turbine efficiency y = 93.5%. 

The performance chart, with the turbine output parameters, is shown 
in Figure III. 16. 

The thrust-bearing support is located on the turbine cover-plate, The 
turbine and the generator form a single unit, installed on a common founda- 
tion. The load from the rotating parts of the unit and from the axial water 
pressure is transmitted through generator-rotor hub (9) (Figure V. 18) to 
thrust bearing (10), and thence through welded conical frame (11) to tur- 
bine cover-plate(5). By means of the upper distributor ring, the latter 
bears against the turbine speed ring (3), which is embedded in the concrete 
cone (4) of the scroll (Figure V.18). From the speed ring, the load is 
transmitted to the foundation. The speed ring (3) consists of the upper and 
lower rings and streamlined stay vanes welded to them, and carries the 


* (Obvious misprint. Should read 460mm. ] 
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distributor, whose lower ring (6), together with the throat ring (1), are 
fastened to the lower ring of the speed ring. For the first time in U.S.S.R, 
turbine construction, the throat ring was welded of steel plates, stamped 
without subsequent machining of the inner surface, serving as the water 
passage. The separate sections of the throat ring were assembled and 
welded together on a special rigid framework, which ensured the final 
shape required. The distributor (2) consists of 32 guide vanes. 
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FIGURE V. 18, Cross section through the world's largest Kaplan turbine (runner diameter 
D,= 9.3m, power output N = 126,000kw, and head S m) 


The vane bearings are made of wood plastics. The lower bearing shell 
is lubricated with running water and the upper with grease. To reduce 
water leakages during shutdown of the turbine, rubber rings are fitted 
in grooves provided on each guide vane along the edge where it bears 
against the adjacent vane, and on the end faces of the upper and lower 
distributor rings. Steel levers — connected with the gate ring by means of 
hinges and links — are fitted and keyed to the top of the guide-vane pivots. 
The gate ring is connected to two piston servomotors (7), each of 800 mm 
diameter. The total force of the servomotor is 227t. One of the servo- 
motors is provided with a locking device to keep the guide vanes in 
the closed position when there is no pressurized oil in the servomotors. 
Oil is supplied to the servomotors through pipes from the governor pres- 
sure oil system. The guide bearing (12) is water-lubricated. 
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The runner consists of the hub (15) — the largest turbine part ever manu- 
factured in one piece, weighing 80t — and the streamlined hub extension 
connected to it from below. At its top, the hub is connected to servomotor 
(14) with cover (13), which is bolted to the turbine-shaft flange. The pivots 
of the six adjustable blades and their adjusting mechanism are mounted 
in the hub. The blade-adjustment mechanism consists of a lever fitted 
to the pivot and a link articulated to the cross piece (16). The cross 
piece is mounted on a steel rod, which, at its top, is connected to the 
cast-iron piston. By means of rods passing through the hollow turbine 
shaft, the upper partofthe servomotor isconnected to the oil-supply head 
located above the generator. Blade adjustment takes place when pressur- 
ized oil is admitted into the servomotor cylinder through the oil-supply 
head and the rod, causing the piston to move upward or downward. By 
means of the rod and the adjusting mechanism, the piston movement turns 
the blades, opening or closing them. The hollow runner hub is always full 
of oil, which should be periodically replenished to compensate for leakages 
from the servomotor. Special seals consisting of elastic rubber rings 
are fitted inside the hub on the blade flanges, to prevent oil leakage between 
the blade pivots and the hub, and water penetration via the clearances into 
the hub. The design of the seals permits their removal without dismantling 
the blades. 

Rubber-lined guide bearing. Two separate pipes, one for service, the 
other for stand-by purposes, are provided for supplying water to the guide 
bearing. Under normal operating conditions, only one pipe is used for 
bearing lubrication, but if the water supply is insufficient, the stand-by 
pipe is connected automatically. 





FIGURE V. 19. Sectional view of the powerhouse of the Volga HEP imeni V.I. Lenin: 


1— scroll casing; 2— channel for floodwater discharge; 3— distributor; 4— runner; 5— draft 
. tube; 6— generator. 
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Apart from the above-mentioned parts, the turbine is equipped with sever- 
al auxiliary mechanisms, including two valves for preventing formation of 
vacuum. The water is supplied to the bearing and is removed from the 
cover plate through pipes by means of a pump and an ejector, both pro- 
vided with automatic float control. 

The turbine and its auxiliaries are designed for full automatic control: 
machine room personnel merely supervise the automatic-control system. 

At the Volga HEP imeni V.I. Lenin, the turbine units may be started up 
and shut down by remote control from either the central switchboard or the 
load-dispatching room. Other operations, such as normal and emergency 
shut-downs of the unit, speed regulation when changes in load occur, con- 
nection of the emergency mechanisms of the governor, and lubrication are 
also automatically controlled. 

Similar turbines are installed at the Volga HEP imeni XXII Congress 
of the KPSS. 

On the basis of U, S. S. R. experience in manufacture and operation of Kaplan 
turbines, planning is now under way for a unit of improved design and per- 
formance, adapted to the power characteristics of the Volga HEP imeni 
XXII Congress of the KPSS. The objectives are to reduce the height 
and the weight of the turbine unit, to improve erection conditions, and to 
reduce the time required for building, which depends on the turbine design. 

Studies were made of the layout of turbine units and their components, 
such as; runner, distributor, servomotor of the distributor, guide bearing, 
shafts, turbine cover-plate, oil-supply head, and runner servomotor. 

The schematic layout of one of the alternative designs is shown in 
Figure V. 20. 


Turbine rating: 


Power output MV... ............... 126,000 kw 
Head NH: cad t bs EP CYRUS 22.5 m 
Runner diameter D, ............... 9,3m 


As the unit is intended as an outdoor installation without a special gen- 
erator room, the oil-supply head (6) is mounted inside the generator shaft. 
The governor equipment is located inside the dam at an intermediate ele- 
vation. The whole unit has a single hollow shaft (7), with cast flanges 
welded to its ends. 

The distributor is of the standard type; the guide vanes are driven by 
two toroid piston servomotors (8), located on the turbine cover-plate (3). 

The shaft is coupled to the generator hub (5) and is supported by the 
thrust bearing (4) located directly on the turbine cover-plate (3), whose 
central part bulges upward. The stay vanes (1) and the upper ring of the 
distributor (2) are bolted together and embedded in concrete. The shaft 
is guided by the water-lubricated babbitted bearing(9). The lower shaft 
flange,which also serves as a cover for the runner servomotor, is con- 
nected to the cylindrical part of the runner hub (13). The servomotor piston, 
of the differential type, is connected to the blade levers by means of a crank 
mechanism. The antifriction bearings for the blade pivots considerably 
reduce the friction moment. Each runner blade (11) is bolted to its pivot. The 
standard throat ring is of welded construction. 


This design ensures maximum compactness of layout, as the height of 
the unit has been reduced to the minimum. Most of the parts are welded, 
the total turbine weight being thus reduced. 





FIGURE V. 20. Sectional view of a Kaplan turbine of minimum height, with runner diameter 
D, = 9, 3m 


28. DESIGNS OF HORIZONTAL- SHAFT TURBINES 


Horizontal-shaft turbines were introduced in large hydroelectric plants 
only in recent years, so that their designs are not yet standardized. Indi- 
vidual designs will therefore be reviewed, together with several horizontal- 
shaft turbines already in operation. 


178 


A horizontal-shaft spiral-case Francis turbine, for N= 1700 kw and 
H= 52.4m, manufactured by LMZ in the thirties, is shown in Figure V. 21. 
The water enters the turbine through a steel scroll casing (2) and is dis- 
charged through the elbow draft tube (4). The horizontal shaft is carried 
by three water-lubricated babbitted bearings (1 and 6). The frontal bear- 
ing (1) is of the radial-axial type. The turbine shaft is connected by a 
flexible coupling to the generator. A flywheel (7) mounted on the turbine 
shaft is provided to keep speed constant. The turbine and the support- 
ing frame are mounted on steel and concrete beams. This construction is 
suited for low-power horizontal-shaft scroll-casingturbines. Since, inthis 
design, the shaft passes through the draft tube elbow, it impairs the hydrau- 
lic characteristics of the turbine by restricting the water passage. Designs 
with the generator placed in a different position with regard to the scroll, 
in which the shaft does not pass through the draft tube, were more fre- 
quently used; however, the overhung-type runner increases the over-all 
sizes of the unit to some extent and reduces the rigidity. 
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FIGURE V. 21. Horizontal- shaft turbine for N= 1700kw and H= 52.4m 


A horizontal-shaft Kaplan turbine built in recent years by the Swiss 
firm "Ateliers des Charmilles" for the Rachet plant, (N= 3,680kw, H= 56m, 
n= 500 and 420rpm) is shown in Figure V.22. Despite the disadvantage 
referred to — shaft location in the draft-tube elbow — this type of Kaplan 
turbine is of marked interest for its novel design and use for high heads, 
although it has not gained wide acceptance so far. The water enters through 
a steel scroll casing (10), upon which the distributor (2) with the driving 
mechanism and the gate ring (1) are mounted. The eight blades (3) of 
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the runner rotate in a spherical throat ring (11). The water is discharged 
through the elbow draft tube (7) and the cone (8), which is embedded in the 
concrete of the foundation (9). A rather elongated hub extension (4) en- 
closing the turbine shaft (6) adjoins the runner hub; it is ribbed and 
provided with a baffle (5) which divides the draft tube elbow into two 


passages, 















=) MIT 


AMMISEISIL! AS EF 


1 AS 
a xx! 1 U : N 
xL — a — i , 
Mors nt i W 4 
y a 
z 






= 
A a 





ES SSS 









FIGURE V. 22. Sectional view of a horizontal- shaft Kaplan turbine for N = 3680kw and H = 56m 


Semi-tubular hydro unit. * Figure 1.9 shows the cross section through 
a semi-tubular hydro unit built and designed at the LMZ and installed at 
the Kama HEP. 


Turbine rating: 


Output M Loo E E E 20,800 kw 
Head. df. oui E CARA E 16m 
Speed WR ois pies Joie Sees nS uS Ml 125 rpm 
Runner diameter D,............... 4.5m 


* Designed by V. M. Orgo and S. K. Bugrin. 
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This turbine has been in operation for a long time. The design of the 
water passages is not the most appropriate for this type of unit, but had to 
be adapted to the sizes of the already existing dam and its turbine bay, 
which was initially designed for vertical-shaft units. 

The channels (1) which envelop the concrete casing have a rectangular 
entrance cross section which gradually assumes a circular form toward 
the turbine speed ring. The channels are provided with steel liners which 
protect the walls and eliminate seepage, while special concrete ribs are 
provided in each channel in order to strengthen the generator casing. 

The distributor has twelve radial guide vanes, which control the water 
discharge and, when closed, ensure complete shutdown of the turbine. They 
are actuated by the gate ring mounted on the casing which encloses the 
distributor. The connection between the gate ring and the vanes is ensured 
by universal links. The gate ring is actuated by two vertical servomotors, 
located in the turbine pit, each of which has a diameter of 350mm, with its 
piston connected by rods to the gate ring. The distributor is located close 
to the speed ring which consists of two parts embedded in concrete. The 
upper part of the throat ring is not embedded in concrete, thus enabling 
the runner to be dismantled and removed upward. Immediately below the 
throat ring, at the exit, there is a stator (6), which carries the turbine 
bearings. The straight conical liner (7) of the draft tube is downstream. 
The presence of a bearing near the runner makes unnecessary the overhung 
installation of the runner and improves the dynamic properties of the 
unit; on the other hand, the ribs at the stator exit at the draft tube impair 
the flow conditions and the general power characteristics of the unit; there- 
fore, if such ribs are used, their optimum position and the distance from 
the runner should be established by tests. 

The turbine shaft rotates in three bearings: two of them are near the 
generator and are oil-lubricated, and the third (8) —the turbine bearing — 
is water-lubricated and rubber-lined. Water for lubrication is fed either 
from the main or from the stand-by industrial-water pipeline. A jet-type 
relay installed on the lubrication line automatically switches over water 
supply from the main to the stand-by pipe. The bearing is provided with 
thermometers and flow indicators. The runner blades are adjusted by 
means of the pressure -oil servomotor (11). 

The oil which actuates the servomotor piston is fed from the oil-supply 
head (10) mounted on the opposite end of the shaft, above the generator, 
through a rod located inside the shaft. The piston rod is connected to each 
blade by means of a crank mechanism, which is designed to turn it in the 
opposite direction as well, until it assumes a negative angle; the purpose 
of this is to help brake the turbine at runaway speed, by opening or closing 
the blades. At runaway speed, the blades are turned to negative angles by 
a special high-pressure pump unit, The shaft flange is fastened to the gen- 
erator flange with fitted bolts. A special jack is provided inside the 
stator for shaft alignment; it also serves to support the shaft during erec- 
tion of the rotor. The turbine unit is designed for full automatic control 
and has all the required protection and signalling devices. 

Tubular turbines. A sectional view of a tubular turbine built by LMZ 
for the Ortachalskaya HEP is shown in Figure V.23. 
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Turbine rating: 


Output M. ou ros Cr Ea wax Ss 6,300 kw 
Hed Ho Sats See Sis Wat RUM onus 10,5 m 
Speed Bac. coke omes EP URN 125 rpm 
Runner diameter D, ............ LL. 3.3m 
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FIGURE V.23. Sectional view of tubular hydro unit (runner diameter D,- 3.3 m) for N = 6,600 kw 


This unit is the largest of its kind in the world. The water enters from 
the straight intake (26), and passes by the ribs (22) of the stator front 
and the distributor (20). The actuating mechanism of the distributor con- 
sists of levers (1), links (3) and gate ring (2), which is connected to the 
piston-type servomotors (5) through the rod (4). From the distributor, 
the water enters the hemispherical throat ring (19), flows through the runner 
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and is discharged through the conical section of the draft tube (14), past 
the ribs of the stator exit (16). The runner blades (7) are adjustable; the 
blade-adjustment mechanism is located inside the runner. The adjustment 
force required is developed by the piston servomotor (6), connected to the 
blades through cross piece (12) by means of a crank mechanism. Oil is 
supplied to the servomotor (6) from the oil-supply head (25) through hollow 
rods. 

The runner-hub journals (18 and 24) are supported by the water-lubri- 
cated bearings (17 and 23). The roller bearings are of the self-aligning 
type. Thrust pads (15 and 21) take up the axial load in two directions, and 
are also water-lubricated. The runner blades are fitted at their tips with 
special pins (9), to which the runner band (11) is secured. The generator 
stator (8) surrounding the rotor (10) is tightly fitted to the runner band. In 
this way, the generator rotor and the runner form a single part of the hy- 
dro unit. Labyrinth seals (13) and contact seals are provided on each side 
of the runner band to prevent water from leaking into the generator. Since 
there is no shaft and the water energy is transmitted directly from the run- 
ner blades to the generator, the unit is very compact, but its main disad- 
vantage is that the generator is too close to the water flow. Experience 
in operation indicates that it is difficult to achieve watertight sealing; there- 
fore, the generator must be operated, in practice, under high humidity or 
even dripping water, and thus a special insulation of the windings is re- 
quired. Apart from this, experience has shown that the fastening of the 
band to the blade pins requires careful design. The design may be mark- 
edly simplified if a fixed-blade propeller-type runner is used. A hydro 
unit with large rotating masses that are concentrated at a great distance 
from the axis of rotation requires very careful design and workman- 
ship since the slightest inaccuracies in manufacture, assembling, or 
alignment can lead to serious vibration. The unit components should be 
capable of functioning safely for an extended period, since dismantling and 
reassembly are difficult operations and should be avoided. It is advisable 
to use water-lubricated guide and thrust bearings as far as possible, be- 
cause with oil-lubricated bearings, which require special seals to pre- 
vent the water from penetrating into them, the design becomes more com- 
plicated. The operation of tubular hydro units at the Ortachal'skaya HEP, 
where the water is heavily silt-laden, did in fact cause considerable diffi- 
culties. 

Since U.S.S.R, turbine industry has little experience in the design of tubu- 
lar units, foreign designs and experience in their manufacture and operation 
deserve close attention. Papers in technical periodicals report that the 
Escher-Wyss Company built and installed more than 75 tubular units with 
a total power output of some 110,000 kw between 1936 and 1957, Accord- 
ing to company data, complicated constructional problems arose in connec — 
tion with the sealing of the outer band of the runner, which has a tangential 
velocity of more than 20 m/sec. 

The first unit of this kind was built by Escher-Wyss for the Iller River 
HEP, while later plants were built on the Lech, Saalach, and other rivers. 
They required a low-head turbine (H from 7 to 8m), with a discharge capa- 
city of Q - 20 m?/ sec. The runner diameter varied from D,z 1.5 to 2.0 m. 
The schematic diagram of this turbine is shown in Figure V. 24. 
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The runner (7) has fixed blades surrounded by a band. The generator 
rotor (5) is hot-pressed to the runner band. The generator stator (4) rests 
on the feet embedded in the concrete bay. The turbine runner has two 
journals (8), supported by bearings mounted on the streamlined hollow ribs, 
(2 and 6). Oil pipes for bearing lubrication and pipes for the discharge of 
water seeping through the seals are installed inside the ribs. One of the 
journal bearings is provided with thrust pads. The axial distributor (3) 
with its movable guide vanes controls the water discharge; the guide vanes 
are pivoted by means of spherical hinges connected to the gate ring (9), 
actuated by two pressure-oil servomotors. 
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FIGURE V. 24. Tubular turbine unit of the Iller HEP (D,= 1.5m, H= 7.0m) 


The runner with its hub, blades, and band, is of the all-cast design. 

The turbine bearings are pressure-oil lubricated and sealed by means of 
stuffing boxes of special design. The clearances between the revolving 
band and the throat ring are also sealed with spongy rubber seals fastened 
with shroud rings. Rings of a special material line the runner band at the 
seals, in order to protect the band from wear. The bands are adequately 
watertight so that water leakages do not exceed 25liter/sec. The leak- 
age water is discharged into an annular chamber and thence intc a collecting 
pit. Tubular turbines have straight or inclined shafts of slopes up to 1:2.5; 
no special difficulties arose during erection of the unit. A pressure-oil 
actuated butterfly valve (1) is installed upstream from the water intake of 
each turbine. Special electric pumps are provided for each turbine for 
the removal of seepage water from the machine room. An emergency 
engine-driven pump is provided for possible breakdown in current supply 
to the main electrical pumps. 

Special high-capacity pits which take a few hours to fill up with leakage 
water whenever the pumps stop removing the water from the turbine are 
provided in the machine room. 

Studies made at the Escher-Wyss laboratories on tubular-turbin. models 
showed that the additional losses due to friction and water leakages at the 
outer band are offset by the reduction of hydraulic losses in the water pas- 
sages of the turbine, which has a straight draft tube instead of the customary 
elbow type. 
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Field tests were carried out in 1948 on the turbine installed at the Lech 
River power plant. Measurements showed the capacity and efficiency to 
exceed the rated figures. Maximum efficiency reached 92.4%. 

A tubular turbine with double regulation (with a Kaplan runner) was put 
into operation in 1951 at one of the Iller cascade-system plants. Experience 
in operation showed that all the problems connected with the use of Kaplan 
runners in tubular turbines could be successfully solved. 

In the light of experience in operation of propeller and Kaplan turbines, 
Escher-Wyss draws the conclusion that tubular turbines are suited for spill- 
way power plants with heads ranging from 6 to 15 m. At higher heads, dif- 
ficulties arise due to increase in mechanical stresses in the runner. By 
using a solid runner band instead of composite bands, the design becomes 
more Simple. For easy transportation, the band diameter should not ex- 
ceed 4.5 m, which corresponds to a maximum runner diameter of D,- 3.3 m. 

Turbine runners for N= 17,000 hp and with a diameter D, = 4.9 m are 
known to have been built in a number of places, 

Experience in operation of tubular turbines at the Lech River cascade 
system equipped with 9 similar units each consisting of six turbines, is 
most instructive. The cascade has 54 tubular units altogether, developing 
64,000kw, which were built between 1940 and 1950. 

Most plant breakdowns were due to faults in the electrical equipment. 
With a runner diameter of 1.95 m, most trouble was caused by the seal- 
ing of the runner band whose velocity is 22 m/sec. At first, the water 
leakages amounted to 501liter/sec and the seals had to be removed about 
every 4,500 hours. In the new design, the seals operate for 20,000 working 
hours without changing the rubber, and the leakages through the clearances 
amount to only 2 to 4 1/sec. 

In the initial design, the replacement of seals involved partial dismantling 
of the generator, which required three to four men working for three weeks. 
In the new designs, for the replacement of seals, water supply to the turbine 
is simply shut off and all the work may be done by one or two men in one 
or two days. 

The service life of the spongy rubber seals, estimated at about 17 to 20 
thousand working hours, depends mainly on the resistance of rubber to wear 
and the effects of oil. Synthetic rubber of a special composition proved 
satisfactory. 

Electrical breakdowns occurred at the transformers due to low-quality 
insulation of the generator-stator windings, wetting of insulation, etc. Sub- 
merged hydro units should preferably be fitted with an emergency diesel 
unit to pump out the seepage water, developing about 0.7 to 1% of the in- 
stalled generator capacity. 

From the available field data, the Escher-Wyss Company concludes that 
with due improvement in turbine and seal design, tubular turbines are the 
most reliable low-head prime movers and fully justify their use from the 
standpoint of both individual unit efficiency and plant output. 

The bulb-type tubular unit of the Beaumont-Montais HEP. A novel con- 
struction, combining turbine, generator, and casing in a single unit, is 
shown in Figure V. 25. 

This unit was designed and built by the French companies ''Neyrpic'' and 
"Alsthom", for the Beaumont- Montais plant. 
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Turbine rating: 


OUpUtN se o LE Sew de ERR 8,800 kw 
Head Ho ove E E Caw eee ees 9.5 to 12.5m 
Speed 8... oso SZRAD AR AERA US 150 rpm 
Runner diameter D,............... 3.8m 


The total weight of the hydro unit is 280t. Sixteen front and four rear 
columns (stay vanes) carry the casing, which encloses the turbine and gen- 
erator. The water enters the runner through the distributor (2). The twenty 
guide vanes are connected by means of levers and links to the gate ring (3), 
which is actuated by two servomotors. 
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FIGURE V. 25, Sectional view of a tubular unit with the generator inside the casing, N= 8,800kw and 
D,= 3.8 m 


The vane length b, is 1,030 mm. Thefour adjustable blades of runner (1) 
revolving inside the hemispherical throat ring (5) are made of stainless steel. 
The hydro-unit shaft is supported bytwo self-aligning, ring-lubricated 
bearings (6 and 7). The disk thrust bearing (8) is located next to the guide 
bearing (7). The oil is circulated by a centrifugal pump. Both rotor (9) 
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and stator (10) of the generator are air-cooled. The upper part of the water 
intake (11) and the throat ring (5) are removable, and not embedded in con- 
crete, The hub extension is supported by three hollow ribs, The upper rib 
is intended for control-communication lines; compartment (12) is used for 
locating the pipelines, compartment (13) is a manhole, and compartment (14) 
houses cable and bus-bar terminals. 

The two lower ribs (16) are used for ventilation and the supply of cool- 
ing water. Access to runner bearing (6) and the hub extension is by in- 
spection manholes in the generator rotor. The hub cap (15) is used 
as an oil tank. The bearings are equipped with graphite packings. The 
speed ring (4) is of the detachable type. The turbine is assembled on the 
erection bay in a vertical position and then lowered down horizontally. The 
unit is designed to work as a turbine only, but in France, models are also 
built at present as reversible pump-turbine units. 

Tubular turbine units with step-up gears. A tubular unit with a step-up 
gear (designed by TsKTI) is shown in Figure V.26. The runner diameter 
is D,= 5.0m, the power output N = 27,000 kw, and the head H= 15m. The 
turbine is coupled to the generator through a step-up gear which increases 
the speed from 68.2 to 1000rpm, thus permitting the use of a high-speed 
small-size generator which may be accommodated within the casing (bulb). 
The casing actually forms an extension of the runner hub [but at its up- 
Stream end]. The water flows in around the entrance stator, which is pro- 
vided with massive ribs (1) and forms the first support of the hydro unit. 
Thence the water passes through distributor (3) and enters the runner(6). It 
finally flows around the casing (11), in the middle of which are located stay 
vanes (10) of the exit stator, which forms the second support of the hydro 
unit. The power developed by the runner is transmitted to generator rotor 
(12) through step-up gear (9). Both turbine and generator are supported by 
two bearings each (4 and 8) and (13 and 14). The axial bearing (7) is split in 
halves and placed close to the runner. The blades are turned by servo- 
motor (5), which receives oil from the pressure-oil unit through oil pipe 
(2) passing inside the stator ribs, and through the oil-supply head located 
inside the runner shaft. The distributor (3) is adjusted by the gate ring 
enclosed in the turbine casing and actuated by two servomotors (15). 

A similar tubular hydro unit design could have been attained by locating 
the generator upstream from the runner, but then the length of the water 
intake structures would have been considerably greater, as also would be 
the width of the powerhouse. The oil supply to the servomotor of the over- 
hung runner also becomes more complicated, since it cannot be effected 
through the generator shaft because of the presence of the step-up gear. 

An exit stator lowers the turbine efficiency. The double step-up gear per- 
mits the use of a generator of very high speed and small dimensions. Had 
a single step-up gear been employed instead, the speed of the generator 
would have been only 750rpm, while its over-all dimensions would have 
been considerably larger. 

Figure V.27 shows the sectional view and the kinematic diagram of a 
step-up gear. The runner is coupled to the carrier arm (1) of the first 
gear train. The planet gears (2) with the spindles on the carrier arm en- 
gage the sun wheel (8) to which the generator is coupled. The planet wheels 
also engage the crown wheel (3), which is coupled to the sun wheel (4) of 
the second train. The carrier (7) of the second train is fixed to the gear 
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casing. The crown wheel (5) of the second train is coupled to the car- 
rier (1) of the first train. The design is of the closed differential drive type. 

In the first (differential) train, the power supplied by the turbine is 
divided into two parts. The first part is transmitted directly by the car- 
rier (1) to the driven sun wheel (8). The second part is received by the 
driven sun wheel (4) from the driving carrier through the second train. This 
arrangement permits large torques to be transmitted. 

The efficiency of the planetary gear is 9 = 97.5 to 98%. 

The speed ratio of the multiplying gear is 


i ml + kh, + hy hy, 


where k, and k,= the speed ratios of the gear trains with the carrier locked. 

Some of the characteristics inherent in the design and manufacture of the 
planetary step-up gear devised by O. A. Pyzhe and Yu. A. Derzhavets are 
worthy of note. 


. Second £4 
First train train 









Turbine flange 
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First train Second train First train Second train 


FIGURE V. 27. Kinematic diagram and cross section of the multiplying gear: 


4 - diameter of sun wheel; d^—diameter of crown wheel; 43—diameter of the planet wheel bearing; 
4 4 diameter of planet wheel; — 4$— diameter of shatt bearing. 


The gears are of the herringbone type; the plain bearings are babbitted. 

The sun and crown wheels in both gear trains are of floating design with- 
out bearings, to compensate for inaccuracies due to manufacture. The 
crown wheels are resilient. 

The crown wheeis are split in halves to ensure a uniform distribution of 
the load. The two halves are joined to form a single wheel by means of a 
dog coupling. 

Sun and crown wheels are coupled to their respective shafts by dog coup- 
lings which ensure self-alignment of the floating gears. 

The planet wheels turn on babbitt-lined spindles. The center holes of 
the planet wheels have to be ground, nitrided, and honed, thus ensuring 
that the babbitt lining will not be overstrained. 

Because of the high permissible contact load between the teeth, they 
require surface hardening. Sun and planet wheels are small in size, so 
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that they can be nitrided, and subsequent teeth grinding is not necessary. 
Crown wheels should be hardened only to a degree that would not preclude 
their subsequent milling. 

New designs of step-up gears for hydro units clearly prove that they 
can be made for outputs of up to 70,000 kw. 

However, notwithstanding its high efficiency, the planetary step-up 
gear is a complicated and expensive mechanism, requiring a special manu- 
facturing technique. 

The weight of the step-up gear depends upon the power transmitted, 
and varies from 3.2 to 5.5kg per kw. In view of the high cost of the plane- 
tary gear (about 3 rubles per kg of weight), its use is economically justi- 
fied only in special circumstances. The installation of a tubular unit without 
a step-up gear — with the turbine coupled directly to a low-speed gen- 
erator — might prove more economical. Special small-size generators, 
with high specific loadings of copper and iron parts, provided with forced 
cooling, would then be required. 

The rotor may be cooled by compressed air (p= 3.5 to 4kg/cm2), or 
distilled water flowing in a closed cycle. However, the efficiency of small- 
size generators drops owing to the high specific loading of the active cop- 
per and iron and the resulting appreciable heat losses. 

The casing (bulb) diameters are: (0.9 to 1.0) D, for low-speed gener- 
ators, about 0.5 D, for high-speed generators with step-up gear, if the 
cooling unit is located outside the casing, and (0.7 to 0.8) D,if it is mounted 
inside the casing around the stator. 

Figure V. 28 gives the results of a cost comparison made by TsKTI for 
tubular (bulb-type) and vertical hydro units of the same runner diameter 
(D,= 6m) and power output. 

The subscripts ín this figure refer to: h — bulb-type unit; v — vertical- 
shaft unit; I — design without step-up gear; II — design with step-up 
gear. For comparison, the cost of the vertical-shaft unit is taken as 100%. 

The graph indicates that the relative cost of horizontal hydro units in- 
creases with the head, and that a bulb-type unit with step-up gear is more 
expensive than a unit without. 

Performance ratings of horizontal bulb -type units are of interest to the de- 
signer. The maximum specific discharge of most existing turbines ranges 
between 2,300and2,400liter/sec. The full-load efficiency of bulb-type turbine 
units is 4 to 4.5% higher than the efficiency of vertical turbines. However, 
this increase in the turbine efficiency cannot be fully exploited since a tur- 
bine coupled directly to the generator requires a small-size generator oper- 
ating under overload conditions, a fact that introduces additional losses. 
Its efficiency, compared with that of standard generators, is therefore 
1.5 to 2% lower. 

The efficiency of a high-speed generator used in hydro units with 
multiplying gears is 0.8 to 1% greater than that of vertical units, but 
the losses in the gear amount to 2.5%, which means that in practice total 
losses will be about the same as in the former design. Consequently, in 
Spite of the fact that the efficiency of bulb-type tubular turbines exceeds 
that of vertical turbines by 4 to 5%, the difference between the efficiencies 
of the complete unit is only 2.5 to 3%. 

For optimum load, i.e., at the point of optimum efficiency of the turbine, 
the difference will be from 1 to 1.5%, and from 0.5 to 0.8% between the ef- 
ficiencies of the complete unit. 
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The fact that the mechanisms located inside the casing (bulb) have a dif- 
ficult access should be considered a constructional shortcoming of bulb- 
type units. 

Mechanisms and seals that require inspection and maintenance, become 
accessible through the manholes provided in the casing walls only after the 
turbine is shut down and the water is drained out. 





6 8 O ff M © B 20 2 Mum 


FIGURE V. 28. Comparison between the costs of hori- 
zontal and vertícal hydro units of the same runner 
diameter (D, = 6 m) and power: C, — cost of the 
vertical-shaft unit; C} — cost of the horizontal-shaft 
unít 


Difficulties also arise in erection and dismantling. The generator and 
the step-up gear can be installed only after their assembly, a fact which 
necessitates increased crane hoisting capacity and large-size access open- 
ings in the powerhouse. All these shortcomings make operation of the plant 
by no means an easy task. On the whole, the design of horizontal -shaft 
units is more complicated than that of vertical turbines. 

Overhung-type runners used in such designs are subject to additional 
transverse forces, which are liable to cause vibration of the unit. More- 
over, the supports of horizontal-shaft units bear a heavier load. 

As the turbine bulb has to withstand the water flow, it must be carefully 
designed and proportioned, especially when operated at increased discharge. 

Horizontal-shaft hydro units have smaller outputs and dimensions 
than vertical units. To obtain the same power output, as in plants with ver- 
tical units, the number of horizontal units must be increased. In deciding 
on the use of horizontal units, the designer should, therefore, carefully 
compare their disadvantages with the advantages resulting from reduced 
dimensions and shorter erection time. 
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29. SPECIAL TURBINES 


Diagonal turbines. Figure V.29 shows a diagonal turbine design devel- 
oped by V.S. Kviatkovskii /38/, and refined at LMZ by L.G. Smolyarov 
and V. M. Nemm. The turbine, intended for installation at the Bukhtarma 
HEP, has a power output of N= 77,000kw, speed n= 150rpm, at a head 
H = 61 m. 

A characteristic feature of this type of turbine is the oblique location 
(Slope angle 45?) of distributor and adjustable runner blades with respect 
to the turbine center-line. As distinct from vertical units, in this design 
the water passages from the scroll casing to the draft tube are straight, 
improving the turbine performance, 

The diagonal turbine* is a cross between the Francis and the Kaplan tur- 
bines, and can be used at medium heads., It combines the best features of 
both these types, namely the ability of the Kaplan turbine to maintain high 
efficiencies over a wide range of operating conditions, with the good cavita- 
tion characteristics of the Francis turbine. 

The steel scroll casing (1) is welded to the conical speed ring (2). The 
upper and lower rings are of the box-shaped type, since the speed ring is 
subject to vertical as well as horizontal components of the weight loads. 
The distributor (3) has twenty-four guide vanes, whose profile changes 
along their height; they are located along an arbitrary circle (drawn 
through the points where the guide-vane axes intersect the outer surface of 
the water passages). The diameter D, of this circle is 6,200 mm. 

On account of the oblique setting of the vanes, the bearing supporting 
flanges are spherical, to ensure identical angular location and alignment 
of all the bearings. 

The guide vanes are coupled with the gate ring (8) through levers and 
links with spherical hinges, while the gate ring itself is connected to the 
servomotor piston by means of the shaft (9). 

The runner (4) has ten adjustable blades. The runner diameter (taken 
as that of a circle passing through the points where the blade axes in- 
tersect the throat-ring) is D, = 4,350mm. The ratio of hub diameter 


to runner diameter hs 0.65. The largest diameter of the runner hub is 


3,400 mm. 


Studies made by the designers indicate that the rotary (vane-type) servo- 
motor (7), the cross piece (6), and the radial blade levers (5), are the most suit- 
able blade-adjustment mechanism for the runner blades of a diagonal tur- 
bine, Ina rotary servomotor, the rods supplying the oil to the servomotor, 
located within the shaft, also rotate. The other turbine parts, such as 
Shaft, bearing, governor and auxiliary equipment, do not differ from 
similar parts of a vertical turbine. 

A comparison between the diagonal and Francis turbines of identical 
ratings, both intended for the Bukhtarma HEP, shows that the diagonal tur- 
bine is 20% heavier (370, as against 312 t), its manufacture involves 50% 
more labor (55,000 normal hours as against 36,000), while construction and 
assembly of distributor and runner are more complicated. 


* {Termed "Deriaz turbine” after its inventor.] 
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Reversible pump-turbine units. Pumped-storage power plants. 
At present, it is common practice to mount the reversible pump-turbine 
unit and the motor-generator on the same shaft. If the water flows from 
the upper storage reservoir into the runner, the unit works as a turbine, 
driving the electric generator. Should the generator be required to function 
as an electric motor, it drives the runner, which pumps water from the 
lower to the upper storage reservoir. 

Reversible fixed-blade pump-turbines have high efficiencies when work- 
ing both as pumps and turbines if they are designed for running at different 
rotational speeds, one for pump operation and the other (usually 10 to 20% 
lower) for turbine operation. This, of course, makes the design of the re- 
verSible motor-generator more complicated. The same rotational speed 
for both manners of operation is therefore more frequently used. When the 
unit operates as a pump, the distributor helps to maintain high efficiencies 
within the whole range of discharges and improves the starting conditions, 
Since the pump may be turned on with the distributor closed and the dis- 
charge pipe under small head. Depending on the available head, either 
Kaplan or Francis turbines may be used in pump-storage installations. Re- 
verSible units, working as pumps, require lower installation than ordinary 
turbines, to counter cavitation. Maximum heads for various types of re- 
versible units are therefore slightly different from those for ordinary tur- 
bines. 


Kaplan reversible units ......cc cc ccccccccece H<20m 
Diagonal reversible units ........ eee eere nn H = 20to 60m 
Francis reversible units .... eee H - 20 to 200 m or more 


As yet no reversible units have been constructed or installed in the 
U.S.S.R. 

One of the largest pump-storage plants outside ofthe U.S.S.R. ,is the Tra- 
quaio HEP in Brazil; it is equipped with reversible Kaplan units, which 
operate under a head H= 6.7m. The power output as a turbine is N= 
2,540 kw, with the speed n= 150rpm. Horizontal-shaft units, with D,= 
5.8m, H= 5.5m, N= 9,000kw, anda= 88rpm, are installed at Saint-Malo 
in France. 

The largest reversible Francis-type units constructed so far are installed 
at the Hiwassee pump-storage plant (inthe U.S.A.). As turbines ‚their param- 
eters are H= 58m, N = 59,000kw, n= 105rpm, ņ = 89%. The outer run- 
ner diameter is D, = 6.75m. As pumps, their parameters are H= 62.5 m, 
N= 75,000 kw, n= 105rpm, n= 90%. 

D. P. Deriaz /104/ adapted [his] diagonal turbine (Figure V.30) as a 
reversible unit pump-turbine at the Sir Adam Beck-Niagara HEP. The 
unit rating is: H= 12.1 to 27.4 m, turbine output N= 33,500kw; pump- 
capacity N= 47,800 kw, discharge Q= 1,386 m3/sec, speed n= 92.3rpm, 
and maximum runner diameter (with the blades open) 6.3m. The turbine 
has no distributor. 

Owing to the adjustable runner blades, high efficiencies are attained 
within a wide range of heads, with a single rotational speed. 
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FIGURE V. 29. Design of a diagonal 
turbine (N= 77,000kw; H= 61m) 
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A ring-shaped rotary servomotor (4), with a turning angle of 52°, was 
provided to turn the blades (5), set at 45°. Oil is supplied to the servo- 
motor through the turning rod (3). 

When the unit works as a turbine, the stay vanes (1) guide the incoming 
water flow toward the runner; when the unit operates as a pump, the ki- 
netic energy is converted into a pressure head in the diffuser provided with 
flaps (6) to minimize losses, Bearing (2) is oil-lubricated. 
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FIGURE V. 30. Reversible pump-turbine unit, installed at the Sir Adam Beck-Niagara Power 
Plant, Nturb = 33,500kw 


Tidal hydroelectric plants, The natural fluctuation of tidal energy is 
illustrated by a broken sine curve. This energy fluctuates over a period 
of fourteen days, reaching maximum values at full moon and new moon 
nine times greater than in the first and last quarter. These irregularities 
are not suitable for energy conversion; L.B. Bernshtein (7) proposed an 
effective method of eliminating them by using a horizontal bulb -type Kaplan 
unit which operates as a reversible pump -turbine. 

If, at night, with excess energy in the system, the unit is set to work 
as a pump (Figure V.31), it may either pump the water out of the basin 
into the sea (during low tide), or fill the basin (when the tide is flow- 
ing in). 

The water level in the basin may thus be lowered with respect to the sea 
levelat low tide, or raised with respect to the sea level at high tide. 

The additional quantity of water obtained in this way may be used to gen- 
erate power at any time (for instance, at peak hours), regardless of the 
State of the tide. The horizontal bulb-type unit may also be used as a water 
discharge opening, with the generator disconnected and the blades atasuit- 
able angle, for a quick equalization of water level when the tide is chang- 
ing and the unit is Switched over to operate as a pump. 
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Sea 
High tide 


FIGURE V. 31. One-basin tidal hydroelectric plant 
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blade a angle ~ 240° 


Water flow J 4 
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FIGURE V. 32. Reversible Kaplan-type pump-turbine. Diagram of 
runner-blade adjustment to suit different operating conditions 


Consequently, in tidal power plants, the horizontal unit is required to 
operate as a reversible unit, and allow idle discharge for level equali- 
zation. 

To accomplish this objective with a standard Kaplan turbine, the blades 
have to be turned by almost 240° (Figure V.32); the change-over from one 
set of conditions to another requires a certain time, during which the tur- 
bine is shut down. 

After many years of theoretical and experimental research, the ''Neyrpic" 
Works in France designed and tested a bulb-type reversible unit (N= 9,000 
kw, H= 5.8 m) and installed it at the Saint-Malo plant; the unit may be run 
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to suit different operating conditions: as a turbine, as a reversible pump- 
turbine and for idle discharge. A particular feature of the blade design 

is its S-shape, permitting flow along the curved blade tip and the convex 
blade side without impact losses under all conditions. The blades have to 
be turned by 50? only for adjustment to any operating conditions, and the 
transition from one type of operation to another (with the same direction of 
flow) is effected without stopping the unit. 
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Chapter VI 


THE DISTRIBUTOR 


30. TYPES AND DESIGNS OF DISTRIBUTORS 


In the reaction turbine, the function ofthe distributor is to guide the in- 
coming water stream toward the runner, and control the water flow through 
the turbine. The distributor guide vanes are arranged along its circum- 
ference. When the distributor is closed, admission of water to the runner 
is shut off. The water discharge througn the turbine is also controlled by 
adjusting the position of the guide vanes. When they are turned, the direc- 
tion of the water flow at the distributor exit changes (variation of a°, Figure 
VI.1). In Kaplan turbines, the discharge is controlled by simultaneous 
adjustment of guide vanes and runner blades. 

The schematic layout of the radial distributor is shown in Figure VI.1 
(plan view). The basic geometrical parameters of the distributor are: 

1) distributor circle diameter D,; 

2) number of guide vanes 4; 

3) distributor height b, (not given in the figure); 

4) guide vane (chord) length L, consisting of entrance length L, and exit 
length L,; (L = Li + L4); 

5) maximum vane thickness 6; 

6) distance between the points where two neighboring vanes touch in 
their closed position L,; the distances from the axis of vane-rotation to the 
points of contact are respectively Le, and Lo, 


L, = Lo, + Le; 


7) relative excentricity nę, [is defined in equation (VI.23)] 


—R 


8) shape of the vane profile (for the guide vane considered it is sym- 
metrical); 
£ 
t 
of diameter D; 

10) diameter of the gate ring D, [internal distributor diameter]. 

These parameters are constant for a given distributor design. 

The variable parameter a, — the so-called distributor opening — repre- 
sents the least distance between the trailing edge of one vane and the surface 


9) ratio = of the vane length to the vane pitch measured on the circle 


198 


of the neighboring vane and characterizes the position of the vanes during 

turbine regulation. The distributor opening a, depends on the turbine di- 

mensions and on the number of guide vanes. During rotation of the guide 

vanes, usually carried out by a servomotor connected to the gate ring, the 
distributor opening a, changes and so does the cross-sectional area of the 

passages between the vanes. 

However, the control of water discharge through the turbine is due not 
so much to variation of the discharge cross section of the distributor, but 
rather to the variation of the angle a°. 

In order to prove this, let us recall the basic equation of the turbine: 


ngH = Os, lii — Vass. 


With an accuracy sufficient for practical purposes, we assume that the 
following relation is valid for the flow in the space between the distributor 
and the runner: 


On fe = Unf. (VI. 1) 


Let us further assume that the radial velocities v,, at the distributor exit, 
and the meridian velocities at the runner exit om, have a uniform distribu- 
tion over the cross section and may be calculated from the formulas 


—— T€ 
Q (VI. 2) 
Om, = 
Me Pe 


where F, istheentrance cross-sectional area of the runner. By inserting 
the values of the velocities in the turbine equation and considering the rela- 
tions in the velocity triangles, we obtain 


r, r, Q A 
Us, = 7 Ua, = Fe OCO = 5 7 5 COto: (VI. 3) 
Us, = Ug — Om, COtPs = u4— -R-coth. ' (VI. 4) 


After transformation, we obtain 


9E + uys 


Q= (VI. 5) 


———————. 
xb, cot Gy + * cot B, 
Consequently, 

Q = f (ba a, . B,). 


In this way, any changes in the discharge at constant head and rota- 
tional speed may be carried out by modifying one of the following three 
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parameters: 
1) the distributor height bə; 
2) the angle of water flow at the distributor exit a; 
3) the angle of water flow at the runner exit ,. 
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FIGURE VI. 1. Basic geometrical parameters of the distributor: 


a— velocity triangles at the distributor exit; b— velocity triangles at the runner 
exit. 


Control of water discharge by changing the distributor height, achieved 
by adjusting its upper cover, is practiced only in small turbines. In this 
method, the existence of streamlined guide vanes is mandatory (for a fixed 
distributor) since otherwise an unstable control results. 

In Francis and propeller turbines, water discharge is usually controlled 
by turning the guide vanes and so changing the angle a. 

In small turbines, water discharge is sometimes controlled by varying 
the position of the scroll nose or of a special vane located in the scroll 
casing. In the latter case, the angle a, is also changed. 

In Thoma turbines, the distributor is fixed and the discharge is controlled 
by adjusting the runner blades, i.e., by changing the angle B,. Such turbines 
are not common. 

In Kaplan turbines, the water discharge is controlled by the simultaneous 
adjustment of the guide vanes and runner blades, i.e., by the variation 
of a, and f,. 

Frictional losses during the flow of water through the distributor are 
negligible compared with losses of head during the admission of water into 
the distributor. Such losses markedly affect distributor efficiency. To 
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reduce them the scroll casing and the distributor should be designed so 
that the angle of attack, i.e., the angle between the flow-velocity vector 
inside the scroll casing and the tangent to the vane profile at its leading 
edge is as small as possible within the most important range of operating 
conditions. 

Guide vanes of different profiles are shown in Figure VI. 2: 

1) "negative" curvature, convex toward the turbine axis (Figure VI, 2, a); 

2) symmetrical profile (Figure VI. 2, b); 

3) "positive" curvature, concave toward the turbine axis (Figure V1.2, c). 

All these profiles are represented for the same distributor opening a, 
but with different angles a°. 





aoo 


FIGURE VI.2. Change in unit discharge Qj for dis- 
tributors with different vane profiles: 

a— negative vane curvature; b—symmetrical vane 
profile; c—positive curvature. 


The concave profile shows the greatest angle a? As shown in Figure VI. 2, 
guide vanes with the same opening a,, but of different profile, have different 
discharge capacities. The distributor with concave-profile vanes and maxi- 
mum angle a*, also has the greatest discharge capacity. For instance, a 
90 percent opening of the convex-profile distributor allows a unit discharge 
of 1200 liter/sec, the symmetrical profile of 1300liter/sec, and the con- 
cave profile of 1380 liter/sec. 
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In most medium-speed turbines, the water flow undergoes excessive 
rotation at the scroll exit, so that the distributor has to straighten the flow. 
Guide vanes with positive curvature, having their concavity toward the turbine 
axis, are better suited in this case. 

In open-flume turbine installation, where the water flow is almost radial, 
convex guide vanes (with "negative" curvature) are more advisable, since 
they impart an additional rotation to the flow. 

The best solution for Kaplan turbines with semi-scroll casings would be 
to use guide vanes of two different profiles — convex for the open part and 
concave inside the scroll. Considerations of design, however, render this 
inadvisable, The intermediate profile is therefore usually employed in 
high-speed Kaplan turbines; the symmetrical guide-vane profile is also 
convenient from the design standpoint. 

The best guide-vane profile for Francis turbines — usually operated 
with 8mall distributor openings — may be either the convex or the concave 
profile, depending upon the runner type and the scroll parameters. 

Cylindrical distributor. Several types of distributors are in common 
use nowadays, the most frequent being the cylindrical (radial)distributor, 
where the guide vanes are parallel to each other and distributed along a 
cylindrical surface. 

Figure VI.3 shows the simplest design of a cylindrical distributor, con- 
sisting of guide vanes (2) mounted on fixed pivots (10) secured to the upper 
(1) and lower (9) distributor rings. The link (4), connected to the vane and 
to the gate ring (8) through hinge (3), is provided at the guide- vane bottom 
end. All the guide vanes, being linked in this way with the gate ring, are 
adjusted to the same angle when the gate ring turns. The latter is turned 
by means of the rods (7) and lever (6), keyed to the actuating shaft (5). 
This kind of distributor, with the regulating system on the vanes placed 
directly in the water flow, is called the inside [or open-flume] type. 
Its disadvantages are that the regulating system obstructs the water flow 
(as an additional resistance) and the links may easily corrode. Hence, 
this kind of distributor is used only in small turbines. 

A modern distributor of the outside type is shown in Figure VI. 4. The 
parts of the actuating mechanism are no longer located in the water 
flow. The distributor is located just behind the speed ring composed of 
stay vanes (3). The upper (8) and lower (2) pivots of the guide vane (4), 
are guided in bearings located in the upper and lower distributor rings (6) 
and (1). The upper pivot is supported by two bushings (5) made either of 
bronze or of wood plastics and mounted in the distributor socket (7). The 
lever (9) is fitted on the upper end of the upper pivot; through the link (10), 
the lever is articulated to the gate ring (11) mounted on top of the turbine 
cover-plate (12). Connection with the distributor servomotor is provided 
by a rod. 

This design is widely used, although it is not applicable to every shape 
of the turbine water passages. 

Conical distributor. A conicaldistributor with the guide- vane axes form- 
inga conical surface is shown in Figure VI. 5. The lower ring (2) of the conical 
distributor must invariably be removable, to allow the mounting and re- 
moval of the inclined vanes (4). The foundation ring (1) is located below the 
lower ring. The dimensions of this ring depend on the stay vanes (3). The 
guide vane has upper and lower pivots, guided in bearings. The upper 
bearing (6) is mounted in the cover plate (5). Lever (9) is mounted on the 
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upper pivot (7) of the guide vane; it is connected by a system of links and 
hinges with the gate ring (8) driven by a servomotor. 
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FIGURE VI. 3. Cylindrical distributor of the inside type 


Owing to the inclined position of the guide vanes, the conical distributor 
is smaller than the cyclindrical. However, since the profile of the in- 
clined vane changes along its height, the inclined position of the vanes in- 
volves constructional difficulties, due to the need for universal hinges, for the 


vanes whose profile changes with length. 
The lateral surfaces of the vanes and the mating surfaces on the distrib- 


utor rings should be spherical. With the conical distributor, the assem- 
bly and dismantling of parts is quite complicated, but its weight is smaller 


than that of a cylindrical distributor. 
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FIGURE VI.4. Cylindrical distributor of the outside type 
(for dimensions see Table VI.1] 


Axial distributor. The schematic layout of an axial distributor with 
radial guide vanes is represented in Figure V1.6. This type of distributor 
is used in horizontal-shaft turbines with straight water intakes. 

The radial guide vanes (1) are mounted in front of the runner (7), inside 
the pressure conduit (2). The conduit profile is semi-spherical so that the 
gap (clearance) between the conduit and the lateral surfaces of the rotating 
guide vanes is kept constant. The upper and lower pivots rotate inbearings. 
The gate ring (5), which surrounds the pressure conduit, is connected by 
means of links and universal hinges (4), to lever (3) located on the outer 
vane pivot, and by means of a rod to the servomotor (6). 'The bearings 
of the inner vane pivots are located in the hub extension ahead of the run- 
ner. In the axial distributor the profile of the radial guide vanes changes 
along the radius. Flat vanes are most simple in design, but do not permit 
high turbine performance. Twisted vanes are the most effective, pro- 
vided they also permit tight closing, i.e., the edges of two adjacent vanes 
should be able to make close contact with each other. The axial distributor 
has smaller dimensions and weight than cylindrical and conical distributors. 

Formerly, the conical distributor was used only in special cases, such 
as in redesigning installation whenever a more powerful turbine had to be 
fitted into the existing powerhouse. The trend in modern practice is to 
use conical and axial distributors for the new types of diagonal and horizon- 
tal turbines, such as tubular, semitubular, bulb-type, and so on. 

For the cylindrical distributor, the most commonly used layouts, de- 
signs, and methods of calculation are considered in detail below. 
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* For designation of symbois see § 33 


FIGURE VI. 5. Conical distributor 
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FIGURE VI. 6. Axial distributor 


The distributor parts for various types of turbines have been standard- 
izedatthe LMZ. The basic dimensions of the cylindrical distributor are 
shown in Table VI.1, in accordance with the designations in Figure VI. 4. 


TABLE VI. 1 


Basic dimensions of the distributor 





° D, = diameter of gate-ring eye-circle is greater than D, if the gate ring is not 
box -shaped. 


31. GUIDE-VANE OPERATING MECHANISM 


Connection between servomotors and gate ring. The type of actuating 
mechanism affects the design of the distributor and its layout. The guide 
vanes are usually operated by one or two servomotors. 

The schematic layout of a distributor-actuating mechanism with one 
servomotor and two connecting rods is shown in Figure VI. 7. The piston- 
type servomotor (1) of the distributor is connected to gate ring (9) through 
rod (2), lever (3), actuating shaft (4), double-arm lever (7), and two con- 
necting rods (8) mounted with a fixed angle a between them. The actuat- 
ing shaft (4) is guidedinthe bearings (5) and (6), one of them being of the ra- 
dial-axial type. This kind of actuating mechanism with one actuating shaft 
and two connecting rods is used for many turbines. Its main advantage is 
that it enables the servomotor to be installed outside the turbine pit. With 
two rods, the gate ring is more uniformly stressed than with a single rod. 

A similar layout with one servomotor and one connecting rod is shown 
in Figure VI.8. The servomotor (2) is mounted on the foundation plate (1) 
comprising the bearing (5). The actuating shaft (6) guided in the bearing 
is connected through lever (4) and rod (3) with the piston-type servomotor. 
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The lever (7), keyed to the lower end of the shaft, is connected to the gate 
ring (9) through the rod (8). This mechanism is installed at the Svir-III 
power -plant turbines supplied by the Swedish WK company. The disadvan- 
tage of this type of mechanism is that the gate ring is loaded unilaterally 

by a single rod, thus requiring proper guiding elements on the turbine cover- 
plate. In this design, the gate ring is guided by cylindrical rollers (10). 
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FIGURE VI.7. Schematic layout of distributor-actuating mechanism with one servomotor and 
two connecting rods 


Figure V1.9 shows the schematic layout of an actuating mechanism with 
two servomotors connected directly to the gate ring. Both servomotors are 
arranged inside the steel casing (7) embedded in the turbine concrete pit. 
Each servomotor piston is connected through rod (2) and hinge (4) to gate 
ring (3). The gate ring is mounted on a special frame (8) on the turbine 
cover-plate (9). The gate ring is connected with the guide vanes through 
link (5) and lever (6). This actuating mechanism is extremely simple and 
is widely used in various countries; its main advantage is the existence of 
two connecting rods which operate on the principle of "couple of forces", 
permitting the gate ring to be made relatively small and to be easily guided 
on the cover plate. 
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FIGURE VI.9. Distributor-actuating mechanism with two servomotors 


FIGURE VI.8. Distributor-actuating mechanism with one servomotor 


and one connecting rod 


Recently, this type of mechanism drew the criticism of powerhouse de- 
signers, since it requires special cavities in the concrete pit, thus compli- 
cating concrete placing and rendering the use of prefabricated reinforced 
concrete more difficult. It was therefore decided to mount the servomot- 
ors directly on the cover plate or inside the gate ring rather than inside 
the turbine pit. Many design variants were proposed.but none have gained 
wide acceptance as yet. 

Figure VI. 10 shows different designs of servomotors mounted on the 
cover-plate. Figure VI.10,a shows a straight-axis plunger servomotor 
with two cylinders, installed above the gate ring (2). It is carried by the 
cover plate by means of a cantilever support (3). Oil, admitted into the 
cylinders through the pipe (4), causes the plunger (6) to move in a straight 
line. The plunger is provided at its center with a slide block and a cyl- 
indrical pin (5) connected to the gate ring; during its displacement, the 
plunger, through the pin, causes the gate ring to rotate, actuating the links 
and levers which open or close the distributor. Theservomotor is of simple 
design, but is difficult to install above the cover plate and requires ample 
space in the turbine pit. 

Figure VI. 10,b shows a similar plunger servomotor but with a toroid 
body; the servomotor, comprising two cylinders (2) and a plunger (3), is 
placed directly on the turbine cover-plate, near the gate ring (6). The 
gate ring is provided with a cylindrical pin (4) connected with the plunger 
servomotor by means of a spherical hinge (5). When oil is admitted through 
the pipe (1) into the cylinder, the plunger moves, actuating the gate ring 
which opens or closes the distributor. 

It is more difficult to manufacture a toroid servomotor than a cylindrical, 
since it requires more complicated machining; it is, however, easier to 
mount it on the cover plate close to the gate ring. 

Figure VI.10,c shows a common type of piston servomotor, placed not 
in the turbine pit, but inside the turbine cover-plate (1). By using smaller 
servomotors, it was found possible to increase their number to four. Each 
cylinder is connected by flanges to the cover plate web. The servomotor 
piston (3) is provided with a cylindrical pin (4) for connection to the rod 
(5), the other end of which is connected to the gate ring through cylindrical 
hinge (6). The oil-operated piston moves the gate ring which opens or 
closes the distributor. This layout is convenient for large-size turbines, 
where there is enough space inside the cover plate to locate the servo- 
motors and their pipes, and to ensure their maintenance. 

Operating connection between the gate ring and guide vanes. The guide 
vanes and the gate ring are connected by levers, links, and spherical hinges, 
A characteristic feature of the operating mechanism is the presence of a 
breaking element provided in the connection to allow the remaining guide 
vanes to close freely, without any damage to the linkages, whenever two 
adjacent vanes are jammed by a foreign body brought in by the water flow 
(logs, planks, etc. ). Only this element breaks, and the two jammed vanes 
remain open. If this special breaking element were not provided, the lever, 
the hinge, or the pin could easily break, since the force produced by the 
servomotor - usually distributed over all the guide vanes - would then be 
concentrated on two vanes only. Such breaking elements are of various de- 
signs, three of them being shown in Figure VI.11,a,b, and c. 
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FIGURE VI.10. Schematic layout of servomotor installations on the 
turbine cover-plate: 


a— straight-axis plunger servomotor; b— curved-plunger servomotor; 
C — piston servomotor, mounted inside the cover plate. 
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FIGURE VI.11. Designs of guide-vane actuating mechanisms 


In Figure VI.11,a, the breaking link is a ring mounted on the lever. 
Lever (4) turns freely on the boss of lever (10) which is keyed to the upper 
guide-vane pivot. Projection (11) of lever (4) and arm (3) of lever (10)are 
held together by ring (9). The two levers, by means of this ring and the 
corresponding lugs, form a single component. The ring (9) is provided 
with cuts, and breaks whenever the load rises by approximately 50% above its 
normal value. When the ringis broken, the lever may move to bring about the 
closing of the guide vanes (as indicated by the arrow), while thelever (11) with 
the jammed guide vane is left in the open position. The lever is connected 
with link (6) and the gate ring (7) by cylindrical hinges (5) and (8), respec- 
tively. This design was formerly used in many turbines, but is no longer 
employed since it is difficult to manufacture identical breaking rings and 
seats for them, because breaking forces in various rings differ widely. 
Besides, the lengths of lever and link cannot be adjusted. Hence, theother 
two designs shown in Figures b and c are used on a larger scale. 

In the design, as shown in Figure VI. 11,b, the guide- vane lever (1) is 
keyed to the guide- vane pivot (5) by means of the pin (2). One lever end 
is connected to the slide block (7) through hinge (3); the slide block is con- 
nected by means of breaking bolt (11) and nuts (4) to the link (8), connected 
to the gate ring (9) by means of hinge (6). 
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When the vanes are opened or closed under normal operating conditions 
of the turbine, the forces are transmitted from the gate ring to the lever 
through the breaking bolt. A circular groove is provided in the bolt; if the 
guide vane becomes jammed when the gate ring turns in the closing direc- 
tion (as indicated by the arrow), the bolt breaks at its reduced cross-sec- 
tional area and the link, being provided with recesses, glides along the slide 
block. The shock absorbers (10) are provided to prevent the slide blocks 
from striking the link after breakage. The advantage of this design is that 
the length of the link may be adjusted by means of the breaking bolt and its 
nuts, which simplifies the manufacture and assembly of the distributor. 
The design described previously (with breaking rings) requires more pre- 
cise machining, since the actuating mechanism has no adjusting device. 
The disadvantage of the design with breaking bolts is that the link is rather 
cumbersome and the slide block requires much space to move freely when 
the gate ring turns after the bolt is broken. 
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FIGURE VI.12. Gate ring bearings 


Another design with a cylindrical breaking pin mounted on the lever is 
used nowadays in most turbines (see Figure VI. 11,c). The lever consists 
of two parts. The lower part (1) is keyed to the guide-vane pivot (10) by 
pin (3), and carries the upper lever (2) connected to it by the breaking pin 
(4). The lever is connected to the link through hinge (9). 'The link - of 
the composite type - consists of two heads (5) and a connecting bolt (8) 
with left-hand and right-hand threads. The length of the link can be ad- 
justed by turning the screw provided with nuts. "The cylindrical hinge (7) 
connects the link to the gate ring (6). When a foreign body jams a guide 
vane, and the force transmitted by the servomotor to the link exceeds a 
predetermined limit, pin (4) breaks, freeing the upper lever. This design 
is independent of the closing direction of the gate ring, in contrast to de- 
signs (a) and (b) which depend on the closing direction, since their breaking 
elements function only for one direction. 
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FIGURE VI. 13. Guide-vane removal 
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The gate-ring bearing. Designs of gate ring bearings are shown in Fig- 
ure VI.12. An axial ball bearing is shown in Figure Vl.12,a. The turbine 
cover-plate is provided with race (1) for the balls. The gate-ring weight 
is transmitted to the balls (2) guided by the cage (3), through the upper ball 
race (4). The gate ring (8) is guided in the radial direction by annular 
plates (5), fastened to the cylinder (6). Between the turbine cover-plate 
and the gate ring there is an oil-filled cavity (7). Although this arrange- 
ment ensures minimum friction, it is rather complicated because of the 
ball bearing. Since the gate ring does not weigh very much, and the fric- 
tional moment is not very great, the normal layout nowadays is simpler 
(shown in Figure VI. 12,b). The ball bearing is dispensed with. The gate 
ring (1) slides on an axial bearing (4) mountedon the turbine cover- plate (3). 
The bearing has a collar (6), which bounds the oil-filled cavity (2). The 
bearing is usually made of cast iron, and consists of several sections con- 
nected by bolts (5). 


32. GUIDE-VANE ASSEMBLY 


Removal of guide vanes. The distributor is designed so that the guide 
vanes are removable. 

Two layouts used in modern practice for guide- vane removal are shown 
in Figure VI.13,a and b. 

In Figure VI.13,a*, the upper distributor ring (1) is embedded in con- 
crete and provided with openings (3) through which the guide vanes (2) can 
be removed upward to the turbine pit. The guide-vane bearing is provided 
with a flange of suitable shape to cover the opening in the ring. This is 
the simplest layout, but it has disadvantages, such as the weakening of the 
upper distributor ring because of the openings provided in its upper and 
lower flanges. To obtain the same moment of resistance of the cross sec- 
tion, the height and the wall thickness of the ring have to be increased, 
which entails increase in weight. Apart from this, ample space for runner 
removal must be provided in the turbine pit, particularly for low-head tur- 
bines with large distributor height b,. 

Turbines are built nowadays with the thrust bearing on the cover plate, 
so that the pit is not deep enough for vane removal, and the above layout 
may be impracticable. The layout shown in Figure VI. 13, b is more ad- 
vantageous from this point of view, but guide vane removal is more com- 
plicated. The guide vane (3) is lifted upward until the lower vane pivot can 
be removed from its bearing, the vane is then tilted and lowered into the 
throat ring. From there it can be taken out through the scroll casing, the 
draft tube, or through special hatches in the cover plate. Holes should be 
provided in the lower flange (1) of the upper distributor ring so that the 
vanes may be raised up to flange (2). The distance h from the lower flange 
to the intermediate flange (2) should be large enough to enable the removal 
of the lower vane pivot from the bearing in the lower ring (4). In both lay- 
outs and under normal operating conditions, the holes of the lower ring 
are covered with bolted steel plates. In the second layout, the upper ring 
is more rigid, but the whole construction is more complicated because of 
the intermediate flange. Vane removal is rather difficult. Removal of the 


* Inventor N.N. Kovalev, patent No. 50825. 
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guide vanes, without dismantling the upper ring and the cover-plate, iscon- 
venient only for relatively large turbines with the runner diameter D, >4m; 
in smaller turbines it is easier to dismantle the whole unit. 

Guide vane bearing and its lubrication. Figure VI. 14 shows an oil-lubri- 
cated guide vane bearing designed by LMZ. The upper vane pivot is guided 
in the bronze bushings (1) and (2), and the lower one by the bronze bushing (3). 
Both upper bushings are pressed into guide- vane cast-iron bearing (4), which 
is mounted on the upper distributor ring (5) by a flange. The lower bushing 
is mounted on the lower distributor ring (6). A special seal is provided below 
the intermediate bushing (2) to prevent water from leaking through the bush- 
ing into the turbine pit. The seal consists of a leather or rubber cup (12), 

a rubber ring (13), and a lower ring (14). The lower ring is held by the 
bolt (15) screwed into the ring (16). This type of seal is used on a large 
scale, The grease for lubrication is supplied to the intermediate pivot 
through the pipe (7) and to the lower pivot through the pipe (8), by means 
of the lubricator (11). Pivot and vane should be provided with drilled holes 
to enable the installation of pipe (8) inside the vane body. The drilling of 
holes in guide vanes of large turbinesis rather complicated. The pipe (8) is 
usually expanded at both ends. Bushings may be dispensed with for water- 
lubricated bearings. The pipe (9), which leads from the intermediate bush- 
ing into the turbine pit is provided for drainage of seepage water and main- 
tenance of the seals, The lateral clearances of the guide vane are estab- 
lished and secured when mounting the lever (10) on the guide vane. The 
lever is keyed to the pivot in the required position and serves as the guide 
vane thrust-collar. The guide vane is suspended from the lever whose low- 
er surface is supported by the collar of the upper bushing (1). The diam- 
eter of the upper pivot dup is usually enlarged to provide a narrow clear- 
ance between the pivot and the bushing. Owing to the elastic deformation 
of the vane, the load is properly distributed along the guide vane. More 
details on this design will be given in the chapter on strength calculations. 
In recent designs, wood-plastic blocks are used instead of oil-lubricated 
bronze bushings for the guide vane bearings of many turbines. Wood-plas- 
tic linings may be either oil-lubricated or water-lubricated. If they are. 
oil-lubricated, the guide vane design is as described above. When water 
lubrication is used, the seal must be arranged on the upper pivot instead 
of the intermediate. 

Figure VI. 15 shows a variant of seal design. The guide bearing (9) is 
lined with wood- plastic bushes (1). The ring (4), the rubber ring (3), the 
sealing cup (2), and the oil ring (5) are mounted above the bush (1). The 
oil ring is provided on top with lubrication grooves for the lateral surface 
of the lever; oil is supplied to these grooves through pipe (7). The guide- 
vane lever (6) bears against the oil ring. The channel (8) is provided to 
check operation of the seal and absence of leakages. Since the guide vanes 
are used to shut down the turbine, they must close tightly. The surfaces 
of the contacting front and back of two neighbouring vanes, as well as the 
clearance between the lateral vane surfaces and both distributor rings, 
must be carefully sealed. Sealing may be effected either by tight fits be- 
tween the vanes in contact and minimum clearances or by using rubber 
seals, which is more practical. 

Figure VI. 14, section B-B, shows the manner in which a rubber seal 
is fitted. A special-profile rubber cord is placed in a recess provided in 
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FIGURE VI.15. Seal design for the upper guide-vane bushing 
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the guide vane at the line of contact with the trailing edge of the next vane. 
The rubber cord should be carefully located and fastened into the recess, 
because otherwise it might be washed away by the flow. As shown in Fig- 
ure VI. 16, rubber cords provided on both distributor rings are used for 
lateral sealings. The seal ring diameter D, should be carefully selected, 
since it must coincide with the diameter of the cylinder formed by the lines 
of contact of adjacent guide vanes. 


Sealing viewed l 
from above 
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Upper lateral sealing 
of the guide vane 


Lower lateral sealing 
of the guide vane 


Section A-A 





FIGURE VI.16. Seals of the lateral guide -vane surfaces 


LMZ and many companies outside the U.S.S.R. use [leather or rubber] 
cups for sealing the upper guide-vane pivot, but seals of the stuffing-box type 
(Figure VI.17) can be used instead. The stuffing box fitted on the guide-vane 
pivot (1) above the intermediate bushing (4) consists of gland (2) and the 
packing (3). The intermediate bushing is water-lubricated, and the stuff- 
ing box prevents the water from leaking from the turbine. An access hole 
(5) is provided in the upper distributor ring to tighten the gland (2) and seal 
the packing. | 
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FIGURE VI. 17. Stuffing-box seal 
of the upper guide-vane pivot 


33. HYDRAULIC FORCES ACTING ON THE GUIDE VANES 


The hydraulic forces and moments exerted by the water flow on the guide 
vanes depend on their shape and position. To choose the dimensions of the 
guide-vane servomotors and operating mechanism correctly, the forces act- 
ing at various guide-vane positions must be fully known. 

The forces and moments acting on the closed guide vanes may be easily 
determined by simple computations, Data from experimental investigations 
are used to determine the distribution pattern of forces for different open- 
ings of the distributor. 

The water flowing through the guide vanes creates a force P, and a mom- 
ent M: 


Pu y f [Re tns (VI. 6) 
L 


è 
mayf fz rdzds, (VI. 7) 
9 0 


é 
" 


length of the guide vane; 

dz and ds = sections of the length of the guide vane, in the direction 

of the axis and normal to it, respectively; 

arm of an elementary force,acting on an elementary area 

of the vane profile, measured to the axis of vane rotation; 
o = velocity of water flow around the vane. 

It appears from the formula (VI. 6) that the forces acting on the guide 
vane when water flows through the open distributor are proportional to the 
square of the velocity v and to the square of the linear dimensions. By sub- 
stituting for the velocity the discharge Q which is proportional to it, and 


where 


` 
" 
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inserting the proportionality factor Cy, we may write 

zum xL e Q 

P F Di Se" (VI. 8) 
Observing that 
M = Pr = PED, = LS eue 
1 £ Di p, X D, 

and denoting 

CS, k' = Cm,» 
we obtain 


uq. 


The dimensionless factors cp, and ca, depend on the shape of the distrib- 
utor and of the scroll-casing as well as on the opening a,. 
Formulas (VI. 8) and (VI. 9) can be written 


€ _ £ PD 
P y &° (VI. 10) 
tam 


and the values Q, P, and M expressed in terms of unit quantities 


Q = Di-VAQ: 
P = DIHPi; 
M = DÌHM]. 


We then obtain for cp, and Cæ the following expressions 


Cp, = — 
ed; (VI. 11) 
Mj 

Cm, — 


where Q = I z the density of the water. 


Hence, Cy, and Cm, are respectively the force and the moment acting on 
the guide vane of a unit turbine (runner diameter D, = 1 m, head H = 1 m), 
and referred to the square of the corresponding velocity. 

When the distributor is closed, the force acting on a guide vane is 


220 


where H = average head exerted on the guide vane; 
L, = guide-vane length between the lines of vane contact. 
This formula may be written: 


P = y 3 HD. (VI. 13) 
Denoting 
Baas 
È om ka: 
kk, = Ay, 
we obtain 
P = AQHDI. (VI, 14) 


The moment acting on the closed guide vane with respect to the axis of 
rotation is 


M = Pro. 
and, since r, =k,D,, denoting k,k,k, = Be, we obtain 
M = ByyHDi. (VI. 15) 


Coefficients A, and B, depend on the distributor design and not on the guide - 
vane shape. Consequently, for closed geometrically similar distributors, 
the forces are proportional to the head H and the square of the runner diam- 
eter D,, while the moments are proportional to the head H and the cube 
of the runner diameter D,. 

It follows from formulas (VI. 14) and (VI. 15) that 





P M 
A^ VHD} and B, = -H0 
but 


P , M , 
rT Sabi and 7 7 Mr 


By simplifying, we obtain 


Pi 
E (VI. 16) 
Mi 


B= 


where y = specific weight of water. 
Coefficients A, and B, are referred tothe unit turbine (see definition above). 
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The dimensionless coefficients A,, By, cs, and c4, are of assistance in in- 
vestigating the forces acting on the distributor. The following coefficients, 
A, B, c,, and Cw, similar but having dimensions, were used by LMZ for 
the same purpose: 

A om AY. 
B= B. 


Cp = cn T. 


Cu = Ca, T. 


The formulas determining the forces and moments become: 
for the closed distributor 


pny (VI. 17) 
M = BHD}, 
for the open distributor 
P =c, S = c,D}(Qi)'H, 
C inn (VI. 18) 


M= - = c,Di (Qi) H. 


Forces and moments were measured at LMZ laboratories and defined by 
means of e, and Cm. Such tests consist of measuring the pressures on the 
guide-vane surface by means of piezometers. By integration, the force 
and the moment are then obtained, In practice, this is done by cutting 
grooves along the height and width of the vane; thin copper tubes are sol- 
dered into the grooves and connected to the piezometers. 

Usually, in addition to the pressure, the hydraulic moment exerted on 
the blade is also measured directly, either with a dynamometer or with 
strain gages. 





A 
FIGURE VI. 18. Loads acting on the guide vane of a closed distributor 
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Investigations of the hydraulic forces acting on the guide vanes were car- 
ried out for the first time in 1940 by P.N. Nikol'skii at the LMZ /65/. He 
found that the water flow lines between the guide vanes do not depend on the 
operating parameters (Qj and a), i.e., that within the distributor the 
direction of flow velocities does not change when the rotational speed or the 
water discharge through the runner is altered. Consequently, the distrib- 
ution of pressure on the guide-vane surface may be measured for certain 
definite operating conditions and then extrapolated for any other condi- 
tions. 

With a closed distributor, the guide vanes are subjected to pressure 
P = yH (Figure VI.18). 

The component forces along the axes X and J are 


Px = YH (ys — y) by; | (VI. 19) 
Py = yH (x, — x4) be, 


where OX is drawn from the axis of rotation to the guide-vane trailing-edge; 
OY is normal to OX; 
x, and y, = coordinates of the contact point at the trailing edge; 
X, and g,- coordinates of the contact point at the leading edge. 
The resultant force is 


P = V P+ P}. (VI. 20) 


The angle @ between the force (P) and the X axis is defined by 


The coordinates of the application point of force P are 


ro Ath, 


a. Ath 
pex 


The moments of the components Px and Py are 


Mp, = zP,. 


Mp, = —yP x. 
The resultant moment 
M, = rP = xPy — yPx, (VI. 21) 


where 





is the arm of force P. 
The moment tending to open the distributor is deemed positive (*) and 
the moment tending to close, negative (-). 
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Force P is applied practically at the middle of the height b.. 


The magnitude 
r = 6, xx pm (VI. 22) 


is called the absolute eccentricity for the closed distributor. 

Ordinary guide vanes have a positive eccentricity (Le, > Le). Thus, 
when they are closed, the hydraulic moment tends to open them; the 
danger of self-closing of the guide vanes and water hammer during closing 


is thus eliminated. 
m mtm rm, (VI. 23) 


The magnitude 
called the relative excentricity, is usually takenin LMZ practice as a, = 0.05. 
The hydraulic force P and moment M acting on the closed guide vanes 
are determined with satisfactory accuracy from the formulas 


P = Tes yH, (VI. 24) 
M= Pe, = zs yHn,L,, 
but, L, ex A , hence 
M =P t. (VI. 25) 


The magnitude and the direction of the hydraulic force and moment 
change when the guide vanes turn and water flows around them. 

The variation in the position of the application point and in the direction 
of the hydraulic force acting on the guide vane for different distributor open- 
ings a, is shown in Figure VI. 19. These data were obtained from laboratory 
tests by measuring the pressure distribution on the guide vanes. 

Figure VI. 20 shows the variation of the coefficient c, of the hydraulic 
moment as a function of the opening a, for symmetrical and asymmetrical 
guide-vane profiles, As shown in the figure, c, is nearly equal to zero for 
a half-open distributor. The coefficient c, of the asymmetrical profile with 
positive curvature varies the most, while the coefficient of the asymmetrical 
profile with negative curvature varies the least. The coefficient of the sym- 
metrical profile is positive for small values of a4,, becoming almost equal to 
the coefficient of the asymmetrical profile for large openings. 

The fact that the hydraulic- moment coefficient c, depends on the vane 
profile, in particular for small vane openings, may be explained by the fol- 
lowing: 

The vane profile with the negative curvature turns the flow away from the 
runner; the reaction of the flow at the trailing edge of the vane is directed 
toward the runner and increases directly with the curvature. 

The profile with the positive curvature turns the flow toward the runner, 
and consequently, the reaction of the flow at the trailing edge is in the 
opposite direction. | 


224 


The variation of the hydraulic-pressure coefficient e, acting on the sym- 
metrical guide vane for different distributor openings, is represented on 


the same graph. The coefficient decreases with the increase in the distrib- 
utor opening. 


25 15 
ao= 38 





0, f$ 





FIGURE VI. 19. Variation with distributor opening of application point and direction 


of the hydraulic force acting on a guide vane (dimensions given for a model runner 
D,* 460mm) 


For calculation of the hydraulic forces and moments of the prototype tur- 
bine for different distributor openings, formula (VI.18) may be used, The 
coefficients c, and c, may be found from the appropriate model-test graphs. 

The variation of the hydraulic moment acting on the guide vane is shown 
in Figure VI. 21. The moment reaches its maximum value when the distrib- 
utor is closed, i.e., @ = 0; when the guide vanes open and water begins 
to flow in, the moment decreases to zero and then becomes negative, in- 
creasing at first and then once more approaching zero. 
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The nature of the variation of the moment is the same for different pro- 
file shapes; only the magnitude of the moment changes. 

The self-closing distributor as a means of preventing turbine runaway 
was Siudied at the LMZ. If the guide vanes could be so shaped that the 
hydraulic moment would close them whatever their initial position, this 
would constitute efficient runaway protection. The turbine could then be 
designed without taking into account the runaway speed. The force distrib- 
ution in various distributors for a medium-head Kaplan turbine was studied 
in the LMZ laboratories, Three types of guide vanes were investigated 
(see Figure VI. 22). 
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Power tests on models showed that turbine efficiency is the same with 
the first and second design variants, but that owing to the divergence from 
the vane shape of the flow direction at the scroll exit, the profile of the 
third type considerably lowers efficiency (by about 6 to 7%). This design 
was then discarded. 

Investigation of the first and second designs showed that the magnitude 
and also the sign of the hydraulic moment depend on the setting of the guide 
vane with respect to the scroll casing. 

The resultant moment acting on all the guide vanes depends on the en- 
veloping angle of the scroll. For small angles, which are typical of medium- 
head Kaplan turbines, the resultant moment exerted on the open guide vanes 
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having a symmetrical profile is almost equal to zero, Self-closing of the 
distributor is impossible in this case since the hydraulic moment is not 
sufficiently large to overcome the frictional forces in the guide-vane bear- 
ings. 


First alternative design (excentricity + 0.039) 





Third alternative design (excentricity 0) 


| P 94 eee 


FIGURE VI. 22. Guide-vane profiles for a self- 
closing distributor 


If the guide-vane eccentricity is increased andits sign changed (profile II) 
the hydraulic moment acting to close the vanes at 8mall openings becomes 
much larger, requiring an increase of the servomotor force by 50%, It de- 
creases considerably at large openings, however, becoming almost equal 
to zero — too small to overcome the frictional moment in the guide vane 
pivot bearing. The attempt to use conventional guide-vane profiles which 
ensure the optimum efficiency for self-closing distributors, has so far been 
unsuccessful. 


34. DETERMINATION OF SERVOMOTOR PARAMETERS 


In order to turn the guide vanes, not only the hydraulic moment, if act- 
ing against the direction of motion, but also the frictional moment occur- 
ring in the guide vane pivot bearings, has to be overcome. 

Piston servomotors produce the force required to turn the guide vanes. 
The actuating force of the servomotor required for a certaindistributor open- 
ing must overcome both the hydraulic and frictional moments, and must also 
ensure the necessary rotational speed of the guide vanes; the servomotor 
should also develop the force necessary to overcome friction in the actuat- 
ing mechanism. To ensure tight contact of the vanes in the closed position, 
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the servomotor should impart adequate sealing force to all the connecting 
elements of the guide vanes, The additional moment exerted for this pur- 
pose on the guide vane pivot is called the sealing moment. 

Consequently, the moment required to close the distributor is 


M, > Mut Mpc Me (VI. 26) 


where M, = moment of servomotor exerted on the guide vane; 
My - hydraulic moment acting on the vane; 
Mg. = frictional moment at the guide vane bearings; 
sa] ^ Sealing moment. 
According to formula (VI. 25) 


x*Dpi 
Mic” ri nby. 
The frictional moment is 
Mge = +H(R, e +R pfo + R.d.). (VI. 27) 


where Ric R,,and R__ = reactions of the guide vane bearings, determined 
by the hydraulic pressure on the closed guide 
vane; 
da, d, and d, = diameters of the guide vane pivots (Figure VI. 4); 
p = coefficient of friction; 
for steel on bronze: p = from 0.15 to 0.20; 
for steel on wood plastics: p = from 0.08 to 0.12. 
When calculating the frictional moment, one usually neglects the effect 
of the servomotor force applied on the guide vane lever, 


Mea = BeaiLo- 
but, 
aD, 
L, = =, and P= beh, 
so that 


M, qoo -. (VI. 28) 


where q = pressure at the contact surface of the vanes; 
h = width of the contact area. 
Consequently, the required moment in the closed position of the guide 
vanes is 


M. 2 neb,yH + E (Ride + RA, + RA) + qoeh = . (VI. 29) 


The moment required to turn the open guide vanes is 


M, = +M,, + Mp (VI. 30) 
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The sign of the hydraulic moment depends on the direction of movement: 
opening (+) and closing (-). The hydraulic moment computed from the 
formula (VI. 18) is 


Mp = mD H (Qi) *. 
Experimental values of c, determined by laboratory tests should be used 


when calculating the hydraulic moment for different distributor openings. 
The frictional moment at the vane pivot is 


M, = -y P (ud, + Rd, + RA). (VI. 31) 


The reactions in the vane bearings depend on the hydraulic force. 

The magnitude of the hydraulic reactions with open distributor may be 
computed in an indirect way, using the magnitudes determined for the closed 
position, i 

For a closed distributor the hydraulic force is (VI. 24) 


aD, 
P= Tt — 


The hydraulic force acting on the closed distributor is readily determined 
from formula (VI. 27) 


Mpo = -p P (Rida + Ryle + Ref). 


It is convenient to express the bearing reactions in the closed distributor 
as a fraction of the hydraulic force, namely 


Rac = RaP à 
Roc AS 


Roc = RF 
Hence, the values of k, kp, and k, for the closed distributor are 


Rac Roc, Rec 
TES mp k= 


It may be assumed that the ratios of the reactions to the forces are the 
same for the open distributor, so that the frictional moment is 


M, = -y P (keda + bd, + kedi) Phe (VI. 32) 
The value of P, is determined from the formula (VI. 18) 
P= eDi (Q)* H, 


c, is known from model test. 
In calculations, one determines the hydraulic and resistance moments for 
different distributor openings, and tabulates the results (Table VI.2). The 
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determination should be made for 7 to 10 values ofa,. The required mo- 
ment for rated as well as for maximum head must be determined. 

The results are usually represented on a graph. Figure VI. 21 shows 
several values as a function of the distributor opening a,: the hydraulic 
force P,, the frictional moment M,, the hydraulic moment M, and the servo- 
motor moment M, during opening and closing of the guide vanes. 


TABLE VI. 2 





* Distributor closed. 


Knowing the moment that has to be exerted on the guide vane, and select- 
ing the proper kinematic linkages between the guide vane and the servomotor, 
one can determine the dimensions of 
the servomotor and the oil pressure 
required to ensure the force needed 
to turn the guide vanes. 

The kinematic diagram of the guide- 
vane actuating mechanism adopted by 
LMZ is shown in Figure VI. 23. It en- 
Sures a certain correspondence be- 
tween the required moment exerted by 
the servomotor on the guide -vane lev- 
ers and the variation of the hydraulic 
moment on the vane, The required 
moment reaches its greatest value 
when the distributor is closed (a= 0) 
or nearly closed. If the opening in- 
FIGURE VI. 23. Schematic diagram of the guide creases and the hydraulic moment de- 
vane operating mechanism creases, the moment is also re- 

duced. This may be easily veri- 

fied by considering the following re- 
lations. From the kinematic diagram of the operating mechanism, it ap- 
pears that the force*of both servomotors P,, applied at the lug of the gate 
ring at the diameter D, will be transmitted to the hinge of the guide vane 
link as the force P, applied at the diameter D,. 
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P; = B. (VI. 33) 
The force acting along the link is 


: gs. 
Py, = P; cat = (VI. 34) 


The force that produces the turning moment at the end of the vane lever 
is 


Py = Pa siny = EET, (VI. 35) 
The moment of the servomotor is 


M,= Pil, = = 25l ax (VI. 36) 


Denoting all the constants by A, 


2h =A, (VI. 37) 
$ 

si 
M, = AT. = (VI. 38) 


It appears from relation (VI. 38) that in order to obtain the greatest 
possible moment M,,the angles f and y should be taken as close as possible 
to 90°. 

The diagram of the operating mechanism shown in Figure VI. 23 meets 
these requirements. 

In the closed position of the distributor, when the maximum moment 
is required, the angle f is a maximum; it is usually between 70 and 80°. 
In the open position of the distributor, when the required moment may 
be smaller, the angle B is also less. The angle y generally remains 
unchanged, i.e. nearly 90°. 

For the design of the distributor, the exact values of these angles are 
determined in the following order: 

The value of the maximum force P, required from both servomotors, 
with the distributor closed, may be determined from formulas (VI. 29) and 
(VI. 36) 


zD, cosp 


P.,2—.— 
Dy, way 


a*Di 
| u neboyH + = (Rad, + Ry, + 


TRA) ente. (VI. 39) 


Examination of this formula shows that to obtain the smallest forces 
required, and consequently, minimum servomotor dimensions, one should 
adopt the following dimensions for the guide-vane-actuating mechanism: 
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D — at a minimum; 

lj, —at a maximum; 
B and y — nearly 90°; 

D, — greater than D,. 

However, these requirements can be met only within certain limits. 
The diameter of the guide -vane pitch-circle is usually selected as small 
as permitted by the external dimensions of the runner, so that in the open 
position, the trailing edges of the guide vanes do not hinder rotation of the 
runner in the Francis turbine. In Kaplan turbines, the guide vanes should 
not extend too far into the throat ring, otherwise they will hinder the ad- 
mission of water into the runner. 

The length of the guide-vane lever /, is limited by the space actually 
available on the turbine cover-plate between the guide-vane circle (diam- 
eter = D,) andthe gate-ring (diameter = D, ) these diameters depending on the 
dimensions of shaft and bearing, and on the requirements for maintenance 
of the latter. 

The fundamental relations for distributor proportions were established 
at the LMZ on the basis of practical turbine design. 

The basic dimensions of a cylindrical distributor are given in Table VI. 1; 
the dimensions of the actuating mechanism in dependence on the runner diam- 
eter, as given in Figure VI. 24, are listed in Table VI. 3. 

Usually, the distributor is built first and then the dimensions of the actu- 
ating mechanism are selected according to the servomotor stroke required 
to provide the required guide- vane opening. 

The friction in the links of the operating mechanism is small enough to 
be neglected when calculating the servomotor force; this is usually done 
in order to simplify the calculations. 

Once the actuating mechanism is selected and its position for different 
distributor openings known, the curves of the required servomotor moment 
M, for different distributor openings a, may be plotted. 

These curves are shown in Figure VI. 21 for the opening and closing of 
the distributor. The figure illustrates the relation between the moments 
exerted upon the guide vane, as well as the available reserve moment; as 
can be seen, the reserve moment is not the same for all distributor open- 
ings. 

The moments M, and Mp can be calculated for different heads. For the 
maximum head H œ the largest moment required M, max is calculated. 

Knowing the servomotor force P, and the maximum moment M, may, it 
is possible to determine the area of the servomotor piston and the minimum 
oii-pressure p in the regulating system which ensures the closing of the 





min 
distributor: 
P, max 
F = =. (VI. 40) 
P min 
For one piston servomotor 
st x x P 
Fe-——; =(d— dt) = — 


where d, = servomotor cylinder diameter; 
d, = piston-rod diameter. 
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FIGURE VI. 24. Guide-vane-actuating mechanism 


Consequently, the servomotor cylinder diameter is 


V 4P 
d, = A Ed ; (VI. 41) 


For two servomotors 


F s — A). 


+ (dt— di) = (VI. 42) 


Ps. 
Pain 
Hence, the diameter of one servomotor will be 


d = y (Z+ a). (VI. 43) 


min 


Normally, the oil pressure p in the regulating system is 25 kg/cmĉ; 
the minimum pressure under which emergency closing of the distributor 


occurs, Paa is 14kg/cm?. 

In recent years, oil pressures in regulating systems have been in- 
creased to p = 40at. 

The servomotor stroke depends on the distributor design and is deter- 
mined accordingly. The cylinder diameter may also be determined by ap- 
proximate calculations from empirical formulas. 

The following formula may be used for the preliminary selection of the 
cylinder diameter in accordance with LMZ standards: 


where à = coefficient, depending on the blade number; 
k, = distributor height related to runner diameter (relative height). 


b, 


kh, = D. 
The value of À is selected from Table VI. 4. 


TABLE VI. 4 









Number of blades 


Values of coefficient À 
emm mm 
gcns 


Usually, turbine plants manufacture a series of standard servomotors. 
The calculated value of the cylinder diameter should therefore be ad- 
justed to the nearest standard value of the series. At the LMZ, the stand- 
ard diameters are: 





d, — 200, 250, 300, 350, 400, 450, 500, 600, 700, 800 mm. 
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FIGURE VI.25. Charts for the determination of the distributor-servomotor cylinder diameter 
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TABLE VI. 5 


Coefficients for the determination of the distributor-servomotor cylinder diameter 


Coefficient 

L[XEECOHIDCS As 
D, m 

| Kaplan | ane | Kaplan | Kaplan Francis 
o | = [ow | - [em | - |o 
ss | ooa [oom | ooms | cow | eon | come 
m [oom [oom | oom f oon | ome [ omm 
ao [eme | soe | oom | oo | sam | some 
ss | oom | ewm | om [oan | ons | omer 
sr [eam | oom | oom | om | oos | oman 
n er 
ss f om f om eam | tom [ nm | om 
so | ome | ome | sam | com | oms | omm 
s | ease | omm | omm | omm [ oomi [omm s. 
6.0 0.0525 | 0,065 | 0.0123 | 0.014 | 0.0267 | 0.00074 
ss ease f ome | oom | oou | tam | nam 
a [osn - w-]- [oom - 
w [com | - | com | - [corm 


The servomotor stroke may be calculated approximately from the follow- 
ing empirical formula 


S = (1.4 — 1.8) ao. (VI. 45) 


Smaller coefficients are adopted for turbines having a runner diameter 
up to 5m. 

According to LMZ standards, the guide-vane mechanism is actuated by 
two servomotors, The diameter of each servomotor cylinder is computed 


from the formula 
d, = D, V A [Ashna + (8 + 1) As) ko (VI. 46) 


where A, = coefficient allowing for the kinematic connection between guide 
vanes and gate ring; 
A, = coefficient allowing for the guide- vane axis eccentricity and 
vane number; 
A, = coefficient allowing for the moment necessary to ensure tight- 
ness between the guide vanes. 
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The values of the coefficients A,, A, and A, are listed in Table VI. 5; 
they are calculated for a normal oil pressure in the regulating system of 
25 kg/cm2 and a minimum pressure of 14 kg/cm? in the servomotor for 
emergency closing [of the distributor]. The diameters of the distributor 
servomotor cylinders are given in charts (Figure VI. 25), plotted from 
formula VI.46 for Kaplan and Francis turbines. 


35. GRAPHICAL LAYOUT OF THE DISTRIBUTOR 


The graphical layout of the distributor makes it possible to determine 
the servomotor stroke necessary to achieve full distributor opening, select 
the final kinematic diagram of the operating mechanism, and check that ad- 
jacent levers and links do not come into contact after the rupture of 
the breaking links when the actuating mechanism is in an extreme position. 
In order to design the distributor, the 
opening a, should be known. The dis- 
tributor opening a, depends on the tur- 
bine specific speed n,. With higher 
Specific speed, and consequently great- 
er discharge capacity, the relative dis- 
tributor opening should increase. High- 
Speed turbines require a greater dis- 
tributor height bə. 

The tentative values of the maximum 
distributor openings a, and height b, 

100 200 300400500600700800900 R s are given in Figure VI. 26 as a function 
of the specific speed n,. The curves 
are plotted from L MZ data. 

In a low-speed turbine with a, = 200, 
a, Should be = 43% of the maximum at- 
tainable opening (with the vanes in a 
radial position) and the distributor height b, = 0.18D,; when a, = .800,a, 
must be ~ 77% and b, = 0.5D, At such high specific speeds, values of 
a, and b, smaller than those recommended are conducive to increased ve- 
locities in the distributor and thus to increased losses. 

For practical design purposes, the opening of the distributor is deter- 
mined from the universal chart of the given runner. 

The discharge corresponding to a given guide vane profile, depending 
upon the opening a, and the runner type, may be determined by tests on the 
runner model. Curves of equal distributor opening a, are plotted on the 
universal chart. 

When designing the full-scale turbine, experimental results from the 
universal chart, as well as data provided by turbine-model tests on profile, 
height, number, diameter, and setting of the guide vanes are used. 

The guide vanes of the full-scale turbine are geometrically similar to 
those of the model. 

The basic proportions of the guide-vane profile are standardized at the 
LMZ; they are represented in Figures VI. 27 and VI. 28 for symmetrical and 
asymmetrical concave profiles, respectively. 





FIGURE VI. 26, Tentative values of the dis- 
tributor opening ae and height b, as a function 
of specific speed Rẹ 
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Note: Dimensions Leg, and Le, to be determined during design 


TABLE VI. 7 


parameters of asymmetrical guide -vane profiles 
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Dimensions Leg, and £g, to be determined during design 


Note 


>: 


a 
: 
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FIGURE VI.29. Graphical layout of the distributor, including actuating mechanism with a breaking bolt in the link 


After selecting the guide-vane profile according to the model tests, one 
determines the number of guide vanes and the pitch-circle diameter from 
the curve of the maximum distributor opening ämma» given on the universal 
chart, according to the rated turbine operating conditions. 

Usually the maximum distributor opening is determined for minimum 
head, so that the maximum discharge ensures the required power output 
in that condition. Under the rated or maximum head, it is not usually nec- 
essary to open the distributor completely. 

The distributor opening ama, for the full-scale turbine may be determined 
approximately from the formula 


domis = lomas are (VI. 47) 


After selecting the distributor proportions, with a, known, one proceeds 
to the graphical layout, as shown in Figure VI. 29, The adjacent guide vanes 
are drawn in to the largest possible scale, both for the closed position, and 
for several openings a. For each position of the guide vanes, one also 
draws the levers and links in the corresponding position, and determines 
the gate ring displacement along the diameters D, andD,. The displacement 
along the diameter D, equals the servomotor-piston stroke s. The piston 
stroke s includes the stroke As to ensure the required force for the distribu- 
tor closing, thus allowing for the elastic deformation of the actuacting mech- 
anism. 





FIGURE VI. 30. Shock absorber in the guide- vane 
link 


When plotting the layout of the distributor, templates cut from thick 
paper or cardboard to suitable scale are used for the guide vanes. "These 
templates facilitate drawing. The positions which guide vanes, levers, and — 
links assume after the rupture of the breaking link, when the kinematic 
linkage between the parts of the actuating mechanism is broken, should be 
exactly determined so as to prevent damage to these parts. 

The position of the links with respect to the lever after the bolt breaks 
when the guide vane jams, with the lever in the open position, is represent- 
ed by dotted lines in the figure. The link does not touch the link of the ad- 
jacent closed vane. The larger the distributor opening, the more difficult 
it becomes to prevent the links from touching when the connection between 
the parts of the mechanism is interrupted. 
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For this reason it is sometimes necessary to use curved levers. 

The lower ring of the distributor or the speed ring should be provided 
with stops which limit the rotation of the guide vane around its axis and 
prevent dangerous vibrations or rotational movement of the guide vane after 
breaking-link rupture. 

The links of the actuating mechanism represented in Figure VI. 29 are 
provided with shock absorbers (flexible stops) (see Figure VI. 30) which 
limit the movement of the slide block after breaking, thus preventing two 
adjacent links from touching. Apart from this, the guide- vane movement 
with the lever and the slide block is smoother after breaking. 





FIGURE VI. 31. Graphical layout of a distributor with a breaking pin in the lever 


The graphical layout of a distributor with a breaking pin in the lever is 
shown in Figure VI. 31. The drawing procedure is as before. Latest Soviet 
turbines are provided with this type of mechanism. 


36. THE GUIDE VANES 


Design. A cast guide vane for a Kaplan turbine — of standard LMZ de- 
sign — is shown in Figure VI. 32. 

The guide vane consists of the streamlined vane body (2) and the upper 
(1) and lower (3) pivots. The upper pivot is longer than the lower one; its 
ground surfaces are guided in two bushings on the upper distributor ring. 
The lower pivot is guided in the bushing mounted on the lower distributor 
ring. The lever is fitted on the top end of the upper pivot — accurately ma- 
chined for this purpose — and keyed by means of a pin. 
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The guide vane is usually hollow; the wall thickness is determined on 
the basis of strength considerations. The thickness of the guide-vane body 
at the joint with the upper pivot is often less than the pivot diameter: it 
is therefore necessary to ensure a smooth transition from the pivot to 
the vane body. Usually, the latter is not machined, but merely ground; 
hence, the guide-vane surface should be carefully cast. 
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FIGURE VI, 32, Cast guide vane 


Only trailing edge (8) and the contact line with the adjacent vane are ma- 
chined. A dovetail-shaped groove is cut on the guide vane surface along 
this line for taking the rubber cord (4). Its position is defined by two 
radii (here R = 490 and R = 219) which may be determined from the graphi- 
callayout of the distributor. Experience in the operation of distributors 
with rubber seals between the guide vanes has shown that the shapes of rub- 
ber cord and groove must be carefully selected and matched. The rubber 
cord should be stretched tight in the groove, since otherwise it might be 
carried way by the water flow. The best procedure is to bond the rubber 
to metal plates and bolt them to the guide vanes, but this complicates guide- 
vane manufacture. 

Alternative welded guide-vane designs are shown in Figure VI. 33. An- 
other system of fastening the rubber seal to the guide vane is shown also. 
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The rubber cord (6) is pressed into metal plate (7) which is fastened by 
bolts (8) to the groove provided in the guide vane. In this way, the rubber 
is more securely fastened to the guide vane. When selecting the thickness 
of the sheet for the welded guide vane, the depth of the groove for the rub- 
ber seal should be taken into consideration. 






Cast pivot 


Section I-I 


Cast vane 





Cast pivot 


FIGURE VI. 33. Welded guide vane: 


a—from cast sections; b—cast and welded sections. 


Many guide-vane designs exist where the sealing between adjacent vanes 
is achieved without rubber by tightly pressing the guide-vane edge, adjusted 
on the spot, to the flat surface of the adjacent guide vane. 

The first method — the use of smallest practically-admissible clearances 
— requires more precise machining of the lateral guide-vane surfaces and 
more precise ring assembly. 

When rubber cords are used to seal clearance spaces between the guide 
vanes and the upper and lower rings, the machining and assembly of the dis- 
tributor parts may be done with larger tolerances, However, if the rubber 
seal is forced out of its groove, the leakages across the clearances may 
increase considerably. 

Inclined surfaces (5 and 6) (see Figure VI. 32) are provided on the guide 
vane for better sealing of the clearances; when the guide vane closes, they 
are pressed against the rubber cord, 

At large distributor openings in Kaplan turbines, the trailing edges of 
the guide vanes extend over the throat ring. It is therefore advisable to 
make the lower part (7) of the guide vane thinner, in order to avoid exces- 
sive rotation of the flow. 

In welded guide vanes (Figure VI. 33), the pivot is welded to the guide- 
vane body all along its periphery; a reliable welded joint is thus obtained. 

It is not advisable to weld the pivot directly to the guide-vane body, because 
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the guide vane thickness is small compared with the pivot diameter. Alter- 
native design a represents a guide vane made of cast parts, with pivot and 
guide-vane body welded together to form a single construction. 

The fact that in this design the guide vanes are made up of separately 
cast parts considerably simplifies the casting process, permitting the 
use of mechanical molding. This design is recommended for steel guide - 
vanes, 





FIGURE VI, 34, Load distribution on a guide vane 


The same figure shows a second design, a guide vane consisting of three 
plates (3), (4), and(5), welded together with vertical seams. Plate (4) is 
welded to the other two by electroslag welding. Plates (3) and (5) are 
stamped out according to the guide-vane profile. 

Flat plates, cast together with the upper (1) and lower (2) guide- vane 
pivots, are welded both from above and below with horizontal seams to 
the guide-vane body. This design was developed at the LMZ, and the ex- 
periment proved quite satisfactory. 

Welded guide vanes do not weigh less than cast vanes, but their cost is 
409» lower; hence, their increased use in turbine construction nowadays. 

Strength calculation, The guide vane is designed to resist both bending due 
toforces normaltoits axis, and torsion due to moments applied to the lever. 

In calculation for resistance to bending, the guide vane is assumed to 
be a beam resting on three supports, subjected to the load q due to water 
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pressure p, distributed over the largest part of the beam span, and to the 
concentrated load P of the lever, exerted in the same plane, but at the over- 
hung end (Figure VI. 34). 

The support (bearing) C may be placed above the line which joins the 
bearings (A and B). 

The stresses due to bending at the beam cross-sections vary with the 
displacement of C with respect to A and B; a position may always be found 
for which the bending and torsional stresses will be the smallest. The opti- 
mum displacement of C, determined by calculations with allowance for ma- 
chining tolerances, is obtained in practice by proper selection of the clear- 
ance at the upper guide-vane pivot. 

Owing to the clearance at the upper support (bearing C), the guide vane 
acts at small loads as a two-end supported beam, the third support — which 
effects a redistribution of stresses in the beam — being added only at large 
loads. 

When calculating the bending stresses in the guide vane, one allows for 
the fact that the moment of inertia changes along the guide vane. 

It is only the upper pivot that is calculated to resist torsion. The tor- 
sional] stresses in the guide-vane body are small, and may therefore be ig- 
nored. The strength design of guide vanes consists of determining the 
stresses © at the critical sections as a function of the deflection g at the 
upper bearing C, and selecting the most advantageous deflection at which 
the stresses at different sections are approximately the same. The guide 
vanes are usually calculated for the closed position, when the pressure is 
higher and the load reaches a maximum, The head acting on the guide vane 
is determined from the formula 


H' — (1 - 9 H, (VI. 48) 


where § = relative increase of head at instant of full distributor closing, 
usually determined to allow for optimum regulation conditions, 
on the average E =1.3 to 1.5. 
The force developed by the servomotor and applied at the lever is 


P = P, cosa; 
Since cos al, one usually takes 
P= P.. 


The analytic method of calculating guide vanes by considering them as 
multiple-supported beams of variable rigidity was developed by A. E. 
Zhmud'. His technique is basically the following: 

The differential equation of the elastic line for each section is written 


Ely’ = M, (VI. 49) 


where E = modulus of elasticity; 
J = moment of inertia; 


y” = second derivative of the deflection; 
M = bending moment. | 
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After the first integration we obtain 
EJy' = | Mix = A (x) + C. (VI. 50) 
After the second integration we obtain from 
EJy = f dx § Mdx = B (x) + Cx + D (VI. 51) 


two arbitrary constants, Fora sections, 2n arbitrary constants are un- 
known, There are also k unknown reactions at supports, so that the total 
number of unknown quantities equals 


2n + k. 


The constants may be determined by applying the following conditions: 

1) at the boundary between two sections, the deflection of the left-hand 
section is equal to the deflection of the right-hand one; this yields a condi- 
tions; 

2) at the boundary between two sections, the angles of rotation of the 
left and right sections are equal; this yields ^ more conditions; 

3) the deflections at the supports are nil; this yields k conditions; 

4) the sum of the projections on the y axis (normaltothe guide- vane axis) 
of all forces must be equal to zero — one condition; 

9) the sum of the moments of all forces about any point of the beam 
must be equal to zero — one condition, 

Consequently, 2^5 + k conditions are available for determining 25 +k un- 
known quantities; the solution of the problem is fully determined. 

By deriving the equations of the elastic line for each beam section — in the 
given case, for a three-end supported guide vane — we obtain a system of 
equations for determining the arbitrary constants of integration. Here, 
the deflection y, of the pivot at the bearing C is determined as the sum 
of deflection y, due to the distributed hydraulic pressure P,, deflection yey 
due to force P, applied on the lever, and deflection y,,, due to the reaction 
of support R,. 


Ye = Ja + You + You - (VI. 52) 
Leaving aside the determination of the deflections, whose formulas the 


reader may find in S.A. Granovski's monograph /24/, we write their final 


expression, 
The deflection at bearing C, due to hydraulic pressure: 


EM (th dod) 


ej. — 9€ E: S E: aA E 
(3-3 EEA] can. 


The deflection at bearing C, due to the force P,: 


va = P | SPE (i-a 
terum 7m) 0], (VI. 54) 
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The deflection at bearing C, due to reaction R,: 


Ven = RAS [a8 + (a} — al) + (1—03 + a) 72. (VI. 55) 
where 
Dp. 
k= ay: 







and E = modulus of elasticity; 
J; = moment of inertia of the 
lower guide-vane pivot; 
Ni Ju = moment of inertia of the 
guide-vane cross section; 
e Jiu: = moment of inertia of the 








upper guide-vane pivot; 









7/4 
LLL, 


2. Determine the moment of inertia and 
section modulus of the guide-vane cross sec- 
tion by dividing the section into elementary 
areas, as shown in Figure VI. 35. 

Let us denote by 6, the width of the strips 
located above a given line 0O, and by b, the 
width of those located below. The distance 
between the strips is denoted by h. The guide 
vane cross-sectional area is 


À S 2 L, by, lg, lp» la l = lengths as shown in Fig- 
SN , N '6 ure VI. 34. 
š NN | N d The reactions at the supports A and B are 
"N WY i 
NN S - R, = Pa, + P a — Ra (VI. 56) 
N N 
\\ Poo aes 
NT T- AN : 
SN SN m T R, (i + 2). (VI. 57) 
RW | NY = | | 
‘LN SS | £ In calculating the guide vanes, the follow 
AN NN = ing procedure is adopted: 
NW NNN 9 1. Determine the moment of inertia J and 
NYS SNS 8 the section modulus W of the guide-vane pivots; 
SASTRY £ 
NSW. NS : 
UN MANSIS S j= M € y, M." has 
NWN N : OO a Cm REE 
Ñ NX \ E ad; 2J nd — 
N N 2 Jin = acm; Vin= m =a Cm; 
N : 
N : 
N U 
A " 
* 
D 
2 


La 


ZZ 


77 


LLL A 


[A 
Lig MM ms 


TLL, 
SIL fy 






Pr. 


F =h(£b, +2b)em? (VI. 58) 
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The static moment about 00 


S= h [za (4) - za (£7)]. (VI. 59) 


The distance of the neutral axis from 00 
ây = i cm, 
The moment of inertia with respect to the line OO 
raw [z(t + 
+ 2 (1-)]em*. (VI. 60) 
The correction for the distance of OO from the neutral axis 
AJ = FAy! cm‘. 


The moment of inertia with respect to the axis passing through the cen- 
troid of section 


J-J'—AJcm*. (VI. 61) 


The minimum section modulus 





J 
W ae = Jaar 
3. Determine the servomotor force P, applied at the lever 
P,D, sin 
isi cu “E. 
where P, is determined by the formula 
R 
4. Determine the hydraulic pressure acting on the vane from the formula 


RDH” 
P, = ET: kg. 


5. The load per unit length 


q ==" kg/cm. (VI. 63) 
6. Determine the coefficients a. 
7. Determine the coefficient k. 
8. Calculate the deflections at bearing C 


Vey Yen’ Vem 
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from the formulas (VI. 53, VI. 54 and VI. 55). 
9, Determine from the formula (VI. 52) the total deflectionat bearing C. 
10. Determine the maximum deflection, when R, = 0 


Ym = Jc, + ey CM 


11. Determine the reaction of the supports from the formulas (VI. 56 
and VI. 57). 

12. Determine the bending stresses at various vane sections. 

At the joint (transition) between pivot A and guide-vane body, section 
171 


a, = pe kg/ cm? (VI. 64) 
section 2-2 — in the guide-vane body 
e, [841.45 — | gt kg/ cm?; (VI. 65) 


section 3-3 — at the joint between guide-vane body and pivot B 


4] à 2. 
m [aati — | v kg/cm^; (VI. 66) 
section 4-4 — in the pivot at bearing B 
— 
g rot kg/em?; (VI. 67) 
section 5-5 — in the pivot below bearing C 


o, = Der. kg/cm. (VI. 68) 


13. Determine the torsional stresses in pivots B and C 
— 2 VI. 69 
t War kg/cm^. (VI. 69) 
14. Calculate the combined stress in pivots B and C 
e, 
e, =- + i V ci +48 kg/ cm?. (VI. 70) 
15. Determine the pressures in the pivots 
Pivot A: o; = 4 kg/ cm? 
4 dala 
; . d.m AB 2 
Pivot B : c, dais Kg/ cm (VI. 71) 


Pivot C: o= 1E kg/cm? 
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16. By taking different predetermined values (in steps of 0.5 or 1 mm) 
for the deflections y, within the range from y, = 0 to y, s yas, find the 
stresses at the guide-vane sections, and the specific pressures, and deter- 
mine the reaction of the supports. Enter the results in Table VI. 8. 


TABLE VI.8 


Form for entering the calculated stresses due to pressures and reaction of supports 


Bending stresses, kg/cm? | Combined stresses 





Pressure, kg/cm? 






o 
£ 
ẽ 
$ 
4 
Ln J 
o 
o 
p 
© 


kg 





17. From the data obtained, plot the curves of the stress variation at 
various guide-vane sections as a function of the deflection at bearing C. 
Curves of this type are shown in Figure VI. 36. 

Select on the graph the most advantageous deflection at bearing C, to 
which the most desirable stress distribution at the guide-vane sections cor- 
responds. With the kinematic diagram of the guide-vane-actuating mechan- 
ism adopted by the LMZ, this occurs with deflections of about half the 
maximum value. 

The reaction of the supports are usually as follows: 


R, = (0.4 — 0.5) R; 
R, = (0.8 — 0.85) P ; (VI. 72) 
R, = (0.4 — 0.5) P.. 


18. For the selected value of the clearance at bearing C, check the 
stresses at the sections between bearings B and C. 

Section I-I: 
bending moment 


M; = P, (l, — a) — Re (k — a). (VI. 73) 
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bending stress 


9 = P». (VI. 74) 
torsional stress 
ge DIL. (VI. 75) 
combined stress 
1 1 
%= 2 9t 2 ,T 4€. (VI. 76) 





FIGURE VI. 36. Stresses at guide-vane cross sec- 
tions for various deflections 


Section II—II: 
bending moment 


Mu = P, (f — 44-6) — Rb, (VI. 77) 
bending stress 
— VI. 78 
Tp Ww" 


L— a= = . i 9 


19. Determine the actual diameter of pivot C, allowing for a fit toler- 
ance at pivot B usually taken as i. 


The maximum clearance at pivot C 
AC nax™ 2Y — AB nin (VI. 80) 


The minimum clearance at pivot C 
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AC aia 2Y— AB nar — 5, (VI. 81) 


where AB ae and AB,,, = minimum and maximum diametrical clearances of 
pivot B; 
6. = machining allowance for pivot C (taken according 
to third class (C4) of allowances). 
Actual maximum diameter of pivot C 


d mas = do — Aure (VI. 82) 


Actual minimum diameter of pivot C 


d, aie = de — AC aer (VI. 83) 


20, Check the strength calculation of the guide vane for the increase 
in force P, — namely Pj — occurring on rupture of the breaking element pro- 
vided at the lever or link. 

Guide-vane bearing. The design of the guide-vane bearing may be seen 
in Figure VI. 14. The bearing is a cast-iron flanged cylinder. The flanges 
are provided for mounting the bearing on the upper ring of the distributor. 
Two antifriction- metal bushings inside the bearing serve to guide the upper 
pivot of the guide vane. Special grooves for the seals, and holes for 
lubrication, are provided in the bearing body. The bearing flange may be 
shaped so as to cover the holes in the ring provided for guide-vane re- 
moval. The bottom end of the bearing has a centering collar fitted — with 
small clearance — into its seat in the upper distributor ring. 

The diagram of the forces acting on the bearing is shown in Figure VI. 37. 
The horizontal forces R. and R,are the reactions at the bearing-bushing 
centers; the vertical force due to water pressure acts upon the lower col- 
lar of the bearing and is of importance at high heads only. 

Since reaction R, is applied close to the supporting flange, in calculat- 
ing the resistance of the bearing to bending, only reaction R, is assumed 
to be acting. The fit of the lower bearing end into the upper distributor 


ring is usually adopted according to the second classoftolerances, A . This 


fit permits the clearance to be varied from zero to a certain value 6. Ac- 
cording to this, the resistance of the bearing to bending is to be calculated 
for two cases: case one — a beam (a) rigidly fixed at one end, and freely 
supported at the other, and case two — a cantilever beam (b) with the 
deflection equal to the maximum fit clearance. The first case is shown in 
Figure VI. 37, à. The calculation is performed in the following order: 

1. Determine reaction R, at the support /73/ 


TEES Caci EM CR "(s—4-). (VI. 84) 


2. The moment at the fixed end A is 


R, Ü4- cL: SAL Ryl i v⸗ l 
M, = — A = A) 4+ 2-3-4]. (VI. 85) 
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3. The moment at section I-I 
M, = — M, + RU, (VI. 86) 
where 
Re = R, — Rp. 
4. The moment at section II-II 
Mı = R, (1-4, (VI. 87) 
5. The moment at section III-III 
Mum = Rely. (VI. 88) 
6. Determine the corresponding section moduli 
W, Ve Wi Vin 


7. Determine the stresses at the given sections 


" : o Mi. ° Mn. d Mm 
gT TOES ST ba T Was IM 
f Mo a b 
oe d c | 


BS 
La] S N 
NY REX 
SSSSSSSSSSSNS 
A AN 
Au 
N 
GEHE RE 
X 
* 


N 
E 
MMA 


ià 

N pm 
Es 

m 


NN 
ETN 
> 





FIGURE VI.37. Stresses in guide-vane bearing 
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In order to find the stresses in the bearing when maximum clearance re- 
sults in the assembly at an a fit (alternative design b in Figure VI. 37), we 


first determine the maximum deflection at the bearing and the correspond- 
ing stresses, and later — since the stresses are proportional to the defor- 
mations — we calculate the stresses from the maximum possible deflec- 
tion of the bearing within the limits of the maximum clearance. 

The calculation procedure is as follows: 

1. Determine the maximum deflection of the cantilever beam at section 
III, due to the force R, 


yn = — (VI. 90) 


where J; = moment of inertia of section I 


4-599. 


2. Determine the deflection at point F. After the application of the 
force, the deflection y at point F is proportional to the length (, 


y = ym l, tanß, (VI. 91) 


where 


R 
bu 


3. Determine the stress corresponding to the maximum possible deflec- 


tion. 
At section A (the fixed end) 


IB a= v 
6, yt . (VI. 92) 
At section I-I 


—Ry(4— 
g = 9. (VI. 93) 


At section II-II 


X =E. (VI. 94) 


At section III-III 
M, zz 0; qa = 0. 


4. Determine the stress corresponding to the maximum possible deflec- 


tion within the limits of the maximum clearance of an z fit, by adding the 
stresses obtained for both cases. 
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At section A (the fixed end) 


4, =a (f, X yr (VI. 95) 
At section I-I 
=% + (5,7 4) (VI. 96) 
At section II-II 
S= t (fu Sy (VI. 97) 
At section III-III 
obm =q (1— 3). (VI. 98) 


The bolts fastening the flange of the guide-vane bearing should be calcu- 
lated for the force due to the water pressure on the bearing collar, and the 
force due to the guide-vane reactions R, and R,, which develop a moment 
tending to turn the bearing about the flange edge. 

The force due to the water pressure 


P = p-,. (Di— 4), (VI. 99) 


where p = water pressure kg/cm?. 

The forces on the bolt due to the bending moment are calculated in the 
following way: assuming that the parts are absolutely rigid, we may con- 
sider that the bending moment on the bearing (My) produced by the sup- 
port reactions R, and R, tends to turn the bearing about the flange edge, and 
is balanced by the sum of the forces acting on the bolts multiplied by their 
distances from the lower edge of the guide vane flange 


where P, - force acting on the i-th bolt; 
l, = distance from the i-th bolt to the lower flange; 
n - number of bolts. 
The force at any bolt may be expressed by the force Pam acting on the 
bolt farthest from the flange edge 


l 
P, = Pax 7: 


so that 


imn P P imn 
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whence, 


Peg imm. (VI. 101) 
Aa 


By adding this tensile force to the force due to water pressure, we ob- 
tain the total load acting on the bolt carrying the greatest load 


P = am t, 


where z = number of studs (bolts). 
The stress in the bolt carrying the greatest load 


— (VI. 102) 


where f = minimum cross-sectional area of the threaded bolt, cm2. 


37. COMPONENTS OF THE GUIDE-VANE-ACTUATING MECHANISM 


The components of the operating mechanism include (Figure VI. 24) the 
lever (1), link (2), breaking bolt or shear pin (3), and cylindrical hinge (4). 

The parts of the guide-vane-actuating mechanism are designed to resist 
both the force transmitted from the servomotors to the closed distributor 
and the force causing rupture of the breaking link. Figure VI.23 shows the 
diagram of the forces acting on the actuating mechanism. 

Design of the guide-vane lever. The design of the guide-vane lever is 
shown in Figure VI.38. It is advisable to select a box-shaped cross sec- 
tion for this part. To enable the link to move freely on the slide block 
when the bolt is broken, the lever head should be located higher then the 
hub. The lever itself is usually made of cast steel, and designed to resist 
bending and torsion. 

The bending moment at sections I-I and II-II 


Mi = Pili» 
My = Pls. 


The section modulus for a lever of box-shaped cross section 


W = BH — bh? 
UW c 


Bending stress 
ML. M 
Torsional stress in section II-II 


M, = P. 
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Torsional stress in the box-shaped cross section II-II is 


Mi -3-4 
Tu ra kg/ cm2. (VI. 104) 


For the section shown in Figure VI. 38 
Zd'b = 2B + dh; 


221.15 —- stress-concentration coefficient. 
The combined stress in section II-II is 


G.=46,, +4 VE +d ? kg/cm?. (VI. 105) 





FIGURE VI. 38. Guide-vane lever 


Design of the lever pin. The pin is made of steel 35 and designed to re- 
sist bending. 


_ M _ Pik 2. 
0 —» od FE/cm ; (VI. 106) 
where h = arm of acting force, cm; 
d, = pin diameter, cm. 
Design of the lever keys. The key is made of steel 45 and designed to 
resist shear and crushing 
2l 


p, =! 
d 2PM 2. 
Rhe ahaa eo (VI. 107) 








9, = 
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where [, = lever length; 









2, number of keys; 

d, = diameter of the round key; 
i, = key length; 

d - diameter of key seat. 

Upper lever * 

Lower lever 


Taper 1/100 


Counter-key 


FIGURE VL 39, Compound guide vane lever. 


The crushing stresses in the key: 


4P\l 
9, 7 144 kg/ cm2. (VI. 108) 


A compound, cylindrical key, split lengthwise, is used to fasten the lever 
to the pivot (Figure VI. 39). The two parts, the actual key and the counter 
key, touch along an inclined planeoftaper 1/100. 'The outer surface of the 
key parts is cylindrical in form, and of diameter d,. Owing to the 
key taper, the assembly of the parts involves a tight fit. The surfaces 
must be in contact along a radial plane. 

Design of the compound guide -vane lever, The compound lever (Figure VI.39) 
consists of three parts: the upper and lower levers,and the grooved shear pin. 

The shear pin, The force on the shear pin is 


PU 


Shear pins are usually made of steel 45. The ultimate shear strength 


of this grade of steel ø, = 4,900-5,600 kg/cm2; thus, the area of the shear 
pin 


Pin (13—1.4) P; I, 
Fy --—[ps om. (VI. 110) 
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The neck diameter d,,and the hole diameter d, are determined by the 
relation 
s (inh) Pih 
BE en 


sh 77 


whence 


d,e d+ E 4 E a, (VI. 111) 


To be subject to pure shear, d, and d, should differ markedly. The ratio 
+ = 3 is recommended. 


Preferably, the pin diameter should not be smaller than half the pin 
length. 


d 205 I, 


Hence, the pin is provided with a neck of diameter d, and is drilled out 
to a diameter d,. 

All pin dimensions should be carefully observed in manufacturing, since 
the neck and hole diameters affect the resistance to shear, and the outer 
diameter affects the fit in the lever bore. If, on assembly, a large clear- 
ance results, this may alter not only the shear force, but also the character 
of the strain: bending may occur instead of shear. 

Before manufacturing the shear pin, several test pins should be made 
of the same material and tested for shear. If the actual force required 
to cause failure differs from that calculated, the neck diameter must be 
altered. The test pins should be cut from different parts of the same bar. 

The upper lever. This is made of steel 3, and designed to resist 
tension and bending. 

Section I-I (Figure VI. 39) — tension (calculated according to Lamé) 


g 
LITT x3 (VI. 112) 


Section II-II — bending 


6P) (I| — s) 
ba” (md): (VI. 113) 


Section III-III — tension (according to Lamé) 


on 4*0) 


Onn art a-($) (VI. 114) 


where Py, = Pin — Pi. 
The lower lever. This is made of steel 30L, and designed to resist 
tension, bending and torsion. 
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Section II-II — tension (according to Lamé) 


Pa a+($) 


ii — a. (VI. 115) 
“bn 2 Sn 3^ 4 — 4-(t) 
Section IV and V — bending 
= Miv LL Pih 
"hv Wav ay (VI. 116) 


^y 7 Wy v oh 
The moment tending to twist the lever 
The torsional stress at sections IV and V in the center of the longer side 
of the cross section 


t Pihl 
IET n a,B, vA] 


ty = Phi 
l a By At ` 


(VI. 117) 


In the center of the shorter side of the cross section the stresses are 


Pih, Psp 0 


"Tua "Tuna 


The combined stresses 


ura 240 ore V a + Ariy, ° 
LE. ow +4 V oj, T 4i. 


The coefficients a, and a, for the determination of the section moduli in 
torsion of a rectangular cross section are given in Table VI. 9 for different 


(VI. 118) 


ratios Š (width 8 and height 4 ). 


TABLE VI, 9 


Values of a, and a, for various ratios i 


0.307 | 0,312 





263 


Section III-III — tension (according to Lamé) 


p, B+ O5 
om ome DI) 


where 
P. = Ps, (95-1) e 


The lever key is designed to resist shear and crushing. 

Distributor link. The material is steel grade L30. 

The distributor link used in the actuating mechanism, with breaking bolt 
and slide block, is represented in Figure VI.40. The link is designed to 
resist compression and buckling. 

The compressive stresses at section A-A 


9, = ye (VI. 120) 


In order to determine the coefficient of reduction e of the permissible 
stress it is necessary to determine the slenderness ratio A of the link 


l 
À m -77 
where l = length of link, cm; 
i = radius of inertia, cm. 
i wu T. 





FIGURE VI. 40. Distributor link 


where J = minimum moment of inertia, cm4, 


J= fos; 


F = area of the stressed section, 


F = (b, — bi) c. 
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For the given link 
i = 0.29c. 


The slenderness ratio of the given link is then 


A -345L. (VI. 121) 


For the value 4 thus calculated, any handbook may be consulted to find 
the corresponding coefficient of stress reduction 9, whereupon one deter-- 
mines the admissible stress 


R, = eR, (VI. 122) 


where R, = the admissible stress for the given steel grade. 

The calculated value of e, obtained previously is compared for the com- 
pressive stress under normal operating conditions and under conditions 
of bolt breaking, and the safety factor, which usually varies between 6 and 
8, is then determined. 

Tensile stress at section B-B 


9, d Bc (VI. 123) 
Tensile stress at section E-E (according to Lamé) 


o= fs. Ete. (VI. 124) 


Breaking bolt. The bolt is provided with a groove whose diameter 
is selected so that the bolt will break under a force 40% greater than normal. 

The design of the breaking bolt is shown in Figure VI. 41. Its short, 
threaded part is screwed into the link slide-block, while its long part is 
connected by two nuts with the distributor link. A square shoulder is pro- 
vided to enable a spanner to be used. 
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FIGURE VI.41. Graph for selecting the neck dimensions of the breaking bolt 
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It is very difficult to calculate the dimensions of the bolt neck with pre- 
cision, since the force required to break the bolt depends not only on the 


neck diameter d, but also on the ratio = the radius Ri; of the neck fillet, 


the material of which the bolt is made, etc. 

Figure VI. 41 shows the graph for determining the bolt-neck diameter 
according to data obtained at the LMZ as a result of experimental tests. 

The bolt and neck diameters D and d, respectively, are selected on the 
graph according to the breaking force P,; final selection is made, however, 
only after several tests with various bolts of identical diameter d, but of 
slightly different characteristics. 

Compound link. Compound links are also used in actuating mechan- 
isms, where the breaking link is a shear pin in the composite lever. The 
compound link consists of two forks, two pins, a tightening bolt with left- 
hand and right-hand threads, and two lock nuts. 





Fork 










4| Yet ZZ 
aél o | 
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FIGURE VI. 42. Compound distributor link 


Fork. The fork is made of steel L30 and designed to resist crushing 


and torsion. 
Crushing stress at the pin bore 


9s = IK FIK (VI. 125) 
0,7 -pek IK (VI. 126) 


Tensile stress at section II-II (according to Lamé) 


o= i Ria. (VI. 127) 
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Thread of the fork (nut), and tightening bolt. The fork 
thread is designed to resist shear, bending, and crushing. The screw 
‘(tightening bolt) and nut are made of steel 25. 

Shear stresses in the thread 


fork: t= ig: nut: t= allia, (VI. 128) 


Bending in the thread 


fork: n= EOD: nut: ^ c EP (VI. 129) 


Crushing in the thread 


Oo, = —— mp. (VI. 130) 
4 (4-47 
where d, = external thread diameter; 
dẹ, = internal thread diameter; 
S = thread pitch; 
B = thread-profile coefficient; for metric thread f = 0.875; 
H = nut height. 


Stress at the threaded part of the tightening bolt 


Pc 
0: = uw | (VI. 131) 


=? 


Fork pin. The pin is designed to resist bending and shear. 
Bending stress 


Pe(hth M) Fenta 
veg PUER — 


9, = SP et My (VI. 132) 
Shear stress 
38 4 . Pc ze Pc . e 1 
4d 


38, THE GATE RING 


The gate ring (also known as shifting ring) permits transmission of the 
servomotor force to all guide vanes simultaneously. The gate ring (Figure 
VI. 43) is a cylindrical part mounted on the turbine cover-plate on corre- 
sponding bearings. On top of the ring, projections (3) and lugs (4) are pro- 
vided for connecting one, or more frequently, two pins for the cylindrical 
hinges of the servomotor rods. 


267 


Formerly, gate rings having two flanges on top were incommon use. At 
present, a design of lesser weight is more frequently used, provided with 
one flange only. The vertical cylindrical web (1) of the ring is sometimes 
simple, but more often double; the resulting box-shaped cross section of 
the ring is more difficult to manufacture, but imparts greater rigidity to 
the ring. 

The lower gate ring flange (2) provides the connection with the pins of 
the cylindrical links. 

In the cast design variant, the gate ring is a massive part with web 
thickness of about 60mm. The vertical web of the welded box-shaped ring 
is about 30mm thick. 





FIGURE VI, 43, Gate ring for the turbines of the Volga HEP imeni Lenin 


a—cast design, weight 22t; b—welded design, weight 15t, 


Notwithstanding the double walls and the box shape, the gate ring of 
welded design weighs 30% less than a cast ring. At present, welded gate 
rings are more frequently used. 

Gate ring design. The gate ring is designed to resist bending and tor- 
sion due to the two forces P, transmitted by the servomotor rods to pins 
mounted in the gate ring lugs (Figure VI. 44). Approximately equal forces 
from the link pins act upon the lower flange of the ring. 

Pfarr's method, based on the theory of curved beams, is used in design- 
ing the gate ring. This theory proceeds from the assumption that the exter- 
nal forces (servomotor forces, and forces applied to the distributor links) 
act in one plane, and all the ring cross sections are subject to bending. At 
the LMZ, A. E. Zhmud' developed a more accurate calculation method, 
based on the general theory of curved beams; in this method, the upper 
and lower gate ring flanges are designed to resist bending, and the cylindri- 
cal section between the upper and lower flange is assumed to transmit the 
torsional moment only. 
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For this purpose, the following gate ring loading scheme is considered. 
The lower flange is subject to the equal forces P,, applied under a certain 


Diagram of forces 





Ai LU the center of gravity of 
My Mal] the section 





FIGURE VI. 45. Annular part of gate ring: 
diagram of forces 





angle to the corresponding radius, and 
located on the circumference of diameter 
D,at equal intervals. There are z such 
forces, If each force were resolved into 
components along the radial and tangential 
directions,— i.e., Pig and P,, — the radial 
components Pı, would balance each other, 
and the forces P,, would produce the mo- 
ment 


P, D, 
M, = N , (VI. 134) 





This moment is balanced by the mo- 
ment of the stresses occurring in the re- 
gion between the lower flange (I) and the 
annular section (II). Thus, the design 
involves calculating a closed ring sub- 
ject to the above-mentioned forces. The 
stresses at the joints are considered to 
be uniformly distributed around the whole 
flange circumference and directed tan- 
gentially. The upper flange (III) is a sin- 
gle or double ring, according to the num- 
ber of flanges composing it. With a gate 
ring having two lugs, the forces developed 
by two servomotors produce one moment 
only. 


Mu = PD,, (VI. 135) 
where the servomotor force is 


P P 


where BP, = force of the first servomotor; 

P,, = force of the second servo- 
motor; 

D, = diameter of the circle on 
which the lugs are locat- 
ed. 

This moment is balanced by the 
stresses at the joint between flange(III) 
and ring (II), the stresses being considered 
as uniformly distributed around the mean 
circle of the ring. Actually, the internal 


stresses will not be quite uniformly distributed; consequently, a safety fac- 
tor must be introduced, and the transition from the flange to the annular 
section of the gate ring must be reinforced 
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The annular section (II) is subject to torsional stresses only. By apply- 
ing the condition for equilibrium of all external moments acting upon the 
gate ring: . 


M, = Mm. (VI. 136) 


This moment is also the torsional moment on the annular section (II). 

The formulas for the strength calculation of the gate ring are obtained 
in the following way: consider a ring of constant cross section, subject to 
arbitrarily distributed forces P, and moments M, (Figure VI. 45); cutting 
the ring along a plane ma, the action of the right side of the ring on the left 
may be replaced by the forces N, and Q, and the moment M,. We may then 
write the general expression for the bending moment Mẹ, the tensile (com- 
pressive) force M, and the shear force Q, at any radial section of the ring. 
The angle @ is measured from section mn. 








FIGURE VI. 46. Gate ring with one lug 


The bending moment 


M, = SM, + Met S Piy [ri — r cos (9 — 9)) + Ner (1 — cos 9) + 
+ XP sin (e — €) + Qrsin e. (VI. 137) 


The tensile force 


Ne = J Piy cos (@ — 9) + Ne cos e — J Pu sin (e — P) — Qsing. (VI. 138) 


The shear force is 


Qo = Y Pay sin (e — e) + Ne sin e + SP; cos(e — 9) + 
T Qe cos e. (VI. 139) 


Omitting further transformations of these expressions, the final formu- 
las for gate ring design may be given. 
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Gate ring with one lug. The gate ring with one lug is uniformly 
supported around a circumference of radius sup ° We may consider that 
the support reaction acts as an internal pressure p, exerted upon half the 
ring. 

Allowing for the fact that the servomotor force is balanced by the support 
reaction, we obtain 


x 
P = 2 [Poh furpos ede, (VI. 140) 


and the tangential forces, applied at the radius r, are expressed in terms 
of P 


PR VI. 141 
AT = a. Ede. ( ) 


The relations for the moments and forces as a function of angle e, for 
various sections of the gate ring, are 


Section I, 0« e« 4- 


Me, = -5-(Rj —r— —-— rene . 
e T4. (, Y) t^ eZ URS. B is 
No, = -F VM (VI. 143) 
(r— y) 


PR Ry — r) sia 
Qe. = zl TA — (VI. 144) 


sections II and III, 3- << Tz 


Mg, = 4 (r — 3R, — 3) + ee E sine — "agp ets (VI. 145) 
T=" 
Ne = — ^ sin e + E 85 et. ce (VI. 146) 
+ 
=v 


Qg. Set + pet pem (VI. 147) 
velt! 


section IV pa «e«2x 


Me, =- (SR, +r -- Y) + SEE Ot T sine — — (VI. 148) 
(r—» 
No = -F + Tsing ti CDU und Bk A (VI. 149) 
=y. 
Qe, = A tir — — È cos e. (VI. 150) 
óer—y»* 
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where E 
G 
k 


r 


modulus of elasticity; 
modulus of rigidity 
factor depending on the shape of the cross section: 


for a 


rectangular cross section &'- 1.2; for double tee cross section, 


k’ = 2.0 to 2.4 /85/; 


distance of neutral axis from axis passing through the centroid 


of the section 
Y 77 fog, - n 


radius of neutral axis. 


(VI. 151) 


The position and radius r of the neutral axis are determined by the 
equation (Figure VI. 46) 


[(u-7) du = 0; 


with the designations adopted in Figure VI. 46, we obtain 


Gate ring with two lugs. 


f-—— bh. 
A A 
mn iai Lors 


(VI. 152) 


The moments and forces are directly 


proportional to angle e measured counterclockwise. Their values are dif- 
ferent at sections I, II, III, and IV (Figure VI. 44). 
The formulas for the various sections will be: 


sectionI, 0< e« + 


Me, = =- Rye — -y r sin g; 


sections II and 11, < ez 


Ms, = — PR, += Rye 4 rine 
No, = — 4. sing; 


Qo, = £. 4 4p cosg; 


section IV, $x <<? 


Me, = —2PR, += Re —- rsing: 


P. 
Ne, = -y Sin 9; 


(VI. 


(VI. 


(VI. 
(VI. 


(VI. 


(VI. 


(VI. 


(VI. 


. 153) 


154) 


155) 


156) 


157) 


158) 


159) 


160) 


161) 


force of one servomotor; 
radius, passing through the centroid of the section; 
mean radius of the annular part (section II) of the gate ring; 
R, = distance of gate-ring lug from center of gate ring. 
By means of these formulas, we can determine the bending moment and 
the tensile and shear forces for various angles @, which are usually taken 


m 
u 


in intervals of 15? (T). 


It is well to bear in mind that the values of @ at various sections are in- 
terrelated by: 


Pa =n F 95 €, = 2x — €. 


Consequently, to determine the stress diagram for the whole ring, it is 
sufficient to make the calculation for section I only, since for 9, = a — € 


Me, = — Me; Ne, = No Qe, = Qoi- 


From considerations of symmetry, the stress diagram for sections III 
and IV will actually be a repetition of the curves plotted for sections I and II, 


The stresses at the ring cross sections are 
calculated from the following formulas: 
bending — on the outside radius 


Me. 
o = yt 
bending — on the inside 
M 
9, >” mh 
Section modulus of the outer flange 
J 
Vi = P` 
Section modulus of the inner flange 
J 
W, = ^ . 
The moment of inertia of the section 
(Figure VI. 47) with respect tothe x axis which 


FIGURE VI. 47. Diagram for determin- iS parallel to the axis that passes through the 
ing the section modulus of the gate ring centroid (0-0) is: 


12 Vv e MEK Ve. (VI. 162) 


Radius of the axis passing through the centroid of section 





r=enty, 
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Ordinate of the center of gravity of the section 


n. (VI. 163) 


To determine the moment of inertia, the cross section is divided into a 
series of rectangles, and the results are tabulated as in Table VI. 10. 
Tensile stress 


o, = D. (VI. 164) 


Shear stress 


t= 2. (VI. 165) 


The stresses are calculated for different angles and the results tabu- 
lated, as in Table VI. 11. 

The following relations between the stresses at section I and the other 
ring sections are used to determine the stress diagram for a gate ring with 
two lugs. 


SectionI, 0<@< + cl, ol! and t from Table VI. 11. 


Section II, v « or €, = (x — @), and according to this 


oft = — of; of = — oh a tm ss 


Section III (x << 3) and section IV ($2 << 2x) are symmetrical with 


respect to sections I and II; the stress diagrams for these sections are 
identical with those of sections I and II. 

The stress diagram is usually plotted for the combined bending and tensile 
(compressive) stresses on the outer (o) and inner (v) radius of the ring only. 


TABLE VI. 10 


Determination of the moment of inertia of the ring cross section 


uz 
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TABLE VI. 11 


Determination of the stresses in the gate ring 


0«e« -y 


+ 
S 


81a) 


The character of the curves shown in Figure VI. 48 is the same for dif- 
ferent gate rings. At the cross sections @ = 0 and@ ax, the bending mo- 
ments are equal to zero and only the shear forces have to be considered. 
Hence, in compound gate rings consisting of two halves, the junctions be- 
tween them should be located at those cross sections where the bending mo- 
ment equals zero. Fitted bolts are provided in order to take up the shear 


force. 
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FIGURE VI. 48. Stress diagram in the gate ring 
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The shear stress in the bolt 


g zm (VI. 166) 
bolt 


where z = number of tight -fit bolts; 
[| = cross-sectional area of the fitted bolts. 










1st design variant 


2nd design variant 


40* 007mm 


1 — inner circumference of the ring 
before deformation 

2 — inner circumference of the ring 
after deformation 


FIGURE VI. 49. Gate rings tested in laboratory 


- 


Results of experimental stress determination in gate rings. Experiment- 
al research was carried out at the LMZ on gate-ring models in order to 
determine the actual stresses in their parts and to evaluate the effect of 
their height and number of flanges. These experiments are described by M.S. 
Kustanovich /57/. Several gate-ring designs (Figure VI. 49), with the ratio 


of the ring height & to the web thickness a (4): 10 to 20, and with single and 


double upper flange, were tested. The gate-ring diameter was d = 360 mm, 
and the wall thickness a - 5mm. The ring was welded of grade 3 steel. 
During the tests, the lower flange of the model ring was fastened to a sta- 
tionary plate, The servomotor forces were simulated by [counterweights 
attached to] ropes moving over pulleys. The stresses were determined 
by means of wire-type strain gages mounted in 24 cross sections of the 
ring. The stresses were measured on the inner and outer radii; the de- 
formation along the diameters of the rings was also measured. The 
stresses for these models were calculated from the above formulas. The 
calculations were made for bending and tension caused by two horizontal 
forces applied at the lugs. 
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The model tests showed that the character of stress variation, as estab- 
lished by these tests, fully agrees with the theoretical results for all the 
design variants. However, the values of the analytical and experimental 
stresses are not equal; they depend on the relative dimensions of the ring 
cross section. 

In order to make the calculated stresses equal to the actual stresses, 
they should be corrected by suitably selecting the section modulus of the 
ring cross section. The cross-section height considered in calculation is 
therefore to be corrected in accordance with the wall thickness. 


A 
> 





FIGURE VI. 50. Correction coefficients ky, ks. 


The corrected height should be 


h c = kb. 


The thickness of the lower flange should also be corrected according 
to the formula 


t = kyt. (VI. 167) 


The gate ring cross section is shown in Figure VI. 50 with the corre- 
sponding designations. The correction coefficients k, and k, are represented 
in the same figure as a function of the relative ring height. 

In designing the gate ring with a double upper flange, the sum of both 
flanges must be taken as the flange thickness. 

Consequently, the effective gate-ring cross section should include the 
cross section of the upper flange and the corrected cross sections of the cyl- 
indrical web and lower flange, determined by means of the coefficients œ, 
and b, . 

The experimental and theoretical stress curves for one gate-ring design 
are shown in Figure VI. 51; the theoretical curves were calculated consider- 
ing the section modulus of the complete gate-ring cross section, and the 
section modulus of the recommended cross section, 

The character and magnitude ofthe model ring deformations — determined 
by tests — are shown in Figure VI. 49. 

Design of the gate-ring lug. The lugs of the gate rings with two upper 
flanges — provided for fitting-in the pins — are located in the flange itself; 
for this purpose the flanges are extended. 
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In gate rings with one flange currently used, one lug is located in the 
flange, and the second on a special projection. 


8 kg/cm? 
600 





600 


FIGURE VI. 51. Stresses at different gate-ring cross sections: 


1— experimental stresses; 2— theoretical stresses, considering the sec- 
tion modulus of the complete cross section; 3— corrected theoretical 
stresses. 


Figure VI.52 shows axonometrically a gate ring with a projection 
for mounting the lug. The stresses are determined at sections A — B and 
C — D. 





FIGURE VI. 52. Gate ring with projection 


Stress at section A — B (according to Lamé) 


P, 6* + a* VI. 
Stress at section C — D (according to Lamé) 


4(b—a) ` 
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39. DISTRIBUTOR SERVOMOTOR 


Figure VI.53 shows a sectional view of a distributor servomotor whose 
function is to turn the gate ring. The cylinder (1) is usually made of cast 
iron; the cover (8) is removable. Two cast-iron flanges for passages (6) 
and (7), are provided on the top of the cylinder, and the oil-supply pipes 
are connected to these flanges. Piston (2) inside the cylinder is connected 
to rod (5) which transmits the force to the gate ring. The piston is of hollow 
design; the cover (3) provided with projections is bolted to it. The piston 
pin (4) connects the piston cover with the rod end. When pressure oil is ad- 
mitted through passage (6), the piston moves to the right; when it is ad- 
mitted through passage (7), the piston moves to the left. The guide sleeve 
(21), which surrounds the rod, is connected to the piston or cast integral 
with it; it permits isolation of the hollow inside the piston where the pin is 
located from the ends of the servomotor cylinder into which pressure oil is 
admitted. Cup seals (19), preventing oil leakages from the servomotor 
cylinder, are mounted on the cover (8). The casing (12) of the locking de- 
vice is bolted to the cylinder cover. The locking device consists of the 
cylinder (10), inside which move the piston and rod (11), and stop (13)linked 
to the rod. The electric contacts (9) are located above the servomotor cyl- 
inder. When pressurized oil is fed into the cylinder, the piston rod, to- 
gether with the stop, moves downward along guides into the casing. In the 
lower position, the locking device slides over the piston rod, blocking the 
guide sleeve of the piston, and prevents the piston from moving to the right. 
The locking device is necessary to prevent the distributor from opening 
spontaneously when there is no pressure oil in the servomotor cylinder. 
The servomotor piston rod is connected to socket (16), which is connected 
to the gate ring by the hinge (17). A lock-nut (15) is provided on the servo- 
motor rod, and an indicator (14) is mounted on the servomotor to indicate 
the piston position. The oil pipe (20) is provided for draining the servo- 
motor, while lubrication of the piston pin is effected through the pipe (18). 

A more modern servomotor design is shown in Figure VI. 54. The ser- 
vomotor cylinder (1) has a removable cover (2); manufacture of the servo- 
motor cylinder is thus simplified. The piston design is also different. The 
piston pin (3) is fitted directly in the piston (4); the separate cover has, 
therefore, been omitted. The guide sleeve (5), surrounding the rod, is 
bolted to the piston and piston rings (6) are provided on the piston to prevent 
oil leakages. The whole design has been improved. The seals (7) on the 
front cover are no longer cup seals, but stuffing-boxes; thus, it is not nec- 
essary to remove the whole cover when replacing them. The servomotor 
rod (8) is connected to the gate-ring rod by means of a coupling (9), pro- 
vided with left-hand and right-hand threads, and the rod length can thus be 
easily adjusted. 

The bushing (10), generally of bronze, is inserted in the piston. This 
design is standard at the LMZ; its basic dimensions are givenin Table VI. 12. 
Design of servomotor components. The components of the distributor 
servomotor are designed to resist oil pressure. The forces resulting from 

water pressure on the guide vanes, and transmitted through rods to the 
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servomotor, should also be allowed for. Since the water pressure on the 
vanes exerts the greatest loads when the guide vanes are closed, the servo- 
motor parts are designed for this condition. 

Figure VI.55 shows the kinematic diagram of the connection between the 
servomotor and the closed guide vanes. The force transmitted to the ser- 
vomotor through the rod is: 


Py = (M, + M, — M) f (VI. 170) 
where M, = hydraulic moment acting on the closed guide vane; 
M. = moment of elastic forces caused by the guide vanes being 
forced together; 
M, = frictional moment at the guide-vane pin; 
k = coefficient allowing for the transmission ratio of the kinematic 


link between guide vanes and servomotor. 


TABLE VI. 12 


Principal dimensions of the distributor servomotor 
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The moments are determined when calculating the required servomotor 
force. The frictional moment M, should be calculated for the smallest. 
friction coefficient corresponding to the greatest load transmitted to the 
servomotor by the guide vanes. 

Servomotor cylinder. The servomotor cylinder (Figure VI. 56) 
is generally made of cast iron, but, of late, a welded steel-plate de- 
sign has also been introduced. The stress in the cylinder wall due to 
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oil pressure may be determined from the formula used in boiler design 


Pdi 
9, 7 (de—d)' (VI. 171) 


where dj = internal diameter of the cylinder; 
d, = external diameter of the cylinder; 
P = oil pressure. 


The longitudinal tensile stresses in the cylinder wall for nonsimultaneous 
piston strokes 


— (VI. 172) 
° x (4&— 4) 


where P, = force of the first servomotor; 
P, = force of the second servomotor. 





FIGURE VI. 55. Diagram showing connec- 
tion between guide vanes and servomotor 


The stress in the oil-supply passage walls (Figure VI. 56,a) is determined 
by considering the wall as a rectangular flat plate rigidly supported along 
its outer edges and uniformly loaded (according to Timoshenko) 


Snax RE, (VI. 173) 


where b = plate width; 
t’ = plate thickness. 
The channel wall being slightly curved, the actual stresses are slightly 
smaller. 
The stresses in the cylinder flange are determined approximately. In 
order to allow for the effect of the flange ribs, we may assume that 
the cylinder flange acts like a plain flange. The web thickness is found 
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from the condition that the modulus of the actual section together with the 
ribs is equal to the modulus of an equivalent rectangular section. Figure 
VI. 56, b shows a cross section of the flange, developed along the diameter d,. 
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FIGURE VI. 56. Servomotor cylinder 


The section area 
F = xd ,t + zt, (VI. 174) 


where 2 - number of ribs. 
The static moment with respect to the axis I-I (Figure VI. 56,b) 


S = nr,t (l+ f). (VI. 175) 


The ordinate of the centroid of the section 


S arg (i 
s = Pr ; (VI. 176) 
The moment of inertia with respect to the neutral axis 
/ t 9 , at, 
De enu GUpET e) p ath en 
The modulus of the section 
J 
Ww EE e a (VI. 178) 
9 max 


where y,,, = ordinate of the point most distant from the neutral axis. 
The modulus W, of a rectangular section of width ad, and thickness f, is 


w, ~ 24. (VI. 179) 
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From the condition of equality of moduli, we obtain 


haz. (VI. 180) 


which yields the value of 1,. 

The cylinder-wall thickness h’ is determined from the condition that the 
section modulus of a cylinder wall strengthened by ribs and the section 
modulus of a wall without ribs of thickness g, are equal. 

For the developed cross section II-II (Figure VI. 56, c): 

The section area 


F = nd,h + zh,t,. (VI. 181) 


The static moment with respect to axis I-I 


S = nxr,h (h +h). (VI. 182) 


The ordinate of centroid of the section 


S a +4 VI. 1 
yy Taie. (VI. 183) 


The moment of inertia with respect to the neutral axis 


3 
[faa (phin) Toug. MIg9o 
The modulus of the section 
— 
Imax 


where Yaa = ordinate of the point most distant from the neutral axis. 
The modulus W, of a rectangular section of width xd, and thickness g is 


V, — nd, £, 
consequently, 
ov 
lle 
which yields the value of g. 
The stresses in the flange are determined at the LMZ from the formulas 


for thin-neck flanges. These formulas are: 
The radial stress at point b of section a — a (Figure VI. 56, d) 


9, T EL) s (4) Nea (2) +0300 (2) a (VI. 185) 
as (2) 4-233 4-1. TOR 
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The axial stress at the transition from web to flange (section/ — /) 
0,-, = Or, (4): (VI. 186) 


the tangential stress at point b (normal to the plane of the paper) 
2 
Or = CIA =a ao x 


us (71) wa " — -i]]. (VI. 187) 


4 (4y 4-233 41.18 JG dez | 


In these formulas 


M = P (r, — rA. (VI. 188) 


z, a function of k,g, and r,, is expressed by the following formula 


De SR i, (VI. 189) 
where 
c= 1.285 7. (VI. 190) 
e 


The formulas for radial and tangential stresses were simplified at the 
LMZ by means of auxiliary charts. 

The following designations have been used for this purpose: 

In formula (VI. 185) 


P= fas (i)o ( 2) sosa, — tom 
F, = 4.33 (2 + 2.33, | (VI. 192) 
F, = 1.18 (3) - oc (VI. 193) 


in formula (VI. 187) 


F,- 286 (Y togu (£) 40.117 i (VI. 194) 


a- 
(ays 


Fem 206 iye [sm (Yee (2) tosa) a). 7-195 
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We then obtain: 
the radial stress at point 6 (Figure VI. 56, d) 





g,.z LP F. . (VI. 196) 
fe p F + ĩ ZP (2 
Ve? 
the tangential stress at point 6 
P F. 
nam oar ar (VI. 197) 
s T 27—r 2 
y ne 
the force P is 
P = 2—%Q, (VI. 198) 
Py — To 
where Q = clamping force of bolts on flanges; 
rg = radius of bolt location; 
r, - outer radius of the flange; 
f, = radius to point b. 
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FIGURE VI, 57. Functions F, Fæ F» Fe Fy FIGURE VI. 58. Diagram for designing the servomotor 
and Z used in the design of the tlange cover: 
a— blind cover; b— cover with a central bore; 


£.5 
c— curves $5 f R RI 
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The functions F,, Fs Fy, Fy, F, and Z are represented in Figure VI. 57. 

Blind cover. A schematic diagram of the cover is shown in Figure 
VI. 58. The cover is designed like a plate with rigidly supported outer 
edges. The curvature is allowed for by a coefficient which depends on the 


. r 8 
ratios F and T 


where R = radius of curvature of the cover-section center line; 
s = thickness of the cover wall; 
r = outer radius of the curved part of the cover. 


The curves of the coefficient E = (x: x) are given in Figure VI. 58, c. 


The stress in the cover is determined by the formula 


o = 0.750 $$, (VI. 199) 


where r, = radius of bolt location. 

The cover flange is considered, with sufficient accuracy, as a beam of 
span 7,, and is designed either as loaded under normal operating conditions, 
or assuming that the piston strokes are not simultaneous. 

The stress in the flange 


M 
C= Vv i 
The modulus of the section 


Arpt 
W aE — e 
The bending moment: 


under normal operating conditions 


M = xr (r,— n) p; (VI. 200) 
for nonsimultaneous piston strokes 
M = (P, + Ps) (a — 5). (VI. 201) 


where P, = force of the first servomotor; 
P, = force of the second servomotor. 

Cover with central bore. The load diagram is shown in Fig- 
ure VI. 58, b. The cover is considered as a ring of constant cross section, 
subjected to moments uniformly distributed along the ring axis. 

Considering that the stress in the section of sucha ring varies directly with 
the distance from the neutral axis, and inversely with the distance from 


the turbine [sic] center line — we obtain the following expression for the 
Stress at point 


o = ALR, (VI. 202) 


where A is a constant. 
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The bending moment at the cover section will be 
M, = ffo (y — ye) drdy. 
8 
Inserting the value of o we obtain 


Mim AL E — ue ff Ae + ob [p572]. (VI. 203) 


Since the sum of the shear forces in the section is equal to zero, we 
have, therefore, 


f f odrdy = 0. 
Inserting the value of ø, we obtain 


a [Ife fp o. (VI. 204) 


By denoting 


[t - 


"C J (VI. 205) 
[eem fen 
8 8 | 
and inserting these expressions into equation (VI. 204), we obtain 
A (m — yy) = 0. 
Hence, 
Yo == T. (VI. 206) 


By inserting (VI. 205) and (VI. 206) into (VI. 203), this equation takes the 
form 


M ^(n- 21-7). 
whence, 
A = Mb, 
— 


Consequently, the stresses in the cover are determined from the 
formula 


Mr T). (VI. 207) 
r(^— ^r) 


g = 
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The bending moment acting at the cover sections is determined from 
formula 


M, = -$ [Rir R5 (GR, 2R, )]. . (V1. 208) 


where p = oil pressure; 
Ry radius of bolt location; 
Rg radius of the boring (outer radius of guide sleeve). 
The coefficients /, m and n are readily determined for a rectangle (Fig- 


ure VI. 58a) 


92 s 
I =o) [ SE = 2(y,—y,) In 2: 
LAT 
Js "s 
m =f [ 7 = (0 — 9t)in 2: (VI. 209) 
ph i 
Js s 
nmol [P0 =F 7 nina 


LAW 





In the cover cross section these coefficients may be determined by the 
graphoanalytic method, dividing the section into elementary rectangles. 
The formulas (VI. 209) then become 


I = 332 War — vu) In; 


iml 


m= Y (4 — In 4X; (VI. 210) 


ial 


n= Y hA). 


When calculating, it is convenient to tabulate the numerical results (see 
Table VI. 13). 


TABLE VI. 13 


Numerical values of coefficients f, m, ^ 
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The greatest stresses will be at the point whose coordinates are 


Ymax and yip 

Piston cover with guide sleeve. When calculating the bending 
strength of the servomotor piston, it is considered as separated from the 
guide sleeve, i.e., we assume that the cover section is able to turn about 


the pin. 





FIGURE VI. 59. Diagram for designing the piston cover and 
the guide sleeve: 


a — normal operation; b — servomotor [piston] rests on the 
locking device (stop); c — front view of guide sleeve. 


The cover is designed for normal operation when oil pressure is avail- 
able, i.e., under action of the load from the guide vanes, and also when 
the servomotor is in the locked position. 

The calculation method for the piston cover is the same as for the servo- 


motor cover. 
Under normal operation (Figure VI. 59, a), the bending moment exerted 


upon the cover is 
? A-r — 
Mn — = r . (VI. 11) 
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where 
Pe TE (r? -r ) p. 
When the servomotor is in the locked position (i.e., it rests on the stop), 


the force Pe acts on the piston cover (Figure VI. 59, b). 
The bending moment exerted upon the cover 


_ Pe| 2(e— å) VI. 212 
M, E $423 ^|. ( ) 


where rf, is the radius to the application point of force Pe; 





fe = a aa 


The greatest stress occurs at the point designated by coordinates y and 
r, and equals 


— (VI. 213) 
— 


Supporting part of piston cover. The supporting part is de- 
signed to resist excentric compression, We assume that the load is applied 
along the arc of radius ^, and subtended by angle €. 


ry m LETT RI, (VI. 214) 


where /j = outer radius of the guide sleeve; 
r; = inner radius of the guide sleeve. 
Compressive force Pc acting upon the piston surface 
in contact with the stop. The force acting upon the elementary 
area re 


dP. = x de. 
The arm / of the force 
i= sin e. 
The bending moment 
M= PP sn gd = Pp — SOB (VI. 215) 
e 


Area of the frontal surface of the guide sleeve 


F =r (2 -7 ). (VI. 216) 
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Section modulus of the guide sleeve 
wn e sia NM (VI. 217) 
8 
Compressive and bending stresses in the guiding cylinder 


om IR. y. (VI. 218) 


Casing of the locking device. The casing of the locking de- 
vice is a box-shaped part, with a flat wall, subject to the force due to the 
locked distributor (Figure VI. 60). The lateral wall is designed to resist 
breaking, while the flat wall is designed as a circular plate rigidly sup- 
ported (fixed) at the outer edge and having a central bore. 





FIGURE VI. 60. Locking device casing 


The greatest stress occurs at the fixed edge of the plate, and is deter- 
mined from formula 


P 
Sar" EE (VI. 219) 


where „= coefficient depending on the ratio +, 


= 0,1; 0.2; 0.3; 0.4; 0.5; 
9, = 2.3; 1.3; 0,8; 0.4; 0.2; 
k = plate thickness; 
Pc = force exerted by the distributor [in the closed position]. 
Fork of the locking device. The fork of the locking device 
(Figure VI. 59, c) is designed to resist the pressure due to force Pe. 


Area of contact between frontal part of guide sleeve and stop (locking 
device) 


Fy = (onu. (VI. 220) 
Pressure on area £ of the fork 


0, = 58. (VI. 221) 
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Area of contact surface between fork and cover of the locking device 
F= X (0, ni). (VI. 222) 


where fọ = external radius of the supporting part of the casing cover; 
‘yo 7 radius of the hole in the casing cover. 
Pressure on area F, of the fork 


os, =F. (VI. 223) 


| DZ 
=, 





FIGURE VI. 61. Rod end (head) 


Servomotor rod. The servomotor rod is designed to resist buckling. 
The magnitude of the critical force depends upon the slenderness ratio À 


where p = length coefficient; when the ends are hinged, p = 1; 
L = rod length; 
i = radius of inertia. 
Usually, for servomotor rods 4 œ 100, the critical force being determined 
from Euler's formula 


Por = re (VI. 225) 
where J moment of inertia of the rod (4 = *«): 


d - rod diameter. 
The safety factor for the maximum force acting on the rod is 


n y - DP (VI. 226) 


Usually, a > 5. 
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Rod end (head). The end of the rod is shown in Figure VI.61; it is 
designed to resist tension at two cross sections: A—AÀ and B-B. 
Section A—A 


P P 
o5" 3-7 ° (VI. 227) 


Section B—B (according to Lamé) 


nn 
e You (VI. 228) 


where r4, and r = radii of rod end; 
t = rod width. 


40. DISTRIBUTOR UPPER RING AND TURBINE COVER-PLATE 


Design. The design of the distributor upper ring and the turbine cover- 
plate depends on the general layout of the turbine parts. These two com- 
ponents may be separate or built integrally, the latter usually being the case 
with Francis turbines of runner diameter smaller than 7 m. If the thrust 
collar is mounted upon the turbine cover-plate, a more rigid plate construc- 
tion is required. 

The design of the upper ring depends on the layout of the embedded parts, 
If the turbine is provided with a foundation ring or a speed ring, the upper 
distributor ring is removable and is not embedded in concrete. If the em- 
bedded parts are separate columns, the foundation ring and the upper ring 
of the distributor are usually made integral and embedded in concrete. 

A dimensioned drawing of the upper distributor ring of the turbines for 
the Volga plants imeni Lenin and imeni XXIInd Congress of the KPSS is 
shown in Figure VI. 62. The upper-ring cross section is box-shaped, with 
holes for inserting the guide-vane bearings. The ring is provided on the 
outside with a flange (1) for connecting to the turbine speed ring, and on the 
inside with another flange (2) for securing the turbine cover-plate. The in- 
ner diameter of the internal flange should be a little larger than the runner- 
blade diameter, so that the runner can be removed without dismantling the 
upper ring. The upper distributor ring is the largest part in the turbine 
(except for the speed ring). For large-size turbines, it usually has to be 
made of several parts. The upper distributor ring of the turbines for the 
Volga plant imeni Lenin is composed of eight flanged sections bolted togeth- 
er; the flanges (6) are provided with holes (3) for the bolts. The location 
of the holes is shown in section A of Figure VI. 62. The flanges are con- 
nected by fitted bolts (4) to ensure accurate assembly; conical pins are some- 
times used instead. The shape of the distributor ring is clearly visible in 
sections A and B, while its inner ribs (5) are shown in section B. The 
outer flange is double and provided with ribs, a design which permits a 
considerable increase in the resistance moment of the flange, in accordance 
with the strength requirements. The upper ring, viewed both from above 
and below, is shown in Figure VI. 62,c and d. The dimensions of one ring 
section are shown in Figure VI. 63. The largest dimension — 4592 mm — 
determines the number of sections which form the ring. 
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View from above 
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FIGURE VI. 63. Cast and welded designs for the upper distributor ring of the turbines for the 
Volga plant im. Lenin ' 
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The number of component sections in the upper ring and the other parts 
is determined in accordance with the dimensions of one section of the ring, 
its weight, and the available railroad and shop transportation facilities; the 
available hoisting tackle in the casting and machine shops should also be 
taken into consideration if the parts are cast. 


96350 








FIGURE VI. 64. Cover plate of the turbine for the Volga plant im. Lenin: 
a— cast variant, weight 60t; b— welded variant, weight 53.8 t. 


The cast and welded designs are compared in Figure VI. 63, and, as can 
be seen, the shape of the ring is practically the same for both designs. With 
the welded design, the vertical and horizontal walls of the ring are joined 
together in a box-shaped construction. The blanks for the welded design 
are simple in shape, being stamped or rolled out from steel plate. The 
welded design permits the use of thinner walls compared with the cast 
variant, thus permitting a saving in weight. Both cast and welded variants 
of the upper distributor ring were tested for the turbines of the Volga plant 
imeni Lenin. The total weight of the cast ring is about 83.8t, whereas the 
welded ring weighs 69.7, i.e., 14.1t less. If the machining allowances 
necessary for the cast parts, particularly for such complicated shapes, 
are taken into account, the saving in weight of the welded design is even 
greater. For instance, the cast and welded blanks for the same upper dis- 
tributor ring weighed 129.8t and 79.6t, respectively, the difference being 
50.2t. As a consequence of the smaller machining allowances, the amount 
of labor required for machining the welded part is also less; machining 
time was 4524 normal hours for the cast, as against 3483 hours for the 
welded variant. 

There are no inner stresses in the welded design; rolled steel plates 
and sections have, moreover, higher strength. 
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All the problems connected with the manufacturing and machining of such 
a large part as the upper distributor ring should be carefully weighed be- 
forehand. 

Figure VI.62 shows the lining (7), fastened from below to the ring by 
means of screws (8). This lining covers the openings (9) provided in 
the lower flange of the distributor 
ring for guide vane removal. In shap- 
ing the ring, particularly the cast var- 
iant, Smooth transition from the ver- 
tical to the horizontal walls, and from 
the walls to the flanges, must be en- 
sured. The ribs should be so located 
as to avoid stress concentrations at 
places where they may weaken the 
cross section and produce cracks; a 
considerable number of man-hours has 
has therefore to be devoted to the 
elimination of casting defects. 

A photograph and drawing of the tur- 
bine cover plate for the Volga plant 
imeni Lenin are shown in Figure VI. 64. 
The cross section is box-shaped, but 
of a more complicated design than 
that of the upper distributor ring. The 
cover plate is smaller than the upper 
ring, and is therefore made up ofa 
smaller number of sections. The 
FIGURE VI. 65. Diagram of loads acting upon Welded design of the cover plate is 
the cover plate of a Kaplan turbine: shown in Figure VI. 64. The cast 
cover plate weighs about 60t, while 
the net weight of the welded cover 
plate is about 53.8t; the blanks for 
the welded and cast cover plates 
weigh 60 and 78t, respectively. The cover plate consists of the outer ver- 
tical wall (1), the outer flange (2), the upper cover (3), the lower flange (4) 
andthe webs (5). The lower flange has a streamlined shape because it forms 
part of the water passages of the turbine. Owing to the double curvature of 
the lower flange (welded variant), its manufacture is difficult and it is usu- 
ally pressed from steel plates. With the given turbine design, the cover 
plate is subject not only to water pressure from below, but also to the load 
from the thrust collar on the upper cover flange (3); consequently, it car- 
ries large compressive loads. In designing the turbine cover, it is very 
important to select the number and dimensions of the webs between its upper 
and lower flanges correctly. 

Sectional views of turbines with various cover plate designs are shown 
in Figures V. 11 to V, 16. An intermediate support is sometimes used for 
mounting the thrust collar on the turbine cover plate (Figure V.18). If the 
thrust collar is installed directly on the cover plate, the upper flange of the 
cover extends upward and the total height of the cover plate increases (Fig- 
ure V.17); this type of cover plate is larger and heavier, but, since there 
is no intermediate support, the design is more economical. 





a — normal operating conditions; b — sudden 
closing of the distributor. 
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In strength computations, the annular parts of the distributor, the upper 
ring and the cover plate were considered until recently as rigid rings, sub- 
ject to bending at the most critical section by hydraulic and weight loads. 
The stresses inthe webs were thereby neglected. Experience in operation 
has shown, however, that the cover-plate webs are subject to considerable 
local stresses causing cracks at the corners at the transition from the 
vertical to the horizontal plates. Consequently, more accurate methods of 
ring component design are now used at the LMZ, based on experimental 
data. 

Approximate method of design. Turbine cover plate. Indesign- 
ing the turbine cover plate, two cases are usually considered: 

1) normal operating conditions; 

2) sudden closing of the distributor at load rejection. 

The load diagram is shown in Figure VI. 65, 
where p, and p, = water pressure on the cover plate along the circumfer- 

ence D,—D, ; 

D, = diameter of flange bolt-hole circle; 

D, = turbine-shaft diameter; 

Pax = axial water pressure upon the runner; 

R, and R, = bolt reactions; 

G, = weight of the cover plate; 

G, = weight load transmitted by the thrust-collar frame 
(weight of the generator, runner, main shaft, and thrust 
collar); 

G,- weight of the gate ring with bearing; 

G, = weight of the guide bearing and cover-plate cone; 

G,= weight of the servomotors (if mounted on the cover plate); 

Dı, Dı, Ds, D, D, = diameters at which the weight loads are acting. 

The pressure Pp; is determined according to the actual head as the dif- 
ference between the maximum headwater level ar the elevation at which 
the lower cover-plate flange is installed, with allowance for the pressure 
reduction due to water velocity. 

The pressure p, is determined according to the vacuum under the 
cover plate, usually taken from 5 to 10m. W.G. 


p (Hh — 5) vkg/cm2, (VI. 229) 


where H, = difference between the headwater level and elevation of dis- 
tributor; 
v = average velocity in the distributor region. 
Consequently, the force due to water pressure acting upon the half ring is 


„= 2% (D,—Di) , 
2-4 i 


P, (VI. 230) 


b 


The diameters D;.....D; are determined from the static moments of 
the weights of the respective part. 

The total moment exerted upon half the cover plate under any operating 
conditions equals the sum of the moments of all forces and reactions. 
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where R, = — (G + 


First case. Bending moment due to weight loads 


Mo, = —- fm t-m 


Mo = — Ss Dy t-m 
2 mx 


Mo, = — A. D 


Mc, = — 4.2 tem 


Hence, 


Bending moment due to axial water pressure on runner 


Max -— — x D. t-m. 


Bending moment due to water pressure on the cover plate 


n(pi- D) x 2(0}— D) 
a (D$ nt) s 


aoo ~ h 


io TA gp, m 
Bending moment due to bolt reactions 


R, D 
Mg, =>: = tm, 


Px = P4) t. 
Total moment, tending to bend half of the turbine cover-plate, 
M; = Mr, + My, + Mo + Mp,, tem 


Second case, 


plate 


Ps — py + (D,— Di) t. 


Bending moment due to force P, 


Mp, = — S (Db — Di) t-m. 
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A (DR—D?) t-m. 


(VI. 231) 


(VI. 232) 


(VI. 233) 


(VI. 234) 


(VI. 235) 


Forces due to water pressure p, (vacuum) upon the cover 


(VI. 236) 


(V1. 237) 


Bending moment due to bolt reactions 


Mg, = 5.22 t.m, (VI. 238) 


where 
R, = — (G + Py) t. 


Total moment, tending to bend half of the turbine cover plate, 


M, = Mg, + Mo + Mp, t-m. (VI. 239) 


The maximum stress in the upper and lower flanges of the cover plate 
is determined from formula 


M 
o= ht kg/cm2 (VI. 240) 


where yp; = distance from neutral axis to most distant points of the upper 
and lower flanges; 
J= moment of inertia of the critical section of the turbine cover 
plate. 


y= Sry 208 Lg yr, (VI. 241) 


where y, = coordinate of the neutral axis of the critical section 


2 Fy 
He Sr 


The computation is similar for the design with the upper ring made in- 
tegral with the cover plate. The load diagram is shown in Figure VI. 66.. 
The weight of the distributor parts, the force on the distributor, and 
the sudden pressure rise when the distributor is closed, must be added to G, 

The cover plate of the Francis turbine is designed for three cases: nor- 
mal operating conditions, sudden load drop, and failure of the labyrinth 
seals. The diagram of the loads acting upon this type of cover plate is 
shown in Figure VI.67, where G, = distributor weight; G, = weight of the 
guide bearing; fı. 73; = pressure below the labyrinth seal under different 
operating conditions, 

Upper distributor ring. The upper distributor ring is designed 
for two cases: normal operating conditions, and sudden closing of the dis- 
tributor. The diagram of the loads acting upon the upper ring is shown 
in Figure VI. 68, where G = total weight load on the upper ring. 


G = G, + Gs + Gs; | (VI. 242) 


G, = weight of the upper ring; 

G, = weight of the guide vanes; 

G, = weight of the levers, bearings, and other parts; 

Pı = water pressure, under normal operating conditions; 

Pa = water pressure, at sudden closing of the distributor; 

g = vacuum acting on the distributor during sudden closing. 
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FIGURE VI.66. Diagram of the loads acting upon the turbine cover plate combined 
with the upper distributor ring : 


a— normal operating conditions; b— sudden closing of the distributor. 


b 





R: 








FIGURE VI. 67. Diagram of the loads acting upon the cover plate of a Francis turbine: 


a — normal operating conditions; b — sudden closing of the distributor; c— failure of 
the labyrinth seal. 


ll 





^ 


FIGURE VI.68. Diagram of the loads acting upon the upper distributor ríng: 


a— normal operating conditions; b — sudden closing of the distributor. 


302 


First case: Bending moment 


M, = M, + Mg + Mp, + Mg tm (VI. 243) 

M, = — S.D. t-m, (VI. 244) 

Mg, => t.m, (VI. 245) 

R,=R, + G + P, (VI. 246) 

P, = — A. 3 (D* — Dj). (VI. 247) 

Mp, e B. P (VI. 248) 
Tension in 


the bolts 








Neutral axis 


Compression 
in the joint 


— Reference axis 


FIGURE VI.69. Diagram for computing the stress in the bolts of the flange joint 


Second case: Bending moment 


The maximum stress in the upper and lower flanges, for both cases 


M 
0,3 = IL kg/cm2. (VI. 250) 


When the turbine rings are designed in this manner, the permissible 
stresses are 

for cast iron, up to 600 kg/ cm?, 

for cast steel, up to 1000 kg/ cm?. 

The bolts of the cover plate flange joint. In this design, 
the joint is considered as a fixed cantilever beam, subject to bending. 

The bolts located on one side of the joint's neutral axis are subject to 
tension, while the part of the cover plate on the other side of the neutral 
axis is under compression. 

The ordinate A of the neutral axis is determined from equation 


Q (h) = 8, + ks, = 0, (VI. 251) 
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whose solution may be tabulated by assuming several values for k; 
$s, = Static moment of the bolts under tension; 
S$, = static moment of compressive force on the joint; 
k = ratio of the moduli of elasticity of the cover plate and bolt materials. 
The horizontal axis x — x passing through the upper or lower cover-plate 
surface is taken as the reference axis. 


$s, = f (Za, — nh), 


where f - cross-sectional area of the bolt; 
a, = distance from the /-th bolt to the axis t — x ; 
n = number of bolts under tension. 
Za, is calculated for the loaded bolts only 


ba? 
a= >=. (VI. 252) 


where 6 = width of the elementary rectangle adjoining the neutral axis; 
h, = height of rectangle. 
The stress in the bolt most distant from the neutral axis is 


M 
o= 37,47, Caa — h), (VI. 253) 


where J, - moment of inertia of all bolts under tension; 
J; = moment of inertia of that part of the joint under compression. 


J, = f (Sa? + nh? — 2h Dd,), (VI. 254) 


J= 9. (VI. 255) 


Cover-plate flange. The flange of the cover plate is designed to 
resist bending. The calculation is approximate, the assumption being that 
the flange is rigidly fixed to the vertical flat wall. 

The bending moment is 


M = RI, (VI. 256) 


where R = maximum bolt reaction; 
| = distance between bolt axis and cover-plate wall. 
The modulus of section W of the flange cross section is determined in 
the usual way. 
For the ribbed flange, the modulus is 


J. J 
Vi *77 hé iir Say roa (VI. 257) 


The moment of inertia 


J = OE + wD (y. —) + Fp + 2th (k + T—»)- (VI. 258) 
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Position of the neutral axis 


h k 
Xo mer) (VI. 259) 
y. = yr, -— akrab o C : 





where z= number of ribs; 
6 = rib thickness; 
h = rib height; 
k = flange thickness; 
D,= outer diameter of the developed cover plate wall. 
The stress values are determined with greater accuracy from formulas 
(VI. 196) and (VI. 197). 
In designing the double flange of the cover plate (Figure VI. 65), one as- 
sumes that the two flanges are separated, and that the load is equally dis- 


tributed between them. 
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FIGURE VI. 70. LMZ unit for testing a metal cover- 
plate model 


Experimental research data. A model, fabricated of steel plates, of the 
cover plate for the turbine of the Volga plant imeni Lenin, was tested at 
the L MZ in order to determine the actual stresses. The largest diameter 
of the model was 930 mm, equivalent to a scale of roughly 1/10. The tests 
were carried out with two kinds of loads, tending to reproduce the real 
operating conditions: 

1) the axial load, transmitted by the thrust-collar frame; 

2) the water pressure on the lower part of the cover plate. 

Three design variants of the cover plate were tested, one of them being 
a cover plate made integral with the upper ring of the distributor. 
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The schematic layout of the test unit is shown in Figure VI. 70. Its 
principal element is a flanged cylinder, with the cover plate fixed on the 
flange. The water pressure upon the cover plate is simulated by oil pres- 
sure acting on a piston in the cylinder. The cover plate supports the model 
of the thrust-collar frame. The oil-pressure force, transmitted to it through 
a rigid plate, serves equally as a substitute for the rotor weight and force 
on the runner. The strains in the cover plate set up by this loading were 
measured by means of strain gages, and the stresses were computed from 
theaverage valuesofthe strains. The tests showed the maximum stresses 
to occur at the inner edges of the ribs, with highest stresses found in 
the rib fillets. By providing struts (diagonals) between the ribs, the 
stresses may be considerably reduced. 

The stresses in the sections between the ribs, the bottom, and the walls 
are negligible. 

Figure VI. 71,a shows an experimental model, built by the Institute 
of Science of Machines of the Academy of Science, reproducing the cover 
plate of the turbine for the Volga plant imeni Lenin with the adjacent 
parts — the conical thrust-collar frame mounted above with the runner hub 
suspended from it. 

The model is installed in a loading unit, which permits the simulation 
of axial loads acting on the thrust collar, and water pressure acting on the 
lower surface of the cover plate. 

The tests proved the greatest load to be axial. 

The strains in the ribs, with and without struts, are shown in Figure 71,b 
(in scale divisions of the electronic measuring device). The strains, and 
consequently, the stresses too, are three to four times smaller when struts 
are incorporated. The results of the model tests tally well with the field 
measurements made at the Volga plant imeni Lenin on the cover plate of 
turbine No. 2. The cover plate was subject to a runner-weight load P= 
1370t, and to a head H= 18.9 m, under which the turbine developed a 
power of N- 80,000kw. The stresses were measured first in the cover 
plate without struts, and then in the model with struts welded to the ribs. 

The results, illustrated in Figure VI. 72, show that the greatest stresses 
g in the upper-rib fillet reached 2265 kg/cm2; inthe inclined rib the stresses 
were 2255kg/cm2, After mounting the struts, the stresses in the upper 
rib decreased to 820 kg/cm2, and in the inclined rib, to 1355 kg/cm2. 

As part of this same research project, a series of cover plates of sim- 
ilar design, installed in several hydroelectric plants, were tested. The 
field strain- measurements made under different operating conditions on 
cover plates at several plants showed that in a number of cases large 
stresses occur in the ribs, especially at the fillets. Cracks, caused by 
high static stresses (ø= 1140 kg/ cm?) that exceed the normal strength of 
cast iron, were found in the ribs of cast-iron covers. These cracks are 
also caused by instantaneous build-up of vacuum below the cover plate dur- 
ing distributor closing at sudden load drops. "These load drops change the 
direction of stresses: e.g., inthe turbines of the Svir'II HEP, the stresses 
changed from o = + 1140 kg/ cm? to -910kg/cm?. 

It was also found that at all normal operational conditions, dynamic 
stresses, whose intensity reaches 12% of the value of static stresses, are 
liable to appear. 
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FIGURE VI. 71. Test unit for testing cover-plate models at the I. S. M. (a) and 
strain distribution in the cover-plate ribs (in scale divisions of the electronic 
measuring device) without struts (b) and with struts (c). 





1795 Legend: 
----- Stresses before reinforcing 





Stresses after reinforcing 


FIGURE VI.72. Distribution of the total stresses in different ribs of the cover 
plate of the turbine for the Volga plant im. Lenin 
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By mounting struts, the maximum stresses in the rib fillets could be 
lowered by 25 to 50%. The cracks in the ribs were stopped by drilling 
crack-arresting holes, while the rigidity of the ribs was restored by means 
of plates secured by fitted bolts. 

The investigation of stress distribution in cover plates, through model 
tests and field measurements, showed that the shape of cover plates and 
ribs should be very carefully selected, particularly when the thrust collar 
is mounted above. 

Exact design of the turbine cover-plate. Owing to the fact that it is both 
laborious and unnecessary in practice to determine the complex defor- 
mation of a shell of intricate shape and with a structure of bars (the 
ribs), G. H. Frank-Kamenetskii of the LMZ proposed anapproximate method 
of computing the stresses in ribs /91/. 

In the first stage of the calculation, the cover plate is considered as a 
rigid ring supported at its outer edge and symmetrically loaded with respect 
to the axis — this being equivalent to a ring twisted by a couple of forces 
uniformly distributed around its circumference. A ring of this type is sub- 
ject to opposite tangential stresses o,, at the height of the ring cross sec- 
tion and on the ring radius. 

The second stage consists in calculating a plane frame, formed by the 
cover-plate ribs. The load acting on the frame is considered as a system 
of external forces acting on the cover plate, together with the projections 
on the frame plane of the tangential forces acting at the section where the 
frame is considered to be cut. Calculation of the frame is done by the 
unit-load method — common in mechanics — and consists in the formulation 
and solution of a System of canonical equations with six unknown quantities — 
the load factors. 

The system is solved by the method of square roots. The computation 
of the frame makes it possible to determine the distribution of the bending 
stresses in the cover-plate ribs. 

The tangential stresses in the turbine cover-plate are determined by 
solving the problem of the deformation of a ring subject to torsion caused 
by & couple of forces uniformly distributed around its circumference, and 
to compression induced by an axisymmetric radial load. For this purpose, 
the ring cross section is assumed to be constant. 

The equations of equilibrium for the ring sections are: 


| edF = T, 
(VI. 260) 
[oper = Mi, 
where o, = tangential stress; 
F = area of the ring radial section; 
2 = coordinate of the given point; 
T and M, - force and moment on the ring section. 
The stress at the given point is, according to Hooke's law 
0, = Et, (VI. 261) 


where e, = tangential strain. 
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By jointly solving equations (VI. 260) and (VI. 261), considering the ex- 
pressions for the strains, and introducing the designations 





e 


t=(F, maf; na|”, (VI. 262) 
P P P 


which characterize the geometry of the section, we obtain the tangential 
stress 


x 


EL. (VI. 263) 


9, ume kx 

Consequently, this formula makes it possible to compute the tangential 
stresses at any point of the ring section having the coordinates r and z, 
given not only the force and moment acting at the section, but also the geo- 
metrical shape of the ring. 

The successive stages of the practical calculation are as follows. Divide 
the radial section of the cover plate (the ring) into elementary areas and 
compute the integrals 


iad 


Fiu 
m’ = 2 " (VI. 264) 


fend ien d 
i Fuld Fa 
=e % + 12r, : 





where d = number of elementary areas; 
F, = surface of the elementary area; 
Ah, = height of the area in the z-axis direction; 
r, 2, = coordinates of the centroid of the elementary area. 
Determine the value of the integrala from the relation 


n = n? — zm’, (VI. 265) 


where 2, coordinate of the neutral axis — considering the deformation of 
the ring to be rotational — is determined by the formula 


n^. (VI. 266) 
Determine the moment M, from the formula (Figure VI. 73) 


imk 


l 


where P? = force acting on the cover plate; 

arm of the force couple; 

total number of external forces; 

serial number of forces and corresponding arms. 


æ 
nunn 
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Determine the tangential force T, as the product of water pressure and 
half the diametral projection of the ring subject to water pressure p 


a 
T = pÍ rdz, 


where & = height of the ring subject to water pressure (Figure VI. 73). 





FIGURE VI.73. Forces on the turbine 
cover-plate 


The tangential force may be expressed as the sum of the horizontal pro- 
jections of the external forces 


imk 


T = -2 Phe, (VI. 268) 
im 


where P} = horizontal projection of forces P$. 
The tangential stresses are determined in the light of two assumptions. 
Assumption I. The distribution of the stresses in the cover -plate 

sections is considered as obeying the law of beam flexure, the stresses be- 


ing independent of the radius of the fiber considered 


9, Me (z —2,), 





where 2, = coordinate of the neutral axis; 2,- S. . 

The maximum stresses occur in the fibers farthest from the neutral 
axis. 

Assumption II. The stresses in the cover-plate sections are deter- 
mined with allowance for the rotational deformation of the ring. The as- 
sumption, in other words, is that each cross section of the ring turns under 
a certain angle — identical for all cross sections — and that the cross sec- 
tion shape remains constant. Formula (VI. 263) is used for this case. 


Me 2 T 
guerres 
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Design of the cover-plate ribs. In designing the cover-plate ribs, an 
isolated radial sector of the cover plate containing one Single rib is con- 
sidered. 

The sector is considered as a closed, plane frame (Figure VI. 74). In 
addition to part of the external load, each of the ribs is subjected to tangent- 
ial stresses 9, (previously determined) acting on each rib from the cut 
side of the cover plate. 







Xs | 


Basic system 
4 of focii 
la 


FIGURE VI. 74. Schematic diagram of the plane frame 





The external forces are the loads P,, and the forces Q, which are pro- 
jections of the tangential forces acting in the section of the isolated sector. 
These external forces are determined from formulas 


P, 4- Pi. (VI. 269) 
+ S Pi, =E Si. (VI. 270) 


ke = number of radial cover-plate ribs; 
P? = total force acting upon the cover plate; 
i g up p 


2 Pd, = resultant moment of the external forces acting in the frame 
m plane; 

fæ 

2 Pir = resultant horizontal load; 

dan 


n and | = geometrical parameters of the section; 
coordinates of the centroid of the elementary area; 
2,is measured from the neutral axis of the section; 
F, = surface of the elementary area. 
T he coordinates of the point of application of the force Q, are determined 
from 


A 
I] 
Pe 
e. 

m. 
u 


where h= height of the elementary rectangle. 
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The moments of inertia of the bar-type frame are determined in the nor- 
mal way from the formula 


læn fmn fmn 
12245 +I h Ble (VI. 272) 


where i = serial number of the elementary area; 
n - number of elements; 
f, = area of the i-th element; 
y, = ordinate of the center of gravity of the i-th element; 
Ja = moment of inertia of the element with respect to its neutral axis. 
The ordinate of the neutral axis of the section is 


fmn 
Dd late 
iml 
Ye = -TaT * 
Dh 
beni 


(VI. 273) 


The bar-type frame is a statically indeterminate system; the calculation 
is effected by the unit load method. 

In order to obtain a statically determined system, the frames are cut 
at an arbitrary section and unknown moments x, and forces x, and x, ap- 
plied (Figure VI. 74). A statically determinate system, called the basic 
system, then results for which the moment diagrams of the unit loads and 
of the actual applied load (Figure VI. 75) can be constructed. 





FIGURE VI. 75. Diagrams of the bending moments caused by unit forces x (a); xs (b); xs (c) 
and by the external load (d) 


The unknown loads and moments are determined from the canonical equa- 
tions by the unit-load method. 


64x, + Sars + bier, + Âm 0 
aX + r + 04,5 + A,, = 0 
ðs + Syarg + 0,2, + A,, = 0 


(VI. 274) 





The coefficients and free terms of the canonical equations (in the case 
of straight bars) may be determined from Vereshchagin's formula and are 
given in equations (VI. 275) and (VI. 276). 
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The coefficients of the canonical equations are 


OF bum a Ar): (VI. 275) 


=t- ME) .- X05) 


The free terms will be 
a 


— 


— (VI. 276) 


n- XEF) 


In formulas (VI. 275) and (VI. 276) the designations are: 
F,, Fy, Fy, F,= areas of the respective moment diagram; 

y), y®, y®) = ordinates of the diagram of unit moments, the ordinates 
being measured above the centroid of the respective 
diagram; 

EJ - rigidity of the bar; 
k= number of frame bars. 





FIGURE VI. 76. Stress distribution in the cover-plate 


ribs: 
a — inside fiber; b — outside fiber. 


After determining the unknown quantities x,, x,, and x,, it is possible to 
construct the moment diagram of the frame, and calculate the stresses on 
the inner and outer fibers of the rib. The stress pattern is shown in Figure 
VI. 76. To sum up, in designing the cover-plate ribs, the procedure is as 


follows: 


1) calculate the moments of inertia and moduli of the frame bars; 
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2) design the frame according to the predetermined position of the 
centroid; determine the coordinates of the joints and the length of each 
bar; 

3) determine the external loads acting upon the frame, and the coordi- 
nates of their points of application; 

4) calculate and tabulate the reactions and the coordinates of their 
points of application; 

5) select the basic system of plotting the unit diagrams; 

6) calculate and tabulate the moments of the external forces; 

7) calculate and tabulate the areas, and the coordinates of the centroids 
of the diagrams; 

8) calculate and tabulate the coefficients of the canonical equations; 

9) solve the canonical equations and tabulate the results; 

10) calculate and tabulate the resultant moment diagram; 

11) plot the stress diagrams for the inside and outside fibers of the 
cover-plate ribs. 

The above method of calculating the bending stresses in the cover-plate 
ribs was checked experimentally at the LMZ on a welded cover-plate model. 
The tests were carried out with TPD-10 wire strain-gages having a gage 
length of 10mm, and a resistance of 120 ohm. 

The model was tested under three types of loadings: axial load, internal 
pressure, and joint action of an axial load and internal pressure. 

For inside fibers, the experimental results agreed in general with those 
calculated. However, because of the number of assumptions made dur- 
ing the calculation, it should be understood that the method described 
above yields only approximate results, in particular for the outside 
fibers. 

Experimental data gathered during field and model tests tend to indicate 
that a correction factor must be introduced into the calculation to obtain 
more accurate results. 

Deformation of the annular distributor parts. In larger parts, such as 
the cover plate, etc., rigidity is not less important than mechanical 
strength. Experience in manufacture, erection, and operation of large- 
Size annular parts showed that their elastic deformation may reach large 
values, considerably affecting the turbine design. These deformations must 
be allowed for when designing the turbine and establishing the clearances 
for moving parts; for example, the clearance between the guide-vane 
tips and the upper ring may become reduced to such an extent because 
of elastic deformation, that the upper ring comes into contact with the 
guide vanes. 

G. H. Frank-Kamenetskii /90/ proved that in order to determine with 
satisfactory accuracy deformation of such parts as the upper distributor 
ring, they should be considered as rigid rings, for which the deflection 
w, of the inner edge with respect to the outer edge may be determined by the 
formula 


pes 
Wy = C, -Fg Cm. 


If the outer edge of the ring is supported, the deflection of an arbitrary 
point of the ring is 


b — p 
wt, b —a 





cm, 
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where a andb:- inner and outer radii of the circles of the bolt holes on the 
upper-ring flanges; 
P= nominal] load on the ring; 
r = radius to the point where bending is measured; 
n - integral determined from formula (VI. 262); 


(hi 


The values of ¢ for different + are given in Table VI. 14, 


TABLE VI. 14 
Coefficient & for different ratios + 





FIGURE VI. 77. Diagram for determining the deformation of annular parts 


Usually, the upper distributor ring or the turbine cover plate are con- 
nected to the adjacent part by means of flanges which impart a greater rigid- 
ity to the ring, thus reducing its deformation (Figure VI. 78). The effect of 
the flanges may be approximately allowed for by introducing the coefficient 


ką the deflection of the ring then becoming 
PH 
e, = Oh, EL. 


The coefficient & is equal to 
i 
he 
1+ al, 
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where 2, = number of bolts; 
h, = arm of bending moment; 
Fẹ = cross-seccional area of bolt; 
Ey = modulus of elasticity of bolt; 


bolt length. 
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FIGURE VI, 78. Deformation of the flange FIGURE VI. 79. Deformation of the upper ring: 


Joint 1— turbine cover plate; 2— upper ring; 3— speed 


ring; 4— guíde vane. deformation, without 
allowing for flange rigidy. ----- ditto, allowing 
for flange rigidity.—-—-—-— experimental data. 





Experimental investigation of deformation inthe upper ring was carried 
out on one of the turbines at the Volga plant imeni Lenin. 

For this purpose, the lateral clearances between the lower and upper 
distributor rings and the guide vanes were measured at points A, B and C 
(Figure VI. 79). 

The deformation of the upper ring was caused by the weight of distributor 
and rotor transmitted through the thrust-collar frame, mounted on the cover 
plate. 

In order to obtain sufficiently accurate data on the nature of the phenom- 
enon, the deformations due to different weight loads, such as distributor, 
generator rotor, or turbine runner, were measured during the actual erec- 
tion of the hydro unit. 

From the measurements made on one turbine, it was ascertained that 
even with a small initial loading, the upper ring is appreciably deformed, but 
on further loading the deformations increase at a slower rate. 

When the load was removed, the upper ring did not return to its former 
position, and permanent deformation apparently occurred. It seems, there- 
fore, that the deformations of the upper ring are of two kinds, elastic and 
plastic. Plastic deformation may be considered to be a consequence of 
the leveling of the irregularities on the machined surfaces, of the clearance 
reduction at the contact surface of the flange joint and of a certain deforma- 
tion of the flanges. 
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A comparison between the elastic deformations of the upper ring, both 
calculated and experimentally determined, is set out in Table VI.15, in 
accordance with Figure VI. 79. 

Deformations were calculated both with(& =0.79).and without (kı = 1) 
taking into account the rigidity of flange connections. 


TABLE VI. 15 


Comparison of the upper ring deformations, 
calculated and experimentally determined 


Calculated deformations for 

b z] 3.25 
Calculated deformations for 

k, = 0.79 0.58 2.56 


As can be seen from table and diagram, the deformations calculated with 
allowance for flange rigidity agree satisfactorily with the experimental re- 
sults. 


41. REMARKS ON STRENGTH CALCULATION FOR 
GUIDE VANES OF CONICAL DISTRIBUTORS 


The maximum stresses occur in the closed guide vane, The hydraulic 
moment then exerted upon it may be determined in the same way as for the 
cylindrical distributor. 


M, = nV I P,, 


where a, = relative eccentricity; 
| = length of the guide-vane arc, on which the center of gravity of 
the vane is located (Figure VI. 5). 
Considering that the guide vane is part of a conical surface, the radius 
to the center of gravity on the development may be determined from the 
following formula: 


c.g m + = d (VI. 277) 


where fg * Ate, 


R and r= respective radii of curvature of the lowerand upper guide- vane 
edges. 
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The hydraulic forces acting on the conical guide vane in the closed posi- 
tion 


P= yHF = yhnr (R8! — r), (VI. 278) 
where 6 = DOR = vane pitch angle on a developed cone base (Figure VI. 5). 


When determining the pivot-bearing reactions and the stresses in the 
conical guide vane, it should be noted that the load varies along the vane 
length according to the diagram in Figure VI. 5. 

The hydraulic force upon an element of the guide vane are 


dP, = yHl,dx = yHS (x + r) dx. (VI. 279) 
The bearing reactions are determined from the equations of statics 


Zy = Ra— P, + Rat Pr = 0; 


ZM, = | dR, (a — 2) — Ral — B, (L +4) =0 (VI. 280) 


or 


f vide + r) (x4 — x) dx = RaL + P, (L + lg. 


The stresses in the guide-vane body are determined from the bending 
moment in the part subject to water pressure (0 « x « l} 


i 
My= R4 (x4 — x) — f dP, (f — x). 
a 
where ¢ = integration variable 


x«t«ly,; 
dP, = yHò (t + ñ) dt, 


consequently, 


i 
My= Ra (x4— x) — f YHD (t + r) (t — x) dx. (VI. 281) 


The coordinate x of the section subject to maximum bending moment, is 
determined from 


dMp 
oo = 0. 


The moment of inertia of the guide vane may be calculated in the normal 
way. 

The design of the guide-vane actuating mechanism [for a conical distrib- 
utor] is similar to the design of the actuating mechanism of the cylindrical 
distributor. 


Chapter VII 


FRANCIS TURBINE RUNNERS 


42. RUNNER DESIGNS 


The Francis runner is employed over a wide range of heads and specific 
speeds A, 

Figure VII. 1 illustrates the change in the shape of the water passages of 
the Francis runner at various specific speeds ranging from a,= 60 to 
n,- 400. 

At a low specific speed (a,= 60), the leading edge (1) of the runner 
blade is usually located in a vertical plane, and on a larger diameter than 
trailingedge (3) (D, « Di), which is almost horizontal, The profiles of the 
upper (2) and lower (4) bands ofthe runnerare similar. The runner hub (5) is 
close to the upper band (2). The ratio ofthe runner entrance opening to the di- 
ameter 6,/D,is not large. The runner blade extends in length from the lead- 
ing to the trailing edge. 

For runners of higher specific speed (n,- 190), the upper (2)and lower (4) 
bands differ markedly in shape and profile, and the leading (1) and trailing 
(3) edges are located close to each other on nearly conical surfaces, In 
this case, the ratio bD, is greater, while the entrance (D) and exit (Dy) di- 
ameters are practically equal. 

Runners of still higher specific speed (a,= 400) have even shorter blades, 
and higher ratios 6/D,. The upper band (2) and the runner hub (5) form 
a single element. In this case, D, Di. 

The design of the basic runner components — blades, upper and lower 
rings, and hub — has to be adapted to the specific speed used, because of 
the strict relationship between the size of these components and the speed. 

Nowadays, turbine engineers employ Francis runners with stamped 
blades welded to the lower and upper bands, all-cast constructions with 
profiled blades, and welded-cast constructions, Depending on its sizes, 
the runner may be of one piece or of several pieces bolted or welded together. 

Figure VII. 2 shows a runner with stamped blades. 

The blades (2), stamped of steel plates, are welded to the cast-iron 
hub (1) and to the lower band (3). This type of runner is in common use for 
medium-size turbines. 

For a runner diameter D,= 1.0m, the blade is usually 10 mm thick 
(s, = 10 mm) and is inserted into the hub and band over a depth of s,- 30 to 
40 mm. 

The radius of curvature of the leading edge is equal to half the blade 
thickness R= 0.55, while the radius of the trailing edge varies from 1 
to 2mm. The blade ends, cast into the band and hub, are dovetailed. 
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The blades are stamped in special stamping dies. 

A core with stamped steel blades is introduced into the mold for casting 
the hub and band, Particular care should be taken when inserting the blade 
into the core, which should be made beforehand in a special box. 





Rs=400 


FIGURE VII. 1. Profiles of Francis runners for different specific speeds 
(a,= 60 to 400) 


Figure VII. 3 shows the design of an all-cast runner. The upper band (2), 
blades (3) and lower band (4) are cast together — usually of carbon or stain- 
less steel. For large-size runners, the 
upper band (1) is made removable. Seal 
rings (5 and 6, 7 and 8) are provided at 
the upper and lower rings for reducing 
water leakages across the runner, The 
number of blades z, usually varies from 
14 to 18. 

Blade profile, and blade location in the 
space between the upper and lower rings, 
have a considerable effect upon runner 
efficiency; particular attention should 

FIGURE VII. 2. Francis runner with therefore be paid to the casting and ma- 

stamped blades chining of the blades and to their proper 

location and configuration. 

Two views are required to make the model for casting the runner: the 
plan view and the elevation, usually drawn to scale, on which sections per- 
pendicular to the runner axis are represented — as shown in Figure VII. 4. 
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FIGURE VII. 3. All-cast Francis runner 
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To obtain the elevation, the points of the leading and trailing edges are 
rotated about the runner axis, superimposing the projections on a plane 
passing through the axis; thus, the distances between the blade points and 
the turbine axis remains undistorted (cylindrical projections). 

The profiles of blade sections perpendicular to the turbine axis are rep- 
resented in plan. The concave sides of the sections are represented 
by solid lines, the convex sides by dotted lines. After being cast, the blade 
requires no machining, except for the leading and trailing edges which are 
profiled with special templates, 

Since the blade, hub, and band surfaces which border the water passages 
cannot be machined, any defects must be repaired by brazing and sub- 
sequent cleaning. The blade surfaces are only ground; in casting the run- 
ner, great care should therefore be taken to obtain proper blade position. 

In order to obtain blade and band surfaces as smooth and as properly shaped 
as possible, special molding sand is used and the core surfaces are covered 
with a special compound. 

If the quality of the casting is not satisfactory, the cleaning and subse- 
quent grinding of the runner surfaces may involve a great deal of manual 
work, 

When the runner is cast, apart from the regular controls such as check- 
ing shape and dimensions, it is necessary to check the opening a, between 
the runner blades, 

[In a Francis runner], the opening a, is the shortest distance between 
the leading edge of one blade and the surface of its neighbor. This dis- 
tance actually represents the minimum water-passage opening of the runner, 
which in turn determines the discharge capacity, and consequently the power 
a runner may develop under a given head. 

The opening aà, may be determined on the elevation represented in Figure 
VII. 4 in the following way: with S; as a center, strike arcs with radii of 
fs, ls and r, intersecting the trailing edge at S, S, S, The points S, and 
$, are the intersections of the trailing edge line with the hub and band 
surfaces. At points $,, S}, Ss and S, draw perpendiculars SS;, S2S3, SyS3, S4S4. 
On the plan, draw the line SS' (the trailing edge of the adjacent blade) mak- 


ing an angle of = with the trailing edge of the first blade. Markonthis line 


the points Sı, S,, S,, S, and S, by arcs drawn with the runner axis as 
center and radii equal to R,, Ra, Rs, R, and R, (from the elevation). From 
each of the points $S,,5,,S$,, S, and S, determine on the plan the shortest 
distances to a series of horizontal sections of the convex side of the 
blade considered; for instance, for the point S, these are the radii 
fio To. fe fr and rg . Lay off the radii fio, fs, ra, r; and rg on the corre- 
sponding parallels 10, 9, 8, 7 and 6 in the elevation, and draw the 
curve aa through the points ajo, a, as, a; and ag thus obtained. Now, with 
$, as a center, draw an arc tangent to the curve aa; the radius of this 
arc represents the required opening as. The openings dg, ay, and a,, for 
the other points S,, S, and S, are determined in like manner. For the point 
S, the opening is determined as the radius of an arc having S, as a center, 
tangent to section 1 of the convex surface of the blade, since,at this point, 
the blade surface is practically cylindrical, and has almost vertical genera- 
trices, 

On the basis of long experience in the construction of hydro turbines, 
LMZ established the tolerances for shape and dimensions of Francis-runner 
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FIGURE VII. 4. Blade of a Francis runner 
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components (water-passage parts), as well as for runner clearance. These 
tolerances, established as a function of the runner diameter D;, do not es- 
sentially affect turbine efficiency. They are given in Table VII. 1. 


TABLE VII. 1 


Toletances for the dimensions and shape of the water passages of a Francis runner 


Tolerances in fractions 


Type of tolerance of diameter D, 


Deviations of the sections of the trailing and leading blade edges from the 


template: 
a) in shape 0.0007 
b) in thickness of the trailing edges —0.001 
c) in thickness of the leading edges + 0.002 
Deviation of the truiling-edge line from the surface enveloping trailing edges 0.0015 


Deviation of the surface enveloping the trailing edges from the vertical surface 
specified in the drawing + 0.002 


Variation in the opening between the trailing edge and the convex surface 
of the neighboring blade: 
a) arithmetical mean for all the blades at all points specified for meas- 
uring in the drawing + 0.0005 
b) between any two adjacent blades + 0.0015 


Variation in the pitch of the adjacent blades between: 


a) the trailing edges at the upper band + 0.002 
b) the leading edges at the upper band and the trailing edges at the lower 
band + 0.003 


Tolerance for blade thickness: 
a) arithmetical mean for all the blades + 0.002 
b) any particular blade + 0.003 


Deviation of the generatrix of the conical upper-band surface from a straight 
line 0.003 


The mold for casting a Francis runner is shown schematically in Fig- 
ure VII. 5. It is usually prepared in a special box (1) with a removable 
flask (2) on top. The molding of the runner is effected by means of a core 
box for the water passages. The blade (3) is obtained by means of cores 
(4) and (5), the molten metal filling the free space between them. 

Special reinforcement is provided within the cores to strengthen them, 
as well as vents for gas removal. 

Because of the large metal concentrations in the hub and band, gates (6) 
and risers (7) should be provided to obtain high-quality castings. Contrac- 
tion ribs (8) are provided at the sharp transitions between thin and heavy 
blade sections in order to avoid the appearance of cracks. 

It is advisable to cast very large runners in two sections in order to 
make possible their transportation by rail. 
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The runner with the largest over-alldimensions ever built inthe U.S.S.R. 
was delivered by the LMZ for the Dnieper-plantturbines. The diameter 
D,= 5.45 m and the weight 92 t. 

This huge runner was hauled by rail on two heavy-duty 60t flat cars, 
between which a special girder carrying the runner was mounted; only 
250mm clearance remained between the rails and the runner band. The 
girder was supported at the ends by special spherical supports enab- 
ling the runner to remain in a constant position whatever the inclination of 
the road-bed; these supports were designed to transmit a tractive force 
of 80 t. 

A similar runner, delivered by the Newport News Company of the U.S.A., 
was cast in three sections, which were joined together by rings at the up- 
per and lower bands, 
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FIGURE VII.5. Mold for casting runner 


Figure VII. 6 shows the construction of a runner made in sections, joined 
into a single structure by means of rings, The component sections are cast 
and welded. Each runner half consists of the corresponding upper band (1), 
blades (4), and lower band (6). The band halves are flanged, the flanges 
being bolted together, and in this case, the bolts (2) are for joining pur- 
poses only. 

The halves are joined into an integral structure by means of the ring (3), 
whose cross section is designed to take up the loads from the upper-band 
sections. 

The runner blades are cast separately and arc-welded tothe band halves 
later. The ring (5) is fitted onto the lower band (6) on the site, The run- 
ner halves are manufactured in the shop, and then securely fastened togeth- 
er on the site by means of a forged ring, heated and shrunk onto the band. 

Composite runners with rings are common all over the world in turbine 
manufacturing, but they have the disadvantage of being very heavy. For 
instance, the composite runner with rings delivered by the Newport News 
Company for the Dnieper-plant turbine was 12t heavier than the all-cast 
runner made by LMZ. The composite runner with rings takes much longer 
to manufacture and erect, while the transportation of large-size units also 
involves difficulties. The ring surfaces mating with the runner body must 
be very accurately machined, and even the fitting of the ring onto the runner 
band represents a complicated operation. Usually, the ring is shrunk onto 
the band, requiring a special heating installation. If, for transport reasons, 
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the ring has to be made in halves and welded on the site, the design without 
rings — with the lower band welded on the site — is more convenient. The 
cross-sectional areas of the lower band and ring differ very little in size; 
the technical problems to be surmounted in welding the ring are the same 


as with the lower band. 
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FIGURE VII. 6. Runner made of sections and assembled with rings 


Owing to their design and dimensions, the upper-band sections may be 
fastened by means of bolted flanges, This type of runner design- in sections, 
with the lower band welded and the upper one bolted — is used at the LMZ 
for large-capacity turbines. 

The schematic drawing of a Francis runner with nominal diameter D,= 
7.5m and power output of 500,000 kw (design) is shown in Figure VII. 7. 

The runner, of external diameter D= 8260 mm and height A= 4200 mm, 


consists of four sections, According to the number of blades, the number 
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of sections may be identical (for sixteen blades) or slightly different (for 
fourteen to fifteen blades). Each section consists of a quarter of the upper 
band (1), three or four blades (2), anda quarter of the lower band (3). At 
the upper band, the sections are joined by means of four bolts (d= 190 mm); 
at the lower band, the sections are welded. The total runner weight is 
250t, the weight of one blade being 7t. 









WV San 









FIGURE VII. 7. Compound turbine runner 


The runner is divided into four sections for railroad transportation. 
Figure VII. 8 shows schematically a special flat car provided with a girder 
for carrying one section. The runner section weighs 77t, the girder 37t, 
so that the capacity of the flat car should be about 120 t. 
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FIGURE VII.8. Schematic diagram of a section of a large turbine runner during its transportation 


An «amination of the figure clearly shows that even with a clearance of 
250 mm between the rails and the lowest extremity of the runner, it is 
scarcely possible to remain within the fourth class of loading-gage toler- 
ances. The huge runner must be securely fastened. Figure VII. 9 shows 
a runner of similar construction, with diameter D,= 5.5m, and out- 
put N= 226,000 kw, during shop assembly before welding. 





FIGURE VII. 9. Shop assembly of the runner before welding 


The manufacture of this runner at the LMZ was preceded by engineering 
research into the various design variants for fastening the runner parts, and 
by special tests on a turbine runner of diameter D,= 5.45 m developing an 
output of N= 78,000 kw. The compound runner was made up of two sections, 
with the lower band welded. Research into the best method of welding the 
band was carried out under the guidance of Z. M. Gamze. 

It was thus found, that with the appropriate manufacturing technique, the 
band can be welded within permissible deformation limits, without need for 
subsequent heat treatment. After tests were completed, the runner was 
cut once more, sent to its destination, welded on the site and installed; it 
is now in normal operation. The stresses in the band after welding reached 
1700kg/cm?. Welded Francis runners are manufactured on a large scale 
by foreign companies also. The largest Francis turbines manufactured 
abroad — N= 147,000 kw, H= 75m — by the Swedish company Nydquist och 
Holm AB (Nohab), for the Stornorrfors plant, have welded runners. Their 
manufacturing process is illustrated in Figure VII. 10. The runner incorpo- 
rates upper and lower bands and fifteen blades, welded together into a single 
construction, The installation of the upper band is shown in Figure VII. 10, a, 
of the blades, —in Figure VII. 10, b. 

It was found possible to complete all the assembling and welding in the 
Shop because the runner was transported by water. The runner is made 
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of stainless steel, since water flowing at high velocity, especially under 
high heads, usually contains grit, mostly quartz particles. 

Stainless steel withstands cavitation damage and mechanical wear better. 
To avoid welding the lower band during installation, it can be fastened 
by mechanical means — bolts, cylindrical pins, or lock joints. These tech- 
niques have been developed by various plants, and their description is given 

below, although they have not yet been put into practical use. 





FIGURE VII. 10, Welded runner of the Stornorrfors-plant turbine, N = 130,000 kw, manutactured by 
the Swedish Nohab Company. Shown during construction. 


A number of possible variants of the lower runner-band assembly are 
shown in Figure VIIL 11 (1,2, 3, and 4). The first version is a bolted band. 
It was devised for the first time at the KhTZ for a large-size runner of 
D,» 7.2m and N= 500,000kw. The height of the lower band H= 1,380 mm, 
and the thickness s = 250mm. Because the cross section is relatively 
small, as few as 7 bolts of diameter d= 110 mm suffice. In this case, the 
maximum stress in each bolt, considering the centrifugal force at runaway 
speed (n, = 1.65 nnormap and the negative allowance of fitting, attains 4,000 
kg/cm2. Bolts of high-alloy steel are therefore used (for instance, of 
34KhN3M steel (o,= 85-90 kg/ mm2). The lower band must also be made of 
high-alloy steel { oy= 50 kg/mmé2; o, = 710kg/ mm2). 

The use of bolted joints leads to a considerable weakening of the band 
cross section. Holes for the bolts are bored through the band body. More- 
over, considerable local stresses may occur due to enlargements machined 
for the bolt heads, and at the edges of the holes. 

Deformation in the band due to transportation may complicate final as- 
sembling. Hence, in spite of advantages such as simplicity and elimination 
of on-site welding liable to cause thermal stresses, the bolted construction 
does not ensure sufficient safety and reliability. 

A technical analysis of the various lower-ring designs with lock-type 
joints, made at the LMZ /10/, showed that the amount of metal and labor re- 
quired for each was about the same. All of them have the same disadvan- 
tages compared with the ring-assembly design. The ring envelops the 
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whole band around its outer circumference, and by compressing the surface 
of the joints tightly, gives a smooth shape to the band. The lock-type 
joint assembly ensures local fastening only. Should the band become de- 
formed through aging, transportation, and storage, which quite often hap- 
pens, then there is a risk that the lock will not fit in the joint. If the run- 
ner is aligned beforehand by means of spacers, additional stresses may oc- 
cur when the lock is mounted that may cause fracture of the runner. 
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FIGURE VII.11. Mechanical assembling of the lower runner band: 


1 — bolted; 2—withcylindrical pins; 3— with an I-shaped lock; 4— with a ring- 
shaped lock. 


A further disadvantage of lock-joint assembly is the difficulty in pre- 
stressing the band joints, which lowers the rigidity of the structure and 
may, as an after-effect, weaken the assembly itself. For all these rea- 
sons, lock-joint assembly is not advisable. 

I-shaped or ring-shaped locks are mounted in a groove of adequate di- 
mensions cut into the band by milling or turning. The joint should be pre- 
stressed by inserting the lock while hot, so that the forces acting in the 
runner do not cause its failure. 

Francis runners should be provided with a location for the balancing 
weight. The balancing is done after the final machining. Since the runner 
is of complicated shape and large dimensions, dynamic balancing would 
seem indicated, but the large size and weight render this practically impos- 
sible under shop conditions, Hence, in turbine manufacture, static balanc- 
ing only is employed. Experience shows that static balancing — if effected 
with care — proves sufficient for normal turbine operation. The static bal- 
ancing of Francis and Kaplan runners is carried out on a spherical surface. 
The arrangement is shown schematically in Figure VII. 12. The column 
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(1) of the balancing stand carries a support (2) with a spherical surface. 
The runner (3) to be balanced is mounted on the support in such a way that 
its center of gravity is located some 100 to 200 mm below the center of the 
sphere, thus achieving a stable equilibrium. Balancing is done in the fol- 
lowing order: the runner is moved off-center with respect to the stand 
center-line, Two spirit levels (4) are set at an angle of 90° on the band 
surface. The angle of deviation of the system from the vertical is deter- 
mined by means of the spirit levels, after which the system is brought into 
the horizontal position by means of the balancing weight P. The value of 
the required balancing weight P, usually arranged on the outer surface of 
the band, is determined from the equation 


p — Gsina +p) kg 


where G= weight of the system, kg; 
= radius of location of the balancing weight, cm; 
z= distance between the center of gravity of the system and the cen- 
ter of the sphere, cm; 
a= angle of deviation of the system from the vertical axis; 
p= coefficient of rolling friction. 


& 2 Center of the sphere (ball) 





FIGURE VII. 12. Balancing of the Francis runner 


The balancing weight is arc-welded to the band, and then covered with a 
lining. The balancing attains an accuracy such that a moment of 0.2 kgm 
throws the system off-balance. 

The results of a cost-comparison analysis of various designs of 
Francis runners for a powerful turbine (N «260,000 kw, H= 100 m) with 
the outer diameter D= 6.6 m and height A= 3.05 m, are set forth — as an 
example — in Table VII. 2. 

In the table, the following six design variants are considered: 

1) integral runner; 

2) runner made of two halves with rings on the upper and lower bands; 

3) runner made of two halves with ring on the lower band. The upper 
band is secured with bolts; 

4) runner made of two halves with the lower band welded. The upper 
band is secured with bolts; 
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5) runner made of two halves. The lower band is secured with an I- 
shaped lock. The upper band is secured with bolts; 

6) runner made of two halves. The lower band is fastened with cylin- 
dric keys. The upper band is assembled with bolts. 
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FIGURE VII. 13. Machining of runner for a high- FIGURE VII. 14. Weided high-head runner 
head turbine on a vertical lathe 


The basic material used for runners is ordinary carbon steel grade 30L. 
As can be seen from the table, the first design variant — integral run- 
ner — is the best; it has the smallest weight, requires the smallest number 
of man-hours, and costs the least. It is followed by the fourth design, with 
the lower band welded and the upper one bolted. Compared with the integral 

runner, the net weight of this version is 2 ton more; it requires another 
360 man-hours on machining, and is 2000 rubles more expensive. Runners 
(2)and (3), with bands, weigh more, requirealonger production time and in- 
volve a higher cost. Examination of the table shows that the most advanta- 
geous solution from the view of cost is the integral runner, while the var- 
iant with the welded lower band is second best. 

Figure VII. 13 shows a Francis runner, developing N= 50,000 kw under 
a head of H= 300m, mounted on a vertical lathe for machining the lower- 
band outer surface. This runner is characterized by low and rather long 
blades. The clearance between the blades and runner bands is therefore 
relatively small, making it difficult to work inside. Recently, however, 
some manufacturers have started welding this kind of runner. 

A runner of welded construction for the high-head turbines of the Loch 
Sloy [Great Britain] plant — N = 33,500 kw — is shown in Figure VII. 14. It 
was designed so that most of the welding could be done from the outside. 

The carbon-steel upper runner band (1) is welded along the circumfer- 
ence by means of a cylindrical part to the turbine water passages. The 
two-ply steel blades (4) are welded together by means of the annular seg- 
ments (3), (5), and(7). Thesegments (2) and (6), weldedto the blades, make 
up the lower and upper surfaces of the runner water passages. 
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43. AXIAL WATER PRESSURE 


The water stream flowing through the runner and partially leaking through 
the clearances at the upper and lower bands exerts an axial pressure on 
the runner. The magnitude of the force depending on the head, runner di- 
mensions and type, and on the design of the runner and its seals. 


Coefficient, k 








Specific speed 


280 RO-123 0,34-0.41 
235 RO-211 0.28-0.34 
200 RO-82 0.22-0.28 
190 RO-638 0.20-0.26 
100 RO-533 0.08-0.14 


RO-246 0.07-0.12 





When designing the hydro unit shaft and the thrust bearing, the magni- 
tude of the axial force must be determined. 

The approximate value of the axial water-pressure force on a Francis 
runner, of a standard series of the LMZ, may be determined from the 
empirical formula 


By DHus t (VII. 1) 


where k= coefficient, depending on the runner type. 
The values shown in the above table are used by the LMZ for standard 
runners. The lower values of k should be taken for larger turbines. 





p [177 y 


FIGURE VII. 15. Axial pressure distribution on the runner 
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When computing the axial pressure by empirical formulas, the design 
of the runner and its seals is ignored. Exact formulas for the axial pres- 
sure, however, take all the factors into consideration. The axial pressure 
acting on the Francis runner is determined at LMZ in the following way: 

The total axial load is made up of the following components: 


B, = Pi + Pit Pi— PX, (VII. 2) 


where P,= force due to the action of the water flow on the inner part 
of the runner; 
P,= force due to water pressure on the upper band; 
P, = force due to water pressure on the lower band; 
P,= force due to the displacement of the runner (according to 
Archimedian principle). 

Determination of the force P,. To determine the force P,, resulting 
from the action of the water flow upon the inner cavity of the runner, the 
equation of momentum is used (Figure VII. 15). 

According to the theorem of momentum, the instantaneous variation of 
the momentum of the mass of liquid ABCDEF (for steady motion) in any di- 
rection equals the projection on the said direction of all the forces acting 
on the given mass of liquid. 

The equation of the momentum for the projection on the z axis will be 





Qy e—a P, HPP, (VII. 3) 


where P,= axial component of the runner force acting upon the mass of 
liquid, of opposite sign to the force to be calculated; 
P, = axial component of the pressure force on the lateral surface 
having generatrix CD; 
P, = pressure force upon the surface of a circle of radius EF; 
Q = discharge through the turbine; 
y = specific gravity; 
€, and ¢3, = axial components of the flow velocity at the runner entrance 
and exit. 
The magnitude of the velocity c4, is determined as the mean value over 
the section 


Q 


Cos = -Ñ (VII. 4) 
1.00 The direction of the velocity c and con- 
Q sequently, of c;, depends upon the geometry 
050 of the meridian section of the runner, i.e., 
upon its specific speed. 
045 In low-speed Francis turbines, the flow 
0 700 200 300 400 enters the runner in an almost radial di- 
ns rection, the axial component ĉ thus being 
FICURE VII. 16. Coefficient a, for small. In high-speed turbines, where the 
runners, as a function of specific speed trailing edge of the runner blade is far from 


the guide vanes, the axial component oc, will 
be considerable, though always less than é,,. 
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Let us denote 
Ces — Cig ™ OL gy, (VII. 5) 


where a= acoefficient, less than unity, determined experimentally for each 
type of runner. 
When aq, = 0,a@ = 1; for q4,*0,a<1. Then the equation (VII. 3) becomes 


SN yg = — Py + P.— Py, 
whence, 


In laboratory tests, the axial load acting on the runner model is meas- 
ured by weighing. H4, and H,— the pressures before and after the runner 
(in m W.G.) — are also measured. 

Then, the magnitudes of P» P, and P, are determined. With the values 
obtained, and P,xymeasured, the coefficient a is found. 

On the basis of LMZ experimental data, A. Yu. Kolton recommends for 
the coefficient a the approximate values given in Figure VII. 16 shown 
as a function of specific speed. 

The values of P, and P,are 


P, = YH,F,, 


where F,- area of the projection of the lateral surface CD; 
F,= area of the circle of radius EF. 
Consequently, the axial component of the stream flow acting on the run- 
ner is 


P, = v(H,F, — H,F) — a S. ey. 


it follows that 


. Q 
But, since Cy = ux 


P, = y (H,F,— H,F,— >). (VII. 8) 
The heads before and after the runner are 
d 

Ham H — Ha — 3: 


d 
H,zx — H4, — 5. 


(VII. 9) 


where H= head, m water column; 
Ha,» draft head. 
Determination of the force P,. Water pressure upon the upper and lower 
bands depends upon the design of the seals and the pressure-relief arrange- 
ments provided on the bands. Because of the runner rotation, the water 
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enclosed in the spaces I and II, between the band and the corresponding 
Stationary parts, also rotates. 
The pressure P, upon the upper band is 


Rs 


where R, and R,= inner and outer radii of the band, shown in Figure VII. 15; 
h= pressure at the distance r from the axis of rotation, m. 
The pressure h is determined from equation 


b= b+ (RD), (VII. 11) 


where h; = pressure at any point at the distance R, from the axis; 
@, = angular velocity of the water mass rotating between the band 
and the turbine cover-plate. 

Owing to the fact that the runner band rotates with the velocity e, while 
the cover plate is stationary, the rotational velocity of the water stream 
varies from e to 0. 

The mean water velocity #, should be taken according to experimental 
data 


0.50 < a, < 0.70. (VII. 12) 


By inserting the value of h in (VII. 10), we obtain 


Bux 8 [n+ gia] rar = 





= vF [4+ X (525-2). (VIL 13) 


where F = x(R}— RI) 
If h, = n and R, = R, then 


“i Iur. (VII. 14) 


P= (stg et 


But, from 


hy = h + RE (RE RI) 


follows 
X. (RI— RI) = & — h. (VIL 15) 


Using (VII. 15), the expression (VII. 14) becomes 


p,— ih Fy, | (VII. 16) 
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where h,= head at the inner diameter of the runner band (at the shaft) m; 
h,= pressure at the outer diameter, m. 

The values h, and A, are determined allowing for the head losses in 
the band seals and pressure-relief openings provided in the upper -band 
flange at the radius R, (see Figure VII. 15). 

The water leakages through the upper -band seal (at the radius R4) and 


the pressure-relief openings, and further on, through the runner hub ex- 
tension, are 


si Mkea Ehear BaF op V 2ghop = BaF cV 2gh,c, (VII. 17) 


where Hi; Pes Hg = discharge coefficients; 

Reat Fop: Fre = respective cross-sectional areas which determine the 
discharge across the seals, pressure-relief openings 
and hub extension clearance; 

hseay hops hi; = respective head losses in the seal passage, relief 
openings, and hub-extension opening. 

The head losses are 


hear Ha — hs; 
hop =h — h"; (VII. 18) 
hc =k" —H, 


where h,= pressure at the outer diameter of the runner band; 
h' = pressure before the relief opening; 
k = pressure after the relief opening. 
By taking pı = B; = ps, we obtain from equation (VII. 17) 


Fia hse a= Fophoy — Frc hrc , 


hence, 





F 2 
sea l= R ) = fmi 





h F, 
Ni = (VII. 19) 
op _ (Fre )- m, 
hic F op i 
According to equation (VII. 11), we have 
2 
h,— h’ + -g (Ri—R’) = h’ + Ah, (VII. 20) 


By combining equations (VII. 18), (VII. 19), and (VII. 20), we obtain 


^ My, MMe 1 --m — 1 + m, ^ 
A 1 + my + mum Hit | + m + mm He 1 + m, mum, Ah, 
denoting 
MyM, =p: 
1 + my + mm, hi 
ML. ee 
1 + m, + mm : 
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we obtain the expression for determining the pressure before the relief 
opening. 


h' = kH, + kH SAN. (VIL. 21) 


With h' known, M may be determined from equation (VII. 11) 


h m Fe SE (RE P) 


and hk, can be subsequently determined. 

Determination of pressure P, The pressure P, upon the lower band 
is taken as the sum of three components: water pressure on the upper side, 
on the lower side, and on the lateral surface of the lower band. 

The entire head H,usually acts on the upper side. 

The lateral surface and the lower side are subject to the head H, since 
the clearance at point Eis usually large and not provided with a seal. 

The shape of the lower runner band differs with the specific speed (Fig- 
ure VIL 1); the pressure upon it may be directed downward or upward. 

Determination of force P,. The force due to the displacement of the 
runner is determined according to the Archimedian principle: 


P, =— V, (VII. 22) 


where V= volume of the runner. 

A special part — the deflector — (Figure VII. 15, a) is sometimes pro- 
vided on the upper band to lower the water pressure. It consists of a cas- 
ing fastened to the upper band. Its upper part is a flat ring of large 
width upon which another flat disk L of the same dimensions is fixed to 
the cover-plate ribs. The space created between these rings has a free 
exit to the periphery. Owing to the collar Mon the inner diameter, there 
is a narrow clearance T between the stationary and rotating rings. 

When the runner rotates, the water present in the space between the 
rings is carried away by the rotating disk S and thrown by centrifugal force 
to the periphery at point N. It flows further between the fixed disk L and 
the turbine cover-plate into the central cavity above the runner, whence it 
falls through the relief opening into the runner hub extension. 

An equal amount of water flows in through the inner clearance 7, in 
place of the water expelled by centrifugal force. However, since the clear- 
ance is small and the water passes through it with difficulty, the pressure 
in the Space between the disks is lowered. 

As shown by the pressure diagram in Figure VII. 15, the pressure rise 
from Mto N is equal to the clearance losses in the seal, this being the 
pressure drop between M and T. The diagram is stepped and has a smaller 
area than similar diagrams plotted for a runner without deflector 
(Figure VII. 15, b). 

Consequently, the total force upon the upper band is lowered, this reduc- 
tion being proportional to the difference between the water pressures and to 
the area of the rotating ring of the deflector. The larger the relative area 
of the disk, thesmaller the clearance, and consequently the greater — for a 
given rotational speed — the effect. 
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44. APPROXIMATE STRENGTH CALCULATION OF THE RUNNER 


The Francis runner is subject to the action of both centrifugal and hy- 
draulic forces. In high-outputturbines, these forces reach high values and 
induce considerable stresses in the runner parts. 

In designing high-output Francis runners, anexact method of calculation 
is used nowadays. This method will be described later. 

At the same time, an approximate method is used for preliminary studies.. 

According to this method, the stresses caused by the centrifugal forces 
at the radial sections of the outer and inner bands are determined; this 
calculation includes only the stresses 
produced in the bands by the centrifugal 
forces and that of the blades due to their 
own mass, 

The centrifugal forces due to the mass 
of the blades, acting upon the bands, are 
considered as inversely proportional tothe 
distance between the centers of gravity of 
the blades and of the bands. Thesecentrif- 
ugal forces are calculated as for a beam 
supported at both ends, without considering 
the way the blades are fixed into the band. 

The approximate calculation of one-piece 
and composite runners, witha detailed de- 
Scription of the calculation method and an 
illustrative example which also includes 
the determination of the centrifugal forces 
due to the other runner parts, is given 
by L.G. Smolyarov in /24/; only the gen- 
eral order of procedure is described below. 

Integral runner. For calculation, we 
assume that the runner, consisting of upper 
and lower bands and blades, is subject to 
FIGURE VII.17. Centrifugal forces acting the action of a system of forces as shown 
upon the runner in Figure VII. 17. The centrifugal forces 

of the blades cç are taken up by the 
lower and upper bands, and their moment 
by the upper band at the section M— M. 
The order of calculation is as follows: 
1. Determine the centrifugal forces of each blade 





Oy) s 
di i Que Row 


where G,, = blade weight; 
w = angular velocity at normal and runaway speeds; 
Ro = radius of location of the blade center of gravity. 

In calculating the centrifugal force, the blade, should be divided into a 
Series of sections, normal to the runner axis, át small height intervals Ah. 
The area F of each section is determined, and then the elementary volume 
FAh, the center of gravity of this volume, and the elementary centrifugal 


341 


force Ac = FAN pat, By integrating along the blade length, we find the 


total centrifugal force. 
2. Determine the resultant centrifugal force of the blades acting upon 
half the runner at normal and runaway speeds 


Zo G+ 2c cos qi + 2c ços 2+ ..-=6,,(1 +2cosq, +2 cos o,+...). (VII. 24) 


3. Assume that the centrifugal force due to the blades 2%, is transmitted 
to the lower and upper bands in inverse proportion to the distances b, a between 
the application point of the force and the lower and upper bands, respectively. 


b 
Cu Pwarb' 
(VII. 25) 


a 
Cy = Ley a+b. 





4. Calculate the centrifugal forces of half the upper and lower bands 





I G 
Cub 3" 2: eR |; 
(VII. 26) 


! Gib 
Sb 9 Ry, 


where G,,G,, = weights of half the upper and lower bands; 
Rb Rib = radii of centers of gravity of the upper and lower band halves. 
The radius of the center of gravity of the band half 


Ry ibo Ru, (VIL. 27) 


where R,,;* radius of the centroid of the band section. 
9. Determine the resultant centrifugal force of the blades and band 

halves acting upon the upper and lower bands at normal and runaway speeds 

C,, = : = $ 

Ci = Cg - bs Cir = Cibir t Cx 


6. Determine the stresses in the upper and lower bands at normal and 
runaway speeds 


Ou = des . Our = E 
, A (VII. 29) 
0 = Fr gi; = E 


where F, and F; = areas of the respective band sections. 

7. Determine the stresses caused by the moment, "These will be the 
greatest at the section M-M — at the transition between the blades and the 
upper band. The stresses should be calculated from a formula deter mined 
by laboratory tests, which were carried out on a similar runner model un- 
til failure by torsion was reached 


— a {_ Dim\> Nmax 
o=0 (3,7) MI (VII. 30) 
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where Dim diameter of the runner model; 


Dip * diameter of the full-scale runner; 
M: = torque causing the model failure; 
o’ = breaking stress inthe model corresponding to M: ; 
Nas = maximum turbine output; 


e - angular turbine velocity. 

The usual methods for determining the areas, static moments, and 
coordinates of the centroids of plane figures are to be employed in 
determining the center of gravity and weight of the blade, Data obtained 
by direct measurements on the runner model are Sometimes used. 

Compound runner. The manner in which the runner is assembled should 
be considered. The rings are hot-pressed onto the runner and, after cool- 
ing, cause prestressing of the runner parts. 

Prestressing prevents the occurrence of clearances in the joints be- 
tween the runner parts, even when the runner rotates at runaway speed. 

The forces due to prestressing should therefore be added to the hy- 
draulic and centrifugal forces acting on the runner. The centrifugal forces 
in the blades and in the upper and lower band parts tend to stretch the rings 
and the connecting bolts, if such are used. 

In designing a composite runner, it is therefore necessary to determine 
the centrifugal forces acting upon the parts of the runner, as well as the 
forces acting when the ring is fitted on it. 

The turbine runner is mounted on the flanges of the shaft by means of a 
centering spigot and bolts, which take over part of the load. This, however 
is not considered in the calculation. 

Determination of the centrifugal forces acting upon 
the ring. To determine the resultant centrifugal force of one part of the 
composite runner, calculate the centrifugal forces of its components: the 
upper ring, the blades, andthe lower ring. Then find the height 2 of the point 
of application of the resultant of all centrifugal forces 


a Lau 
2= 5H, (VII. 31) 


where œ centrifugal forces; 
z, distance between the plane of reference and the line of action 
of the i-th centrifugal force; 
resultant centrifugal force inducing tension in the rings and 
bolts. 

The distance between the plane of reference and the centroid of the band 
CrOSS Section is 


zc, 


= Lf 
y ik (VII. 32) 


where F, = cross-sectional area of the individual rings and bolted joints; 
y, = distance between the plane of reference and the centroid of the 
given partial area. 
Usually, the point of application of the resultant centrifugal force and the 
centroid of the section do not coincide, i.e., 


2 + y. 
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We have, therefore, a case of eccentric loading, where both tension and 
bending take place 


o = 0, + Op. (VII. 33) 


The stresses are 
Ec. 
^7ir 


eum M m eG, (VII. 34) 


where $F* total cross-sectional area of the rings and bolts; 
J= moment of inertia of the rings and bolts; 
h = maximum height of section above neutral axis. 


With the stresses known, determine the forces acting upon the ring and 
bolted joint, if any. 
The force on the upper ring is 


P, = He oy, (VIL. 35) 


where Fu = cross-sectional area of the upper ring. 





S ww 
Befote assembly After assembly 


FIGURE VII. 18. Schematic diagram for designing the ring 


The additional loading of the upper ring due to the eccentric application 


of the centrifugal force is 
Pa Zeon OF... (VII. 36) 


The stresses in the upper ring may be compressive or tensile, accord- 
ing to the relative position of the application point of the resultant force 
and the center of gravity of the whole system. If the point of application of 
the resultant centrifugal force is located farther from the upper ring than 
the center of gravity, compressive stresses occur in the upper ring and 
tensile stresses in the lower. 
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For the lower ring, the loads are determined in a similar way. Knowing 
the forces acting upon the rings, and computing the centrifugal forces in the 
rings at normal and runaway speeds, one may then calculate their strength. 

Design of the runner ring. For tight assembly, the inner diam- 
eter of the ring should be smaller than the corresponding outer diameter 
of the runner band by the value ô (see Figure VII. 18). 

After assembly, tensile stresses occur in the ring, and compressive 
stresses in the runner band. When the runner is rotating, the centrifugal 
force augments the tensile stresses in the ring and reduces the compres- 
sive stresses in the band. 

For the Francis runner considered here, the thickness h is small com- 
pared with the radius R; hence we may use the formula for the determina- 
tion of stresses in thin vessels. 

Tensile stresses in the ring are 


Og, = EHA, (VII. 37) 


Compressive stresses in the runner band 


—oyR 
oa "Omm, (VII. 38) 


Ring deformation 


2p e 
à c — (VII. 39) 


Runner -band deformation 


A= — (VII. 40) 


where p = pressure between ring and band caused by the pre- 
stressing; 
c; = centrifugal force per unit ring-surface; 
€p = centrifugal force per unit runner-band surface; 
E,and E, = moduli of elasticity of the ring and runner band materials; 
R, and R, = average radii of the ring and runner band sections; 
h, and k, = thicknesses of the ring and band sections. 


The total deformation is 


= J| zi Ri Ln) —— at 


which becomes, after rearranging, 


Es RC (VII. 41) 
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By inserting the value (VII. 41) in equations (VII. 37) and (VII. 38), we 
obtain: 


E ; a) (aft RR) 7 7" (VII. 42) 


6EAR, l 
(3m) (RE) Ca £j 


Knowing the dimensions of the ring and band, we calculate the centrifugal 
force per unit of surface, and determine the stresses in ring and band for 
any prestressing. 

In order to prevent changes in the assembly when the speed varies, pre- 
stressing must be maintained under all operating conditions, i.e., the band 
should always be under compressive stresses. It follows from the equation 
(VII. 43) that the band is always subject to compression, i.e., O, > 0, if 


(nes tg 8. (VII. 44) 


The centrifugal forces in the ring, considered as of constant section, 
are determined as follows: 
The elementary centrifugal force 


— (VII. 43) 


Ac, Tm AmR,e*, 


where Am = aey = element of the ring mass; 


e = angular velocity. 
The centrifugal force acting per unit ring surface 


Cr = $ hR. (VII. 45) 


The centrifugal force acting per unit band surface is calculated by 
dividing the centrifugal force P, by the projection of the band surface 


Cp i. (VII. 46) 


where P, = resultant centrifugal force acting on the band as given by 
expression (VII. 35); 
D = outer band diameter; 
b = band height. 
Determination of the heating temperature of the ring. 
The ring must be heated so that it can be pressed onto the band. 
It is usually heated to the temperature required for the inner diameter 
to become larger than the outer diameter of the band. 
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If Ris the radius of the centroid of the ring section at ambient 


temperature, then R + E is the radius of the centroid after a temperature 
rise of At C. 
The developed length of the heated ring 


L,=20(R+ 3). (VII. 47) 


On the other hand, if a is the coefficient of linear expansion of steel, 


Lı = 2nR (1 + adh). (VII. 48) 


Consequently, by combining equations (VII. 47) and (VII. 48), we obtain 


At = spt, (VII. 49) 


but, 
At = f, — fi (VII. 50) 


where f,-2 temperature of the heated ring; 
t = ambient temperature; 
ô = value by which the ring diameter is to be increased, usually 
6, = 1.56; 
6 = value of the calculated prestressing. 
From (VII. 49) and (VII. 50) we obtain 


b= th= URS +t, (VII. 51) 


45, EXACT STRENGTH CALCULATION OF MEDIUM-HEAD RUNNERS 


As shown in the foregoing paragraph, the approximate method has two 
significant disadvantages: 

1. It does not enable us to determine the stresses in the runner blades. 

2. It does not permit sufficient accuracy in the design of bands and rings, 
since the loads on the bands due to the blades are known only approximately. 

Thus, the approximate method may be used only for preliminary calcu- 
lation. 

A. Ya. Aronson /2, 3/, at LMZ, developed an exact method for calculat- 
ing the stresses in the runners of large turbines, 

This method is based on the assumption that the runner is equivalent to 
a system of bars, the blades being considered as twisted curved bars of 
varying cross section. At one end the bars are assumed to be rigidly fixed 
to the inner band, at the other end they join the outer band. "This sche- 
matic approach does not seem to be fully justified. Actually, the blades 
are complicated surfaces, so that it is not always permissible to simulate 
them by bars. It was established experimentally that, with the geometrical 
correlations characteristic of medium-head runners, the stress component 
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in the direction of the bar axis considerably exceeds the stress component 
in the direction perpendicular to the axis. Thus, the stresses in the bar 
are unidirectional, i,e., the bar may be considered as a thin tube. When 
a thin tube is twisted, the sections do not remain plane, but warp; because 
of the unequal warping, the torsion near the fixed end is impeded, and ad- 
ditional bending stresses occur. The calculations show, however, that 
these additional stresses are confined to a narrow region near the fixed 
end and vanish quickly further along the tube. It is thus possible to sim- 
plify the problem again, i.e., to use — with satisfactory accuracy — the 
theory of slender bars for the determination of the stresses in the 
runner. 





FIGURE VII, 19. Geometry of curved lines 


This theory allows us to calculate the stresses in the bars and deter- 
mine the stresses in the bands and rings with greater accuracy. 

A comparison between the results of calculation and of model and field 
tests shows that the errors are small, i.e., the approximations are per- 
missible. 

For a better understanding of the methods for the design of runners, 
the basic principles of the theory of slender bars /2, 59/ are now given in 
brief, 

Basic principles of the theory of slender bars. The position of a point 
M on the curve L (Figure VII. 19) may be determined either by the arc S 
with the point M, taken as a reference, or by the radius vector f with re- 
Spect to any point O taken as a pole. 

The expression of the unit vector v, tangent to the curve at point M is 


I= 5. (VII. 52) 


The vector t and that adjacent to it t, = ++ dt determine a certain 
plane. The vector dt also lies in the same plane, and, being the in- 
crement of a unit vector, is perpendicular to the latter. Consequently, 
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the vector dr is parallel to, and oriented in the same direction as, the unit 
vector a of the principal normal to the curve. The unit vector of the bi- 
normal is determined as a vector product 


ba Q4; (VII. 53) 


The three vectors t, n, 6 determine the natural trihedron of the curve 
at point M (a trihedron is a system of three unit vectors mutually perpen- 
dicular and drawn from the same point). 

If the point M moves along the curve with unit velocity, i.e, $= 1, 


then dS = dt, and consequently, one may replace differentiation with 
respect to S by differentiation with respect to f. When the point M 
moves, the axes of the natural trihedron, though remaining mutually per- 


pendicular, rotate. 

Let us determine the vector Q of the angular velocity of this rotation — 
the Darboux vector. Like any vector, it may be resolved ínto components 
along the unit vectors. 


Q = QT + Qan + OU. (VII. 54) 


The problem may be considered as solved if the projections Q, Q, and 
Q, upon the axes t, a and b are known. 
As is known from kinematics, s considered as velocity of the end of vec- 


tor t may be represented in the form 


sam Qx« 
and similarly, 
= Oxn ; (VII, 55) 


% Gh = ala, 


g” Qo. 


By inserting (VII. 54) in (VII. 55), we obtain 


fa — Q5 + On; 
3-05403. (VII. 56) 
s = — On + Q,¢. 


In expression (VII. 56) Q, must be equated to zero, since the vectors a 


and dt and, consequently also ^ , have the same direction. 


a = —0x 4 od; (VII. 57) 
db RER * 
«s 7-90. 
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Q, is determined from the first equation (VII. 57) by scalar multiplication 
witha. (N.B. The scalar product of the two vectors is the product be- 
tween the vector lengths and the cosine of the angle between them). 


($3) - 1 = (8) Font ~ (8) 


o, -(&). 


It follows from Figure VII. 19, that, with the error being an infinitesimal 
of a higher order than two, 


(dx) = (9) s = s; 


therefore, 
(5)-4-v 


or 


Q, = e (VII. 58) 


By scalar multiplication of the third equation of (VII. 57) with n, we obtain 


(87)- —9- 


It appears from Figure VII. 19, b, that for Q, 0, the vectors db and ^ 
are in opposite directions, i.e., 


(db - n) = — (db) = — 2 sin -$ = —n, 
and consequently, 


Q= j=, (VII. 59) 


where the scalar 7 represents the twist of the curve. 

In a left-handed coordinate system T 20 (T <0) when Q,>0 (Q,« 0), 
i.e., when moving along the curve, we see the axes n and 6 turning along 
a left- handed (right-handed) screw (the motion of the vector along the screw 
corresponds to a translational motion along the screw axis). 

Consequently, the vector of angular velocity of the trihedron — the Dar- 
boux vector — is expressed by 
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for the derivatives of the unit vectors of the natural trihedron, we obtain 


the Fronais formulas 


jo 


, (VII. 60) 


oja 


R 
— — 


&j& als, ala, 


Let us consider a curved bar whose axis — the locus of the centroids of 
the bar cross sections — is a curve of double curvature (Figure VII. 20). 


T 





FIGURE VII. 20. Geom- 
etry of slender bars 


The left-handed coordinate system xyz is selected 
So that the axis 2 coincides with the tangent to the 
bar axis at the point considered, i.e., with the di- 
rection of the T axis of the natural trihedron, and 
the axes x and y are directed along the principal 
axes of inertia of the bar cross section. In the 
plane normal to the axis, the axes x and y thus 
form with the axes ^ and 6 ,respectively, an angle f 
varying from section to section. 

Let us imagine that the area M of these trihedrons 
moves along the bar axes with unit velocity. 

Then, the trihedron of axes x, y, 2 will rotate 
with the angular velocity e (p, q, 7), where p,q,r are 
projections of vector œ upon the axes x, y, 2 and the 
trihedron of axes t,n, b with the angular velocity 
Q (Q,, Q,, Q), where Q, Q,, Q are projections of Dar- 
boux's vector. 

The angular velocities Q and w will differ from 


each other by the relative angular velocity of the axes x,y, z trihedron 


with respect to the trihedron r, n, b. 


The vector of this relative angular 


velocity is directed along the t axis, so that we may write 


whence, 


On the other hand, 


therefore, 


Q = QT + Qj, 


p=9,=9,sinf = "L; 
q = Q, = Q, cos f = ss; 


d 
Ti. 


(VII. 61) 


d[ 1 
reQt+arT 
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These results may be interpreted in the following way: 

p= projection of the curvature of element dS upon the plane gz; 

q = ditto upon the plane 2x; 

r= bar twist, composed ofthe geometrical twist and the twist caused by 

the variation of angle f. 

Small deformations of slender bars. Clebsch equation, Let us take 
a point M on the bar axis before its deformation and construct the trihed- 
ron of axeS Xe. ye z, in such a way that z is tangential to the bar axes and 
x, and y, directed along the main axes of inertia of the cross section. 


to 





FIGURE VII. 21. Diagram for computing the deformation 
of bars 


Let us denote by ws (py. go. 79) the angular velocity by which the trihedron 
of axes X. ye 7, rotates when the point M moves along the bar axis with 
unit velocity, where Pee, fe are projections of the angular velocity a, 
upon the axes x, ye, 2, determined by relation (VII. 61). 

The coordinate system for the deformed bar is determined as follows 
(Figure VII. 21): the z axis is tangential to the axis of the deformed bar, 
the point M being located at M'; the points located upon the axis x, move 
along a certain curve tangentialtothis axis at point M'; the above points, 
together with the axis 2, determine a certain plane; the perpendicular to the 
axis z lying in this plane is the axis x; axis y is obtained by erecting a per- 
pendicular to axes x and y. The direction of the axes is selected to obtain 
a system of coordinates similar to Xs, ye, 2. 

Furthermore, for MM = M,M' (where point M’ moves along the bar axis), 
the trihedron of axes x, y, 2 has the angular velocity œ (p, q, r) 

To make the trihedrons x ye % and x, y, 2 coincide, it is first necessary: 

1) to move point M over MM’; denote the projections of this vector on 
the axes Ze y. % by u, o and w; 

2) to impart to the trihedron of axes Xə ye 2, a rotation about the point M 
to make them coincide with the axes x, y, 2. Let us denote the vector of this 
small rotation by 6 and its projections on the axes x, ye %, namely the 
rotations about these axes, by a, 6, «v. 

The values u, o, w and a, D, y are variable. With u, o, wgiven, we deter- 
mine the axis of the deformed bar. 

The rotation about the axis 2 must be given in order to determine the 
axes x and y. 
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Considering that one more condition is imposed upon the six quantities 
mentioned by the fact that the bar length does not €hange, we then have three 
relations altogether. 

Let us tabulate the cosines of the angles between the axes X, ye % and 
x,y, £. We denote the unit vectors of x, y, 2, by i, j, k 

Rotated through the angle 6, the axis x, assumes the position x, and 
the unit vector i, becomes the unit vector i, directed along the axis x. 
Then 


12754 Oxi, , 


where the second term represents the displacement of the end of vector &. 
We have 


C= ai, + Bi + vk, 
and consequently, 


i= i — BR + Yje 
We then obtain 
cos (x, xy) = (i, i) = l; 
cos (x, y) = (i, i) = Y (VII. 62) 
cos (x, 2%) = [i], &) = —p. 


The table of cosines thus has the form 





The apexes of _the trihedrons X, ye 2% and x,y, 2 move with the unit veloc- 
ities 0 = t, and uU = v. We may consider that the motion of apex M'of the 
second trihedron is composed of the motion relative to the first trihedron 
and the transportation motion of this latter 

v= v, + 0,, (VII. 63) 


where 0,= œ + e, x MM'- transportation velocity, i.e., velocity of point M’ 
fixed to the trihedron. 


M (xv, Ye: 29); 
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æ, = relative velocity, whose projections upon the axes X. ye, % are 


du, do , de 
ds ° ds ' ds ° 


but, according to (VII. 63) 


T= T, + (S X MM") + o, (VII. 64) 


By projecting this equation on the axes x, y. 2% and taking into account 
that T = B; Te = —a; t, = l (see table of cosines), we obtain the first set 
of Clebsch's equations 


du 
B = qw—ro + -T 
@ do M 
—a =ru — peta: (VII. 65) 
0 = pU — quU + e. 
The angular velocity e of the trihedron M' (x, y, 2) may be considered as 
the geometrical sum of the angular velocity w of the trihedron M (xq, ye Ze) 


and the angular velocity e, of M'relative to M. 
According to the above, the projections of œ, upon the Xe, ye, % axes are 


a B dy 
ds ° ds ° ds 
We may write 
Q = m T e,, 
and by projecting this equationupon the axes x, y, 2 we obtain 
da d 
p = Cy, + ©, , = Po t+ GY — Bro + ue + 12. = pz: 
q = We, + 0,, = Ja + Mo — YD. + r2 a — 4 
d 
r = Gg, + y, = Fo + Pob — aq, + -FL +p af, 
or, by denoting 
ðs = p — Po; 0, = 9 — Ge: ð, = r — fes 
and by neglecting the infinitesimals of a higher order, we obtain the second 
set of Clebsch's equations, which determine the changes in curvature 6, and 
6, and the twist 6, 
da 
5, = Yle — Pr, + ds" 
9, = an, — YPe + rz | (VII. 66) 
ð, = Bp, — o4, + -T . 
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Equilibrium of slender bars, Kirchhoff's equations. The equilibrium of 
an element of bar, taken between two sections whose distance ds is infinitely 
small, and subject to the action of forces mutually balanced, is deter- 
mined by the equation of equilibrium (Figure VII. 22) 


Fast T+ 2 ds—o =0; 
L+ ds—L + [Rad + Za] + ts = 0. 


where F and & = vectors of forces and moments per unit bar length; 
v and L - force and moment, equivalent to the load, exerted by the 
rest of the bar on the element considered. 


U+ ZU ds 


i+ -Z 





as 


-U 


FIGURE VII. 22. Equilibrium of slender bars 
By omitting the higher order terms, we obtain 
© +F = 0; 


2. 4. [so] + X —- 0. 


By resolving the vector o into components along the unit vectors of 
x, y, 2, we obtain 


o= od + o] + ok; 


we may write 





As is known from kinematics, 


we then obtain 





By denoting 


ds ds 
we obtain 
£-£. x. 
£4. ot, 


or, projecting on the axes, we obtain the six Kirchhoff relations 


oe + qo, —ro,+F,=0; 
E 4- ro, — po, + F, 0; (VII. 67) 
SE po, — qu, +F, = 0. 

as. + 4L, — rL, — o, +k, =0; 

Se + rL,— pL, — 9, +k, = 0; (VII. 68) 


SE + pL, — qL, + k, = 0. 


In all, we have so far obtained twelve equations — Clebsch's and Kirch- 
hoff's — containing fifteen unknown quantities: 


Ps q. F, U, 0, w, a, B, Y, Op Op Op Lo Lp Ly. 


The three missing equations may be obtained from the relations between 
stress and strain, 


L,= A06, 
L, = Bô, 
L, = C5, (VII. 69) 


where 
A=EJ,; BmEJ,, C=2G6 §{Odr. 


TP c are often referred to as the yieldingness of the bar (in bending 


and torsion). 

The formulas (VII. 69) may be expressed in an invariant form by intro- 
ducing the tensor g of the bar yieldingness. The principal axes of the ten- 
Sor are the axes x, y, 2,0 being represented by 


4.00 
|| 
om (0. 7. 0. (VII. 70) 


i 
MN rer 
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The components of the tensor e in any coordinates may be determined 
by the well-known formulas for the transformation of tensor components. 
The components of the yieldingness tensor in £, s, ¢ coordinates are 

Ou. Oy; Sg, etc. The yieldingness tensor referred to these axes has the 





form 
Su y gi 
Om! Oni Sagi Dat; (VII. 71) 
The relation (VII. 71) may now be written as 
s=oL, (VII. 72) 


i.e., the vector s is obtained by transforming the vector L by means of ten- 
sor g. 
The components of vector s in the &; n, C axes are 


ey ouli + Ugly + oe Le; 
84 = Onl + O aL. + Onl; (VII. 73) 
er = OnLy + gly + Ole. 
Integration of the equation systems. It follows from the equations of 
equilibrium and deformation that equation (VII. 68) is equivalent to system 
(VII. 65) and (VII. 67) to (VII. 66). 


As noted above, equations (VII. 68) and (VII. 67) may be written in the 
vectorial form 


do 
BaF; (VII. 74) 


L 4 [eo] -0. (VIL 75) 


Consequently, on the basis of the analogy between stresses and strains, 
we may write 


25 4- [es] = 0; (VII. 76) 


4 i, (VII. 77) 


where b - vector of displacement of point M of the bar axis due to its de- 
formation; 
6 - vector of rotation of the tangent to the bar axis at point M, due to 
bar-axis deformation. 
After integration, equation (VII. 74) takes the form 


w= Oo— JF) dt. (VII. 78) 


By inserting the expression of v in equation (VII. 75), and integrating — 
after putting tds = d/, we obtain 
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L=L,—(i— i,)x dy +§ di(t) x fF) dt, 
So So 


whence, by changing the order of integration according to the Dirichlet 
formula, we obtain 


CL =L,—(i—1,)xve+ fT —I (t)F (0) di (VII. 79) 

$e 

and by analogy : 
6=6,+4 feds, (VII. 80) 

$e 
b —b, +n f — Te e (1) dt. (VII. 81) 


The solution of the four equations (VII. 78) to (VII. 81) depends on twelve 
arbitrary constants, i. e. , the projections of the four vectors Oe | Be 6 
The term b=xb,+(l—le)« 0, defines the small displacement of the bar as a 
rigid body. Withabar whose ends are not fixed, this term may be dropped. 

Calculation of the blade. According to the theory of slender bars, the 
stresses ina bar loaded by a system of external forces may be determined 
from the equations of equilibrium and from the equations which relate the 
displacement and angle of twist of the bar sections to its properties. 
In the vectorial form these equations are 

1) equation of equilibrium 

=F; 2. 1 [ss] =0. 


2) equation of deformations 


Ses 5$ [s8]- 0, 
where g= vector of external load; 
F - vector of internal forces; 
L - vector of external moment; 
* = unit vector tangent to bar axis; 
% = vector of rotation of the tangent to the bar; 
6 = vector of displacement of a point on the bar axis; 
s = coordinate of the section on the bar axis; 
g = yieldingness tensor referred to the principal axes of inertia of 


the section 


l 

“A? 0, 0 
g ws 0, 4. 0 ° 

0, 0, —— 
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where A, B, C = flexural and torsional rigidities 
A = EJ; B= EJ, 
G P 
CSTR 


where J, and J, = moments of inertia of the section with respect to the 
axes x and y; 
E = modulus of elasticity; 
G = shear modulus; 
F = cross-sectional area of the section; 
J, = polar moment of inertia of the section. 






Upper band 






Turbine center line 


Lower band 


FIGURE VII. 23. Schematic diagram 
for the design of a Francis runner blade 


After integration, the equations of equilibrium and deformation become 


5 = be— fF (v) do: 
$e 


6=6, — foL (v) do; 


L= L, — (r— Foha, + f Ir — 7 WE (o) do; 


b 
õ 


by 8 
= 9% & X (r — 7.) — $ E (8) —7 (o)poLdo, 
where r =r (s) = equation of the bar axis*. 


The solution of these equations depends on four arbitrary vectors Uş, 


Le. %. 5, — equivalent to twelve arbitrary constants, determined from 
boundary conditions. 


* (Apparently two-dimensional, since E- Eo = 0.) 
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When projected upon the axes ¢, Ej wm (Figure VII. 23), the equations of 


equilibrium and deformation take the form 


0, = oa — SFr (v) dv; 
= 9x — f Fa (v) do; 


Ot = oe — JF (v) do. 


L= La — (0— 0) o + f In (9) — n (0) Fy (0) do; 
EEEN E ox — JIE (9—8 (n F, (0) do; 
Le = Ler — (E — &) Oon + (M — 9) 94 + 
+ J (IE (s) —& (0)) Fy (0) — [n (8) — n (9)] Fy (0)} do. 


& fac foul + Otala + ALe) do; 
6, = A t Í (OngLy + 04 L4 t nels) do; 
& m tet {lala + eL, + oua de. 
Oy = Sag + Cor (N — 0) — 
— Jin(9 — n (0)) leal + dala + oulid do; 
6, = 6. + Or E — Eo) + 
+ JIS (8) — E (0)) lola + Otala + orgli) do; 
Br = Seg + Oog (n — a) — Con (E — 5)— 
— J (i&(9 — ECON onle + Cala + e Lg— 
— [n (s) — n (0)) louli + Otala + oy Lo) do. 


(VII. 82) 


(VII. 83) 


(VII. 84) 


(VII. 85) 


Calculation of the integrals included in the equations is generally very 
awkward; A. Ya. Aronson recommends evaluating them numerically in or- 


der to simplify the calculation procedure. 


By considering the boundary conditions, we obtain: the following. 


1. Assuming that the upper blade end is rigidly fixed to the upper band, 
and selecting the origin of coordinates at the upper blade end (Figure 


VII.23), we have for the case of s = 0 


& = 0, i.e., Oy m = Co = 0; 
6, = 0, i.e., ba = Ôn = . 
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(VII. 86) 


These conditions are fulfilled with satisfactory accuracy, since the up- 
per band is provided with flanges bolted to the shaft and is of heavy con- 
struction, 

2. The lower blade end is fastened to the lower band which is free to 
move with it. Then for s = s, we have: 

a) condition of free movement of the blade end together with the band 
in the direction of the turbine axis. 


Q 
i G ==> 


where 


Gp = weight of band; 
z= number of blades; 
AP = pressure transmitted to the outer band; 
b) condition of equilibrium of the lower band 


L4 = (0; cos a — o, sip a) Ry (VII. 88) 
where R, = runner radius; 


a =- angle between axes E and R; 
c) condition of equal radial displacements of the band and runner 


6, cos a + ð; sina = — y (a cosa + o sina), (VII. 89) 


where y = yieldingness of the lower band, equal to 


R? 
v-x babe (E59) 71]. 
where om; 


J = minimum moment of inertia of the band section; 
d) condition of lower blade end fixed to the runner band 


= 0; (VII. 90) 

0, = 0; (VII. 91) 

6, cos a — 6. sina = RO - (VII. 92) 
0, = —6L;, (VII. 93) 


where T= direction of tangent to the band at the point of junction with the 
blade. 


paz, (=|). 


By replacing in equations (VII. 87) and (VII. 92) the values of the shearing 
forces, moments, angles of rotation and displacements for s = s, by their 
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values for s= 0, from equations (VII. 82) and (VII. 85), we obtain after 
transformations a system of equations for determining the constants Le, Ley 


Le, Cay» Voy eg 


anle + anlon + anla + ae + 5094 + 51509, + 
+d, = 0; 


Gg Lec A + 5:10 ee Due. + 
+ basa + ds = 0; 

Og Leg + esl + anla + brte + bno + (VII. 94) 
+ baa + dy = 0; 

aale + Galon + Gash gg + bate + basto + * 
+ bata + d, T 0; 

Le, +- BO 4 baa + d, = 0; 
Von mB C, 


The constant coefficients ay, by, d, are functions of the given load and the 
bar geometry. 

By inserting the constants vug...... Le obtained by solving the sys- 
tem (VII. 94), into the formulas (VII. 82) and (VII. 83), al] the components 
of external loads and moments acting on any blade section may be determined. 

The components of the vectors of moments and forces with respect to 
the principal axes of inertia x, y of each section may be determined from 
the formulas for projections of vectors. 

The resultant stress at a point having coordinates x,y is determined by 
the formula 


om TE. UEM. (VII. 95) 


The following order of calculation is convenient for design. Construct 
the bar axis on the theoretical drawing of the blade; the axis is represented 
by a straight line tangent to a circular arc of radius R (Figure VII. 23). The 
bar axis passes through the centroid of the blade cross section bounded by 
the upper and lower bands. The strength characteristics in blade bending, 
torsion, and twist are to be determined at each cross section. 

For greater accuracy of calculation, the bar axis should be divided into 
a large number of sections. The values of A = A (9, B = B (s and C =C (s) 
required to calculate g may be determined on the basis of the strength 
characteristics of the end sections. 

Loads acting on the blade. The loads due to centrifugal forces 
q = q (s) at various sections are calculated below. 


q(s) = = Ris). (VII. 96) 
The projections of the load q (s) upon the axes £ and t are: 
a = “FR (8) cos i 
mat (VII. 97) 
r = -i R(s) sing, 


where 9 = angle between R and g. 


362 


A. Ya. Aronson recommends tabulation for calculating the integrals 
needed in the determination of the coefficients a,, by, dj. He advises 
calculating the coefficients themselves — as illustrated by the following 
example — by numerical integration according to the trapezoidal rule. 

The blades for several runner variants were designed in this way at 
the LMZ, the calculated diagrams being then compared with the experi- 
mental results of field tests. These data are represented in Figure VII. 24, 
which shows that calculated and experimental stress values due to centrif- 
ugal forces agree satisfactorily. 





(field tests). 


The results obtained in calculating the stresses caused by hydrodynamic 
loads do not agree so well with experimental data, probably owing to 
inaccurate knowledge of the loads acting on the blade. The value of the 
maximum stresses, however, iS close to those measured. The stresses 
caused in the blade by the action of centrifugal forces occurring at runa- 
way speed differ little from the stresses due to uniform hydrodynamical 
loading; the calculation may therefore be carried out for both cases, At 
normal speed the centrifugal forces cause small stresses. 

The hydraulic loads acting on the blades may be determined as follows: 

Suppose the flow in a Francis runner to be irrotational or of uniform 
velocity, for which cases the meridian distribution of the flow velocities 
is known. Then, according to the law of momentum, the moment of 
the mutual interaction between the Francis runner and the water flow is 
expressed by the formula 


M = + (OR, — v. Ry). (VII. 98) 


where G= weight of the water flowing through the turbine; 
v,, and o,, = peripheral projections of the absolute velocity at the 
runner entrance and exit; 
R,and R, = radii of the runner entrance and exit. 
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The head is then 


Hy = nter tet (VII. 99) 


If we consider that the stream flowing through the runner is composed 
of filaments of equal discharge G' ==, the moment exerted by the flow 
filament on the runner being 

GHr 
My Te , 
and on one blade (2 being the total number of blades) 


QHr 


mb 


M 


then the peripheral force on the blade caused by the flow filament and ap- 
plied at the center of gravity of the considered blade portion 


GHr 
Fr ne E. ' (VII. 101) 


where R;g- radius to center of gravity of the considered blade portion. 
The load due to the flow filament, acting on unit width of the considered 
blade portion 


° GHr 
Fb" ze. ris (VII. 102) 


where As= flow-filament thickness. 
The projections of the load vector on the axes £,¢ are 


° _ GHrsine 
GHr cos a 
Feb SVIGA 


where a= angle between the direction of the radius to each point and the 
axis E. 
Apart from the peripheral force, the blade is also subject to radial and 
axial forces. 
We obtain for the axial force the expression 


Fy =o m 9g) Has — Has, (VII. 105) 
The load per unit width of blade is 
F, eL. (0n — 9,4) + Hy 34 —H, + (VII. 106) 
a angAs gi y) 4 8 ° E 


As 


where 0,, and 0,4, = projections of velocity v on the axis 9 at the leading and 
trailing edges for each flow filament; 
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$, and s,= area of horizontal projections of truncated cones with 
the generatrices on the leading and trailing edges, cut 
out by two adjacent flow surfaces; 
H, and H, = head at leading and trailing edges. 
The radial force exerted by the flow filament on the blade is 


F, = Eon — o4) + Hi, — Hass (VII. 107) 


where $, and $4,- areas of cylindrical projections of truncated cones 
with the generatrices on the leading and trailing edges 
cut out by two adjacent flow surfaces; 
04, and o,,- radial projections of velocity v at the leading and trail- 
ing edges, for each flow filament. 
The load per unit width of blade is 
F, = 


(v, — 0,4) + ea. Een., . (VII. 108) 





G 
zngAs 


The projections upon axes § and t are 








FA = DS (01 — Pa) cos a + (e. — Fen.) cos a; (VII. 109) 
Fs = on (0n — 0,4) sin a + (74 — ign) sin a. (VII. 110) 


The components of the hydrodynamic loads per unit blade width along the 
axes E, », and C are thus: 


Fur [z sin a +- (0 — 94) cos a] + 





+ (T9. — Fen ) cos a; (VII. 111) 
Fa” a (Om — o HHH: (VII. 112) 


F, = ar [eR cosa + —- 7 (04, — 0,4 sin a] + 


+ (en. — Hén) sina. (VII. 113) 


Loads and stresses were determined at the LMZ by the above formulas 
(VII. 111), (VII. 112), and (VII. 113), for the blades of the same runner, un- 
der the assumptions of irrotational or uniform-velocity flow in the runner. 
Although the resulting loads were different, the stresses were practically 
the same, thus proving that the stresses in the blades depend very little on 
the distribution of velocities. 

Calculation of the runner band. In calculating the runner, the forces 
and moments exerted by the blades on the upper and lower bands must be 
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determined. Apart from these, the bands are subject to centrifugal forces 
and pressure drop. 
The stresses in the bands may be determined separately for each load- 
ing pattern, and totalled afterwards. The order of calculation is as follows: 
The blades exert upon the band a system of twisting moments whose vec- 
tors are directed along the tangent to the band axis, as well as forces that 
cause tension and bending 


M=—L, and T «9. 


Apart from these forces, the band is subject to a system of moments 
M; = —L,, whose vectors are parallel to the turbine center line, and to 
centrifugal forces due to the rotation of the band. 

The stresses in the band due to centrifugal forces are determined by 
the formula 


= RP, (VII. 114) 


where e = angular velocity of the runner; 
Rmn = mean radius of the band; 
G - weight of the band; 
F = cross-sectional area of the band. 
The stresses due to the twisting moment exerted upon the band are de- 
termined by the formula for the torsion of rings /90/ 


Mnh 


where Ah = height of the band; 
Jmax = maximum moment of inertia of the band cross section; 
n - number of blades. 
The stresses due to the action of radial forces upon the band may be 
obtained from the formula for closed curved beams. 
The bending stresses at the blades 


TR 
o= Ty e$, (VII. 116) 


where b = mean thickness of the band; 
Jmin = minimum moment of inertia of the band section; 


At the sections between blades, the stresses are 


TR mê 


The tensile stresses in the band, due to force T are 


1T 1. 
uiuis iy ind’ 


T =—(o, cosa + o, sin a). (VII. 118) 
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The stresses due to the moments L, may be calculated from the formula 


a Mj : a D ; a 
o Di] 0-3183 cos p PLI sin p PIRA 


-36-59-4] (VIL. 119) 


(the formula is taken from the "Handbook for Strength Calculation of Air- 
craft" /80/), 
where §’= central angle measured from the junction between blade and 
band: 0 « f' « 9. 

The inner band is subject to the load exerted by blades, water pressure 
and centrifugal forces. The effect of the latter at normal Speed is small. 

The forces exerted by the blades upon the band form a system of forces 
and moments which, combined with the reactions in the bolts of the shaft 
flange, tend to twist the band. 

The stresses caused by the twisting of the upper band are determined 
from the formula 

m(-F) 


[258 


g = (VII. 120) 


where y = coordinate of the calculation point with respect to the adopted 
axis; 
r - radius of the calculation point with respect to the turbine axis; 


9 
l= 2| ar: 
" 





a. (acta, 
ns + BOR ay 





iz 7h T allows for the effect of the connection of the inner band 
with the shaft flange on the rigidity; 
n, - number of bolts; 


F, = cross-sectional area of bolt; 
h, - distance between the flange edge and the bolted joint be- 
tween runner and shaft; 
l, - total bolt length; 
M = bending moment acting at the section considered. 
Subscript 1 indicates the lower side of an elementary rectangle of the 
band cross section, subscript 2 — the upper one. 
Several runners were calculated at the L MZ by the above method. The 
results showed that under normal operating conditions the stresses due to 


centrifugal forces are small, and the calculation may be performed for the 
hydrodynamic load only. At runaway speed the stresses due to centrifu- 
gal forces increase considerably, but, since these are emergency condi- 
tions, higher stresses may be permitted. 

The maximum stresses occur at the joints between the blades and the 
lower and upper bands. 

The stress distribution at the most critical section depends on the geom- 
etry of the section. 

The stresses in'the lower band being rather small, the band may be rel- 
atively thin. 

At the upper band, the increase in conicity of the streamlined surface 
causes a stress concentration in the blade trailing edge close to the band 
and a reduction of the load on the leading edge. Consequently, a reduction 
in the inner-band conicity strengthens the blade without appreciably lower- 
ing the strength of the band. 

The results of runner-strength calculation, compared with experimental 
data obtained by model tests and field measurements, turned out to be 
satisfactory. 
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FIGURE VII. 25. Dependence of f, B, C, and on & 


Thus, for instance, with the RO-640 runner, the calculated maximum 
stresses in the blade-trailing edge caused by centrifugal forces werec- 
= 1150 kg/ cm? and the experimental stresses a= 1200 kg/ cm2; at the leading 
edge, the calculated stresses were o= 580kg/cm2, the experimental ones 
g= 700 kg/cm?. With the RO-662 runner, the calculated stresses were 
g = 1600kg/cm2, the experimental, o= 1360kg/cm2. With the RO-123 
runner for the turbines of the Dnieper power plant, the calculated maximum 
stresses caused by hydrodynamic loads were ø= 580 kg/cm2 and the meas- 
ured stresses g= 670 kg/cm?. The following example illustrates the calcu- 
lation made at the LMZ by the method described above. 

Strength calculation of the blade of the medium-head 
RO-697 runner by the slender bar method: 

Runner diameter D,- 750cm 

Number of blades z= 14 


oI “SSS 


01 C761 


01 °S6'8 


«01:011 


«(01:661 


«01:661 


guls By 





vole = "v Ded 
01:90 = 0 92°99 = *y g'r-8 
eol: 10 93 g,-'y zvr=v 
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Maximum runner radius R,= 395cm 

Length of bar axis s, = 371 cm 

Angle between axes E and r for s = s, a = 12°90’. 

The variation of areas, moments of inertia, rotationangles, and rigidities 
along the bar axis for six blade cross sections are listed in Table VII. 3. 
The sections are numbered beginning f rom the upper band. The variation of 
f. B, C. n and g with respect to s is given in the chart in Figure VII. 25. 

Calculation of stresses due to centrifugal forces. The centrifugal forces 
acting upon the blade are determined by formulas (VII. 96) and (VII. 97). 

The determination of stresses due to centrifugal forces that occur at 
runaway speed is set forth in Tables VII. 4 to VII. 13. 


TABLE VII. 4 
Components along axes E and @ of the centrifugal force acting on the blade 


TERMIN 
iet 


l 
č 





0.9455 


The intensities of loads ag and qg for different values of g. are given in Table VIL 5 





TABLE VII. 5 
Values of load intensities 


[oT 

= | ae — 
—5.50 —1.75 

— — 
—2,10 

— — 
= [= — 
— ——— — 
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TABLE VII. 6 


Computation of integrals C,to Ce. Cy to Cg, and their combinations occurring in equations (VII. 94), used for determining the coefficients qf; by; d, 
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TABLE VII. 11 


Solution of the system, by the Gauss method for determining arbitrary constants 


Le 


0.0126 


0.0943 


0.0622 


1.0000 


0.0447 


0.0447 


[m RE ow mm] z 
— dbi — 
So 
— —— 
0.0032 7.1699 45.5700 52.0719 
Seo 
0.5900 209.0345 mem 1518.1321 
0.1285 "I —6.0965 46.7869 50.5085 
o ostr - 
— —— 
n —515.4880 85.4780 | —1380.4320 | —1809.4420 


—0.0198 0.7306 + 16.8887 | +21.9945 


1.7438 —28.1608 | —36.9126 


4-16.1148] + 19.0076 


= 
[^ 
~d 
o 


ijpijs[ei i [ofi 
iuit 


BBnnnnnan 
L 
BORON 
do 
é 


—28.7701 
oons 126000] —wasm 
|n m ve 
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Table VII.11 cont. 


= 


—45.0495 | —58.9071 


—2275.2272 | —2975.1060 


eo 
eo 
= 
d 
| L 
2 * 
g 


-aeoo sian 


—38.0637 | —47.7778 


—27,9660 


0.0105 —8.4408 128.3418 167.3920 
i T 


—23.8899 |  —31.2386 


EJ 
E 16.6766 19.8118 
| ome] nm uel 
65.3700 —8.9778 152.2317 198.6309 
LE 
—22.0025 — 233.6087 


9.6174 10.6174 


473.6181 


—17.3173 


e 


—644.9348 | —643.9348 


. Ven = 0 = —430.82 
LATI 4721.81 Lon 1831.73 La 6493.48 
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TABLE VII. 


Calculation of the stresses in the leading and trailing edges 


GS 
A3» 
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ee 
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FETTE 
TI TTT 





O, — stress in the leading edge; 
g — Stress in the trailing edge 


n, = 187 rpm 
œr = 19.6 l/sec; 


e! e» 385 1/:sec?. 


R = 93.6 rpm: 


46. STRENGTH CALCULATION OF A HIGH-HEAD RUNNER 


For medium-head runners (H up to 100 m) with relatively short, wide 
blades, the slender-bar method yields satisfactory results which agree with 
those found experimentally. The method does not apply to high-head run- 
ners with long, narrow blades. 

The construction of low-speed high-head runners is similar to that of 
centrifugal pump runners (Figure VII. 26); the "double calculation" method 
/81/ may therefore be used in calculating their strength. According to 
this method, the lower runner band is calculated as a freely rotating disk; 
the upper band is calculated by allowing for the centrifugal forces due to 
the blades. To simplify, one considers the blade mass as uniformly dis- 
tributed over the lateral surface. Consequently, the upper band carries a 
certain part of the mass, of varying thickness, sometimes referred to as 
"lateral load". 





FIGURE VII. 26. Schematic diagram for the calculation of a high- 
head Francis runner 


The runner blades are calculated as a beam supported at both ends, with 
loads uniformly distributed along the edges. 

The order of calculation is shown below. 

Runner band. For certain bands of conical shape and uniform thickness, 
with no lateral load acting, the stresses at any radius r are a linear 
function of the stresses a,, and o,,at a given radius r,; i.e., if the radial 
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and tangential stresses — o,, and o,,— at a given radius r, are known, then 
o, and e, may be determined for any radius r. 


q, =a, 0, +40, + aTa; 


0, = B,0,. + Bon + Belg. (VII. 121) 
With lateral load, 
0, = 0,0, + 0,0, + aT, 
= B,o ri + Piou + ET, 
P(e D» ) ; (VII. 122) 


where a,, a, ae, B, f, Be ac, B. = coefficients (see below); 
D = diameter, mm; 
n - rpm; 
T, — relates to diameter d (In Figure VII. 26,a). 

According to this, the steps to be taken are as follows: 

1. Divide the band into sections of the simplest conical shape and uni- 
form thickness. 

2. At first (i.e., for a rotating band), assume arbitrary tangential 
stresses at the inner diameter Ote of the band, taking Or = g,,. Find the 
stresses at the beginning and end of each section, and in particular, sev- 
eral values for the radial stresses om at the outer diameter of the band. 

3. Secondly, for a stationary band (a= 0), assume a certain arbitrary 
tangential stress of and, supposing that o = 0, find the stresses o, and g, 
at the beginning and end of each section, and in particular at the outer 
diameter of the band oa, = 0n. 

4. Determine the maximum tangential stresses in the disk 


On = Oto — PO, (VII. 123) 
where 


— 


Ong 


5. Refined stress calculations. If the band thickness changes abruptly 
from 6 to 6*, the stresses at section 6* will be expressed in terms of 
stresses at section 6 by 


s = io 
o: = 0, + p (o; — o,), (VII. 124) 


where p = Poisson's ratio. 
6. Determine the coefficients a, a, B, Bo ae Ber Ger B.: 
a) for the band portion of uniform thickness 


a, = p, = 0.5 (1 + x9); (VII. 125) 
a, = B, = 0.5 (1 — x9); (VII. 126) 
o,  —220 (235 — 1HE 8 — "38 rt); (VII. 127) 
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Be = —220( 4 — 48 a — E, (VII. 128) 


where x= A; 


D,= nominal diameter; 
D= current diameter; 


The factor 220 represents the value of I eut for D= 1000 mm, a= 1000rpm 
and y= 7.85.10? kg/m3; 
b) for conical disks with lateral load 


! dg. aa’ + au^; (VII. 129) 


B. = Bea’ + Bh’, (VII. 130) 


where 
a’ = | + Pex Senu Deui tex ; 
ex entr 
’ (Sex — Sentr)@. . 
duin cum v Rr 





The coefficients a, 6, a, a, P, P, are functions of tz Des and 
t, = Denr and may be determined from the charts (Figure VII.27), where 


d = diameter of thc complete cone of the conical portion, 


d= Dent p EL (Dey, — Da; )- (VII. 131) 


enfr "ex 
The equivalent thickness of the lateral load is determined by the formula 


y= Xu. (VIL. 132) 
where b= blade width at radius r; 

ô= blade thickness at radius 7; 

2- number of blades; 

B= angle between blade and runner circumference. 

Runner blade. The load on the runner blade is the sum of the centrifugal 
force of the runner itself, plus the band reactions and the water pressure. 
The blade and the inner band are calculated to resist runaway speed. 

The order of calculation is as follows: cut out an element of the blade of 
width ¿= 1 cm, and assume it as built into the surfaces of disk and band. 
By neglecting the curvature and introducing the average length of element 5, 
we obtain a rigidly fixed, uniformly loaded beam. The centrifugal force 
load per unit length of the element is 


q = i- óro*, (VII. 133) 


where ô= blade thickness, assumed as uniform along the element length; 
radius to center of the element; 
o - angular velocity of the element. 


~ 
Lu 
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Coefficient & for conical disks with lateral load (a£«0) 
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Coefficient A for conical disks 


Coefficient Æ for conical disks 


Graphs for determining the coefficients for formulas (VIL 121) and (VII. 122) 


21. 


FIGURE VII. 


Resolve the force q into components (Figure VII. 26, b); q, — normal to 
the blade surface; q, — tangential to the blade surface 


In = I bu'rcos p. (VII. 134) 


Since bending due to the force q, is small, it may be neglected. 
The bending moment of force q, at the middle of the element section 
(relative maximum) is 


My =e Ürcos p. (VII. 135) 


The calculation is made for the bending moment at the middle of the 

blade, where it is half the value of the moment at the rigidly-fixed ends. 
This assumption rests on the fact that the blade is thicker at the ends. 
The section modulus being 


== (for t=), 


the stresses at the middle of the element on radius *r will be 


8 
ob => =. reos B = (55) b*r cos B. (VII. 136) 


The stresses in the blade vary directly with the square of the rotational 
speed, and inversely with the blade thickness. 


sin f 


y,cm 


The procedure is illustrated in the following example for the calculation 
of the runner shown in Figure VII. 26. 

The lateral load is determined according to formula (VII. 132) for differ- 
ent radii (diameters). 

A11 the coefficients are determined for all sections into which the disk 
is divided. 

For a rotating band, we find 

l. 0,4, =0 


0, * 1000kg/cm2 (further ono is always expressed in kg/cm?) 
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2. 0,4, = 0,04 + 040,4, + 4,7, = 365 — 47.6 = 317.4 
On = D,0,. + Be + B,T , = 635 — 25 = 610 
3. e, = to, = 0.5-317.4 = 158 
9, =O, +B (07, + 0,1) = 562 
4. On = 0,05 + 4/0 4- a,T. = 253 


95 = B, + Bon B, T = 1075 
5. 0°, = 223 


o, = 1075--0.3 (223—253) = 1066 
6. 0,, = 0,0,5 +402 + a,T = 1.8-223+0.4-1066—334 = 495 
Ors = B,0°, + B,07, + BT = 0.66-2234-0.83- 1066—200 = 742 
7. O°, = 18 In = 246 
05 = 742 + p (05, — 0,4) = 668 
8. 0,4 = 1.0-246 +-0.09- 668 —49= 256 
d,a = 0.09- 246+0.95 -668—50 = 607 
9. o°, = 155 256—384 
o°, = 607-+0.3 (384—256) —-645 
10. o,, = 1.3-384-+0.2-645—106=523 
d,s = 2.8-384—0.9-645—40=2010 
11. 6, = 1.3-5234-0.2.2010—233—847. 


Second calculation (for a stationary band) 


l. 04,2 0; O, = 100. 
2. 0,4 = 36.5; On = 63.5. 
3. oF, = 18.3; 0; = 58, 
4. 0,4, = 41.2; On = 125.2. 
5. oF, = 36.4; Og = 123.8. 
6. o,, = 115; 05 = 127. 
7. 05, = 57; 0, = 110. 
8. 0,, = 67; On = 110. 
9. 0°, = 100; e; == 120, 
10. Op, = 154; On = 388, 
11. 9, = 278, 


According to formula (VII. 123), the coefficient 


9 = 574 = 3.05. 


Consequently, the maximum stresses in the inner band are 


Oio = 04, — 90, = 1000 — 305 = 695. 
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TABLE VII. 14 


10.7 
7.15 


« 


2.65 
2.18 
6 

.6 


[XP 
24 
—290 
—50 


47.6 
—49.4 
es 
—233 


—148 


—23.5 


Determination of coefficient for calculating the stresses in the blade caused by centrifugal forces 
0.835 
0.780 


The values required for calculating the formula (VII. 124) are determined below. 
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The stresses in the blade are determined according to formula (VII. 136). 


B = 65°; cos B = 0.423; 
r= 80cm; 
6=4 cm; 
b' = 35 cm; 
b” = 18 cm; 


b = V (by + (b^ = V (35)! + (18)? = 39.4 cm; 


n, = 750 rpm; 
0.022 


£2. -0.423-0.563-80- 1550 «163. 





gy = 


The lower band being less stressed than the upper band, there is no need 
to determine the stresses in the latter. 


47. RUNNER-BAND SEALS 


Labyrinth seals are commonly used to reduce water leakages past the 
runner blades, and thus increase turbine efficiency. 

Their designs vary with the head applied. 

At small and medium heads, the seals are made of a couple of rings, 
forming a smooth or grooved narrow channel. For production reasons, 
the channel width is selected as small as possible. 

At high heads the seal rings are indented, with the protrusions and re- 
cesses fitting into each other. With one pair of seal rings, the seals are 
termed simple; with two, double. 

The design of a channel seal for the lower and upper rings of a Francis 
runner is shown in Figure VII. 28. The seal rings (2)and (4), provided with 
annular grooves, are fitted in the band. They are opposite stationary 
rings (3) and (5), provided with similar grooves, and located in the turbine 
cover plate and on the lower runner foundation. Figure VI.28,a shows the 
narrow channel, alternating with a wider space created by the grooves. 
For seals of 5000 mm diameter, the width of the channel is usually about 
2.5mm, while the enlarged section is 100 mm wide and 40mm high. 

Thealternationof narrow channels with annular grooves is actually an 
alternation of varying cross-sectional areas of the passage through which 
the water leaks, the resistance is thus increased and the amount of leak- 
age reduced, owing to the sudden variations in the flow velocity /68/. 

Pfleiderer recommends making the grooves narrow, since otherwise 
their effect might diminish. Figure VII. 28,c shows a diagram of the pres- 
Sure drop across channels with and without groove. Line AB represents 
the pressure drop along a simple channel, line ABCD the pressure drop 
along a grooved one. The drawing clearly shows that by excessively en- 
larging the groove, results may be worse than with no groove at all; if the 
width exceeds CD,, the pressure may even rise. Grooves on both sides, 
as shown in Figure VII. 28,3, are more effective than grooves on one side 
only (Figure VII. 28,c). 

A deflector is located above the runner band. The water that passes 
through the band clearance leaks past the runner into the draft tube through 
the relief tube (1). 
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FIGURE VII, 28. Channel seal for the band of a medium-head Francis runner 


Another seal design for higher heads (H & 200 m) is shown in Figure 
VII. 29. The outer diameters of the lower and upper bands are sealed with 
smooth seal rings (1), (2)and (7), (8), which form long, narrow channels. Ad- 
ditional indented seal rings (3), (4)and (5), (6) are mounted on the bands at a 
smaller radius. The outer ring provides a relatively long channel, while 
the indentations in the labyrinth seal are comparatively small. 

An opening (9) is provided in the runner band for the drainage of seep- 
age water into the draft tube. 

Figure Vii. 30 shows in detail a serrated (threaded) labyrinth seal for a high- 
head runner ( H —300 m); the indentations in the seal are relatively high, but 
they are only two in number. For a runner diameter of 2000 mm, their 
height is about 200 mm, and the channel width only 0.5 mm. The stationary 
rings (2)and (10) have smooth indentations, while the rotating rings (4)and (9) 
have helical protrusions and recesses (serrations) (see Figure VII. 30, a). 
The pitch of the helix is 3mm, with an angle of 55°. This design was suc- 
cessfully used by L. S. Smolyarov for high-head turbines. 
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The use of serrations makes it possible to leave very small clearances; 
if two rings touch during operation, the serrations will wear out quickly 
without the rings suffering damage. 

Moreover, a screw-like groove on the rotating rings considerably re- 
duces the leakages across the seal. The direction of the thread is selected 
so that the water flows init in the direction opposite to the leakages. The 
seal rings, especially the rotating ones, should be carefully fastened with 
bolts (3) and (8) and screws (6) and (11). 

To reduce the force that tends to dislodge the seals from their position, 
an annular channel (14) and radial grooves (13) should be provided to con- 
nect the seal surface with the low-pressure regions (5) and (7). 
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FIGURE VII. 29. Labyrinth seal of a high-head turbine 
(H= 200m) 


In the design described, protective steel rings (1 and 12) are provided 
to protect the turbine cover plate and the foundation ring from wear. The 
rings are made of carbon or alloy (stainless) steel. 

The problem of correct clearance between seal rings is very important. 
A narrow clearance reduces water leakages, but allows the rings to rub 
against each other and undergo wear. The clearance in the turbine shaft 
bearing must also be taken into account to obviate any dangerous rubbing 
in the labyrinth when the shaft is rotating. The clearance between two ad- 
jacent labyrinth seals is a matter for the production engineer to decide. 

The tolerances that can reasonably be obtained on the available machine 
tools must be taken into account. Machining of large sealing rings to tol- 
erances individually should be avoided, and by employing a slightly more 
complex production process, a pair of matched rings should be machined 
according to standard specifications. 

Apart from this, the losses in labyrinth seals are due to the friction be- 
tween water and rotating parts. Hence, when designing labyrinth seals, the 
turbine designer must consider the gain inefficiency due to reduction in leak- 
ages, and the efficiency loss due to friction, and strive for maximum efficiency. 


390 






NI u 
S 


XCXXX 


~ 








S 
NN, 
SEIN 





XEXXXX 
LI N 
SAX 2 
IÀ 

SNNNNNNNN, 


—— 


77772221158 


v 
N 
NN 


äXRECEXREEsSX 
4722) 027 de 


CTlt 


N 





GA — 








744411174, 


SPP lua 
N S 

N Ty 
À Zu 


3 
SS 


SEIS 






Y 
d 85 b 
(1th | NPATLZ 
LN | NM 
` 


ANNA, 
—8 
IIL gp 


Sy 


ae /72727 207) 


" 
4 


CIF d d 
d Ne 


TL 


Ld unam eec — — 









98/0 
N 
t - 
a % A 4 
/ # 01890 
‘Of A ø1970 
Vi Ø 2110 


= 


p 
9 2190 


SH 
ANS 


a 
is 
iy 
i 
SS 


WS 
i 
Iz 


2/55 


20K 
= 

EM 

D 

D 


d. 4 
PL 


FIGURE VII. 30. Labyrinth seal for a high-head turbine (H = 300m) 


Figure VII. 31 shows another version of a high-head turbine seal, with 
rubber-lined surfaces (1) and (3) on the stationary cover plate and founda- 
tion ring. The smooth, matched seal rings (2) and (4) are mounted on a pro- 
jection of the upper ring and the outer surface of the lower ring. By using 
rubber-lined sealing surfaces, the clearance channel may be reduced to 
the utmost, thus also reducing water leakages; in this case, it is absolutely 
necessary to provide for water-supply lines (5) and (6) to lubricate the rub- 
ber surfaces. 

In this design, additional labyrinth seals (7) and (8) are provided to pre- 
vent water from leaking into the turbine-shaft bearing. 
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A. A. Lomakin /58/ shows that in high-pressure pumps with relatively 
small discharges, the leakages in the seals considerably impair total ef- 
ficiency, and that a reduction of the leakages is therefore justified even 
though it might involve a more complicated design. 
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FIGURE VII. 31. High-he ad turbine seals with rubber-lined 
surfaces 





FIGURE VII. 32. Types of pump seals 


Several designs of seals for pumps are shown in Figure VII. 32. Design 
b, with a discontinuous channel, lowers the leakages by 20 to 30% compared 
with the simple channel seal of design a. Labyrinth seals with several clear- 
ances at different diameters enable the discharge coefficient for the same 
seal height (I) to be lowered considerably; designs c and d are more 
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complicated from the engineering standpoint. The seal with one ring 
(Figure VII. 32,c) is not suitable for high pressures, since it causes the 
runner tovibrate. Design d has proved completely reliable for high-pres- 
sure pumps. A helical groove on the rotating surface of the labyrinth seal 
may lower the discharge coefficient by 30 to 50%. This type of seal is 
particularly suitable for viscous fluids. 

Seal design. The design of seals amounts to the determination of losses 
due to water leakages past the runner, and to friction between the rotating 
parts of the seal and the water. 

The water discharge through the runner-band seal depends upon the dif- 
ference between the pressures at the seal entrance and exit, and the friction 
losses in the seal. 

If liquid is flowing through the channel (Figure VII. 28, b) under the action 
of pressure difference, the head losses in the channel will be 


A, = he + Aj, (VII. 137) 
where her = losses due to friction; 
h; = local losses, due to sudden contraction and expansion at the 


channel entrance and exit, respectively. 
The losses due to friction in a pipe are 


hm oe (VII. 138) 


where l= pipe length; 
d= pipe diameter; 
X= friction factor; 
v= flow velocity. 
The frictional losses in the clearance channel may be determined accord- 
ing to the equivalent hydraulic radius 


f area 
m= = ———— ; 
e= 7 wetted circumference 


for a round pipe 
nd d, 
e= — “T° 
for a clearance channel 
a AD Ob 
OC" ap 73 


where D= diameter at which the channel is located; 
b = channel width. 
Consequently, the frictional losses in the clearance channel are 


heg (VII. 139) 


Local losses in the clearance channel at a constriction or widening of 
the section are 
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h mem, a. 


whence 


hy = (3 15) 5: 
Since 9 = 3 


where q= discharge tnrough the channel; 
f = cross-sectional area of the channel, 








we obtain 
q=t/ x55 (VII. 140) 
gt! 
Denoting 
1 
pc —LA 
Vivo 


we obtain finally 


q = pf V 2gh,, 


where p= discharge coefficient. 
By considering, instead of a simple channel, a labyrinth seal with rec- 
tangular grooves (Figure VII. 28, a), the discharge coefficient becomes 


— — 


F + LS+1l2. 


where z= number of grooves. 
If there are several labyrinth seals or a system of hydraulic resistances, 


we have 
i) s T. (VII. 141) 
Fin; 


The head losses Sh, may be determined from Bernoulli's equation, if 
the pressures before and after the seals p, and p, are known (Figure VII.28). 





Dh iA + 213 + M, (VII. 142) 


= head at the seal entrance (before the band); 


A 
Y 
A - head at the seal exit (at the clearance of the runner cone); 


2-3 = difference between the elevations of the seal channel entrance 
and exit; 
Ah, = pressure due to water rotation in the seal clearances 


394 


an, = MS) TA) 


a as 


Hence, after the substitution, we obtain 


but 


bh, = 3.49-10-*-n* (Dt — DB), 


where n= turbine speed, rpm; 
D, and D,= diameters of seals, m. 
The head at the band-seal entrance 


Pr 
4o nupt ^ 


where Vg,- headwater level; 
Vri= level of entrance to the band seal; 
v,= absolute water velocity inside the seal 


of oi, + 08, 


Pat = X va = ME, 


but 


Pa = atmospherical pressure; PES 10m. 


The head at the exit of the runner-cone clearance is 


of 
D& m PeH -- 
ym ye ye 
where H,= draft head. 
Oma = F. 


(VII. 143) 


(VII. 144) 


The friction coefficient À should be selected according to the character 


of the fluid flow — laminar or turbulent. 


The Reynolds number Re is used to characterize the fluid flow 


Re = Sav, 


where d= pipe diameter; 
Vay = average flow velocity; 
v= coefficient of kinematic viscosity. 


(VII. 145) 


For a steady laminar flow — characterized by Re «; 2320 — the friction 


coefficient is determined by the formula 
64 
A =e Re e 


395 


(VII. 146) 


If the flow is turbulent, a boundary layer is formed near the pipe walls. 
Two cases may occur: the thickness of the boundary layer 6 is greater 
than the height k of the pipe surface roughness (ô > k), i.e., the pipe walls 
are hydraulically smooth; or, the boundary-layer thickness is smaller than 
the roughness height (6 < k), i.e., the walls are rough. 

The thickness of the boundary layer is determined by the formula 


N N 
bandh V$- y3. (VIL 147) 


where N= constant, for water N= 11.6; 
- a given friction coefficient (0.03 to 0.07); 


eos PY) 
v v 


where o,,= average radial flow velocity in the channel o,, = 


u= peripheral velocity. 
The coefficient of kinematic viscosity is 1079 m2/sec at 20°C. 
For turbines where the peripheral velocity inside the seal exceeds 
106 m/sec, Re may be determined approximately from the relation 


bu 
Rez —-. 


The heightkof the surface roughness depends on the surface finish of the 
seal ring. 

By comparing the roughness height & with the thickness of the boundary 
layer, we may determine the type of the fluid flow. 

If 6 — k, the friction coefficient is determined from the formula 


(VII. 148) 


i 
A = (Re Yi SS 


The value of À is assumed to be known; if, however, a large discrepancy 
is found between the given and the calculated values, a new and more ac- 
curate value should be assumed, and the calculation repeated. 

If 6 <k, X is determined by the formula 


1 _ 1 
HEET (1.74 + 210g =) M 


where r= pipe radius; 
b= clearance of the seal. 


Power losses. The leakages through the seal should be evaluated by 
means of the power losses, which are 


ON, = YH kw, (VII. 150) 


fo = 0.9 
— AN, —88qH kw, (VII. 151) 
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where q= discharge through the seal, m3/sec; 
H = turbine head, m. 

The power losses due to the friction of the water stream against the ro- 
tating part of the seal ring may be determined by means of data used in 
pump design /58/. 

The moment exerted upon one disk side by friction of a fluid in a closed 
vessel may be expressed by 


M = cRRio?, (VII. 152) 


where c= coefficient of friction; 
@ = density of fluid; 
R, = outer radius of the disk; 
o = angular velocity. 


The friction coefficient is a function of the Reynolds number. Fora 
rotating disk Re = m 


Under laminar -flow conditions 
x R s \8 s \2 
C= ges + Ref g) [0.0146 + (.) 0.1256 ]. (VII. 153) 


where s = distance between the disk and the vessel wall. 
At the point of transition from laminar to turbulent flow 





C= 


oe (VIL 154) 


VRe' 


For turbulent flow 


= Re (VII. 155) 


Power losses due to disk friction (for a constant disk velocity) 


0.0465 
Hec 


AN; = VS = 0.0098c o Riu? kw. (VIL. 156) 


For water at f= 20°C (v = 1078 m2/sec), and for Re= 7-106, values 
commonly used in pump design, we obtain e, = 0.00232. Formula (VII.156) 
then becomes 


AN; = 0.0006u2D2 hp. (VII. 157) 


According to A. A. Lomakin, the frictional moment exerted upon rotat- 
ing surfaces immersed in water should be determined from formula 


M = ty 2st, (VII. 158) 


where t= tangential stress at the wall; 
l| and r= length and radius of the cylindrical surface. 
The tangential stresses t, at the wall, for turbulent flow, are determined 
by the equation 
3 


t= + oot = 4 0(F) : (VII. 159) 
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where v= flow velocity in the clearance between the rotating surface and 
the container wall, assumed to be equal to half the peripheral 
velocity user. 


Consequently, 
M = 0.196Alge®seAkgm. (VII. 160) 


zn we obtain M = = 
e e 


N kw 





for A= e'r*kgm, 


whence the power loss of a smooth cy- 
lindrical surface is 





eM _ 61.10— 
i 


4 
e 
The total power loss is 


AN = AN, + ANp. (VII. 162) 


The seal designer usually considers 
several clearance widths (b) and seal 
lengths (41), and plots the corresponding 
curves of power losses as shown in 
Figure VII. 33. 

FIGURE VII. 33. Relationship between power These curves show that for a given 
losses and channel length /, for various clear- labyrinth clearance, the volumetric loss- 
ance widths b es drop rapidly at the beginning as the 
channel length increases, and then de- 
crease slowly. Thefrictionalloss AN, varies directly with the channel length. 

The total power loss AN drops abruptly at the beginning, and then slowly 
increases. 

The final selection of the seal parameters (clearance and length) is made 
on the basis of these curves. 

The seals are usually made of carbon steel for low-head turbines, and of 
chromium steel for medium and high-head turbines, For matched seal 
rings it is advisable to use metals of different hardnesses; these are less 
liable to wear when rubbing against each other. 
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Chapter VIII 


KAPLAN RUNNERS 


48. RUNNER DESIGNS 


In a Kaplan runner, the diameter of the hub and the number of blades 
depend on the specific speed n,. Asa rule, higher head, and consequently, 
lower specific speed, entail greater hub diameter and a larger number of 
blades. The basic interrelations between the various dimensions of the 
Kaplan runner are shown in Figures III. 12 and III. 15. 

The location of the blade-actuating mechanism (blade operator) inside 
the hub is a characteristic feature of Kaplan runners. 





FIGURE VIII. 1. The blade-actuating mechanism pro- 
posed by Professor Kaplan 


Development of the design of blade-actuating mechanisms. The design 
of the mechanism, as first proposed by Professor Kaplan, is shown in 
Figure VIII. 1. The runner blades are inserted by means of pivots into the 
runner hub. The blade lever (1) is connected to the sleeve (3) by means of 
links and the cranked lever (2). The sleeve (3), free to move in the axial 
direction, turns together with the runner. The axial movement of the sleeve 
is effected by means of the double collar (4), ring (5) and rods (6). 
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This particular blade-adjusting design never became popular in turbine 
construction, due to one major disadvantage — the main parts and links of 
the mechanism are immersed in water and impede the flow. The lever 
mechanism, for converting the translational movement of the sleeve along 
the shaft axis into the rotational movement of the blades, is still used, al- 
though eventually, different constructional solutions were adopted. 

The design of the blade-actuating mechanism developed in two different 
ways: with the use of guide-blocks, or in the form of a pure crank-drive 
mechanism. 
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FIGURE VIII. 2. Blade-actuating mecha- FIGURE VIII. 3. Blade-actuating mechanism with 
nism with guide blocks and oblique grooves guide blocks and straight grooves made by " Verkstaden 
Kristinehamn 


The guide-block blade-actuating mechanism was first used by "Fritz 
und Neumayer", Munich, Germany (1925). Shown in Figure VIII. 2, the 
‘actuating mechanism in this design is located inside the runner hub. The 
rod which transmits the force needed for blade adjustment moves axially 
along the turbine shaft inside the hub. 

Blade adjustment is effected by the axial movement of a guide block (1) 
of rectangular cross section, connected to the rod (4). The guide block (1) 
is connected with the blade levers (3) by means of slide blocks (2), andlinks. 
The slide blocks are located in oblique grooves cut into the guide-block sur- 
faces. This design was never widely used, since, due to the friction in the 
oblique grooves, great force was required for the adjustment, while 
the need to machine accurately equal oblique grooves into the four sur- 
faces presented a difficult production problem. In the U.S.S.R., it was 
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incorporated in the small turbines at the Pervomaisk HEP and in the aux- 
iliary turbines at the Svir' III HEP. The ''Verkstaden Kristinehamn" 

plant in Sweden used another blade-actuating mechanism design featuring 
guide blocks (Figure VII. 3). The blades are rotated by means of slide 
blocks (2) moving in horizontal grooves provided in the crosshead (1). 
These slide blocks are pivoted on the 
pin of the crank ring (4), which is 
bolted to the flange of the blade (5). The 
translational movement of the rod and 
crosshead is converted into the rota- 
tional movement of the blades by means 
of the slide blocks. 

The centrifugal forces, developed by 
the blade and crank drive, are taken up 
by & special ring (6), mounted to the hub. 

The crank ring (4) is carried by the 
pivot (3) cast integral with the hub (7). 
This design is still used by the Swedish 
firm without substantial modification. 

In the U.S.S.R., a series of large tur- 
bines — at Svir' III, Zemo-Avchal'sk, 
and other plants —are equipped with mech- 
anisms of this type. The fact that the 
blades may be readily removed without 
dismantling the hub is one of the main 
advantages of this design. It has, how- 
ever, one drawback: the crosshead oc- 
cupies the hub cavity, so that the blade 
flanges and the blade-actuating mecha- 
nism have to be located on the hub 





periphery. 
FIGURE VIII. 4. Blade-actuating mech- Under high heads, and with runners 
anism with crank drive of more than four blades, this design 


cannot easily be applied. 

The crank-drive arm is relatively 
small, thus requiring considerable force to move the blades, while manu- 
facture of a crosshead with four absolutely equal grooves and a profiled hub 
provided with pivot is extremely difficult. Kaplan runners with crank- 
drive mechanisms (Figure VIII. 4) were manufactured by "Stork", "Voith', 
and "Escher-Wyss', and later by "Morgan and Smith" in the U.S.A. 
The runner blade (1) is cast integral with the pivot (2), and is guided by 
two bearings. The crosshead (8) is located inside the lower part of the 
hub, and the lever (3) is much longer than that shown in Figure VIII. 3. The 
lever is mounted on the blade pivot, and secured by means of ring (5). Blade 
adjustment is effected by the axial movement of the rod (4) and crosshead 
(8), articulated via link (6) to lever (3), which is mounted on the blade 
pivot. The hub extension (7) is connected to the hub from below. This de- 
sign exploits the inner cavity of the hub more efficiently, there being room 
for more than four blades; it has been used for a number of turbines of 
various sizes and power outputs. The design of the runner for the Ryburg- 
Schwórstadt plant (runner — D, = 7.0 m, turbine output — N = 30,000 kw) is 
shown in Figure VIII. 5. It has five blades (4), which are cast integral with 
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the pivots; the outer diameter of the hub (2) is 3000mm. Theforce required 
to adjust the blades is transmitted through a 280mm diameter connecting 
rod (1). The crosshead (5) of box-shaped cross section, is secured to the 


rod end. The guiding cylinder (6) is attached to the crosshead from be- 
low, and the lever (7) is keyed to the blade. 
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FIGURE VIII. 5. Kaplan runner of the Ryburg-Schwór- 
stadt turbine 


A detachable ring (3) which permits simultaneous removal of blades and 
lever - thus facilitating maintenance - is characteristic of this type of de- 
sign. However, the fact that the blade is cast integral with the pivot is a 
disadvantage, since both manufacture and removal become more compli- 


cated: to remove the blade, the hub must also be removed, and the link 
and the lever dismantled. 


402 


LMZ started building Kaplan turbines as early as 1928, its first model 
being a 400 hp turbine for the Pervomaisk HEP. The blade-actuating mech- 
anism was of the guide-block oblique groove type (Figure VIII. 2). Later, 
N. N. Kovalev used a crank-lever mechanism (Figure VIII. 4) for a large 
12,500 kw turbine. During manufacture 
and assembly, a number of difficulties 
arose, due to the blades being cast integ- 
ral with the pivots. Hence, a new type 
of crank- drive mechanism with removable 
blade pivots was later built at the LMZ. 

The runner design developed by A.P. 
Murzin for a turbine of n= 15,000kw 
is shown in Figure VIII. 6. The blade (2) 
and the pivot (4) are separate elements. 
Flange (5) takes up the centrifugal forces 
from theblade. Thelever (1)is connect- 
ed to the collar of the pivot by means of 
5 bolts (3), sothatblade, pivot, andlever 

forma single component, Assembly is 

thus facilitated, since the actuating mech- 
a: nee E anism may be fitted before the blades, 

T > these being mounted during the last stage 
ofassembly. This LMZ design proved 
quite satisfactory during manufacture 
and assembly, as wellas duringoperation. 

A further refinement was introduced 
by S. A. Granovskii for the turbines of 
N = 70,000 kw for the Rybinsk HEP. The 
lever (1) and the holes in the crosshead 
(6) were omitted, and the link coupled 
by means of pins cast integral with the 
blade pivots and the crosshead. This 
design (Figure VIII. 7) involves slightly 
more complicated machining of the crosshead, but the hub weighs about 10 
to 15t less, while assembly time is reduced. The runner-hub diameter D 
is 3.7m, the runner length, 7.5 m, and the runner weight, about 300t. The 
hub body (3) is a heavy machined steel casting, weighing about 70t. Four 
blades (6) each weighing 20t are fixed to the hub body, together with their 
pivots (5) and blade-actuating mechanism. The centrifugal forces caused 
by the blades, reaching 1000t at runaway speed, are taken up by special 
rings (4), forged of high quality nickel-chromium steel, each secured by 
twenty-five 90 mm-diameter bolts to the hub body. The blade flange is 
secured by eleven bolts (11), 150mm in diameter, to the pivot (5), upon 
which pin (15) is eccentrically located. The crosshead (8), connected by 
links (7) to the blade pivots, is connected to the oil-servomotor rod (13), 
by means of a heavy detachable steel ring (10). The steel servomotor rod 
of 600mm diameter is designed to resist a force of nearly 1200t. 

The oil servomotor, consisting of the cylinder (2), piston (14), and 
cover (1), is located above the hub. Theoil pressure-driven piston devel- 
ops the force required to turn the blades. A streamlined hub extension (9) 
is provided at the bottom of the hub. 
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FIGURE VIII.6. Blade-actuating mecha- 
nism with crank drive and removable pivot 
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Modern blade -actuating mechanism design for standard heads. Since 
Kaplan turbines are used on a very large scale, it is essential — especially 
at high heads — to increase the specific speed of the runners, and improve 
cavitation properties and reliability. Runners with small hub diameters 
and a large number of blades are suitable. Blade-actuating mechanisms 
devised in recent years are described below. Their salient feature is the 


absence of a supporting ring, the centrifugal forces being taken up by the 
runner hub. 
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FIGURE VIII.7. Kaplan runner Dy= 9.01n, 
N = 70,000 kw for the Rybinsk HEP 


The runner designed at LMZ by Ya.S. Dehterev for turbines of the Volga 
plant imeni Leninis shownin Figure VIII.8. Itis the largest Kaplan runner 
in the world (D,=9.3m). Its blade-actuating mechanism - typical of many 


of turbines manufactured at LMZ in recent years — will be described in 
detail. 
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FIGURE VIII. 8. Turbine runner for the Volga HEP imeni Lenin: D - 
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The runner has six blades (6), cast of stainless or carbon steel lined 
with stainless-steel plates. The blades, fitted into the hub openings (4), 
the forged-steel pivots (7),and the forged-steel levers (18), are rigidly con- 
nected by means of bolts (5) and pins. Within the limits of the movement 
of the inner blade edges, the hub outline is spherical. 

The servomotor cylinder (2), castof carbon steel, is secured to the hub 
with bolts and pins, and a cover (1) is provided on top. The pins fixing cyl- 
inder to hub and cover to cylinder are designed to transmit the torque. In- 
side the cylinder slides a cast-iron semi-open piston (3) secured to the pis- 
ton rod by means of a collar and ring (15). 

The piston rod is guided in bronze bushings fitted in the central bore of 
the cover plate, in the hub body, and in cover (8). The rod (16), made of 
seamless steel tubes, passes through the hollow turbine shaft and is se- 
cured to the upper end of the piston rod by means of stud bolts. 

The piston rod has a longitudinal bore, which connects the interior of 
the servomotor cylinder with the pressure oil system. A cast-steel cross- 
head (13), with six equally spaced axial openings lying in the same plane, 
is connected to the lower end of the piston rod by means of a collar and re- 
taining ring. The pins (10) are inserted into radial openings and carry the 
blade links (9), whose opposite ends are hinged to the lever (17) by its pin. 

The blades are adjusted (turned) when oil pressure is admitted into the 
servomotor cylinder either below or above the piston. On moving, the pis- 
ton causes the blades to turn, the movement being transmitted by piston 
rod, crosshead, links, and blade levers. The blades open when the piston 
moves downward, and close when it moves upward. 

Two bosses are provided in the crosshead for the guides of two pins (14) 
fitted at the bottom of the runner hub; their function is to take up the hori- 
zontal components of the forces acting upon the links. 

The reaction moment and axial load acting upon the blades are taken up 
by bronze bushings pressed into the outer and inner hub walls (horizontal 
bearing); the centrifugal force is taken up through the inner lateral surface 
of the flanges by the largest of these bushings. 

The body is closed at the bottom with a cover, and a streamlined hub 
extension (11) is fitted to the hub bottom. 

The lower part of the runner hub is always full of oil, flowing from the 
servomotor cylinder across the clearances between piston rod and bushing. 
The excess oil is drained off from the cylinder through the central tube of 
the piston rod, flows into the annular space between tube and shaft, and 
further through the overflow of the oil-supply head, into the oil tank. In 
addition, plugs (12) are provided in the hub cover and in the runner servo- 
motor cylinder to drain the oil. 

All moving parts inside the runner are lubricated by the oil leaking a- 
cross the clearances of the blade-actuating mechanism. 

To prevent oil leakages through the clearances and between the pivots 
and the hub into the throat ring, and water penetration into the hub through 
the same clearances, detachable seals are provided on the periphery of the 
blade flange. For repairs or inspection, the seals can be removed without 
dismantling the blade. 

Any blade can be removed without hoisting the runner into the working 
bay. Removal is effected by means of special equipment; the blade is low- 
ered into the draft tube, and taken to the working bay, using the same 
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equipment, the blade is then refitted. Blade removal and refitting may also 
be carried out through the scroll. 

The time required to machine and assemble the parts of the above run- 
ner totaled approximately 50,000 man-hours, of these, 30,000 man-hours were 
for machining, and 20,000 for assembly; these figures may be considered 
standard. 

Further development of the blade-actuating mechanism at the LMZ led 
to a simpler design, without piston rod and crosshead. This mechanism, 
devised by G.S. Shchegolev, became widely used, a series of large turbines 
manufactured at the KhTZ being equipped with it (Figure VIII. 9). 

The force required for blade adjustment is transmitted from the servo- 
motor piston (1) through the long links (4) directly to blade levers (5). Each 
long link moves inside the tube (3) connected to the piston, and is hinged 
on the cylindrical pin (2) in the tube head. The tube (3) is guided in the 
bushing (6) in the servomotor cover; since clearances are small, the neces- 
sary sealing to prevent oil leakages is also ensured. 

By combining piston and crosshead and dispensing with the piston rod, 
runner design may be simplified, and weight and production time reduced. 
With a runner diameter of D,=9.3m, the weight was lowered by 25 to 30t, 
and the man hours required for machining and assembly reduced by 1500 
to 1800, of which 300 to 350 hours were for machining on large lathes. 

Two variants of hub design in which the blade-actuating mechanism has 
no crosshead are possible: the cover with the inner boss in the upper part 
of the hub (Figure VIII. 9), or in the cover below it. In this case, the ser- 
vomotor cylinder cover increases the hub weight. If a differential piston 
is employed, the cover becomes unnecessary (Figure VIII. 10) and the inner 
boss may be located below the hub. The advantage of the design in Figure 
VIII. 9 is that the center of gravity of the runner is closer to the shaft bear- 
ing, thus reducing the cantilever moment and improving the operating con- 
ditions of the bearing. The disadvantage is that the moving tubes for the 
links are located on the servomotor cover periphery and are subject to load- 
ing. Because of the centrifugal forces of blades and other parts - particu- 
larly at higher speeds - and an insufficiently rigid hub body, considerable 
elastic deformations may occur in the hub. When these are larger than the 
clearance provided for the sliding tube, they cause jamming of tubes and 
blade-actuating mechanism. These deformations and the possible jamming 
of the mechanism are particularly dangerous when the cylinder servomotor 
is removable and the rigidity of the hub body is less. This type of mecha- 
nism design is therefore possible only with a sufficiently rigid runner hub. 
The blade-actuating mechanism with piston rod and crosshead is not subject 
to the action of centrifugal forces. 

A novel blade-actuating mechanism without rod and crosshead, using a 
differential piston, devised at the Kh TZ, is shown in Figure VIII. 10. It 
has two salient features: the difference between the working surfaces of 
the piston during its downward and upward strokes (opening and closing), 
and the use of the hydraulic moment acting upon the blades for their adjust- 
ment. The links (12) of the blade levers are mounted with the help of hinges 
to the eyes (3), attached to the large servomotor piston (4). The upper 
part of the runner hub (5), of diameter D,, serves as cylinder for the ser- 
vomotor. The small (stationary) piston consists of sleeve (10) - an exten- 
sion of the inner hub body - and its cylinder (of diameter D,) is the 
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FIGURE VIII. 9.  Blade-actuating mechanism with crank lever drive, without connecting rod or crosshead 
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inner cavity of the large piston (4). Two pressure spaces - A and B - are 
formed in this way. When pressure-oil is admitted into space A, the pis- 
ton moves downward and the servomotor force for actuating the runner 
blades overcomes the hydraulic moment. When oil is admitted into space 
B, the whole piston moves upward, with the hydraulic moment assisting the 
servomotor force. In this design, the blade rotation axis is displaced to- 
ward the trailing edge, so as to make the hydraulic moment always tend to 
close the blades. The enlarged shaft flange (1) serves as a cover for the 
servomotor space A, and space B is closed at the top with cover (2), to 
which the oil-supply tubes are connected. 
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FIGURE VIII, 10. Blade-actuating mechanism with crank-drive and differential piston 
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The large blade pivot is guided by a tapered-roller bearing - the rollers 
being mounted between the ring (6) and the pivot collar (7) - unlike the plain 
bearings usually employed for this purpose. The blade flange (9) is secured 
to the pivot (7) by means of the bolts (8). In order to balance the torque 


exerted by the links due to their inclination, the piston (4) is guided in cy- 
lindrical pins (11). 
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FIGURE VIII. 11. Twin-blade Kaplan runner 


Kaplan runners with differential pistons of the type described above (with- 
out roller bearings) have been successfully built by the KhTZ for a series 
of turbines presently in operation. 

It is claimed that the large tapered-roller bearings designed for this 
mechanism considerably lower the frictional moment compared with the 
normal plain bronze bearings. As yet, however, they have not been tried 
out in practice. 

Design of actuating mechanisms for higher heads. To use Kaplan tur- 
bines for higher heads, their cavitation properties must first be improved, 
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thus permitting them to be set at a much lower elevation with respect to the 
tailwater level as compared with Francis turbines. The cavitation proper- 
ties can be improved, inthe first place, by increasing the over-all blade area, 
and in particular, the blade number. With a larger number of blades, on 
the other hand, it becomes difficult to locate the blade-actuating mechanism 
inside the runner hub, since this involves an increase in the number of parts 
which it must house, Apart from this, the loads become greater at higher 
heads, so that the dimensions of the parts must also be increased. All this 
causes an increase in hub diameter. 

S. P. Mikhanovskii /62/ proposed a twin-blade Kaplan runner for high 
heads (Figure VIII. 11). As opposed to the ordinary runner, each flange 
is provided with two blades, but although the number of blades is thus 
doubled, the number of parts in the blade-actuating mechanism remains the 
same, Each pair of blades may be cast either integral with one flange, or 
in two separate parts. The blades (1) and (2) are each cast with half the 
flange, and — after suitable machining — are firmly joined into a single 
component by means of the shrunk-on ring (3). The rest of the blade parts 
— pivot (4), lever (6), and bolts (5)- are identical with those for ordinary 
runners. The blades may be actuated by any type of mechanism. The 
variant without piston rod or crosshead is represented in this figure. 
Here, the flange diameter D, is relatively large and requires a large num- 
ber of bolts (5). The composite design is more convenient for casting and 
machining the blade surfaces than the all-cast twin-blade version, but re- 
quires more labor for assembling the blade halves. 

The blade body should be fastened to its flange with great care so as to 
maintain equal distances (pitch) between blades at the rated blade angle. 
With twin blades mounted on separate flanges, the pitch between the blades 
varies when the blade angle changes; with twin blades mounted on single 
flanges, it remains constant. 

Laboratory tests at the LMZ showed that this nonuniform blade distribu- 
tion around the runner circumference, at blade angle differing from the 
rated values, hardly affects turbine efficiency. 

Model tests on twin-blade runners proved their cavitation properties tobe 
about the same as those of single blade runners of the same diameter. How- 
ever, for equal ratings, twin-blade runners may be built with smaller hub 
diameters, thus attaining better cavitation properties. 

According to S. P. Mikhanovskii, a runner of diameter D, = 8.5m, under 
ahead H,,, = 45m, with single blades (z = 7) requires a hub diameter 
dy = 4450 mm, i.e., dj = 0.525D,. The same runner provided with twin blades 
(z = 8) has a hub diameter of d, = 3800 mm, i.e., dj = 0.45D,. The reduction in 
hub diameter lowers the cavitation coefficient ø ata given specific speed by 5 
to 10 percent, and consequently, under a head H = 45 m, the twin-blade 
runner may be set 2.5 to 4 m higher as compared with single-row blades. 

With the increasing use of Kaplan turbines for higher heads, the blade- 
actuating mechanism must be modified so as to accommodate the mecha- 
nism in a hub of relatively smaller diameter, while ensuring blade adjust- 
ment at increased load generated at a higher head. Accordingly, the arm 
of the mechanism lever must be extended. In the conventional design, the 
lever is located, in the horizontal cross section of the hub, in the same 
plane as the blade pivots, but in the new design, the lever is extended down- 
ward as in one of the early types shown in Figure VIII. 2. Figure VIII. 12 
shows a modern design with slide blocks and oblique grooves for an 
eight-blade runner (D,=6.6m, H= 60m). 
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FIGURE VIII. 12. Kaplan runner of D,= 6.6m, with guide-block 


mechanism and oblique grooves, for a head H 


Each blade (1) is secured to the pivot (2) and lever (4) by means of seven 
bolts (3) of 150mm diameter, The lever extends downward and its pin is 
inserted in guide block 5, located in an oblique groove cut into one of the 
sides of the octahedral element (6). This element is connected to the pis- 
ton rod (7) and is guided by the cylinder (11), which is part of the in- 
ner boss of the hub (10). Cylindrical pins (9) retain the octahedral ele- 
ment and take up the torque. The servomotor cylinder and piston (8) 
are located above. 

The main disadvantage of this design, as stated before, is the friction 
between the guide block and the grooves, which increases the force required 
and complicates the manufacturing process. However, in modern work- 
shops, the machining of surfaces and grooves of this type is not a major 
difficulty. 

The hub cross section shows that in the blade-axis plane no space is 
available, so that levers of the necessary length must be arranged verti- 
cally. 

Other designs of crank-drive blade-actuating mechanisms, with the 
long lever extending down the hub, are shown in Figure VIII. 13 (with 
inclined link) and Figure VIII.14 (with double transmission). In the first 
variant (Figure VIII. 13), the lever (1) is connected to the crosshead (3) 
through the inclined link (2). The crosshead is guided by the inner boss 
of the runner body. In this design, the layout is simpler than in the fore- 
going, and levers of various lengths may be used, depending on the shape 
of the runner hub extension. 

The blade-actuating mechanism with double transmission (Figure VIII. 14) 
is more complicated. By means of the link (2), lever (1) is connected with 
cranked lever (3) pivoted on hinge (6) mounted in the hub. By means of the 
link (4), the lower lever arm is connected to the crosshead (5), while the 
crosshead itself is guided in the central boss of the hub body. "The layout, 
though more intricate, makes it possible to select various ratios between 
the lengths of the two arms and various relative positions of the parts, thus 
giving different variations of the torque as a function of the blade position, 
as well as increased servomotor efficiency. The advantage of this de- 
sign, compared to other variants, is a smaller torque exerted upon the 
crosshead. 

Basic types of blade-actuating mechanisms. All the blade -actuating 
mechanisms so far described may be grouped into five basic types: two 
with guide blocks and three with crank drive (shown in Figure VIII. 15): 

1) with crank drive and vertical link (Figure VIII. 15, a); 

2) with guide blocks and horizontal grooves (Figure VIII. 15,b); 

3) with oblique grooves (Figure VIII. 15,c); 

4) with crank drive and inclined link (Figure VIII. 15, d); 

5) with crank drive and double transmission (Figure VIII. 15,e). 

By examining this diagram and considering the relationship between the 
force P, and the torque M,, exerted upon the blades, characteristic of the 
mechanism, one may write the relationship for the force P, — neglecting 
friction between the mechanism parts — for the types (Figure VIII. 15,a and b) 
with crank drive and with guide blocks. 


P =M (VIII. 1) 
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FIGURE VIII. 13. Blade-actuating mechanism with inclined link 
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where J, = length of the blade-lever arm; 
a = angle between link and lever. 
The angle a is usually selected close to 90°, and the force required 
therefore depends mainly on the length of the lever 4. 
The length of the lever is limited, since it is located in a horizontal 
plane, where the space is restricted by the hub wall. 





FIGURE VIII. 15. Basic types of blade-actuating mechanism 


In the mechanism with guide blocks and oblique grooves (Figure VIII.15,c), 
the lever extends downward and its length is not limited by the relatively 
small hub diameter. Neglecting friction, the force P, is 


M sina 
oom (VIII. 2) 
where a - angle of groove inclination; 

9 - angle of lever inclination. 
The angle @ of the lever inclination is not large: it varies between £5? 
and +10°. 
The angle of the groove inclination is usually chosen between 30? 
and 60°. 
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for a = 60° 


sina z 1.7 
cos (a + 9) "T 


If the groove-inclination angle is only a = 30°, the force P, required to 
produce the moment M, is a third of that required for a = 60°. In the vari- 
ant with guide blocks and oblique grooves, it is therefore easy to reduce 
the force P,, in which case, however, the servomotor -piston stroke will 
be longer. 

In the variant with crank drive and inclined link (Figure VIII. 15, d), 
the length of the lever, owing to its position, is not limited by the hub diam- 
eter. The force P,, without allowing for friction, is 


Mi cos 
LEE (VIII. 3) 


where a - angle between link and lever; 
PB = angle of link inclination. 

With this design, the force P, required for a given M, may be reduced by 
increasing the link inclination f. The angle a between link and lever 
hardly affects the force required. It should be noted that the variants 
having horizontal or oblique grooves both fitted with slide blocks, develop 
large frictional moments as compared to the crank-drive with link, and 
that additional forces are required to overcome them. 

The lever of the actuating mechanism with double transmission (Figure 
VIII. 15, e) extends downward, its length not being limited by the hub diam- 
eter; moreover, the various parts of the mechanism may have varying rel- 
ative positions. The force P, i 


P Lr XY epee, (VIII. 4) 


where R and r = arms of the double lever; 
a, B, y, Ņ = angles between the parts of the mechanism. 

This design has two characteristic features: the value of the force may 
be varied within wide limits, while various laws of variation of required 
force with blade position may also be obtained. 

A longer hub is required in this design, and, owing to the greater num- 
ber of links, the frictional moment is also greater than in conventional 
mechanisms. 

Hub dimensions for higher heads, With conventional Kaplan runners, 
the dimensions of the hub are determined mainly by the design of the blade- 
actuating mechanism located in it. 

There are two mutually dependent stages in designing a blade-actuating 
mechanism: the arrangement of the blades inside the hub, and their rota- 
tion (adjustment). 

At higher heads, the loads acting upon the runner increase, as do the 
hydraulic moments. Greater servomotor forces are therefore required to 
turn the blades; they may be obtained by increasing either servomotor 
diameter or oil pressure in the governor system. Greater forces involve 
larger dimensions of the blade-actuating mechanism, so that the hub diam- 
eter has to be increased. : 
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The required forces, and consequently, the parts of the actuating mech- 
anism and the hub diameter, may be reduced by using a mechanism with a 
higher transmission ratio between servomotor and blade. 

At the LMZ, L.N. Petrov and L. D. Esin /70/ studied several blade- 
actuating mechanism designs. Runner servomotor ratings for various 
mechanisms are presented in Table VIII. 1. 


TABLE VIII, 1 


High- head turbine data 


Servomotor required 






Minimum oil 


Blade- actuating Maximum force, pressure 


Turbine rating 


mechanism kg, for Torque | required for 
pressure p Fem blade rotation, 
kg/ cm? 





Ordinary lever 1044 for " 
Head H= 43m, runner mechanism p= 30 kg/cm? 8 


iude hel Me | With slide blocks 

0,55D, number of and oblique ae 
blades z = 7, maximum 
blade- adjustment 


angle = 30° Lever mechanism 105 for 


with inclined p= 25 kg/cm? 18.5 
Runner dia- Ordinary lever 1808 for 
meter D, = mechanism p= 25 kg/cm? 407 18.5 


66m, hub 
diameter W ith slide blocks 
1808 for 
dy- 0, 545D and oblique p= 25 kg/cm? 730 13.0 
number of grooves 
blades z= 8, 


As can be seen from this table, for a turbine with runner diameter D, 
= 5.0m, and head H = 43m, it is the blade-actuating mechanism with in- 
clined link that requires a servomotor of the smallest diameter and torque. 
The mechanism with slide blocks and oblique grooves requires a servo- 
motor of larger diameter and a greater maximum force. The largest 
and most powerful servomotor is needed for the ordinary crank-drive 
mechanism; this may be explained by the short crank arm, characteristic 
of this type. 

A turbine with runner diameter D, = 6.6 m, hub diameter d, = 0.545D, 
and eight blades was successfully used at a head of H= 50m. The same 
turbine, equipped with a slide- block mechanism and built for an even higher 
head — H= 60m, requires for blade rotation a minimum oil pressure of 
only 13.0 kg/cm2, instead of 18.5 kg/cm2. 

The importance of selecting the most appropriate type of blade-actuating 
mechanism — particularly at high heads — can be seen from the data in 
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Table VIII.1. At higher heads it is also advisable that runner and blade- 
actuating mechanism parts be calculated more exactly. 

The strength calculation is usually made for the most unfavorable load- 
ing conditions, considering not the force required to turn the blades, but 
the maximum force that may be developed by the servomotor piston. 

Exact calculation makes it possible to reduce excess safety margins, and 
also to obtain blade-actuating mechanisms of smaller dimensions, and con- 
sequently smaller hub diameters, thus giving the runner better cavitation 
properties. 







Fourth class of the rail- 
road loading gage 


50 80 H,m 


FIGURE VIII. 16. Chart for determining the hub dimensions of 
high-head runners: 

blade removable from pivot 

— — — — blade fixed to pivot. 





The studies carried out at the LMZ made it possible to establish mini- 
mum dimensions for runner hubs housing high-head blade-actuating mech- 
anisms, as well as limiting values for runner diameters which nevertheless 
permit transportation of the integral runner hub. 

The chart shown in Figure VIII. 16 represents the runner diameter D, - 
= f (H), hub diameter dn —/(H) and hub height hh = f (H) as a function of 
head, for various blade designs with removable and fixed pivots. A blade- 
actuating mechanism with inclined link was considered in each case. It 
appears that in the case of removable pivots, since the pivot-blade assem- 
bly has to fit inside the hub, a large hub is required and the diameter of the 
runner has to be made smaller. For instance, at H = 60m, with a spherical 
hub, the runner diameter equals only D, = 9.0 m if the blade pivots are re- 
movable, and D, = 9.75 m if they are not; in the first case, a hub diameter 
of dj = 0.575D; is required, while in the second case, d, = 0.525D,, and 
correspondingly, h = 0.118 D, instead of h = 0.13D,. 

According to the chart, the following hub dimensions are recommended 
in relation to the head. 
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Runners with removable blades: 


Head H = 35—40m Hub diaineter dy = 0.54 D, 
" H= 40—50m r dj = 0.56D, 
" H= 50—60m i: z dn = 0.58 D, 
" H= 60—70m 1 s dy = 0.6 D, 

Runners with fixed blades 

Head H - 35—40m Hub diameter dy, = 049 D, 
" H= 40—50m S dp = 0.51 D, 
" H = 50—60m * <a dj = 0.53 D, 
" H= 60—70m NN dh 0.55D, 


Sealing and lubrication of the blade-actuating mechanism. In all modern 
Kaplan turbines, the blade-actuating mechanism is lubricated with oil pro- 
vided by the governor system. Several firms use pressure lubrication, 
effected by piston pumps connected to the crosshead, which provide peri- 
odic oil supply to the friction surfaces of the blade pivots. 

In the LMZ and Kh TZ designs, lubrication is effected periodically by oil 
flowing from the servomotor cylinder across the clearances in the rod 
bushing. The oil flows when pressure builds up in the lower part of the 
cylinder. For pressure relief, the servomotor communicates through a 
pipe with an overflow tank, located in the oil-supply head above the genera- 
tor; the pressure inside the hub is therefore equal to the static pressure 
of the liquid column (1.5 to 2.0atm). Special seals — usually located between 
the blade flanges and the runner hub — are provided to seal the hub against 
water and prevent the oil from leaking out. The lubrication of the blade- 
actuating mechanism is illustrated in Figure VIII. 12. From the servomotor 
cylinder the oil flows through the clearance between rodand bushing into the 
cavity (13), whence it enters the bushings of the inner and outer blade -pivot 
bearings and the working surfaces of the levers; from there it passes into 
hub cavity (12) which is connected with the annular space (15) inside the 
shaft by means of the pipe (14) passing through the rod. Space (15) is 
connected at its upper end with the overflow tank of the oil-supply head. 
The oil from the runner may flow through the clearances between the blade 
pivots and their bearings, and this leakage may be considerable, particularly 
around the edge of the blade flange located below the rotation axis, owing 
to the vacuum that usually exists below the runner blades. At high heads 
which exceed the pressure inside the runner, water may leak into the hub 
along the upper part of the flanges, above the blades, where the water is 
under high pressure, The seals of the blade flanges — usually located along 
their peripheries (16) — are therefore under increased pressure above the 
blades, and under vacuum below them /29/. 

Blade-flange seals commonly used in hydropower engineering until re- 
cently are shown in Figure VIII. 17. Each blade seal consists of a set of 
rings —one leather or rubber ring (1) pressed against the surfaces A and B 
of the blade flange, two spring rings (2) made of phosphor bronze, two rub- 
ber rings (3) and one steel ring (4), fitted on the stud bolt (5) and pressed 
by the nut (6) against the hub. The spring ring (2) presses the seal ring (1) 
against the blade. Inthis manner, the surface (A)is sealedandoilis prevented 
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from leaking out of the hub, while at (B) water is prevented from entering 
the runner. Oil and water under pressure force the spring ring against 
rubber ring (1). 

High-quality spring rings provide a reliable sealing of the blades; 
but, unforturnately, to change the seals, either the blades or the runner 
must be dismantled, causing extended turbine shutdown. 

With large runners, the diameter of the flange increases and with it the 
dimensions of the spring ring, so that it becomes difficult to manufacture 
it of high quality. 

A recent innovation is the use of blade seals with separate helical springs, 
which may be removed to change the seal ring without dismantling the blades. 





Blade flange 


Surface A 


YN 
YAKS 


oce WW 


FIGURE VIII, 17. Blade-flange seals with spring rings 


Figure VIII. 18 shows a removable blade seal used for the turbines of 
the Volga HEP imeni Lenin. It consists of a steel ring (2) secured with 
bolts (1) to the runner blade, and provided with thirty-six internal cylindri- 
.cal bores in which helical springs (3) are fitted. A removable ring secured 
by means of screws (5) to the blade ring is pressed by the springs against 
the seal ring (6) and packing (14) — both made of either leather or rubber. 
The outer surface of the ring (4) (on the seal side) is plated with stainless 
steel. The seal ring (6) is pressed into the hub by the ring (7) - consisting 
of four sections - secured with bolts (8). 

The springs (3) exert upon the ring (4) the force required to press the 
rubber ring (6) against the ring (7) in order to prevent oil from leaking 
out of the hub, and water from entering it. 
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In order to prevent oil leakages through the clearances between the blade 
ring (2) and pressure ring (4), the packing is provided; it is fastened with 
two rings — the inner one (11) and outer one (12), each of them made of six 
parts. These rings are secured to the rings (2) and (4) by screws (13). 

The seal (packing) is covered with a removable lid (9) consisting of 6 parts 
fastened by bolts (10). 
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FIGURE VIII. 18. Detachable blade-flange seal with separate springs 


If the seal ring (6) or packing (14), or even the springs, have to be re- 
newed, the cover (9) and ring (7) may be detached and removed piece by 
piece, without removing the blade. The rubber ring (6) is cut and taken 
off first, then the sections of the inner and outer rings (11)and (12)are de- 
tached one by one; finally, the diaphragm is cut into parts and removed. 
It is not necessary to remove the ring (4), but only to displace it, in order 
to change the springs. Assembly is carried out in the reverse order. The 
rubber ring and the packing may be either stretched across the blade or 
glued together on the spot like the leather ring. 

Operating experience with seals of this kind shows that the dimensions 
of the component parts must be checked very carefully, particularly the 
uniform thickness of the seal ring (6) and machining accuracy of the contact 
surface of ring (4). The concavity or convexity of the latter should not ex- 
ceed 0.08mm. The pressure ring (4) should not be very stiff; when de- 
formed by the action of the springs, it comes into contact with ring (6). 
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The springs are designed to exert the force P 


where p 


P = pF — piF, — pF >, 


water pressure, kg/cm; 

oil pressure, kg/cmé2; 

pressure (predetermined) exerted between rings (4) and (6), 
usually p, = 2 to 3kg/cm2; 

working surface of water pressure p, cm?; 


= working surface of oil pressure p,, cm2; 


surface under pressure p, cm^*. 
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FIGURE VIII. 19. Blade seal of the cuff type — partly detachable 


The pressures are 


where H, 


p=(#,—+-) Y» 


static water head to the runner axis; 
velocity of water flow through the runner; 
specific weight of water; 


Hey: + Pu + Po 


static oil head inside the hub; 
specific weight of oil; 
oil pressure, acting when-the runner is rotating; 


pressure due tocentrifugal force of ring (4) on the sealingsurface. 
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(VIII. 5) 


The number of springs may be determined approximately from the 
formula 


(VIII. 6) 


— 
kd? 


where D = diameter of spring pitch circle; 
k = distance between springs, usually 5 to 7cm; 
d - outer spring diameter. 

Figure VIII. 19 shows a partly-detachable cup seal without gasket. 
Helical compression springs (2), located in special seats provided into the 
runner hub (1), exert pressure upon the steel ring (3) which is free to move 
in the radial direction. Four leather or rubber cups (5)are packed into 
the annular groove between the blade (4) and hub (1); they are pressed 
against the steel ring (6) which is secured to the runner hub with screws (7). 
The seal is enclosed inside the cover (8) which is secured by screws (9). 
Both ring (6) and cover (8) are made of several sections so that they can be 
removedinseparate parts. Ifthe ring (5) is resilient enough to be stretched 
across the blade, or can be glued on in situ, it may be replaced without re- 
moving the blade. At the junction with blade (4) the rings (3) and (6) are 
shaped so as to allow the spreading of the cups by pressing them against 
the groove walls. For effective sealing, both adequate compressing force 
and accurate machining of the groove walls in contact with the cups are 
required. This type of seal is of simple construction; it has a small num- 
ber of parts, and takes up little room. Its disadvantage lies in the fact that 
the springs cannot be replaced without removing the blade, since ring (3), 
is made in one piece. 


49. FORCES ACTING UPON THE RUNNER 


The forces acting upon the runner blades must be fully known before 
we can perform strength calculations for the blades, hub, blade-actuating 
mechanism parts, and generator drive. 

The diagram of the forces acting upon the runner blade is presented 
in Figure VIII. 20, where P = lifting force, P, = peripheral force, P, = axial 
pressure, P, = centrifugal force and G = blade weight. 

The lifting force P, applied at the center of pressure at radius r, may 
be resolved into an axial force P, and a peripheral force P,. The lifting 
force P creates a hydraulic moment M, = Pe, which tends to turn the blade 
about its axis of rotation. TheaxialforcesP,, together with the weights of 
the blades (Gz) and hub, produce an axial load carried by the thrust bearing. 

The peripheral force P, creates a torque transmitted to the generator 
rotor through the main shaft. 

The centrifugal force P, is taken up by the hub. It has a considerable 
influence — particularly at runaway speed — on the force required to adjust 
the blades. Consequently, the determination of these forces and moments 
under various operating conditions is necessary for correct design of the 
runner and blade-actuating mechanism, as well as for calculating the shaft 
and thrust bearing. With the characteristics of the flow and the geometry 
of the blade known, it is easy to determine the approximate analytical ex- 
pression for the axial force P,. 
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However, as a rule, the axial force and hydraulic moment exerted 
upon the blade are determined in laboratory tests. 

The method applied at the LMZ for determining the forces acting upon 
the blade is set forth by M. V. Gushchin and V.G. Makarov in /27/. 

The hydraulic moment My exerted upon the runner blade is determined 
by means of strain gages that measure the torsional strain of the pivot 
Forthis purpose, the bladeis attached by an elongated pivot made of a materi- 
al ensuring absence of residual deformation. By means of cables passing 
through the shaft, and a current collector, the strain gages are connected 
to the electrical strain-measuring installation. Experience has shown that 
in measuring the hydraulic moment the error does not exceed 10 to 15%. 





FIGURE VIIL 20. Diagram of the forces acting upon the 
runner blade 


The axial pressure P, acting upon the runner model is determined by 
measuring the strains induced in special beams, to which the thrust collar 
is secured. These strains are also determined by means of wire strain 
gages. In measuring axial pressure the error does not exceed 3 to 5%. 

The measurements are usually carried out for seven or eight blade an- 
gles. For each of these, five or six distributor openings are studied, at 
various rotational speeds, in the operating region of the universal turbine 
chart. Consequently, the hydraulic forces are measured at two or three 
hundred points within a wide range of turbine operating conditions and for 
conditions in which the regulating connection between distributor and run- 
ner blades is either functioning or not. 

The results of model tests are expressed as dimensionless values, The 
unit axial force equals 


$ P 
P = e . 
ls Ditty (VII. 7) 
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Under isogonic conditions, the unit forces are the same for a given 
series of geometrically similar turbines, The magnitude of the axial force 
for various turbines of the series varies directly with the head and with the 
square of the runner diameter, 

The results of laboratory tests are usually plotted as curves on Qj and 
n; coordinates, for various values of the unit force Piz. 
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FIGURE VIII.21. Reduced axial force Pi ax» acting upon all the blades, and resultant unit force Pi 
acting upon one blade of the PL-587 runner 


The curves of the resultant unit force Pj acting upon one blade and of its 
axial component Pi, acting upon all the blades of the PL-587 runner are 
shown in Figure VIII. 21. The values of Pijax given are not dimensionless 
like those in Formula (VIII. 7), but dimensional, according to the LMZ 
formula: 


Put pr 


The character of the curves is similar for al] runner categories. It 
appears from the graph, that with the normal regulating connection between 
distributor and blades operating, the unit axial force Pj, varies inversely 
with the unit discharge Q; and hence with the blade angle @°, and directly 
with the unit speed. The maximum value of the unit axial force corresponds 
to small blades angles. It should be noted that, according to experimental 
data, the axial force varies inversely with the unit speed for fixed blade 
setting when the turbine operates as a pump. 
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For a strength calculation of the blade-actuating mechanism, not only 
the axial water pressure, but also the total hydraulic force composed of the 
axial and the peripheral force must be known. 

The peripheral force P, may be determined if the rotational speed and 
the turbine output are known, and if this force is related to the mean cylin- 
drical section which divides the annular area between the outer blade diam- 
eter and the hub diameter into two equal parts. 


P,= — = X SE pii, (VIII. 8) 
where 
The unit peripheral force is 
Pis = 2 = MD Qi (VIIL. 9) 








DiHY Rzy Ry 


As can be seen from this formula, the peripheral force increases with 
the unit discharge and decreases with the increase in the unit speed. 

The total hydraulic force acting upon the blade (the lifting force) may be 
calculated from the formula 


P-y Pi+ Pi. (VIII. 10) 


Under normal operating conditions with adjustable blade setting, the unit 
axial pressure Pi, varies inversely with the unit discharge and directly with 
the unit speed, while the unit peripheral force Pj, varies directly with the 
unit discharge and inversely with the unit speed, so that the resultant unit 


hydraulic force 
Pi=V P+ Pis (VIII. 11) 


may have a different character depending on the unit speed and discharges: 
the force may either increase or decrease. 

Figure VIII. 21 also shows the curves of variation of the resultant unit 
hydraulic force, acting upon one blade of the PL .-587 runner, with the unit speed 
ni and unit discharge Qj for various blade -setting angles, with the turbine 
operating under adjustable blade conditions. In this case, the resultant 
unit force varies directly with the unit speed and inversely with the unit 
discharge. 

In addition to the hydraulic forces acting upon the blade, the distance e 
from the point of application of the resultant force to the rotation axis of 
the blade should also be known. This permits us to determine the hydraulic 
moment exerted upon the blade 


M, = eP = MiDIHY. | (VIII. 12) 


426 


The value of the hydraulic moment depends on the arm e (Figure VIII. 20) 
that characterizes the distance from the center of pressure to the rotation 
axis of the blade, but the position of the center of pressure depends on the 
operating conditions, and varies for different ny, Qi and «?. The absolute 
value of the arm e is not great, so that, the axis of rotation being fixed, 
not only the value, but also the sign 
of the hydraulic moment may change 
under varying operating conditions. 

The theoretical calculation of the 
turning moment by means of the total 
hydraulic force P and position of the 
center of pressure yields results that 
agree reasonably well with the experi- 
mental data. 

Figure VIII. 22 shows the theoretical 
and experimental values of the arm e, 
with respect to the blade -rotation axis, 
of the total hydraulic force P acting 
upon the blade, for a runner model type 
of diameter D, = 460mm. 

The curves are plotted for the cen- 
tral blade section of radius r = 175 mm, 
atblade angle € = 0? and distributor 
opening a, = 22. 

Examination of the figure shows 
that within wide limits of variation of 


Blade -rotation axis 





FIGURE VIII. 22. The arm of the hydraulic the unit speed, the difference between 
moment, calculated theoretically and deter- the theoretical and experimental curves 
mined Experimentally does not exceed 3 or 4mm for a total 
1— experimental curve; 2— calculated curve. blade length of 196 mm. 


It seems, however, that even so 

slight a difference is unsatisfactory 
for practical purposes, since the rotation axis of the blade is usually selected 
So close to the center of pressure that the smallest error in the determina- 
tion of the center location may alter the value of the hydraulic moment con- 
siderably. In the given case, the error may reach 50 percent, Hence, in 
turbine design, the position of the center of pressure and the hydraulic 
moment are usually determinable by tests only. 

Experimental data on the pressure center of the blade of a given runner 
type, for a blade angle 9 = +10°, distributor openings a, = 26 and a, = 34, 
and various unit speeds (n; = 130, 150, and 180) are shown in Figure VIII. 23. 

It appears from the figure that the position of the center of pressure 
depends on the operating conditions; when the unit speed and the distributor 
opening (discharge) increase, the center of pressure moves toward the 
trailing edge. 

Figure VIII. 24 shows — for fixed blade-setting — the experimental curves 
of variation inthe unit hydraulic moment exerted upon the same blade set at 
an angle 9 = +10°, for various distributor openings, as a function of unit 
speed: M; = f (ni) (a, = const and @°= const). Figure VIII. 25 shows the 
curves of the unit moments and forces as a function of unit discharge and 
speed, for fixed-blade conditions @ = +5° for the PL-587 runner. It appears 


427 


from the graphs that the value of the unit hydraulic moment varies consid- 
erably when the speed of the turbine changes, At low speeds, the hydraulic 
moment tends to close the blades. 

With increasing unit speed the center of pressure moves toward the 
trailing edge; the closing moment decreases, passes through zero, and 
becomes negative at high speeds, tending to open the blades. At runaway 
speed, the opening moment reaches its maximum value. The variation of 
the moment with the speed is also similar in other runners. The value 
and direction of the moment are essentially dependent upon the blade 
shape and dimensions, and upon the location of the axis of rotation. 
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FIGURE VIH. 23. Position of the center of pressure 
at different operating conditions 


The curves of variation of unit hydraulic moments acting upon the PL-587 
runner blades in dependence on ni and ai, for adjustable blade settings (with 
regulation connection operative), are represented in Figure VIII. 26. 

Inspection of the curves shows that for adjustable blade settings, the 
unit hydraulic moment Mi varies little in the working region of the chart, 
when the unit discharge increases. 

The moment M; varies drastically with the increase in unit speed. At 
high unit speeds, the moment tends to open the blade, atlow ones, to close it. 

This variation inthe unit hydraulic moment obtains if the axis of rotation 
of the blade is arranged near the center of pressure so that the moment is 
as small as possible, and its extremal values for closing and opening ap- 
proximately equal. This permits the most efficient use of the servomotor 
force, which is approximately the same at opening and closing. It should 
be noted, however, that since the closing moment usually corresponds to 
low unit speeds, i.e. to high heads for full-scale turbines, and the opening 
moment to high unit speeds, it is advisable that the greatest value of the 
positive unit moment Mi (in the working region of the turbine) be smaller 
than the absolute value of the negative moment, in a relation inversely pro- 
portional to the head ratio. 

A more favorable relation between the extremal values of the unit moment 
may be obtained by displacing the axis of rotation toward or away from the 
trailing edge. 
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FIGURE VIII.24. Unit hydraulic moments as a function of unit speed 
for various distributor openings under fixed-blade conditions 
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FIGURE VIII. 25. Unit moments and forces as functions of unit discharge and 
speed under fixed-blade conditions @ = + 5°, for the PL-587 runner 
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acting upon the blade of the PL-587 runner, 


FIGURE VIII.26. Unit hydraulic moment 


with adjustable-blade setting 


If the axis of rotation of the blade is too near to the leading or trailing 
edge of the blade, a hydraulic moment may result, which, even at the ex- 
tremal values, has the same sign, acting only in one direction under dif- 
ferent operating conditions. In this case, however, the absolute value of 
the hydraulic moment increases considerably. 

Maintaining the hydraulic moment at the same sign by displacing the axis 
of rotation is in fact the basis of the design of self-adjusting Kaplan run- 
ners, where the hydraulic moment acts upon the blades in one direction, 
and the external force of springs on the servomotor in the other. 

The location of the axis of rotation of the runner blade should be selected 
considering not only the position of the center of pressure, but also the 
position of the center of gravity. It is advisable to select the axis in such 
a manner that the moment exerted by the centrifugal force about the axis 
of rotation tends to unload the blade. 

Since the hydraulic force is directed downward and creates a moment 
tending to bend the blade in that directidn, the position of the rotation axis 
with respect to the center of gravity should be selected so that the moment 
due to the centrifugal force is directed upward. The center of gravity 
should therefore be located below the axis of blade rotation. 

For preliminary calculations, the axial pressure may be determined 
from the formula 


P, = k= Dilimax m. (VIII. 13) 


where k= empirical coefficient, depending on the number of blades and the 
blade angle. 
For the smallest blade-setting angles, the largest values of the coeffi- 
cient & are 


Number of blades Coefficient k 
4 0.85 
9 0.87 
6 0.90 
1 0.93 


The centrifugal force acting upon the blade is 
G G ( xnM? 
where G = weight of blade with flange, pivot and lever, G = G, -- G, + 6, + G; 
Rcg = radius to the center of gravity of the blade system. 

It is convenient to determine the weight of the blade by expressing it in 
terms of the weight of the model blade; the latter may obviously be weighed. 
The formula is 

EG D X 


where the subscript m denotes model data. 
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If no model data are available, the weight of the blade may be determined 
approximately by calculating the blade volume. For this purpose, the blade 
is divided into a series of truncated pyramids, whose volumes may be cal- 
culated from known formulas. 

In determining the center of gravity of the blade system, one usually as- 
sumes that the centers of gravity of the blade, flange, pivot, and lever lie 
on the axis of rotation of the blade. The radius to the center of gravity 
may be either evaluated from model data or determined from the formula 


R Z R,AV, 
cgb "cy 


where R,AV,= static moment of the elementary volume; 
V= volume of blade; 
R,* radius to center of gravity of the elementary volume. 
The position of the centers of gravity of the flange blade, pivot, and 
lever are determined by a graphical-analytic method. 
The position of the center of gravity of the blade system may be deter- 
mined from the equation of the static moments with respect to the tur- 
bine rotation axis 


GReg = GbRegb + Gi Regs + GRegp + GR. " 
Rog = Deg +01 Regt +GpResp_ + OiRegi (VIIL 14) 


The position of the center of gravity of the blade depends on the blade 
thickness and geometrical shape in plane. 

For turbines already built, equipped with runners of various types, the 
position of the center of gravity may be determined from the following 
formulas: 


Radius to the center of gravity ... 0... ee lees (0.3 to 0.35) D, 
Distance from axis of rotation (in the direction 

of the trailing edge) ........ eee ern (0.01 to 0.02) D, 
Distance below axis of rotation ......... eren (0.05 to 0.02) D, 


$0. DETERMINATION OF THE REQUIRED RUNNER SERVOMOTOR FORCE 


Most conventional servomotors are located inside the runner hub and, 
therefore, their maximum diameter is limited by its size. If the servo- 
motor is located outside the runner, between the shaft flanges or inside 
the generator hub, its diameter is not limited by the dimensions of the 
turbine water passages. However, the general layout of the turbine unit 
requires the use of a servomotor of minimum size. The servomotor -piston 
stroke depends on the design of the blade-actuating mechanism. 

The servomotor force depends on the magnitude and application point of 
the forces acting upon the runner blade, on the frictional moments at the 
pivot bearings and in the links of the kinematic elements of the actuating 
mechanism, and on the kinematic layout itself. 
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The force developed by the servomotor is determined by its diameter 


and by the oil pressure. 


ow Biss 
~ 
p^ 
eo 


- 
e 


— — — — — — — — — —À — — X — — — — 


FIGURE VIII. 27. Diagram for de- 
termining the servomotor force 






The diameter is largely predetermined by the 


size of the runner hub which in turn de- 
pends on the size of the water passages in 
the turbine. The calculation of the servo- 
motor force essentially amounts to the de- 
termination of the required oil pressure 
for the selected blade-actuating mechanism 
design and servomotor diameter, for vari- 
ous turbine operating conditions. 

Calculation of the servomotor force for a 
mechanism with lever drive and pivots sup- 
ported by two bearings. The force diagram 
is represented in Figure VIII. 27, where 
P,= force on the lever, P, = force on the 
link, r = lever radius, L= link length, R= 
3 force on the crosshead pin, a = angle of link 
inclination, €&1- angle of lever rotation from 
the medium position. 

In order to turn the blades by means of the 
lever, we must apply force Pj, which may be 
determined from the equation of equilibrium 

Pyr=+Mn+ M,. (VIII. 15) 

With the force P, applied onthe lever known, 
the frictional losses may be determined, and 
the required servomotor force calculated. 

If at the lever pin a certain part, de- 
noted by AP), of the force on the link is wasted 
in friction, then the force on the link is 


Pi 


Py xo rs t APh (VIII. 16) 


The frictional moment at the lever pin is 
overcome by the moment of the additional 


force AP, , acting on the arm r 


AP,r = (PLB, 


where dp- diameter of the lever pin; 
|] = coefficient of friction. 
From the equation of frictional moments, it results that 


From equations (VIII. 16) and (VIII. 17) 


P, = pyha 


d 
IP y? 
| 
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The force on the crosshead pin, allowing for the frictional force AP, 
P. = P cosa + AP, . 


The force AP. referred to arm r, becomes 


d 
P IP FT cone 
AC = r cos (9 + a) i 
Consequently, [for cos a =1] 
Ong 
Fc 
P zi!1— miata (VIII. 19) 








By inserting the expression (VIII. 19) in (VIII. 18), we obtain 





P, 
Pys mel! — - raer] cos (9 + a) 
and hence, 


P, = —. (VIII. 20) 
[| -ranra m 


The servomotor force has not only to overcome the crosshead force, but 
also the friction at the crosshead guides AP, 


P, =P, +AP,. (VIII. 21) 


The friction at the crosshead pins is due to the horizontal components of 
the forces applied on links and crosshead: 


AP, = fP. tana 75. (VIII. 22) 


where rp= radius of link location; 
ry radius of guide location. 
Consequently, from expressions (VIII. 21) and (VIII. 22), we obtain 


P, = P, (1+ frana 2), 


Considering also the expression (VIII. 20), we have 


Pj (1 + tana 71.) cosa 


on 
Id 
[—————] e 
whence, 
fd a 
p xs] mmt 


(! + [rana 75 jesa 
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By inserting the value of P in the initial equation (VIII. 15), we obtain 
the formula for the servomotor force 


(1+ hana b) cosa(4 Mn+ Mp) 


P, = = 


TE ——— —— (VIIL 23) 
urs] mtm 


In order to determine the frictional moment at the blade pivot, we must 
first know the reactions in the pivot bearings. Generally, the reactions of 
the bearings may be found from the three -dimensional force diagram. 

With vertical-shaft turbines, the axial force may be considered, with 
sufficient accuracy, as acting in the direction of the turbine rotation axis. 






AALT 


RRA 


Center of gravity Center of pressure 


9 
c 
= 
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FIGURE VIIL. 28. Diagram of loads on the blade pivot 


In conformity with the blade-operating mechanism diagram (Figure 
VIII. 28), the frictional moment in the blade-pivot bearings is 


M = $ (Rid, + Rid, + Cd). (VIII. 24) 


The designations used in the figure are: 
- axial force upon one blade; 
force on the lever; 


P, 
P = 
G = weight of blade assembly (blade, pivot, lever, and link); 


435 


C 
R,, Rs 
L, by, la, Ly 


Yi, Te, Tar Ten Wy 


centrifugal force; 
reactions of bearings; 
distances between bearings and applied forces; 
radii to points of application of the forces; 
e = arm of the centrifugal force; 
dy, d4, dp = pivot and pin diameters; 
d, diameter of bearing surface carrying the centrifugal force. 


The reactions R, and R, may be determined from formulas of statics 
for two operating conditions (opening and closing) 


R, = €P P5. 6^ c5. 
R,= +P, hg. p ih 4a tth cs. 
Let us denote 
——— P: 


i 


The expressions for the reactions then become 


R, = F aP, + a,P, + aG — aC; 
R,= +(1 — a,)P; + (1 + a4)P, + (1 + a) G — acC. (VIII. 25) 


The upper sign indicates the direction of the force P, at opening. 
By inserting the expression (VIII. 25) in (VIII. 24), we get 


M; =-5-((F aP, + aP, +4,G — a.C) d, + (+(1—a)P, + 


+ (1 + a,) P, + (1 + a,) G —a,C}d, + Cd,) 


whence 
M; = (FP (a, (di + dy) — di) + P, la, (di + dy) + di] + 
+ G [a, (d, + d,) + d,] — C [a, (d, + d) — dl). (VIII. 26) 
Let us denote 
$ [a (d. + di) — d) = A; 
È [as (d, +d) +d) = As; 
$ (as (d, + d) + d] = As: 
$ la, (d, + d) — di] = Ag. 


We then get 
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By inserting the relation (VIII. 27) in (VIII. 23) we get 


, 
P, = —— pg ETAP HAP, +AA 
1, lẹ  ] cata) : . 
— 


By inserting in this expression the value of P; and transforming, we 
obtain 


P (1+ rane Zh cos a 
s= Idp ¥ cs +a) * 
2m TII ES | 


X AME APA T AC : (VIII. 28) 
, + 1 


In this expression for the servomotor force, the first factor 


rh 
t + fans 


l-mara] 


makes allowance for the friction at the lever pin, crosshead pin, and cross- 
head guides. For the type of mechanism considered, K, = 1.1. 

Since the deviation of the link from the vertical position is minimal, 
and consequently cos a1, the second factor becomes 


K,= 


ca Q l 
cos (Pı +a) ~~ cos (P, +a) ` 
Therefore, the servomotor force required for one blade 
P. =1 ]ZMrE AP: + A0 — AC 
i “(rx Aj cos (gq, +a) ' 
By denoting 
AP, + AG — AC = A, 


we obtain 


_ + Myp+A 
Po 


By replacing the coefficients in the last expression by their values, we 
obtain 





JE uera T 4o] 07 [T (e£ 
[re [Ae ros ]) m onm 


+ Myt È { 





Ps «1.1 (VIII. 29) 


The upper signs correspond to the opening of the blades. 

Formula (VIII. 29) gives the required servomotor force for one blade. 
It depends upon the magnitude of the hydraulic moment Mp, the value of the 
axial force P,, the weights of blade, lever and pivot Gy, the centrifugal force 
C , andthe geometrical characteristics of the blade-adjusting mechanism. 
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Since the hydraulic moment and axial force P, depend on Qj and m, and 
the centrifugal force depends on the speed, the calculation of the servomotor 
force should be performed for various operating conditions. 

In order to obtain smaller values for the servomotor force in the for- 
mula (VIII. 29), it is important to have as small diameters d;, d, and ds 
as possible, and as large a distance / between bearings as possible. Yet, 
the pivot diameters are usually selected according to the load they are sub- 
jected to and the permissible specific pressure. The distance between 
bearings is limited by the hub diameter which is determined by the runner 
size. Itis therefore obvious that indesigning the blade-actuating mechanism, 
maximum exploitation of the space in the hub cavity must be aimed at. 





FIGURE VIII. 29. Diagram of the blade-actuating mechanism with slide-block drive 


Several types of blade-actuating mechanisms were considered in the 
foregoing chapter; their advantages and limitations were also analyzed 
from the standpoint of the required servomotor force. 

With an increase in speed, the centrifugal force increases proportionally 
with the square of the speed, and the frictional moment also increases con- 
siderably. Therefore, the servomotor force required to turn the blades at 
runaway speed is much greater than at normal speed. 

Calculation of the servomotor force required for a mechanism with slide 
blocks and oblique grooves. The diagram of the mechanism with slide 
blocks and oblique grooves is represented in Figure VIII. 29, a. With this 
type of mechanism, the lever is inclined downward. Slide blocks are 
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fitted to the lever pins and move in the oblique grooves. The crosshead is 
connected to the piston rod and is kept from turning about the vertical axis 
by means of a guideway. 

The following forces act upon the crosshead: P - servomotor force, 
N= reaction of the slide block, with allowance for friction, and 7 = reac- 
tion of guideway with allowance for friction. 

The equilibrium conditions for the vertical forces and the moments about 
the 2 axis are: 


P — Tz, sin o — Nz sin (a + Q) = O; 
Tr,zy cos Q — Nrgz, cos (a + Q) = 0, (VIII. 30) 


where 2, = number of guideways; 
2, = number of blades; 
Q = angle of friction; 
« - angle of inclination of the crosshead grooves; 
rk = radius at which guideway reaction is located; 
rg = radius at which the slide block is located. 
From (VIII. 30), we obtain 


T = NSCA, rA. 
cos Q ° 


Tk 2 
URL a 
E cos (a +0) oe 78 + sin(a + Q) 
By substituting oie =tan@ = p, we obtain 
DER NACE: ERES 
" p 2 cos (a + Q) + sin (a + 0) 
T= E. — paneo O (VIIL 31) 


rt cose [p 78 costa +0) + sin(a + o] 


The reactions on the slide block and guideway, neglecting the frictional 
forces, are: 


N; = N cos Q, T, = T cos Q. 
The required servomotor force is determined from the equation 
M, =Pbh=+M,+ Meg . (VIIII. 32) 


where Mp = hydraulic moment upon one blade; 
Mr» frictional moment in the pivot and lever bearings. 
The force on the lever, allowing for the friction is 


j = N cos (a + 9 + Q) — pV SP =N [cos (a + + 0) — nf] . 
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By inserting the value of N we obtain 


d 
e» (a +9 -0—Hh 
— eroro Ea (VIIL 33) 


p- cos (a +o) + un(a +o) 


where ẹọ= angle of lever (blade) rotation, having either the sign 
(—) or (*); 
dp= diameter of the lever pin. 
The frictional moment at the blade pivots is 


M; =$ (Rada + Rás + Cdi), 


d, = diameter of bearing A; 
d,= diameter of bearing B; 
dm = mean diameter of the lever collar; 
Ra Rg* reactions of blade pivot; 
C = centrifugal force. 


The reactions of bearings R,and Rg are determined from for mulas of statics. 
For the sake of simplicity, the forces are considered to act inone plane. 


l l, 
Ry=—(+N4+)+P,4464-c+; 
R,= +N yp thy gith_¢s, 
where A, /,, fy, Land e = distances according to Figure VIII. 29,b; 
G = weight of pivot, lever and blade; 


P, = axial force of water on the blade. 
By denoting 


€ E 


we obtain 
Ra = — (t Na) + P,a, + Ga,— Ca; 


Ra X N(1— 2 P. + a, + G(1 + a) — Ca, 


By inserting in the expression for My the values of R, and R, and de- 
noting 


Ẹla, (dA + da) — dal = Ai. 
-$ las (dA + dy) + da] = Ay, 
Fas (d4 + dg) + da] = As. 
È la, (d4 + da) — dr) = A, 


we obtain 
Mr = —(4N)A, + P,A, + GA, — CA.. (VIII. 34) 
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The force N is positive when the piston moves downward, and negative 
when the piston moves upward. 


By inserting in expression (VIII. 32) the value of Pj, from (VIII. 33), and of 
M, from (VIII. 34), we obtain the required servomotor force 


z, (£ Mn+ PA, + GA, — CA) |p -8 cos (a + o) + sin (a + Q) 
E — u : J (VIII. 35) 
!j c (a+ 9-0 —n 7 A, 


The servomotor stroke is calculated in the following manner as a func- 
tion of the blade rotation angle +@ (Figure VIII. 29, b) 


S = $, + $5; 
S, — ak = from mid-position downward; 
S, = ed = from mid-position upward. 
$, = ak == ab — kb, 
since 
ab = mb coa = ok sin 9, cota = [, sin Q; co a; 
kb = em = ok (1 — cos qj) = /, (1 — cosy). 
then 
S, = I, sing, cot a — I, (1 — cos Qi) 
or 
S, = (59. + cose, — 1). (VIII. 36) 
$8, = nd 4 cn, 
but 
nd = nmtana = |, sin q,tana; cn = l (1 — cos@s). 

Consequently, 


or 


S, = lh sin 9, tana + /, (1 — cos 94) 


S, = 1, (2% — cos 9, + 1). 





(VIII. 37) 


Calculation of the servomotor force for a mechanism with lever drive. 
The schematic layout of the mechanism is shown in Figure VIII. 30. 


The equilibrium conditions for the vertical forces and the moments 
about the z axis are: 
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= 21— Nz, cos B — Tz sin Q = 0; 
z,Nr, sin B — T2,r,cosQ = 0, 


where = servomotor force; 


- force acting along the link, allowing for friction; 


(VIII. 38) 


- force exerted on the crosshead guideway, allowing for friction; 


z,= number of blades; 

2,7» number of guideways; 

B= angle of link inclination; 

g=- angle of friction; 

rą= radius of link location; 

ry» radius of guideway location. 





FIGURE VIII. 30. Layout of the blade-actuating mecha- 


nisin with inclined link 


From (VIII. 38) we obtain 
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(VIII. 39) 


The moment exerted on the lever 


M; = I N cos y — pN (r4 +72) = 
= N Íl cos y — p(r, + ral; 


M, = P bosy— platea, 
^ cos B+ p- sin f 


where r4:- radius of the link pin; 

fg = radius of the lever pin; 

y= angle between link and normal to lever. 
Force on the guideway 


sin f 
Tk = T cosg = N —- a RG 


By using the relations (VIII. 39), we obtain 


Pa — — he o (VILL. 40) 


^ ptp hanp “k*k 
The servomotor moment is determined by the relation 
M = M2, -— (tM, + M ()2. 


Since the blade pivots are mounted in the same manner as in the previ- 
ous type of mechanism (Figure VIII. 29), the frictional moment may be ex- 
pressed by (VIII. 34) 


M, — —(Ł N) Au + P,A, + GA, — CA, 


By inserting the values of M; and Mç we obtain 


2 
2, 


ss y—h Cat ra) = + M,—(+A)N + P,A, + GA,—CA,. 
ca a, - sin $ 


By inserting the value for N from formula (VIII. 39) 


Alt Mick PsA + GA, —CAQ ( cp +n zh map) 
j| csy—n(a- ra) (VIII. 41) 
With the dimensions of the servomotor known, the oil pressure in the 
cylinder may be determined 


p, (VIII. 42) 


where F = the working area of the servomotor piston 

The required servomotor force should be determined for various operat- 
ing conditions, both for opening and closing of blades, and the curve illus- 
trating the relationship between oil pressure and blade angle should be 
drawn. 
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The maximum oil pressure corresponds to the head under which the hy- 
draulic moment reaches the greatest absolute value. 

When the hydraulic moments under maximum and minimum heads are 
equal in absolute value but of different signs, the curves should be plotted 
for both heads, 

Approximate calculations of the required runner-servomotor force 
(Figures VIII. 27, VIII. 28). 


Starting data 


Weight-or blade. Gp neriie uera crac i rada NINE RO EO DR AR XC ECCO 14,36t 
Radius to center of gravity of the blade Regg .. 6. ee eee eee . . .. . ... ...... . 336cm 
Weight of blade flange Gf ....... (PPP 4.1t 
Radius to center of gravity of the flange Rcet dial ap sae d QR Res T e... 212cm 
Weight of blade pivot Gp 1.2... eee eee ......... RAS pora eru dederat diu 9, 66t 
R adius to center of gravity of the pivot Rcgp HEP POE Pann PEE NE 149.3cm 
Weight of lever G1........... eee ..... 4.14t 
Radius to center of gravity of the lever Regi UA Rd ie de n idu as vr Ties e Er da ace 153.3cm 
Runner diameter D... vss osos de uo Re CEU D AR Oe xy o Rk a OUR e dnd 930 cm 
Runner hub diameter dj soca us eo 418cm 
Maximum head H max (ava twee bo TG rip ERRARE 30m 
Number-of blades. $ cet: 4 oa naa OR ee Se aw ewe ee Ro ee oe abl we eS 6 
Rotational speed: 

normal speed Ay ww ce 68.2 rpm 

fündway speed NK, «oo vx E EEN ee a a Be Oe we SS 140 rpm 
Radius of the lever (distance from the lever pin to the blade- rotation axis)7......... 68 cm 
Maximum blade angle @ 

"aco Aer ——— a a a a a a a a a aN E 21°30" 

AU ClOSIING ~ amos ch oh wed E Ste Ius aloud RODA MCN osi eh ae a nd —12 
Maximum angle through which the lever turns from mid-position 94 

a Opening ossa eR 66 16*45' 

at closing & ba Bias aks ORE RADILNP SIS eS eee sa reo ux a V 16°45° 
Maximum: friction coefficient (3-036. eis 2s Roe OX ee OE Re hee dei RU ES 0.12 
Pivot:diametert di. ave ei ee ooa hehe oe RRR MADRE te 48cm 

d. SE Sore s dea A BEES Pee eds Sees 140cm 


Determination of calculational data. 
1. Axial force 


H 


max™ 


P, = * — 4) = LAOS SID 302 1626t. 


Axial force upon one blade 


P, = fax fax = = 271 t. 


Radius to center of pressure 


Rep = 345 cm. 


2. Total weight of the blade, including flange, pivot, lever, and other 
parts. The calculation is tabulated below. 
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TABLE VIII. 2 


Weight and statical moments of the blade and other parts 


Blade pivot | ses | nas | 8 
Link and other parts | om | 3.098 | 1 


Remark: the total weight may be rounded off to 9 = 30 t. 


ceo 


[n] 


-3 
N 


Radius to the center of gravity 


DOR: — 720.10 
Reg EN = -z0 = 246 cm. 


3. The centrifugal force is determined from the formula 
G G an \3 

Cm SR e = SR, (HY 

Under normal turbine-operating conditions ^n = 68.2 rpm. 
E EN AT: sec; w= 51 sec?. 

At runaway speed n = 140rpm. 

o = uL AT = 14.65 l/sec; 

e! = 215 1/sec?. 


The calculation of the centrifugal forces is set forth in Table VIII. 3. 


TABLE VIII. 3 


Cenuifugal forces 


Centrifugal force, t 
Part Reg, m 
n, - 68.2rpm | A, = 140rpm 
Blade 14.36 3.36 251 1060 
Blade with flange 18.46 ` 231 1250 


Blade with flange, pivot 30 384 1620 
and other parts 


4. The hydraulic moment exerted upon the blade is determined by tests, 
and, for calculation purposes, is taken from charts. 

5. Frictional moment at the blade pivots. For the given runner design, 
the diagram of the forces acting onthe blade is presented in Figure VIII. 28. 

Frictional moment 


M; = -F (Rid, + Red, + Cd). 
Reactions in bearings 
R, = F a,P, + aP, + aG — aC; 
R= + (1 — a)P, + (1 + a.) P, + (1 + a) G — aC. 


The upper sign indicates the direction of the force P, during blade open- 
ing. 


By inserting the values of the reactions in the formula for the frictional 
moment, and again denoting 


A, = T fa, (d, + da) — dj] = 0.06 (0.618- 188 — 140) = — 1.44 cm; 
As = © [ag (dy + d) + da) = 0.06 (1.25-188 + 140) = 22.6 cm; 
A, = © [a, (d, + da) + d] = 0.06 (0.503.188 + 140) = 14.1 cm; 


A, = Æ [a4 (d, + d) — d,] = 0.06 (0.00675 - 188 — 151) = — 8.95 cm, 
we obtain 


M, = F AP, + A,P, + AsG— AC. 


For H= 30m, P,- 271t, 
A,P, + A,G — A,C = 22.6.271 + 14.1.30 + 8.95.384 = 10000 tcm; 
M, = + 1.44P, + 10000. 
For H= 14m, P,= 126t, 
A;P, + AsG — AC = 22.6-126 + 14.1-30 + 8.95-384 = 6720 tcm; 
M, = +1.44P, + 6720. 


6. Determination of the angle of link inclination. According to Figure 
VIII. 31 where r = radius of the lever, L = link length, a = displacement 
of point of lever suspension, a = angle of link inclination, @ = angle of the 
lever rotation, we have 
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EC , 

sin a = 77; 
EC = KO — KE — CO; 
EC = r — a —r os q; 


sina = T-(1 — cos e) — T: 


2r € a 
sin a = 7 sin* | — T- . 





FIGURE VIII. 31, Determination of the angle 
of link inclination 


The angle a is considered positive when the link is inclined to the 
right. 
The calculation of angle a is set forth in Table VIII. 4. 


TABLE VIII. 4 


Determination of the angle of link inclination 






Lever rotation 
angle 9, 





bbbbbbes 
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TABLE VIII. 5 


Determination of the servomotor force required at opening, for H= 30m 


t1 (My? |t A0 x 
A9. em rey ein 





* 7' — maximum blade angle at M = 30m 


TABLE VIII. 6 


Determination of the servomotor force required at opening, for H= 


t 4- A) x 
x cosl: + 
+ @).cm 
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TABLE VIII. 7 


Determination of the servomotor force required at closing, for M = 30m 


1.14 Mp H 6 ADX 
+A) tem ^ pb 





TABLE VIII, 8 


Determination of the servomotor force required at closing, for H= 14m 











M oe X 
+ e). cm 


1.1 (—Mh+ 
+A,),tcm 





ome 
A 
& 


M 

- 

» 
np 
12.2 
11.32 
i 10.9 
> 


10.8 


° 14° — maximum blade angle at 4 = 14m 
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For structural considerations, the displacement of the point of lever 
suspension is assumed to be a= 14.4mm. 

The relationship between the blade angle and the deviation of the lever 
from mid-position is expressed by the formula 


9 = © — 4°45", 


where @= blade angle; 
«^7 angle of lever deviation from mid-position. 
7. Determination of the required servomotor force. 
For H= 30m 


+ Mn+ 10000 
P, =l EA amta 


For H= 14m 


P. =11 + Mp-+ 6720 
i (r £A) (p +a) * 


Knowing the required servomotor force, we may determine the oil 
pressure in the servomotor 


2P, 


p*—E 
where F = working surface. 
At opening 
F, = 85000 cm?; 
at closing 


F, = 84000 cm2. 


With these formulas, we determine the required servomotor force and 
oil pressure, at blade opening and closure, for Hg," 30m and Hmin= 14m. 

The calculation is given in Tables VIII. 5 through VIII. 8. 

The values obtained are plotted on a chart (Figure VIII. 32) illustrating 
the relationship between oil pressure and blade angle at opening and clos- 
ing for heads H= 30m and H= 14 m. 

Examination of the figure shows that the oil pressure is higher at open- 
ing than at closing, for a head H= 30 m, and, vice versa, for a head H= 
14m. This may be explained by the variation of the hydraulic moment 
with the blade angle. 

8. Determination of the pivot reactions. 


R, = T aP, + a,P, + a,G — aC; 
R, = (1 — a) P; + (1 + a9 P, + 


P; — P, cos(® +a), 
“kK dd C 


cos (Pa +a) P, + 12.6x271 + 0.503. 30 — 0.00675 - 384; 


P, = 
R,= + — 
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R, = F 0.566 cos (€; + a) P, -+ 355; 


Rx TP cos ($ +a) P, + (1 + 1.26)-271 + 


+ (14-0.503) 30 — 0.00675. 384; 
R, = + 0.347 cos (9, + a) P, + 656. 
The calculation is given in Table VIII. 9. 


The values of the pivot reactions are required for the subsequent strength 
calculation of the pivots and other parts. 





At closing. At opening. 


FIGURE VIII. 32. Required oil pressure in the 
runner servomotor: 


l—opening; H = 30m; 2—closing, H= 30m; 
3—opening; H = 14m; 4—closing, H = 14 m. 


TABLE VIII.9 


Determination of the pivot reactions 








Conditions 


Operating conditions 






Maximum servomotor 
pressure P = 27 kg/cm? 
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Experimental Data on the Measurement of the Force required for 
Actuating the Runner Servomotor 


The actual forces required to adjust the runner blades are determined 
during operation by measuring the oil pressure inside the servomotor cyl- 
linder when the piston moves upward and downward. 

If p, is the measured pressure in the cylinder at closing (piston moving 
upward) and p,is the measured pressure at opening (piston moving down- 
ward), the pressure difference in the servomotor at closing and at opening is 
Apc = Pe — Pcs (VIII. 43) 
Ap, = p. — Pe 


These pressure differences produce the force needed to overcome fric- 
tion, hydraulic loads, and weight loads. 
Consequently, 


Ap. = Pe PtP: (VIII. 44) 


Ap, = Pe F Pi — Py 


where pr, Ph, and py = pressure difference in the servomotor required to 
overcome friction, hydraulic loads, and weight loads. 
Considering that friction at opening and at closing is the same, it results 
from (VIII. 44) 


p; = eet Ope (VIII. 45) 
Apc— â 
py p, m — REG. (VIII. 46) 


By measuring the pressure inside the servomotor, it is therefore pos- 
sible not only to determine the force required to turn the blades, but also 
to obtain data on its various components. 

Results of servomotor force measurements showed that the calculated 
values (see example above) are too large. 

Smaller forces are required to turn the blades than those obtained by 
calculation. 

To illustrate this, the curves of the servomotor forces required to 
turn the blades of a turbine of D,= 9.3m under H= 20m are repre- 
sented in Figure VIII. 33. The calculated, as well as the actually meas- 
ured values, are plotted on the graph, for various blade angles, both 
at opening and closing. It is clear from the figure that the calculated 
values considerably exceed those measured. 

By analysing the experimental results and the servomotor force 
values calculated by the method used at the LMZ, S. P. Mikhanovskii /63/ 
came to the conclusion that any discrepancy may be explained by the 
fact that the value of the hydraulic force Ph, corresponding to the closed 
position of the blades, used in calculating the servomotor force was ex- 
cessive. Under operating conditions, the actual hydraulic force is smaller. 

Figure VIII. 21 shows the values of the reduced axial hydraulic pres- 
sure. In the working region of the universal chart, with the blades 
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open, the axial pressure is considerably smaller than at small blade 
angles. 
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FIGURE VIII. 33. Servomotor force re- 
quired to turn the runner blades: 


a — calculated; b — obtained by tests 
on the actual turbine. 


In the calculation of the servomotor force, an increase in 


the axial pressure results in higher bear- 
ing reactions, and consequently in higher 
frictional moments. In addition, greater 
forces involve larger parts. The use of 
the correct pressure value, therefore, 
permits a reduction in the required servo- 
motor force, as well as the use of smaller 
and less stressed parts. 

The results obtained by S. P. Mikhanovskii 
in calculating the servomotor force with ex- 
act hydraulic-force values were quite close 
to the experimental data. 

By comparing the calculation in which 
only the magnitude of the hydraulic force 
is used with that in which the direction 
of the hydraulic force is taken into con- 
sideration also, it appears that the final 
results do not differ; being simpler, the 
first method is therefore used in prac- 
tice. 


51. DESIGN AND CALCULATION OF THE 
BLADE-ACTUATING MECHANISM PARTS 


The blade-actuating mechanism consists 
of a series of linked parts, which impart to 
the blades identical positions with respect 
to the flow, and simultaneous motions 


from one position to another, in accordance with the regulating connection 
between distributor and runner blades, At the same time, some of these 
parts also serve to secure the blades to the runner hub. 

Diagrams of blade-actuating mechanisms, with cranks or slide-blocks 
to transform the linear movement of the servomotor piston into the angular 
move ment of the blade and so adjust it to the required angle, were consid- 
ered in detail in the first section of Chapter VIII. 

The design of the blade-actuating mechanism with crank drive, being most 


common in turbine construction, will be examined in detail. 


Ina mechanism 


of this type (see Figure VIII. 4), the piston is connected to a rod; a cross- 
head, connected by means of cylindrical pins to the links, is mounted at the 
opposite ends of the rod. Each link is connected at its other end, also 
through cylindrical pins, to the end of a lever connected with the blade pi- 
vot. The pivot is usually removable from the blade. 

The design and calculation of the following parts of the blade-actuating 
mechanism, viz. , servomotor, piston rod, crosshead, eyes, link, lever, 
and blade pivot, is given below. 

When the turbine is operated under variable load conditions, these parts 
are Subject to forces determined by the interaction of the blades and the 


water flow. 
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During blade adjustment, the loads on the parts depend on the force 
required to adjust the blades. Apart from this, the mechanism parts may 
have to sustain forces determined by the maximum servomotor force, 
either when the centrifugal forces increase at higher speeds, or when the 
pivot becomes misaligned and jams in its bearings. The strength calcula- 
tion for the parts of the blade-actuating mechanism must therefore be per- 
formed for two conditions: 

a) loading under conditions of normal operation; 

b) maximum servomotor force under emergency conditions. 






—F 


SUE LIMES 2 Ww 


Detail I 





FIGURE VIII, 34. Schematic drawing of the servomotor piston 


Servomotor piston. Two designs for the servomotor piston are in com- 
mon use: the box-shaped section (1) (Figure VIII. 34) with radial web, or 
the simpler disk shape (6). The piston is made of cast iron. 

The box-shaped section, with a higher resistance modulus, is used for 
servomotors on large turbines, and the disk-shaped piston for servomotors 
on smaller units. 

For casting, the box-shaped piston should be provided at each of its 
compartments with two or three holes for the casting cores. These holes 
are covered afterwards with the bolted covers (2). A less convenient meth- 
od is to close the holes with threaded plugs. The piston is fitted to the rod 
(8) provided with a collar, and secured with a nut (5) if the rod diameter is 
small, or with a retaining ring (4) if the diameter is large. If the piston is 
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secured by means of a locking ring, the piston rod groove should be care- 
fully machined to ensure a tight fit between rod and retaining ring, so that 
the latter is subjected to shear. The retaining ring is made of two parts 
held together by ring (3). 

Labyrinth grooves (7) are provided in the piston for sealing, reducing 
oil leakages between piston and cylinder. A more reliable sealing is ob- 
tained by seal rings (9), but in large-sized pistons these are difficult to 
make. 

Using an approximate method, the box-shaped piston should be calculated 
to resist uniform pressure exerted either from below or from above. In 
calculating the piston strength, we assume that the piston cross section is 
not deformed under load; this assumption is sufficiently accurate if the 
rings between the upper and lower covers of the piston are sufficiently ri- 
gid, and an adequate number of radial webs is provided. The piston is con- 
sidered as built-in along the inner surface; the effect of tangential stresses 
is disregarded. 

The stress at section A —A (on the inner outline of radius r) is 


M 
o» 


where M= bending moment; 
W = resistance modulus. 

In order to determine the bending moment and the resistance modulus 
of the piston section subject to uniformly distributed pressure p, a sector 
containing the central angle 9 is cut out (Figure VIII. 34, detail I). 

At the distance x, the force pxedx acts upon the elementary area. The 
moment exerted by it at the built-in end is 


dM = pxedx (x — r). 


By integrating from r to R, and neglecting the infinitesimals of second 
order, we obtain 


M = pe f Gt — rx) dx = pp RPGR +O, 
r 
The modulus of the built-in section 
W = er Tug. 
The radial stresses at the inner edge 
om p ARG. (VIIL 47) 


If the piston is considered as a circular plate of constant thickness, built-in 
along the inner edge, the equivalent thickness ¢ of the plate may be deter- 
mined by equating the moduli Wof the radial piston section with the radial 
section of a plate of constant thickness — i.e., a rectangle of width R — r and 
height (thickness) t 

=. 
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Hence, the equivalent thickness of the plate 


(VIII. 48) 


t = 


The radial stresses at the inner edge of the plate 


(VIII. 49) 


o= Ren, 


where k= coefficient depending on the ratio 


— 
=. 














— 





FIGURE VIII, 35. Schematic drawing of the piston rod 
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In addition, the local stresses in the piston bottom should be deter- 
mined. The bottom consists of a number of sector plates, bounded by 
two circular arcs and two radial webs. The plate segment is calculated ap- 
proximately as an equivalent rectangular plate, having the sides mand n, 
with the outer edge free (Figure VIII. 34, detail II). 

The stresses in a plate of this kind may be determined from the formula 


0.75 pn* 
where p= pressure, kg/cm?; 
a = 2. 
R 


m = long side of the rectangle; 
Short side of the rectangle; 
s = piston-bottom thickness. 
The calculation of the disk-shaped piston merely amounts to the calculation 
of radial stresses c, due to the load on the disk between radii r, and r, and 
stresses øg, in the band between R and ra. 


3 
u 


P 
o= hp: 
e - Eh. 


(VIII. 51) 


where 
P = a(R? — ri)p; 


kand A, depend on the ratio =. 
e 


For pistons made of SCh21-40 cast iron, the permissible stress should 
be taken e, = 700 kg/cm?. 

Piston rod. The piston rod of the servomotor, made of forged steel, is 
designed to resist tension and compression at critical sections, these being 
determined by the bores and channels required for oil supply. The critical 
sections are usually those adjoining the retaining ring or nut and the collar 
where the holes for oil discharge are located. 

A tube to relieve the inner runner hub cavity of excess pressure oil is 
located inside the central rod bore. The annular space outside it is for sup- 
plying oil to the servomotor cylinder below the piston. The grooves are 
calculated according to the permissible oil velocity and discharge. The 
Stresses in the rod are determined by the forces developed when the piston 
moves downward at opening and upward at closing [of the blades]. For 
this purpose we select the maximum force P, produced by the piston. When 
the piston moves upward, the rod is under tension, and the upper and lower 
retaining rings have to resist shearing. When it moves downward, the rod 
is under compression, and the rod collar, under shear and crushing. 

The calculation of the piston rod (Figure VIII. 35) takes place in the fol- 
lowing order: 

1. Piston moves downward (at opening). 
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Section A—A: 
Compressive stress 


P; 
= 
where 
F, -— (Di — di) —2 (D, — 49 4,. 
Collar: 
Shear stress 
P, 
— 
where 
F, = 2Dih 
Crushing stress 
P, 
gm 
where 
F, = + (D — DJ). 
Shoulder: 


Crushing stress 
P, 
c=. 
where 


F,=— (Di — DJ). 


2. Piston moves upward (at closing). 

When the piston moves upward (at closing), the sections below the 
locking rings should also be checked against failure in tension. 

Section B-B: 

Tensile stress 


— 


where 
F,- 4A (B- di). 


Crushing stress 


where 
F, = + (a Di). 


Section C—C: 
Tensile stress 


P, 
C= y uL 
where 
F, = + (D — di). 
Crushing stress 
$ 
CO = T’ 


where 


F, = = (Di— Di). 


The permissible stress for piston rods of grade 35 steel is e, = 1100— 
1200kg/cm2. The ultimate stress is o,= 1600 kg/cm2. 

Retaining ring. The retaining ring should be designed to resist shearing 
due to the servomotor force when the piston moves upward. 





FIGURE VIII. 36. Crosshead with rod and piston 
on the balancing stand 


Upper retaining ring: 
Shear stress 


where 
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Lower retaining ring: 
Shear stress 


P, 
vr F 


where 
Fio = xD. 


A shear stress of t= 600 to 700 kg/ cm? is permissible for a retaining 
ring made of grade 35 steel. 

Crosshead. The crosshead is made of steel and fitted to the rod. 

A view of the piston rod crosshead during assembly is shown in Figure 
VIII. 36. The crank links are connected to the crosshead by means of cy- 
lindrical pins; the force produced by the servomotor piston is transmitted 
by means of the crosshead through the links to the blade levers, The shape 
of the crosshead, in plan, depends upon the number of links connected to 
it. 





FIGURE VIII. 37. Varíous crosshead designs 


The links may be connected to the crosshead through eyes, through 
pins cast with the crosshead, or through separate pins fixed into it. Vari- 
ous types of crosshead designs are shown in Figure VIII. 37 and in the rel- 
evant runner sections, 

The design of crossheads with eyes (Figure VIII. 37,a) is now most 
commonly used. The eyes are inserted into the holes in the crosshead 
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where they are secured with nuts. A pin, connected to one or two links, 
is fitted into the eye. This type of crosshead, though incorporating addi- 
tional parts, the eyes, is quite easy to manufacture since only fair precision 
is required. Furthermore, as regards machining, only the central bore 
and the four holes have to be drilled. 

Slight errors in the hole position are compensated for when locating 
the eyes, while the proper location of the holes for the link pins is 
also determined on assembly. The design of the crosshead cast integral 
with the pins (Figure VIII. 37, b) is more complicated. The pins must be 
very precisely machined, and very accurately located in plan and in eleva- 
tion, since no compensating devices are available and the links are fitted 
directly on the pins. 

The advantage of this type of design lies in its smaller weight, due to 
the absence of eyes and the smaller number of parts. Itis therefore suitable 
for large turbines, and was used at the LMZ for units with a runner diam- 
meter D,= 9.3m. 

Crossheads with separately attached pins (Figure VIII. 37, c) were used 
at the LMZ for turbines with runner diameters D;= 9.3m installed at the 
Volga HEP imeni Lenin. The pins are set into special openings provided 
in the crosshead walls. This design is simpler than the previous one, but 
still necessitates all openings being perfectly machined and precisely located 
with respect to one another. The crosshead is usually cast of carbon steel, 
though a welded crosshead was also manufactured at the LMZ. Although its 
shape becomes more intricate, in this case the design as a whole is more 
Suitable than the cast steel variant. 

Despite the great variety of designs, crossheads are all calculated simi- 
larly to resist bending at the central section A— A, and at the sections 
B—B and C—C. The approximate location of these sections is shown in 
the relevant schematic drawings. 

T he bending moment at the central section is determined by the formula: 


A , P A 
m= Briain P Èo 


where P, = gervomotor force, apportioned to one blade; 
a,- arm of the force; 
a = number of pins located on one side of section A—A, 

Section A—A is taken as the critical section — where the bending moment 
is the greatest — while sections B — B and C — C are selected according to 
the crosshead design. 

Resistance modulus of the crosshead section 


Moment of inertia of the section 


iX Deve Ye 
Ordinate of the neutral axis 


my 
a > 
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Bending stress 


M 
=F: 


The stresses are determined under normal operating conditions and 
maximum servomotor force. The adopted permissible stress for a cross- 
head made of grade 30L steel is ey» 1000 to 1100kg/cm2. 

Crosshead guide. The crosshead is usually prevented from turning by 
two prismatic sliding guides. As a rule, these are welded to the runner 
hub and slide with their base along the guideways provided in the crosshead. 





FIGURE VIII. 38. Eye designs 


Owing to the inclined position of the links (slope angle a), a horizontal 
force component P, tan a tends to rotate the crosshead, where P, is the ser- 
vomotor force. 

The force exerted upon the guideway is determined by the formula 


P, = P, tang A 


, (VIII. 52) 
fk rk 


where rj = radius to link pin; 
rf, = radius to guideway; 
2, = number of guideways. 
The guide is calculated to resist bending, shear, and crushing. The 
permissible shear stress for grade 3 steel is v = 500 to 600 kg/cm?. 
Eye. The eye is a connecting element between crosshead and link. It 
comprises a cylindrical part inserted into a crosshead hole and secured 
with a nut, and a head. 
Two alternative eye designs are shown in Figure VIII. 38. 
Figure VIII. 38, a shows the more common design, where the eye head 
consists of two jaws bored out to take a cylindrical pin. The link fits into 
the eye head. 
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The design shown in Figure VIII. 38,b has a simple head; the pin is 
driven into the boring of the head, and twin links are fitted on the pin on 
both sides of the eye head. The eyes are usually made of forged steel. 

At the LMZ, the strength of the eye is usually checked at three sections, 
A —A, B—B, and C—C. 

The section A—A is calculated according to Lamé, for nominal and 
maximum servomotor forces. 

In accordance with the designations on the figures, the stresses at sec- 
tion A—A are 


T a AtA. . (VIII. 53) 


P 
where P, = —- is the servomotor force applied to one jaw of the eye. 
Tensile stress at section B—B 


s-A T EROR 


Tensile stress at section C —C 


Crushing stress at the boring 


ou T. 


For eyes of grade 35 steel, the permissible stresses ø= 1100 to 1200 kg/cm?. 

For more accurate eye design, tests were carried out and the stress 
conditions measured with strain gages. Both design variants were tested 
under a large number of loads, up to failure. 

The eyes were subjected to breaking stresses at section D — D located 
at an angle of 15 to 20? to section B— B (Figure VIII. 38). The stresses at 
D —D differed little from stresses at B—B. Higher stresses were found 
in the internal fibers. 

The strength was calculated by several methods, and the results com- 
pared with the experimental data / 52/. 

The calculations were as follows (Figure VIII. 39): 

la= curved beam subjected to a concentrated load; 

Jb = curved beam subjected to a uniformly distributed load; 

Ic = curved beam subjected to a load with the distribution following a 
cosine curve; 

Il = ring subjected to distributed loads /10/; 

IIl = thin-walled ring (according to Lamé). 

Figure VIII. 39 shows the stress diagrams of the eye, loaded by P= 10t, 
as obtained by tests and calculated as above. 

Figure VIII. 40 shows the relationship between the stresses in the outer 
fiber at section D —D of the eye and the load, as obtained by tests and cal- 
culation. 

Comparison of the experimental data with the stresses calculated by 
various methods, shows that Lamé's formula yields results 20 to 50% 
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lower than the measured stresses, The nearest results are obtained by the 
approximation to a curved beam subjected to a uniformly-distributed load. 
In addition, the character of the stress distribution is also close to the ex- 


perimental results. 
This approximation should therefore be employed. The load diagram is 


shown in Figure VIII. 41. 
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FIGURE VIII. 39. Diagram of stresses in the eye, according to experimental and 
calculated data 


If P= applied force, q= uniform load per unit length, Rẹ = mean radi- 
us of curvature, @= variable angle, then 


P= 2| Races ede = 2Rq. 


whence 


q= sR (VIII. 54) 


From Castigliano's theorem, we obtain the expressions for the horizontal 
displacement of a point and for the angle of rotation. From the condition 
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that the angle of rotation and the horizontal displacement are, because of 


Symmetry, equal to zero, we obtain 


B 
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FIGURE VIII. 40. Stresses in the outer fiber at section 
D —D of the eye (Figure VIII. 38) as a function of load 





FIGURE VIII. 41. Load diagram of the eye considered as a curved beam 
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(VIII. 55) 


(VIII. 56) 


As the effect of the normal and shearing forces upon deformation is 
small, it may be neglected, 

The bending moments and normal forces will be calculated for two 
sections. 

First section 0< € <>. 

Bending moment 


M, = xs + x R, (1 — cos @) — Rig Jun ede = 


= x, + xR, (1 — cos @) — Reg (1 — cos €). (VIII. 57) 


Normal force 
N, = x, eos e + Reg sin ede = x, cos ẹ + Reg (1 — cos 9). (VIII. 58) 


9 
Second section E << A. 
Bending moment 


bd 
My ex Xy + x, RS (1 — cos e) — Req (1 — cos @) + Req í sin (o—$) de - 
j T 
= x, + x,R (1 — cos €) — Req (1 — cos €) + Rg (1 — sin €). (VIII. 59) 


Normal force 


e 
Ny = x, cos @ + Ry (1 — cose) — Req | sin (e— -F ) de = 
4 
= x, cos 9 + Rag (1 — cos 9) — RII — sin €). (VIII. 60) 


Derivatives 


A - R, (1 — cos 9); At = R, (1 — cos €); 


Sl: x =. 


(VIII. 61) 


By inserting the moments and their derivatives from formulas (VIII. 57), 
(VIII, 59) and (VIII. 61), in the equations of movement (VIII. 55) and (VIII, 56), 
we obtain, 


1,424] ; _ 
5 

+ Rag Í (1 — sin 9) (1 — cos e) dẹ = 0; (VIII. 62) 
T 


*[ The Russian original reads O < 9 € . obviously a misprint.) 
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T Ej tT 
* t= {de + Rex J (1 —cos e) de — Reg f ( — cos €) de + 
$5 


T 
+ Reg J (1 — sin e) dẹ = 0. ^ (VIIL 63) 
T 


After calculating the integrals, equations (VIII. 62) and (VIII, 63) become 
Xq° 1.2284 + x, R,-1.193 — qR$-1.193 + qR$-0.0326 = 0; 
x5:2.0944 + x, R,-1.2284 — gR§-1.2284 + qR3-0.0236 = 0. 


By putting q = i and combining the similar terms, we obtain 


X$:1.2284 + x,R,-1.193 — 0.5802PR, = 0; 


xs-2.0944 + x,R,-1.2284 — 0.6024PR, = 0. (VIII. 64) 
The roots of this system of equations are 
x, = 0.4802P; 
x, = 0,005943P Ry. | (VIII. 65) 


By inserting these roots in equations (VIII, 57), (VIII, 58), (VIII, 59) and 
(VIII, 60), we obtain 


First section 0«*«—. 


M, = PR, (— 0.0139 + 0.0198 cos €); | 
N, = P (0.5 — 0.0198 cos «). (VIII. 66) 
S i : = 
econd section -4z:«e«-,. 
My = . . — Ü, ; 
u = PR, (0.4861 + 0.0198 cos ẹ — 0.5 sin €) | — 
Nj, = P (—0.0198 cos e + 0.5 sin 9). 


The calculation of M and N is given in Table VIII. 10. 

The "positive" bending moment stretches the outer fiber (i.e., increases 
the curvature), 

Once the values of the bending moment M and normal force N are found, 
we calculate the stresses in the same eye sections, 

The area of the rectangular section (Figure VIII, 41, detail A) with di- 
mensions h and 6 is 


F = bh. 
Displacement of the neutral axis of the curved beam 
h 


SUME UN , 
i 
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Static moment of the section with respect to the neutral axis 


S = Fx, 
For the outside fiber 
Se... SR. 
j 7 T5 
For the inside fiber 
St. SRI 
8 4 —5 
Stress 
one ty. (VIII. 68) 


The stress is calculated for the inside and outside fibers for the same 


values of @°(0; 30; 60; 90 and 120), as pg; and f. 


TABLE VIII. 10 


Values of M and N 





Link. 'The link is usually made of cast steel, and its holes are fitted 
with liners of high-quality bronze to resist pressures of up to 300 kg/ cm. 

The shackle itself is designed to resist tension at three sections: A—A, 
B — B and C — C, at normal operating conditions and at maximum servo- 
motor force. 

Section A—A. 

Stress according to Lamé 


4 REA, 


where r, Rand d= dimensions of the link according to the drawing. 
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Section B—B. 
Tensile stress 


om zl, 


where 


Section C—C. 
Tensile stress 


om p. 


F, = a (2b + e). 


where 






(227277 —7 (J, 


tf OLL d Ed ull 






S. 


FIGURE VIII. 42. Link design 


Permissible stresses ø, = 900 to 1000kg/cm2 are adopted for links 
cast of 30L steel. 

Lever. In modern blade-actuating mechanisms, the lever is usually 
a steel ring provided with a pin and mounted on the blade pivot (Figure 
VIII. 43). 

Because of the limited space inside the hub, the lever is sometimes 
chamfered, It is bolted to the blade flanges (see Figure VIII. 8), and 
cylindrical pins are also provided to transmit the torque from lever to 
blade. 

Apart from torque, the lever hub also takes up the centrifugal forces 
of the blade and transmits them tothe runner hub. Designs with the 
lever keyed to the blade pivot are also frequently used (see Figure VIII. 5). 
It is also possible to provide a pin on the pivot flange and to connect the 
lever directly to the pivot. 

The design in Figure VIII. 43 was used by LMZ for many large turbines 
and proved successful in operation. 
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The lever is subject to the joint action of the force applied on its 
pin from the servomotor, and to the centrifugal force due to its mass, as 
well as that of the blade and pivot. 

In LMZ practice, the lever is designed 
according to the following approximate 
method. 

The body of the lever is considered 
as a ring of height ¢, without pin, loaded 
by the centrifugal force, with a central 
bore for the supporting collar. A ring 
of this type may be calculated either as 
a plate (flange), or as a rigid ring sub- 
jected only to tangential stresses. 

With the ratios between the plate 
thickness and width currently used in 
levers, it is advisable to employ the 
second method. 

The tangential stresses in the ring 
are /85/ 





Br la 4/5, 
^ 


By expanding In into a power series 


and performing the algebraic transform- 
ations, we obtain 





FIGURE VIII. 43. Lever of the blade- O; = hy. (VIII. 70) 
actuating mechanism 


where M: bending moment for the 
givenring, M = °%4—4). 
W= section modulus, W = =; 


kı = coefficient allowing for the nonuniform distribution of stresses along 
the ring radius, 


f i 
by MP. 
1 =e 
1 +73 (7) 
where rg: mean radius of the section, f, = — fs ; 
b = width of the section, b = r,— fi. 
If the ratio > < 0.4, one may put 
m 
Fm 1 f 
T ur +4). (VIIL 71) 


The weakening of the section due to the bolt holes may be approximately 
allowed for by assuming the section modulus to be 


(b — d) t 
Ww 
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where d= hole diameter. 

The servomotor force transmitted through link and lever pin induces 
bending and torsion in the lever body. The stresses are determined at 
sections A—A and B—B. 

Section A—A, 

Section A—A is calculated as an equivalent rectangle of width b, designed 
to resist torsion and bending from the normal and maximum servomotor 
forces. 

Torsional stress 


M, , 
t=y 
Twisting moment 
M, = Pa. 
Section modulus in torsion 
W, = ah,bj, 


where a depends on the ratio T : 


EXEEJUIEIEHEAENCSECIEUE 
cam vn [vam [enm [e [sa | sr [eom [m [v 


Bending stress 













i 
Bending moment 
M, = Pl. 
Section modulus in bending 
y 


Section B—B. 

The diametral section B —B is calculated to resist bending from both 
normal and maximum servomotor forces. 

Bending moment 


M, = Pila. 
Modulus 





Moment of inertia of section B —B with respect to the neutral axis x—x 
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For levers made of grade 35 steel, the permissible stress in the lever 
body is oy= 1000 to 1200 kg/ cm2. 

Lever pin. The lever pin (Figure VIII. 43) is calculated to resist bend- 
ing, shearing, and specific pressure on the bushing, both during normal 
operation and at maximum servomotor force. 

Bending moment 


My P,a = P, (gc). 


Section modulus in bending 


v-2. 
Shear stress 
— 
Area subject to shearing 
F = 8$, 
Specific pressure 
Psp = PL, 


Permissible stresses in the pin are greater than in the lever body, 
namely oy= 1300 kg/cm2 for grade 35 steel. 

Blade pivot. The blade pivot (also called journal or shank) is a mas- 
sive steel casting bolted to the blade flange. Each pivot is mounted in a 
hole in the runner hub perpendicular to the turbine axis, and turns freely 
in bronze bushings fitted into the holes provided in the hub. By means 
of a stop collar, the pivot is prevented from moving in the radial direction. 

Over twenty years of operational experience with Kaplan turbines has 
shown the use of bronze bushings in the blade -pivot bearing to be fully justi- 
fied. Bearing wear is usually negligible, despite the fact that the rotational 
movement of the pivot is often oscillatory and the velocity too slow to form 
an oil film. Proper selectionofdiametrical clearances — with due allowance 
for the elastic deformation of the pivot — is of supreme importance. 

A recent innovation is the use of roller bearings for the blade pivot which 
make it possible to reduce the force required for blade adjustment. These 
require a special anticorrosive lubricant and reliable seal to prevent oil 
from leaking out and water from seeping in. 

A number of manufacturers in the U.S. A. have successfully incorporated 
roller bearings. The Terry adjustable-blade propeller turbine at the Austin 
Dam HEP, equipped with roller bearings /103/, has been in operation for 
thirteen years, with satisfactory results. 

Other models incorporating a similar device nave been just as success- 
ful elsewhere in the U.S.A.: 
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Pickwick HEP — unitsno.5 and .........e20- seas D,= 7.5m, H=- 14.3m 


Rock Island HEP — six units ........ 0. ee ee ores D,- 5.57m, H= 13.7m 
Rochester HEP — one unit .............. 0.02 ee ee D,= 3.1m, H= 76m 
Hallon-Fome HEP? — one unit ........0.-.e00+0008- D,= 2.0m, H= 103m 


The pivot is calculated asabeamresting ontwo supports (Figure VIII.44) 
loaded by a system of forces which actuponthe runner blade; the force trans- 
mitted through link and lever, the axial water pressure P, and the blade 
weight G, are also considered as external forces, 





FIGURE VIII. 44. Blade-pivot design 


The values of the pivot reactions R, and R, are used in determining the 
specific pressures at the pivots, as well as the frictional moments that op- 
pose the blade rotation and — together with the hydraulic moment — deter- 
mine the required servomotor force. These reactions are determined by 
formulas of statics during the calculation of the servomotor force. The force 
from the servomotor P, is considered as applied at section n. Since, in 
actual fact, the force P, is applied to the pivot at section m, in order to 
make the statical relation hold true and maintain the reaction values, the 
additional moment M, = P,a is applied at section m. The counterbalancing 
moment, acting upon the pivot from the supporting collar, is neglected. 

The diagram of the bending moments is represented in Figure VIII. 44. 
At each of the sections considered, the bending moment may be expressed 
as the product of the reaction R and the corresponding arm. In calculating 


* (Transliterated from Russian. ) 
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the bending moments at the pivot sections, there is thus no need to consider 
the system of external forces if the maximum value of the reaction R is 
known. 

In designing the pivot, the aim should be to attain uniform stress distrib- 
ution along its length. It is theoretically possible to design a beam of uni- 
form bending strength by using the following formula: 


i 
2 R\TA 
d, zm (2) xi, (VIII. 12) 


where d,- pivot diameter at coordinate x; 
x = distance measured from support 1; 
v, = permissible bending stress; 
R; = reaction of support 1. 
The outline of this "ideal" beam — drawn on the figure in dotted lines — 
may be traced inside the real outline. 
The actual bending stresses are usually determined at four sections of 
the pivot (A—A, B—B, C-C, D-D). 
Bending moment 


M = R,%;. 
Section modulus in bending 


nd? 
W = -y> 


where d, = corresponding pivot diameter. 


The permissible stress for pivots of grade 35 steel is oy= 1200 to 1300 kg/ cm?. 
The specific pressures on bearings (1) and (2) are 


R . 
Pip1** Adr 
R 
P2T uy. 
The specific pressure on the collar should be calculated in terms of the 
centrifugal force at normal and runaway speed. 
e 
Popa = F;’ 
where the area is 


Fy = $ (ds— di). 


52. RUNNER BLADES 


Blade shape. The shape of a Kaplan runner blade (Figure VIII. 45) con- 
sists of the blade itself (1), with flange (2) at its inner part. Sometimes 
the flange is cast integralwiththe pivot; blade construction is then simpler, 
but its main disadvantage is that machining, assembly, and dismantling 
become more complicated. 
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With large blades it is difficult to produce a good casting at the 
transition from pin to blade, since blowholes, porosities, and contraction 
stresses inevitably occur there. For 
this reason, large turbines are built 
with detachable blades. The flange is 
a massive disk joining the blade by a 
smocth fillet. It has holes (3) fastening 
it to the blade with bolts that take up 

ladi sacar the tensile stresses, The torque is 

X rotation taken up by cylindrical pins (4), usually 
inserted into the flange from the rear. 
This position is more convenient for 
Blade axís of locating the blade holes on the flange. 

rotation X The blade itself is relatively thin, being 

E thicker near the flange and thinner to- 

ward the tip. Itsradialsection is wedge- 
shaped and the cylindrical sections are 
Shown on the drawing. The leading edge 
is thicker than the trailing edge. This 
blade shape is chosen for streamlined 
flow, and to ensure uniform strength. 
For improved cavitation characteris- 
tics the blades should be as thin as pos- 
Sible; their strength calculation should 
therefore be performed with minimum 
safety margins. Their cavitation char- 
acteristics depend on their surface area 
as well; the larger this is, the lower 
the cavitation coefficient ø. 





FIGURE VIII. 46. Templates for checking the 


blade profile: In plan, the blade looks like a ring 
1-6 — templates for the lower surface; sector whose surface is slightly curved 
1b-6b — templates for the upper surface. in space. This surface consists of the 


cylindrical sections 1 — 5 that deter- 
mine the curvature and axis of rotation of the blade, as well as its position 
with respect to the flange. The shape of an actual turbine blade is usually 
geometrically similar to the shape of the tested model blade. The drawings 
of the blade are based on the drawings of the runner model selected. 
The linear dimensions are taken to the scale 


D 
A m S 


where D,, and D,m— the runner diameters of the full-scale and model tur- 
bines, respectively. 

No blade deformation is permitted after grinding. Specialsteeltemplates 
are used to check the blade profile; two sets are used, one for the upper, 
and one for the lower blade surface. The schematic diagram of the tem- 
plate is given in Figure VIII. 46. It consists of a horizontal plate, the base 
on which the curved steel templates are laid out and welded according to 
the cylindrical sections indicated on the blade drawing. The ordinates of 
each template determine the blade profile. Lines x — x and y — y are drawn 
upon the templates; their intersection lies on the axis of rotation. 
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The profiles at the leading and trailing edges are checked with flat tem- 
plates. The following tolerances are allowed for the blade surface: 

1. The blade thickness may, on the average, be no more than 0.0005D, 
thinner, and no more than 0.0015 D,thicker than the nominal dimensions. 

The thickness tolerances for the blades of the turbines for the Volga 
HEP imeni Lenin were as follows: 

a) at the periphery ii P mm 

nin FLO 
b) at the central section , mm 


6 

c) near the flange ii E: mm. 

2. The permissible deviation of the blade surface from that indicated 
by the templates at any points of the concave surface is 0.0015D, on the 
average. It may be determined by measuring the clearance. 

The deviation of the concave surface of the blades for the turbines at 
the Volga HEP imeni Lenin did not exceed 15 mm. 

To fit the template on the blade with greater ease, a displacement of 
+ 15 mm may be permitted in the radialdirection. The smoothness of the transi- 
tion from section to section in the radial direction is checked by applying 
a 500 mm-long ruler; the permissible clearance below the ruler should not 
exceed 5 mm. 

The inner sections of the blade adjoining the runner hub should be ma- 
chined soas to enable the blade to turnto the fully-open position. When the 
blades are fully open, the clearance between blade and hub, or hub exten- 
sion, respectively, should not be less than 5 mm for turbines of D,= 9.3 m. 
The absence of any contact between the blade edge and the hub, or hub ex- 
tension, respectively, must be checked very carefully on assembling. How- 
ever, clearance larger than 5 mm is not advisable, since when the blade is 
at mid-position or nearly closed, the clearance is liable to increase and 
lead to considerable water losses. 

The opening (5) (Figure VIII. 45) is used for fitting the equipment re- 
quired to hoist the assembled runner into the throat ring. These openings 
are covered with blind flanges that must fit well and be securely fastened, 
so that they cannot become detached when the runner rotates. If the blind 
flange fits badly, or falls off and leaves the opening uncovered, intensive 
cavitation may set in, and the blade surface may corrode. It is advisable 
to fit the blind flanges on both blade surfaces and to secure them with bolts. 

Blade material. The blade is acted upon simultaneously by hydrodynamic 
and centrifugal forces; it is immersed in a corrosive medium and subjected 
to pitting caused by cavitation. High demands are therefore made on the 
blade material: not only mechanical strength but also resistance to cavita- 
tion pitting. The process of pitting is very complicated, and its real cause 
is not yet known. Numerous studies have dealt with the subject, and all 
concur that, apart from mechanical action, chemical phenomena also occur 
during cavitation which make its effect more severe. 

Some authors point out that cavitation is accomparied by electrical phen- 
omena such as electrode discharges. 

In his study of metals used for casting turbine blades, I. R. Kryanin/56/ dis- 
cussed the views of various authorities, his own laboratory research work, 
and field test results on the physical phenomena occurring during cavitation, 
and came to the conclusion that metal pitting results from the joint water 
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hammer and corrosion fatigue. The lower blade surface has to withstand 
considerable impacts, due to the very frequently occurring collapse of 
cavitation bubbles. The duration of each impact is several thousandths of 
a second, and its effect is therefore limited to the narrow surface layer of 
the blade, several hundredths of a millimeter deep. Since the material of 
the surface layer is absolutely inelastic and of a heterogenous structure, 
the stress distribution is nonuniform. Local stresses may occur, which 
exceed the yield strength. These may, if repeated, cause plastic deforma- 
tions in the surface layer. 





Single cavities 
Tiny holes 18 mm deep 
£001 100:5 Deep pitting X16 


FIGURE VIII.47. Pitting of the lower blade surface after 
34,000 hours of running (materíal— staínless steel) 


Apart from plastic deformation, cavitation leads to work-hardening of 
the surface layer. The hardened layer cracks and crumbles under the 
fluctuating load of the water hammer forming pits. The water enters these 
pits and hastens the destructive process, since the oxides produced tend to 
enlarge the cracks. After the surface layer has been destroyed, the proc- 
es8 continues: a new layer hardens, becomes brittle and eventually dis- 
integrates, The pitting process intensifies, and local blisters unite to 
form continuous cavities. 

The honeycombed surface does not sustain water-hammer stresses uni- 
formly. Stress concentrations occur at many points. Under the continuous 
water action, this promotes the process of corrosion fatigue. 

The joint action of water hammer and metal failure by corrosion fatigue 
eventually leads to the formation of deep wedge -shaped pitting which turns 
into typical corrosion-fatigue cracks. 

Blades destroyed by cavitation pitting are shown in Figure VIII. 47. To 
withstand the destructive process they should be made of materials resist- 
ant to cavitation erosion. 

In practice, the blades are made of 30L carbon steel, 20Kh 13NL high- 
alloy chromium steel, or 20 GSL low-alloy steel. Bimetallic (lined) blades 
are also used. | 
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The ‘cheapest material is ordinary 30L carbon steel, but its use is lim- 
ited to small turbines, owing to its low resistance to cavitation erosion. 

Apart from this, carbon steel has relatively poor mechanical properties 
and, if used, the blades are necessarily thicker, with poorer cavitation 
characteristics. 

In large turbines the blades are usually made of high- chromium 20Kh14NL 
steel which has considerably higher resistance to cavitation erosion. The 
yield strength is 30kg/ mm2, instead of 23kg/ mm? for 30L carbon steel. 

It is therefore used extehsively in turbine construction. 

However, this steel is not easy to cast, requiring a complicated casting tech- 
nique. Ithas tobe preheated to between 200 and 450°C for welding, whichren- 
ders repairs more difficult under operating conditions. 

A recent innovation is the manufacture of bimetallic blades, cast of car- 
bon or low-alloy steel, and subsequently lined with welded stainless steel 
plates. Blades cast of 20 GSL manganese-silicon steel are lined with 3 to 
4mm thick plates made of EYalT (1Kh18N9T) stainless austenitic steel. 
The yield strength of 20GSL steel is 30kg/mm2. The lining is made of 
500X250 mm plates 3 mm thick, fastened to the blade by welding along the 
periphery as well as by electrowelded rivets. 

To ensure high-quality welds, the distance between the plates must be 
8 to 10mm. Each plate should be drilled with 30 — 32 elliptical holes (di- 
mensions 22X10 mm) for the rivets. 

Rivets of 10 mm diameter were formerly used, but the plates usually be- 
came detached. The elliptical holes give a much larger welded area. The 
seam welded along the periphery is usually cleaned with an emery wheel. 

In this process, it is very important not to remove metal from the plate 
itself, since a reduction in thickness of as little a8 1 mm may cause it to 
become detached when the turbine is running. 

It is mainly the lower blade surfaces that are subject to cavitation pit- 
ting; the blade may therefore be lined on the lower side only, but then the 
fatigue strength of the blade material is liable to decrease. 

It might be advantageous to manufacture bimetallic blades for large 
turbines by lining the blades with a cavitation-resistant metal. This tech- 
nique has not yet been used in the U. S. S. R. for large turbines, but is suc- 
cessfully employed for the blades of small runners. Figure VIII. 48 shows 
the design of an experimental welded blade developed at the LMZ. It con- 
sists of a cast flange (2) to which the blade (1) is welded. The blade con- 
sists of 20GSL cast steel parts for the leading edge (6) and (7) and for trail- 
ing edge (5). The central part of the blade is welded of steel, and forms 
the frame of a box-shaped section provided with radial and circular ribs. 
The lower blade surface consists of 20 to 60 mm thick plates (8). The radial 
and circular ribs (3) and (4), respectively, are welded to these plates. The 
upper blade surface is made of plates (9) welded in between the radial and 
circular ribs. 

After welding, the blade undergoes stress relieving by annealing. It is 
covered with a lining of stainless steel. No operating experience with such 
blades is yet available. The welded blade, manufactured for the Volga HEP 
imeni Lenin, weighs almost 7t less than a cast blade. Thus, for a six- 
blade runner, the total weight is reduced by 42t, and savings in metal being 
60t. Moreover, welded blades can be made in any machine construction 
plant, since no powerful electric furnaces are needed. 


479 


View C 


: 
$ 


4X "- 
Lr we, 
5 








480 


PIGURE VIII. 48. Welded blade 


In order to protect carbon steel against cavitation, turbine builders out- 
side the U.S.S.R. usually build up a layer of stainless steel at spots liable 
to pitting. It is advisable to build up at least two layers, since the chrom- 
ium and nickel of the first layer dissolve during arc welding. The neces- 
sary composition of the built-up layer is obtained in the second layer. 
Building-up is done by means of automatic welding, and special devices are 
provided to maintain the proper distance between the electrodes and the 
blade surfaces. Lining is done at the factory much cheaper than during 
repairs at the hydroelectric plant itself. 

The blade is usually cast with machining allowance. Special lathes are 
required to machine the curved blade surfaces. 

It is advisable to employ precision blade casting which permits machin- 
ing allowances to be dispensed with. 

Strength calculation of the blade. The runner blade is a bent plate of 
nonuniform thickness restrained atoneend; in plane, it has the shape of a 
ring sector loaded by a nonuniform pressure that depends on the operating 
conditions of the turbine. No precise and acceptable methods are as yet 
available for determining stress conditions in such rings, particularly since 
the pressure distribution on the blade under various operating conditions 
is unknown. 

LMZ practice is to perform approximate blade calculations with the aid 
of experimental data obtained by model and field tests. 
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FIGURE VIII. 49. Radial section of the blade 


The blade is calculated as a flat plate, subjected to a uniformly distrib- 
uted pressure by a trial and error method. With blade dimensions that 
ensure maximum efficiency, the stresses under corresponding operating 
conditions can then be found. 

This is done for the base and oblique sections near the trailing edge. 
The base section is checked for strength in bending and torsion, exactly like 
the built-in end of a cantilever beam. 

The effect of centrifugal forces on the bending stresses at the base sec- 
tion is very slight, and is therefore usually neglected; hence the resulting 
bending stresses are assumed identical at normal and runaway speed. 

Several oblique sections are selected for the calculation. Each is con- 
structed either by direct measurements on the model blade, which is more 
expedient, or by using the drawing of the blade. The oblique section (for 


481 


instance B — B) is drawn on the plan view of the blade (see Figure VIII. 45). 
The point K — the intersection of this section with the cylindrical section 
II-2 — is determined by the coordinates Ar, andAL,. Along the cylindrical 
section II-2, this point is determined by the distance &, from the base plane 
NN. The thickness of the blade section is 6,. In order to construct the re- 
quired profile of section B — B, the coordinates and thicknesses of other 
points of the oblique section are determined similarly. 

The modulus of resistance of the oblique section is found, as usual, by 
approximation. 

The bending moment at the base section (see Figure VIII. 49) 


M, = P, (Rp —R) + G(R  — Ry. (VIIL 73) 


The radius of the center of pressure is determined as the radius of the 
cylindrical section that divides the flow into two equal parts. 


Ro = — (VIIL 74) 


where R= outer radius of the runner; 
Rp = radius of the cylindrical section at which the transition to the 
flange begins; 
fh = radius of the hub. 
The hydraulic axial load upon one blade is, to a first approximation, 


pis SE MM. Di Df) LM (VIII. 75) 


The modulus of resistance of the diagonal section is 
W =z —— 


In determining the moment of inertia of the section, the direction of the 
neutral axis 0 — 0 should be taken parallel to the chord of the profile (Fig- 
ure VIII. 50). 

The moment of inertia with respect to the neutral axis is 


J= V exi - ER. (VIIL 16) 


The ordinate of the neutral axis is 


- M 
oe SF, ` 


The bending stress 
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The tensile stress 
c 
0, = -F 


The centrifugal force should be calculated for normal and runaway speeds 
(C and C,, respectively). 


The total stress is 


o = 6, +0. 





FIGURE VIII. 50. Determination of the moment 
of inertia of a cylindrical blade section 


The torsional stresses at the blade-root section should be calculated for 
the maximum hydraulic moment. For this the polar moment of inertia of 


the root section must be known. Considering this section as plane and sym- 
metrical, we obtain 


J= SE f (VIII. 77) 
j 1+ 16-58 


where J,= moment of inertia about the neutral axis, taken as axis of sym- 
metry; 
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F = area of the section; 
S = length of the section. 
The highest shear stresses are assumed at the points of tangency with 
the largest circle that can be inscribed in the outline of the section 


Mt 
T Ty Cr 
where M,= torsional moment, equal to the maximum hydraulic moment; 


C = al + 0.15 er —-)] (VIII. 78) 


where D= diameter of the largest inscribed circle; 
r - radius of curvature of the section outline at the point of tangency; 
F = area of the section. 
The combined stress is 


o, =t04} VIFTE, 


Only the bending stresses caused by the pressure acting upon the part 
of the blade cut off should be calculated for the oblique sections at the trail- 
ing edge. 

The pressure may be found with the maximum axial pressure from the 
formula 


b a(D— Di) ex (D}— D4) + T 


where I= mean developed blade length in tangential direction; 
t = mean blade pitch. 

It is advisable to perform the strength calculation of the obliquate sec- 
tions in tabulated form (Table VIII. 11). By the method described, only the 
Stresses at a few sections are found. The most highly stressed oblique 
sections should be determined empirically. The location of the critical 
sections was determined experimentally at the LMZ for standardized run- 
ners; in designing such turbines, therefore, the stresses at the critical 
sections can easily be calculated. 

A precise design procedure for Kaplan runner blades was devised by 
L. M. Kachanov /34/. The blades are considered as flat slabs of nonuni- 
form thickness, shaped like a circular ring sector and subjected to hydrau- 
lic pressure acting perpendicularly to the plate. This method also permits 
determination of the stresses due to the centrifugal forces at any point of 
the blade and of the natural frequency of the blades. The calculation is 
based on the Castigliano variational theorem and on the approximate inte- 
grals of the equation of equilibrium. Analysis by this method of a blade 
with a uniformly-distributed load has shown that the highest stresses occur 
at the trailing edge. Figure VIII. 51 shows the calculated stress distribu- 
tion at the radial sections A — A, B—B, C—C, D-D, E—E, F—F, 
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TABLE VIII. 11 


Calculation of oblique blade sections 
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and the mean values of stresses øg, and Tẹ in sectors I, II, III, IV, and V, 
extending over different angles. Along the blade the stresses o, and c, 
vary according to a linear law, with different signs on opposite surfaces 
(detail N). 

It was, however, found by tests carried out on actual blades under field 
conditions, that the greatest stresses occur at the base section of the blade 
near the flange (Figure VIII. 33). 

The discrepancy between the actual and calculated stresses is apparently 
accounted for by the fact that a uniform pressure distribution was assumed 
in the calculation, blade curvature being neglected. 

It should be noted, in addition, that the calculation method involves 
elaborate computations, and is therefore inconvenient in engineering prac- 
tice. 





FIGURE VIII. 51. Calculation of stresses in the blade, by Kachanov's method 


Experimental investigations of stress conditions in model runner blades 
subjected to static loads were carried out at the Machine Research Institute 
[IMASh] /12/. 

Similar research was also conducted at the LMZ. Later,the IMASh, in 
conjunction with the LMZ, carried out measurements on several turbines 
in operation to establish the actual static and dynamic stresses in the 
blades under different operating conditions. 

The following method was used at the LMZ in laboratory tests /66/: a 
metal model runner was subjected to a uniformly distributed load by means 
of a pneumatic device (Figure VIII. 52). The set-up consisted of model blade 
(1) fastened to support (2) welded to base (5). Rubber chamber (7) was lo- 
cated within box (3), mounted on support (4). Compressed air is led into 
the chamber through pipe (6). The clearance between blade and box was 
made as small as possible to prevent the chamber from getting jammed in. 
Cigarette paper dusted with talcum was laid between the rubber chamber 
and the blade surface to ensure minimum friction and uniform adherence of 
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the chamber to the blade surface. Brittle lacquer coatings were used init- 
ially to determine the direction of the principal stresses; later the stresses 
were measured with strain gages and electronic tensometers. Data ob- 
tained by measuring the stresses in the diagonal sections B — B, C —C, 

D — D, and at the flange A — A under a pressure of 5atm, and by calculat- 
ing them by the oblique section and Kachanov's methods, are given in Table 
VIII. 12 as an illustrative example. 

It appears from the table that the highest stresses, reaching 1520kg/cm2 
occur at the transition from blade to flange (section A — A), while the high- 
est stresses in the body of the blade 
are only 1270 kg/ cm2. 

The actual stresses are 20 to 30% 
lower than those calculated by the 
oblique section method, and 30 to 
50% lower than those calculated by 
Kachanov's method. In reality, how- 
ever, the pressure on the blade is 
not uniform, and the test results ap- 
ply to static loading only; neverthe- 
less the tests help define the data 
for calculating blade stresses more 
accurately. 

A.A. Vasil'ev analyzed the test 
results for uniformly loaded models 
(tests were carried out by methods 
Similar to the above and considered 
data obtained by investigating full- 
size turbines under field conditions 
of nonuniform pressure, with correc- 
tions for measured blade strain val- 
ues. He came to the conclusion that 
with real loads applied to turbine 
blades, there is a linear relationship 
between the deflections and stresses 
and the loads at all blade points, and 
therefore the basic propositions of 
the theory of thin elastic plates are 
applicable to blades. When the blades 
FIGURE VIII. 52. Blade model testing arrangement are bent, their initial curvature in- 

duces membrane stresses; hence, 
during strain measurements, strain 
gages should be fixed to both blade sides. 

The region of highest stresses is at the junction between blade and flange, 
and the principal stresses are radial (see Figure VIII. 33) showing the dis- 
tribution of principal stresses on the upper side of the turbine blade for 
the Volga HEP imeni Lenin at an output of 25,000 kw. The calculation of 
the blade, therefore, consists of the strength calculation of its base section. 

To allow for the nonuniformity of the bending-moment distribution, a 
multiplication factor of 1.3 is recommended. 

The nonuniform thickness of the radial section considered in the calcula- 
tion should be multiplied — for linear variation of the thickness along the 
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radius — by the ratio of the thickness of the base section to the thickness 
of the trailing edge. This ratio is approximately 5:1. 


TABLE VII.12 
Comparison of blade stresses 


Section 
Stresses in the mode! blade 


Calculated by the method of 
oblique sections (maximum) 1260 1570 1596 — 


Calculated by Kachanov's 
method 1560 1400 i 2330 


A.A. Vasil'ev's conclusions apparently apply only to the tested runner 
PL-587 and require correction for different blades. 

According to experimental data, the pressure increases from the hub 
toward the periphery. This is illustrated by Figure III. 32, which shows 
the lines of equal specific load on the turbine blades at the Volga HEP 
imeni Lenin, measured at an output of 50,000 kw. 

In calculating the base section, and determining the load on the blade by 
the formula p = ve the arm of the resultant pressure force should be as- 
sumed greater than is customary at the LMZ. 

In order to establish the general laws that govern the actual stress dis- 
tribution in blades, and improve the practical calculation methods, more 
experimental data are required. 

Blade vibration, Since Kaplan turbines are built nowadays for larger 
heads and with larger blades, careful research into the vibrational phenom- 
ena, as well as fixing specifications for higher dynamic blade strengths, 
become necessary. To begin with, a knowledge of the natural vibration 
frequency of the blade — fitted to the runner hub — is essential. 

There is as yet no mathematical solution of the problem of blade vibra- 
tion. Apart from the calculation method described above, L. M.Kachanov 
suggested an approximate method of finding the frequency of natural vibra- 
tions, based on the thesis that the blade is a sectional plate with the outer 
edge fixed. This method makes it possible to determine two frequencies, 
corresponding to the first two modes of vibration. 

The first frequency may be determined from the formula 


H 
[ —- KK, Y= ‘Tarp eRe 9 (VIII. 80) 


where K = coefficient determined by blade tests; £E is in kg/ mm?; v is in 
kg/mm3; H = average blade thickness, mm; R,= outer blade radius, mm; 
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f= inner blade radius, mm; B= angle between axis of blade rotation and 
trailing edge, radians; Rm= 4 (R, + ri) mean radius; K,is selected from 
a Special chart, according to the value of 


-y êth) l 


where h,= blade thickness at the point of mean radius Rm on the axis of 
rotation; 
h,= blade thickness at the mid-point of the trailing edge (neglecting 
the sharp edge). 

The calculation of the natural frequencies of the blade, and comparison 
with experimental data, will be found below. 

The effect of blade geometry upon its natural frequencies was investi- 
gated experimentally at the LMZ /97/. 

Bronze model blades of six runners, differing in section thickness and 
blade surface, were tested for this purpose. 

The method by which the blades were fastened during the tests is shown 
in Figure VIII. 53. Blade (1) of the runner (D,= 250 mm) is fastened to hub 
(2) which is connected to plate (3). Rod (5) from the moving coil of an elec- 
trodynamic vibrator is connected to the periphery of the blade (in one 
plane with the axis of rotation) by means of the screwed clamp (4). 





FIGURE VIII. 54. Distinction of the nodal points at resonant vibration of the blades 


The alternating current is supplied to the vibrator by an audio-frequency 
oscillator. By adjusting the frequency of the current, it is possible to 
change the frequency of the force acting upon the blade. 

The blade is a complex elastic system with an unlimited number of de- 
grees of freedom; hence it has an unlimited number of modes of vibration 
with corresponding natural frequencies. According to the frequency of the 
applied force, blade resonance will occur at increasingly higher modes of 
vibration. 

The first mode, peculiar to all the blades tested, is a flexural vibration 
with the node close to the clamped end; the second mode has a flexural- 
torsional character, with the node transverse to the blade. 
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Figure VIII. 54 shows the location of the nodes on the blade surface at 
resonance frequencies corresponding to the first and second modes: 

a — flexural vibration (first mode); 

b — flexural-torsional vibration (second mode). 

Analysis of experimental data showed that a slight increase in the blade 
thickness (10%) does not affect its natural frequency. This seems to contra- 
dict the theoretical proposition that the natural frequency of a plate varies 
in direct proportion to its thickness. The phenomenon, apparently, is ex- 
plained by the fact that, since the blade is curved, its rigidity depends only 
slightly on the profile thickness. 

Greater changes in the profile thickness — 40% at the base and 20% at 
the periphery — significantly reduce the natural-vibration frequency. The 
frequency of the first mode increases by 19% and of the second mode by 
17.5%. 

Reduction of the blade length by cutting off the trailing edge considerably 
increases the blade stiffness. The frequency of the first mode of vibration 
increases by 25% if the blade is shortened by 8%, by 41% if shortened by 
16%, and by 76% if shortened by 20%. 

The frequency is affected less by shortening the trailing edge near the 
base section than at the periphery. The smaller the distance from the axis 
of rotation to the trailing edge, the higher is natural frequency. Conse- 
quently, the natural frequencies of the blade of low-speed (high-head) tur- 
bines are relatively small. 

The effect upon blade rigidity of a collar located at the blade periphery 
was investigated. Collars (3X1.5 mm) were soldered at the periphery of 
one blade, to lower and upper surfaces (Figure VIII. 53, A — A). This ap- 
peared to have practically no effect on the values of the natural frequency. 
Apparently, although the collar increases the stiffness of the blade, it also 
acts as a concentrated load applied at the free end of a cantilever beam, 
thus both effects cancel each other out. 

The curvature of the blade affects the natural frequency. If the curva- 
ture of the trailing edge is increased in the radial direction, the frequency 
of the first mode rises by 42%, and of the second by 36%. 

The natural frequencies of the blades investigated were also calculated 
by the semiempirical formula (VIII. 80). The value of the coefficient K was 
selected so as to make the calculated and measured frequencies of the ref- 
erence blade coincide. 

By analyzing the experimental and computed data, it is noted that the 
calculation adequately reflects the effect on the natural frequency of the 
distance between the axis of blade rotation and the trailing edge. The effect 
of blade thickness however, is not properly allowed for. From the formula, 
the frequency varies almost directly with the thickness. This is true for 
plates, but blade curvature which does not appear in the formula is also 
important. The formula must therefore be corrected in the light of experi- 
mental results. 

The effect of water on the vibration frequency of model blades and plates 
was investigated at the LMZ on a special vibration testing unit /98/. "This 
consisted of a tube with testing chambers where the models were fastened. 
The testing chamber simulated part of a cylindrical throat ring. The model 
blades were tested in air, stationary water, and water flowing with differ- 
ent velocities. Oscillations were set up by means of a vibrator through the 
boss used to fasten the model. 
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The frequency of the excitation force was controlled by an audio-fre- 
quency oscillator, through an amplifier. 

The wave pattern of the vibration was determined by means of sand during 
tests in air, and by means of a piezoelectric probe during tests in water. 
The probe consisted of a rod with a [piezoelectric] crystal of Seignette salt. 
The rod had a lead weight serving as inertial mass attached to one end, 
and touched the vibrating surface with the other end; the vibrations were 
transmitted to the crystal, whose electric signals were recorded on an os- 
cillograph. 

The tests showed that the vibration frequency of a bronze blade of the 
PL-495 runner (D,= 460mm), is lowered by 40% for the first mode, by 31% 
for the second, and by 23% for the third, if the blade is immersed in water 
to a depth of not more than 20mm. If the depth of immersion is less, the 
effect of the water upon the natural frequencies is also smaller. An in- 
crease in the flow velocity up to 3 m/sec (attainable on the testing unit) had 
practically no effect on the vibration frequency of the model. The vibra- 
tion frequency of test models with high rigidity (very thick, or very curved) 
is less affected by water than the frequency of less rigid models. 

The calculated stresses at the root and oblique sections of several tur- 
bines in operation are set forth in Table VIII. 13. Calculation was per- 
formed by the LMZ method, and the designations used are shown on the 
drawing. The stresses are calculated for normal speeds. It can be seen 
from the table that in turbines that are safe in operation, the stresses in 
the blades do not exceed 1100 kg/cm2. 

Instances of damaged blades, where the stresses reached 1400 kg/ cm?, 
are known. Although the actual causes of the damage are not precisely 
known, it may be safely assumed that the high stresses were a contributing 
factor. 

Calculation of the bolts which fasten the blade flanges. The number of 
bolts which fasten the blade flange to the blade pivot should be determined 
according to the dimensions of the flange, the thickness of the root section, 
and design of the pivot fastening. 

To obtain a large modulus of resistance, as few bolts as possible hav- 
ing larger individual sections should be used. The blade is usually located 
below its axis of rotation. The majority of bolts is therefore located on 
the upper part of the flange. 

The loads carried by the bolts are generally calculated approximately, 
assuming the flange to be absolutely rigid. It is likewise assumed that, 
because of the bending moment, the flange tends to turn about the tangent 
to its contour at its lowest point (Figure VIII. 55). Since the bolts oppose 
this motion, the load is divided between the bolts in direct proportion to 
their distance from the tangent through 0. We may therefore write 


PJ, = TPA, (VIII. 81) 


where P,= hydraulic force which is assumed to act in the direction of the 
turbine axis corresponding to the pressure exerted upon the 
closed blade; 
i,= distance between center of pressure and flange supports; 
P,= forces acting on the bolts; 
|,» height of bolt center line from tangent through O. 


493 





FIGURE VIII. 55. Schematic drawing of the blade flange 


Expressing the force P, by the maximum force P,,, exerted upon the most 
distant bolt, we have 





P = Pat; P, = Pan p: ii Pam Pus Tt 
Baz 


lax 


Consequently, according to (VIII. 81) 





PA- Pan La, 


lax 


whence the force acting upon the most distant bolt 


Pun = Dem. (VIII. 82) 
i 


The stresses in the most distant bolt at the root section of the thread 
e = Pos (VIII. 83) 
The load exerted upon the bolts due to the centrifugal force C at normal 
and runaway speeds is inversely proportional to the distance (r,) between 


the center of the bolt and the center of gravity of the blade (blade with flange), 
as shown in Figure VIII. 56. 


C=C, (VIII. 84) 
iml 
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where C,= load on i-th bolt. 
If C, is the load on the bolt located at the least distance from the center 


of gravity then 


la 


he 2; C; =”... Cn me. 
3 


^ ® fg ® 9 


C, = C, 7; C=C,- a6, 6 7t, 
whence 
AT. 
- Vo 4 | 
C 2 n, 
Consequently, 
C, = ——. (VIII. 85) 


z|- 


iw) 


The stress due to the centrifugal force will be different in each bolt, 
being highest in the bolt nearest the center of gravity. 


Ge ees | (VIII. 86) 


t4 





The total stress in the bolt will be 


eua = 9, + 9, (VIII, 87) 

The most highly-loaded bolt can be determined ifthe total stress is known. 

In another method for calculating the bolts of the blade flange, the flange 
is not considered as a separate part, and the bolts are considered as a 
beam subjected to bending and centrifugal forces. In this case, the maxi- 
mum stresses occur in the bolts farthest away from the centroid of the bolt 
System. 

Starting from the same assumption — namely that the flanges are rigid 
and that their deformation may be disregarded since they are small in com- 
parison with the bolt deformation — B. A. Berkman proposed a more accurate 
method of calculation which allows for bolt prestressing. 

Three different relative positions of the blade and pivot flanges are pos- 
sible according to the loads exerted upon the blade: 

1. The joint between the flanges does not open, and contact is main- 
tained along the whole surface. 

2. The joint opens, and contact is maintained only at a single point 
(Figure VIII. 56). 

3. The joint opens, there being no contact whatsoever between the flange 
surfaces. 
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The second of these three positions may be considered as basic, the 
other two being particular cases derived from it. 


Pmax FE 





FIGURE VIII. 56. Location of bolts on the blade flange 


Figure VIII. 56 shows the forces acting on the blade and blade flange 
when there is contact between blade and pivot flanges at point A, and the 
blade flange turns about this point. The following notations were adopted: 

P,,= axial force acting on one blade; 
G = weight of blade and blade flange; 
C = centrifugal force due to mass of blade and blade flange; 
R= reaction at point A; 
H = reaction at the projection provided for blade centering; 

= force on the blade flange due to the i-th bolt; 
lop = radius to blade center of pressure; 
fcg = radius to blade center of gravity; 
fr; = radius to joint; 
fh = mean radius of the support surface of the collar, i.e., to point of 

action B of force H; 
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fof = radius of pivot flange; 
è = distance between the flange axis and the center of gravity of the 
blade with flange; 
l, = distance from point A to i-th bolt; 


lan = distance from point A to the most distant bolt. 
The sum of the moments of all the forces about point B, and the sum of 
the projections of all the forces on the X axis, are 


Y Pj, — M = 6; 
bani 


: (VIII. 88) 
where 
M = Pay(rcp — n) + G (reg — ry t € (ryr — 9); 
n = number of bolts. 
The force acting on the i-th bolt is 
P, = Pa + P, (VIII. 89) 


where P e= prestressing force; 
P, = additional force acting as a result of the external load. 
Considering all the bolts to have been prestressed with equal force P, 
and inserting the value of P, in equation (VIII. 88) we obtain 


P, i l, + BPA = M; 


(VIII. 90) 
a 
—nP,— S)P,+C+R=0. 
Jæ 


These two equations contain (a + 1) unknown quantities P’ and R. The 
problem is (^ — 1) times statically indeterminate. In order to solve it, 
(n — 1) equations expressing the compatibility of deformations must be added. 
These equations may be obtained by assuming the condition of absolute 
rigidity of the flanges, and are written 


P; = tt li (VIII. 91) 


i = 1}, 2, 3, ..., (an— 1). 
Since 


A =l (VIII. 92) 
2 cg * 





where leg = height above A of the centroid of the bolt system, we have 
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— vs f= M—nPJ., : (VIII. 93) 


R = nP, + 





Examination of equation (VIII. 93) shows that, depending on the load act- 
ing and the prestressing, the right-hand side may be either positive or 
negative. If negative, the flange turns about point A in a counterclockwise 
sense; that is, however, impossible. The additional force acting on the 
most highly stressed bolt must therefore be found from formula 


ETE lagwhenM » nPJ., ; 
(VIII. 95) 


whenM <nPdeg . 


With P,,, known, all the other forces may be determined from formula 
(VIII. 91). 

The case where the flange turns about the uppermost point E is of inter- 
est. This may happen either under conditions of reversed water hammer, 
when the axial force is directed upward, or if the center of gravity of the 
blade is below the blade axis of rotation. The magnitude of the moment 
about A is then 


M* = —P,k(fep — fy) — G (rcg — ry t C (ryr tD. 


The other formulas do not change, but J, should be replaced by the dis- 
tance between the i-th bolt and point E,. 

Depending upon the prestressing force and the external load, the reaction 
R in formula (VIII. 94) may be either positive or negative. A negative 
value signifies that reaction R acts in the opposite direction to that shown 
in Figure VIII. 56. 

If R «0, contact between the flanges at point Aceases, i.e., the flanges tend 
to separate. In this event, the entire load on the blade and blade flange is 
carried by the bolts, which are to be calculated as a composite team formed 
by all the bolt sections. The highest stress occurs at the bolt farthest from 
the [imaginary] neutral axis, and is determined by the formula 


dan m Melanie) pm, (VIII. 96) 


where M, = bending moment in the plane of the (imaginary) neutral axis for 
pure bending; 
J, = moment of inertia of all the bolt sections with respect to the 
same axis; 
f = cross-sectional area of one bolt. 
Since in pure bending the neutral axis passes through the centroid of the 
[combined] section, and the position of the centroid of all the bolt sections 
is determined by (VIII. 92), M, and J, may be expressed by 
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M, = Pal op — n) + G(re —n) CE lleg —ryr + 9; (VIII. 97) 


jiu r(32— M. ). (VIII. 98) 


Thus, depending upon load and prestressing, the following cases may 
occur: 

Case 1: M<aPJ.g, M° < APd cg : 

With the turbine in operation, the joint does not open, the prestressed 
bolts being under tension. 

Case2: M> AP og » M > M°. 

The joint opens when the turbine is running; the load on the bolt farthest 
from point A is determined by the formula 

Ps = P, + Ph 


where P is found from 


(M — nPJ ca )1 
G 


Pax = 


Ma 


T 


Case 3: M* >aPJ.,, M* >M. 

The flange turns about the uppermost point E and the joint opens. The 
Stress in the most highly loaded bolt may be found similarly as in case 2, 
with /, replaced by /; and M by M°. 

Case 4: the foregoing three cases may occur when the reaction R, de- 
ter mined by (VIII. 94), is positive. 


Rm nP, + 72 nl og —C>0. 


If the reaction R is found to be negative, then the fourth case occurs, 
when the flanges separate and contact between them at point A ceases. In 
this case, the largest stress occurs at the bolts farthest from the [imagin- 
ary] neutral axis, and is determined by the formula 


ous = Malas) C 


As an example, the calculation of the blade -flange bolts of the turbine for 
the Volga HEP imeni Lenin is given below. 
Example. Initial data: 


Pax= 2711; 
G= 18.45t; 
C= 338t under normal operating conditions, 1420t at runaway speed; 
fep= 338 cm; 
fog= 309 cm; 
rj= 198 cm; 
rof = 70cm; 


& 0.96 cm. 
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TABLE VIII. 14 


Location of blade-flange bolts 









10,404 
14,884 
16,400 
14,400 

9,409 


iMwoo-3o0o0vo»ow€-on 


To determine the effect of prestressing the bolts, the calculation will be 
performed for different values of P,. 

1. Pe = 0. 

From Figure VIII. 56, which shows the location of the bolts, we obtain 
Table VIII. 14. 

Formula (VIII. 92) gives 


Let us find the moment M. 
At normal speed 


M = 271 (338—198) + 18.45 (309—198) + 338 (70—1) = 63350 tcm. 
At runaway speed 
M = 271 (338—198) + 18.45 (309—198) + 1420 (70—1) —138050 tcm. 
According to (VIII. 95) we find at normal speed: 
Pinas = pre w= 120000 kg; 
at runaway speed 


Pas = EO s. = 262 000 kg. 


The reaction R is found from (VIII. 94): at normal speed 
120000 
R = yy ° 9° 12.7 — 338 000 = 275 000 kg > 0; 


at runaway speed 
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R = = -9-72.7 — 1 420000 = — 80000 kg <0, 


Consequently, at norma] speed case 2 occurs, and the stress in the most 
highly-loaded bolt is 


P' 
Snax = T eX ree = 638 kg/c m2. 





At runaway speed, case 4 occurs, and the stress in the most highly- 
loaded bolt should be found from (VIII. 96). The values M, and J, required 
for this purpose are: 


M, = 271 (338—198) + 18.45 (309—198)—1420 (72.7—70 + 1) = 
= 34 800 tcm; 
J, = 188 (67 500—9-72.7%) = 37.2-105 cmå, 


The largest stress is 


34800- 10? (128 — 72. * = 


Sam 


2. If the bolts are prestressed to ø= 200 kg/cm2, the prestressing force 
is 
P, = o,f = 37600 kg; 
APJ. = 9-37600.72.7 = 24.6-10* kgcm. 


From (VIII. 95) we obtain: 
at normal speed 


Pinar = SSH AO IM 173300 kg; 
at runaway speed 


Piggy = CRABS) 100-138 = 215000 kg. 


The reaction Ris: 
at normal speed 


R = 9-37 600 + TL. 9.727 — 338 000 = 374000 kg > 0; 


at runaway speed 


R =9. 37 600 + 2725. 9.72.7 — 1420000 = 13000 kg>0. 


Thus, with the bolts prestressed to only e, = 200 kg/cm2, the flanges 
will no longer separate — as happens with no prestressing. 
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The stress in the most highly loaded bolt is, at normal speed 


uaz = Oy + — e 200 + TY ee 590 kg/ cm?; 


at runaway speed 


Gua, = 200 + US = 1340 kg/cm?. 


3. We now assume ø= 800kg/ cm?. In this case the prestressing force 
is P, = of = 150,000kg. 
From (VIII. 95) we obtain, at normal speed 


Prax =O, since M « aPobcg i 
at runaway speed 
OOS = 75800 kg. 


Pax = 


It may readily be seen that the condition R > 0 is fulfilled under both as- 
sumptions. The stress in the most highly loaded bolt is, at normal speed 


Gus = % = 800 kg/c m2; 


at runaway speed 


Omas = y+ Em 800 + TERO m 1200 kg em? 


4. Let us now determine the prestressing required to prevent the flange- 
joint from opening under the most dangerous operating conditions, i.e. at 
runaway. From (VIII. 95) it results that the bolts must be prestressed to 
the point where the inequality 


M 
P Mog 
holds true. 


By inserting in this formula the value of M for runaway conditions,we 
obtain 


Pe > Spy = 211000 kg. 
To this corresponds 


RA 1120 kg/ cm2. 


If the bolts are prestressed to this point, the stresses do not increase 
above e, under the action of the external loads on the blade. 
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TABLE VIII. 15 


Calculated stresses for various amounts of prestressing 


Runaway speed 





The results of the calculation performed for different prestressings are 
listed in Table VIII. 15. 

In addition to the calculated values of o at normal and runaway speed, 
the table includes the bolt-stress ratios k, and k, for normal and runaway 


speeds, respectively. The stress ratio is the algebraic ratio of minimum 


and maximum stresses K= =. in one cycle of load variation. 
It is obvious that when the load on the blade varies from zero (turbine 


Starting) to maximum (normal operation and runaway) the stress ratio is 
Co 
K= — 

As is well known from the theory of strength of materials, for fluctuat- 
ing loads, the endurance limit of a material decreases with decreasing 
stress ratio. 

It appears from the table that, with increasing prestressing of the bolts, 
the maximum stress at runaway decreases by up to 18%. However, the 
stress ratio markedly increases with increased prestressing, reaching un- 
ity at a prestress of o,= 1120kg/cm2. This proves the advantages of pre- 
stressing the bolts. 


53. RUNNER-HUB BODY 


The body of the runner hub is a part of intricate shape, large dimensions, 
and heavy weight, and forms the largest all-cast component of a turbine. 
Usually made of L30 steel, it is a hollow cylindrical thick-walled casting. 

A cover with a boss for the inner pivots is provided on top of the body. 
Openings for fastening the runner blade pivots are provided in the hub body 
and the boss; their number depends on the number of blades. In small- 
and medium-size turbines, the hub is cast together with the servomotor 
cylinder, while in big turbines the cylinder is separate. Figure VIII. 57 
shows two alternative types of hub-body designs: a — cast integral with the 
servomotor cylinder; b — with separate cylinder. 

The design selected depends on the hub dimensions (dj and L), which de- 
termine the transportability of the parts. 

Dividing the hub into two parts simplifies casting but necessitates an ad- 
ditional bolted joint between hub body and cylinder which requires machin- 
ing of the adjoining surfaces. Hence this design is, on the whole, more 
expensive. 
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FIGURE VII. 57. Runner-hub body: 


a— with cast-in servomotor cylinder; b—with separate servomotor cylinder. 


It is advisable to combine into a single part hub body and servomotor 
cylinder if this is practicable for casting and transport. For a runner of 
D,= 9.3m, machining is reduced by 250 to 300 man hours for design "a" 
as compared with design "b"; this includes 100 to 120 hours turning on 
large lathes. 

The contours of the hub body depend on the design of the runner hub, 
which may be made either cylindrical or spherical to locate the blades. A 
spherical hub offers better contact between the hub body and the blades with 
a maximum clearance of 2 to 5 mm that remains constant at all blade angles. 
With a cylindrical hub the clearance between the blades and the hub body 
should be determined with the blades fully open. As the blades rotate in 
the closing direction, the clearance increases appreciably, reaching a 
maximum when the blades are closed. 

Because of the large clearances (up to several centimeters), water leak- 
ages increase considerably when the blades are near mid-position, lower- 
ing efficiency by up to 1%. 

Consequently, the efficiency of a runner with cylindrical hub is lower 
than the efficiency of a runner with a spherical hub. However, since a 
spherical hub has, for equal values of dy, a smaller discharge section, in 
the blade region the cavitation characteristics of the runner spherical hub 
are poorer than those of a runner with a cylindrical hub. The cavitation co- 
efficient ø decreases by 3 to 6%. 

The advantage of the spherical hub is an increased diameter at section 
A — A (Figure VIII. 57), which makes it easier to locate the blade -actuating 
mechanism and the removable seals. 

The hub body being a complicated casting, care must be taken to provide 
adequate fillets, to maintain uniform section thicknesses as far as possible, 
and to avoid metal concentrations between the openings and the periphery. 
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For the latter purpose, hollow pockets are provided in the hub-body sur- 
face; these are closed later by welding on plates in order not to impair the 
streamlining of the hub. The pockets may also be uSed for attaching bal- 
ancing weights. 

Figure VIII. 58 shows the runner-hub body during machining. 





FIGURE VIII. 58. Machining the hub body on the FIGURE VIII. 59. Forces acting on the hub body: 


lathe Q— load due to axial pressure and servomotor force; 


p— oil pressure in the servomotor; R,,R,— loads from 
the blade pivots; C— centrifugal force; M— twisting 
mornent. 


Other hub-body forms are possible, depending upon the design of the 
blade-actuating mechanism. 

Thus, in Figure V.16, the runner-hub body is provided with a removable 
inner boss for the pivots, screwed to the hub. 

Figure VIII. 10 shows a runner with a differential piston for blade adjust- 
ment. The cover of the hub body is located at the bottom. 

Approximate calculation of the hub body. Calculation of the hub body is 
laborious because of its intricate shape and the complicated system of 
forces acting upon it (Figure VIII. 59). Loads caused by the axial water 
pressure and by the oil pressure in the servomotor cylinder, acting upon 
the hub body, are applied at its upper side, stressing the cover and the 
walls. The forces due to the pivot reactions are taken by the walls and the 
inner boss. In addition, centrifugal forces applied at the outer openings of 
the hub body act on it. Consequently, these forces also act on the walls 
between the openings of the body's outer surface. 
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The hub-body dimensions may be calculated approximately to resist 
tearing apart by the action of centrifugal forces, bearing reactions, and 
oil pressure, in the following manner: 

Section A - A (Figure VIII. 57). 

The stress at section A — A is determined by the action of the forces 
R,, i.e., the pivot reactions on the bearings. 

At the outer section 


om (VIII. 99) 
At the inner boss section 
gg = A. (VIII. 100) 
where F, = cross section of the outer body walls; 


F, = cross section of the inner boss; 
R, and R, = corresponding values of the reaction. 
Sections E—E and D — D. 
The stress at these sections may be determined on the assumption that 
they are subjected to the action of centrifugal forces. 
Section E— E 


m] 


Ye. 
g, = =! x $ (VIII. 101) 
Section D—D 
ima 
yea 
e, == (VIII. 102) 


where C= centrifugal force of the blade assembly at runaway speed; 
F, = corresponding section at the plane E — E; 
F, = corresponding section at the plane D — D. 

Section C—C. 

The stress at section C —C of the hub frame cover may be determined 
approximately as for a plate with the outer edge rigidly fixed, and subjected 
to uniform pressure and to a concentrated load at the center. 

The stress due to uniform pressure is 


= op. (VIII. 103) 


The stress due to the concentrated load is 
e, $m, (VIII. 104) 


where s= plate thickness; 
R, = radius to the built-in edge; 
R, = reaction at the inner support; 
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z= number of blades; 
p = oil pressure within the servomotor; 


9, = coefficient depending on the ratio e E (r, = radius of the central 
opening); 


@s = coefficient depending onthe ratio + s; (r= radius of the circle 
to which the concentrated load is applied). 
Total stress in the cover 


o, = 0; + o. (VIII. 105) 


The actual stresses will be smaller, since the eer and the ribs of the 
cover were ignored in the calculation. 

Experimental data. In order to find the real stress distribution in the 
hub body, the Machine Research Institute of the Academy of Sciences of the 
SSSR, in conjunction with the LMZ, carried out strain measurements on 
elastic models of a series of runner-hub bodies /75/. 

The models were made of neoleucorite* and plexiglass, according to the 
full-scale drawings of the turbine. The scale of geometrical similarity 
was chosen so as to ensure ample space on the model to locate strain gages, 
taking care not to exceed practicable dimensions, of the blocks of neoleu- 
corite. The model tests were intended to provide data on the action of the 
axial and radial loads (due to centrifugal forces), the oil pressure in the 
servomotor, and the servomotor piston load. The hub-body models were 
tested together with the adjacent parts, viz., the servomotor cylinder and 
the upper and lower hub covers, taking account of the relationship between 
the elasticities of parts and joints. 

The axial load was applied to the hub by means of a lever device. Air 
at a pressure of 2 kg/ cm? was led into the servomotor as pressure fluid. 

The radial load on each blade was simulated by means of a weight sus- 
pended from the crank lever of the loading device. 

An example of a loading device for producing the axial load is shown in 
Figure VIII.60. The model to be tested (1) is mounted in reverse position 
and fastened to a shaft. The loading device is provided with a disk (7) 
fastened by means of a screw arrangement (6) to the cross beam (5). Rigid 
rods (4) (equal in number to the blades) serving as supports for the levers 
(3) (ratio 1:10) are fastened to disk (7). The shorter lever arm is connected 
by means of the shackles (8) and (10) and the dynamometric rod (9) to the 
profiled lever (12); this carries a pin (11) whose position corresponds to 
the blade center of pressure. The suspension (2) for the weights is attached 
to the longer arm of the lever (3). The dynamometric rod (9) made of 
30KhGSA steel, having an elastic limit of about 80 kg/ mm2, to which a 
strain gage is glued, prevents misalignment and friction. The piston load 
on the inner side of the levers (12) is produced by a screw device (not shown 
in the figure) and acts in the same direction as the axial load. This load 
corresponds to a downward movement of the piston. 

The stresses in the hub structure were measured at: the walls between 
the lateral hub openings (section A — A and section normal to it — Figure 
VIII. 59), the inner and outer sides of the opening contours, the bottom 
cover of the hub, the section of the central opening below the servomotor 


* [A special plastic.) 
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FIGURE VIII. 60. Loading device for testing the model of the runner- 
hub body under axial load 
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piston, and the servomotor cylinder cast integral with the hub body. It was 
found that, under axial and piston loads, the walls between the lateral open- 
ings are subjected to eccentrical tension, while the radial load causes 
mainly bending. 

The most highly stressed wall region is located at mid-height. 

At runaway speed the highest total stresses in the narrow wall section 
attain 800 to 1300kg/cm? in various hub designs. At normal speed, the 
stresses are much lower (only one third to one fourth). The main compo- 
nent of the maximum total stresses is the stress due to the radial load of 
the runner. A typical diagram of the stresses in a longitudinal section 
through the walls between openings (section B — B) is shown in Figure 
VIII. 59. The inner rib of the wall (8, section A — A) contributes to the level- 
ing out of the highest stresses onthe inside and outside surfaces of the wall 
by lowering the highest tensile stresses and increasing the compressive 
stresses, Maximum stresses occur on the edges of the openings at the ex- 
tremities of the horizontal diameter, attaining 400 to 700 kg/ cm2. The 
stresses on the outside of the hub body are smaller than those on the inside. 

At runaway speed, when the radial forces increase, the stresses at the 
lower points of the outline increase considerably, reaching 1000 to 1300 
kg/cm2. To reduce these stresses it is advisable to strengthen the lower 
hub band on the inside (Figure VIII. 59, section B — B). 

The lower cover of the hub body was tested under the following loads: 
axial, radial, piston load (with piston in motion), and pressure inside the 
servomotor. 

The stresses in the hub covers are smaller than those in the walls, and 
their distribution is like that in an annular plate with the inner edge fixed 
rigidly and the outer elastically. High stresses occur when the piston moves 
upward. The maximum stresses attain 600 to 850kg/cm*. Since ribs on 
the lower cover side lend considerable strength to the cover, they should 
always be provided. The stresses in the region of the central opening be- 
low the piston are small, not exceeding 300 kg/cm2 at runaway speed. 

The stresses on the lower side of the hub body along the contour adjoin- 
ing the hub extension attain 400 to 700 kg/ cm2?. 

Stresses were also measured in hub bodies cast integral with the servo- 
motor cylinder. The stresses in the cylinder depend on the direction of 
the piston stroke. When the piston moves upward, and oil pressure does 
not act on the cylinder, the stresses are considerably lower. The maxi- 
mum stresses in the cylinder attain 500 to 800 kg/cm2. 

Tests were also carried out on hubs provided with blade-actuating mech- 
anisms (actuators) without crossheads, where the drive from the piston 
is transmitted directly to the blade levers through openings in the bottom 
cover. 

Cover deformations were measured, i.e., the displacement under the 
action of various loads of points on the edges of the cover openings for 
bushings. Hub bodies cast integral] with the survomotor cylinder, as well 
as hubs without cylinders, were tested. It was found that under axial loads 
the displacements were almost the same in both cases, but under radial 
loads, with centrifugal forces acting, the deformations were markedly 
smaller in hubs cast integral with the survomotors. The deformations in- 
crease with speed and the highest overall deformations occur at runaway 
speeds, onthe pistonup-stroke. These tests determine the stiffness of the hub 
cover, and ensure that with the clearances chosen for the blade -operating 
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mechanism there is no metallic contact between the hub cover and the bush- 
ing for the servomotor piston rod. Clearances are usually chosen as small 
as possible to avoid excessive oil leakages into the runner hub. If there is 
danger of rod-bushing jamming, either the clearance or the stiffness of the 
.hub body should be increased, for instance, at the expense of the cylinder- 
wall thickness. If the hub body is cast integral with a thick-walled servo- 
motor cylinder, its rigidity increases considerably, and the elastic defor- 
mations of the hub cover are reduced. 

These tests carried out on hub-body models in conjunction with the de- 
sign of prototype turbines enables the most highly -stressed element of the 
assembly — the walls between the lateral openings — to be determined and 
the stresses in the other parts of the hub body to be found. Since the tests 
showed that stresses in many parts of the hub are very small, its cross- 
sectional area and weight could be reduced. 

Exact calculation. On the basis of data provided by these tests, V. M. 
Malyshev and G. I. Kochnev (LMZ) devised an exact method of calculating 
the most highly stressed parts of the hub body, i.e., the walls between the 
lateral openings (section A — A, Figure VIII. 59) under the following loads: 

1) oil pressure in servomotor cylinder; 

2) axial load due to servomotor; 

3) axial load due to water pressure on blades; 

4) centrifugal forces. 

The load diagram is shown in Figure VIII. 61. The method described 
below is more exact, since the transverse forces and the variation of the wall 
cross Section were also taken into account. 

In establishing the stress formulas, each load willbe examined separately. 

l. Oil pressure within servomotor cylinder. The walls between the 
lateral openings of the hub are considered as beams of nonuniform section, 
fastened with a ring at the bottom and a plate and a cylinder at the top. The 
bending moment M exerted upon the plate equals the sum of the bending 
moments exerted on the cylinder M, and wall M, . 

Assuming that the plate is rigidly fixed at its inner and outer contours, 
the lower end being free to move but not to rotate (Figure VIII. 61, a), the 
bending moment M may be taken as being approximately equal to the mo- 
ment at the built-in point of radius R. 

The bending moment may be determined from the formula found by 
N.I. Prigorovskii /73/, for the stresses on the inner contour of a plate of 
this form. 


ar = er [(R* — 32) + pani]. 





But since 
6M" 
c= 
the bending moment will be 
P 4a* 
M = 4 [(R?—30) + In]. (VIII. 106) 


* [This formula, aswellasseveralofthe following, is questionable from the point of view of dimensional 
analysis. ] 


510 


where p= oil pressure in the cylinder; 
R= mean radius of the cylinder wall; 
a= radius to the inner edge of the cover. 


DLL 





a 
Ri 


FIGURE VII. 61. Schematic diagram for exact calculation 
of the hub-body stresses: 


1— cylinder wall; 2— cylinder botom; 3— wall between 
openings; 4— lower ring. 


But 


M = M, B. (VIII. 107) 


where z= number of blades. 
M, may be expressed in terms of M,, because of the equality of the 
angles of rotation 8, of the wall and of the cylinder 6, (8, = €). 
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where 6$, = total angle of rotation of the upper end of the wall; 
@ = angle of rotation of the wall; 
€ - angle of rotation of the lower ring. 


Qu MEM 


where 
: dx — 
Amfi Bef Ta 


i= length of wall, taken equal to the diameter of the outer openings 
of the hub body (Figure VIII. 61, b); 
J (x)= moment of inertia of an arbitrary wall section. 


MITT) 
i EM In 2. j 


where h= height of the ring; 
Fe 7 outer radius of the ring; 
ri= inner radius of the ring. 
The angle of rotation of the frontal part of the cylinder is /84/ 


vii 


(V. 


where p= Poisson's ratio; 
A, = thickness of the cylinder wall; 
D. = rigidity of the cylinder. 


Dmi 
c 120—»5 


The relationship between the moment My and the force Q, may be found 
from the condition that the axial displacement of the point where the wall 
joins the plate must be equal to zero. 

The resulting equation is 


tnu. ex [Mv ew (^ * z)] (3) ma, ac = 0. 


Ek? in LE 
ri 
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By determining Q, from this equation, we obtain 
Qu = KM, 
where 
h 
: e( i+ 7) 
— — 
K ahin 7$ 
Z Ena GE EAS S 
(3) 


c+ iUe nu) a. 
(re —*1 xh? In "5 
fi 


By substituting the value of Q, in the formulas for @ and @, we obtain 


—— 
E 
Ein. ' 
ri 
where 
ni = A — KB; 
m=1—K(t+4). 


Considering the equality between the angles of rotation 6, of the wall and 
@, of the cylinder, we may write 


Se ee ee, ae (VIII. 108) 
Cc 


Exh? in 
ri 
M, may be expressed in terms of M, by using equation (VIII. 108) 


= c E. 
M, = M, Sc (~ — "9 (VIII. 109) 
i 


By jointly solving equations (VIII. 107) and (VIII. 109) we can find the 
bending moment acting on the wall 


M,= S —. (VIII. 110) 
4. ————— 
i | * xi? In 7 J 
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By inserting the value of M from equation (VIII. 106) in equation (VIII. 110), 
we get 





(VIII. 111) 
The stress in the wall at xp is found from the formula 
i 
My— Was) 9 
a= ce) — 


where J= moment of inertia of the wall cross section at x= ; 


[p= distance from neutral axis of wall cross section at xad]. 
At the LMZ, the stresses are determined from the formula 


where K= 2 to 3 = empirical coefficient allowing for errors in the load 
diagram. 

2. Stresses in the wall, induced by the axial and servomotor forces. 
The axial and servomotor forces are transmitted to the outer and inner hub 
bearings through the blade pivots. Reactions R,and R, occur at the bear- 
ings, and the stresses due to each of them are computed separately. 

In determining the stresses caused by the reaction R, at the outer bear- 
ing, the wall is considered as a curved beam, fixed at the upper end and 
supported by a ring at the other. The concentrated load R, is applied at 
the mean diameter of the ring (Figure VIII. 61, b). In this figure r is the 
radius of wall curvature, which determines the distance from the centroid 
of the wall section to the turbine center line. 

Mohr's method is used to determine the angle through which the end of 
the curved beam rotates under the force of reaction R, 


5 = E Da), (VIII. 113) 


where 


[cos 3 (cos @—1)-+ sing sing] 0v 


D (a) = w) 


The angle of rotation of the curved-beam end due to the moment M, is 


{= Mp (a), (VIII. 114) 
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where 


€ 
F (a) = f Tey: 
é 
The angle of rotation of the ring, due to the moment My, 


— (VIIL 115) 


The equation of combined deformations 
— 6, = 6,. (VIII. 116) 


By inserting in formula (VIII. 116) the values of the angles @,, @,, and Q,, 
we find the value of the moment Mi, 


M!, = RD — (VIII. 117) 
— — +F(@ 
xh? In —& 


ri 


The stress in the section of the wall is determined by the formula 


glo DE — 


where F and J are area and moment of inertia of the main wall section, re- 
Spectively, [and y is measured from the neutral axis of the wall cross sec- 
tion]. 

In determining the stresses caused by reaction R, at the inner bearing, 
the load diagram is similar to that for the stresses due to pressure p (Fig- 
ure VIII. 62, a), but the bending moment acts on the outer edge of the built- 
in plate encastré at both sides, and loaded by a concentrated force R,z at 
the center (Figure VIII. 61,c). 

The bending moment will be 





M = SE [he0 c9 — STO) TE 1]. 


where a= £; 


p= Poisson's ratio, 
This formula is obtained for the given problem from the general differ- 
ential equation of thin circular plates /60/. 
After transformations, the formula becomes 


M = AE (1— 451). (VIII. 119) 
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The bending moment M, is determined in a similar way as for pressure 
loads. The coefficient K = 2 to 3, as before. 
The bending stress is determined by the formula 


MILL 


3. Determination of the stresses in the wall, due to the centrifugal 
forces, The wall is considered as a beam encastré at its ends with a uni- 
formly distributed load 


q = f 
where C= centrifugal force, due to the blade assembly (blade, pivot, etc. ); 


i= length of the wall (equal to the diameter of the outside opening). 
Bending moment at the beam section 


M, mf. 


Bending stress 
e mM. (VIII. 120) 


4. Total stress in the wall. 
During downward motion of the piston 


rot = 94 + 05 + 0,4. (VIII. 121) 
During downward motion of the piston 


ta 0m 91 + Fg + Gy + 9,. (VIII. 122) 


The stresses should be determined for the inside and outside of the wall. 

5. Determination of the stresses in the bottom of the servomotor cyl- 
inder. The bottom of the cylinder is considered as an annular plate with 
the inner and outer edges rigidly fixed, the inner edge being capable of 
translatory motion but unable to rotate. The plate is subjected to uniform 
oil pressure, and to a load uniformly distributed along the inner contour 
(pivot reaction R;). 

The stress on the inner contour due to the pressure is given by /73/ 


oy, —À [(R" + a) — poe (m$). (VIII. 123) 


where s= bottom thickness, 
On the outer contour 


Orem -Fr [R 329) + e (In 2-)]. (VIII. 124) 
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The stress on the inner contour due to the reaction R,is given by 


a RA! -pa (In t-)]. (VIII. 125) 


where z= number of blades. 
On the outer contour 


jen [a (m £-)]. (VIII. 126) 


The total stress on the inner contour 
9 rot, i == 011 + Ogi. (VIII. 127) 


On the outer contour 


Grote = 03e 4- Ore (VIII. 128) 


The stresses in the hubs of several actual turbines were calculated by 
this method, experimentally checked on models, and then recalculated ac- 
cording to actual conditions. The corresponding stresses are given in 
Table VIII. 16. 


TABLE VII. 16 
Calculated and experimental stresses in the runner-hub bodies of several turbines in operation 


Stress D,= 7.2 D,- 6.6 


Type of load 
notation | Calculated Calculated | Experimenta 
— 


Calculated | Experimental 


-295 -2'1 


Axial +743 635 


jà 


Servomotor 35 


force 99 


Pressure on 19 


cover - 50 


180 134 


I 
to 
e +. 
e — 
e 


Centrifugal 


forces -133 -128 


! 
— e w 
-2 cn — 


Lm | cm ome ] om 


64. SERVOMOTOR CYLINDER AND COVER 


Servomotor cylinder, A separate servomotor cylinder is used only in 
large turbines with runner diameters of 6 to 7 m or more. 

The servomotor cylinder is usually cast of 30L steel, vith two flanges 
(Figure VIII 62). The lower flange is bolted to the hub; the cover of the 
servomotor cylinder is fastened with stud bolts to the upper flange. 
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FIGURE VIII. 62. Cylinder of the runner servomotor 


In designing the cylinder, its inner diameter D, is calculated on the basis 
of the assumed servomotor performance. The wall thickness and flange 
dimensions Dy and A are then determined. The diameter of the stud bolts 
correspond to the thickness of the flange; the bolts should be located on as 


small a diameter as possible. The flange width (71572) is then small. 


Cylindrical radial pins are fitted between the flanges of the cylinder and of 
the adjoining parts in order to take up the tangential forces, The flange 
stud bolts are therefore under tension only. The pins are fixed in position 
by special shoulders. Special seals are provided between the cylinder 
flanges in order to prevent oil leakages out of the servomotor, and water 
penetration into it. Sealing is usually effected by a rubber ring laid into 
a groove in the flange joint; to ensure a reliable seal, groove and ring di- 
ameters must be exactly equal. Shapes and dimensions of the rubber ring 
are shown in Figure VIII. 63. 

Calculation of the servomotor cylinder. The following forces and mo- 
ments act on the servomotor cylinder: 

1) axial water pressure; 

2) axial force due to oil pressure in the cylinder; 

3) axial load of the runner weight; 

4) tangential force due to oil pressure in the cylinder; 

5) twisting moment. 

The axial loads induce tensile stresses in the cylinder wall 


(VIII. 129) 


where G,;= weight of the runner without servomotor-cylinder cover; 
dp; = diameter of piston rod; 
p= oil pressure inside the cylinder. 
The tangential stress in the cylinder walls due to the oil pressure is 


on Pee, (VIII. 130) 


This stress acts perpendicularly to Oz. 
The total stress is 
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o= Yo! + o (VIII. 131) 


The permissible breaking stress for 30L steel is up to 1000 kg/ cm2. 
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FIGURE VIII. 63. Rubber-ring seal 


The cylinder flanges sustain bending stresses, due to the bolts fastening 
them to the hub and to the servomotor cover. 

The approximate value of the bending stresses in the flange may be de- 
termined by the formula 


E: 
op = [Pact (0 r0. | 0-09 (VIII. 132) 


The maximum permissible bending stress is 1200 kg/cm?. The radial, 
axial, and tangential stresses for thin web flanges can be found more ac- 
curately from (VI. 196), (VI. 197), and (VI. 198) /106/, since the thickness 
of the servomotor cylinders is usually less than the flange thickness. 

Experimental investigations at the IMASh showed that in detachable ser - 
vomotor cylinders, the maximum stresses occur at the lower cylinder 
flange. The stress diagram is shown in Figure VIII. 62. The highest total 
stresses were measured on the outside cylinder wall at the lower flange 
under normal operating conditions and with the piston moving downward, 
when axial forces due to the oil pressure in the servomotor are acting. 
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The values of these stresses were: axial 800kg/cm?, tangential kg/cm2. 
At runaway speed, the stresses in the cylinder were slightly lower. 

Cover of the servomotor cylinder. The cover of the servomotor cylinder 
is usually cast in high-strength carbon steel. A low-alloy chromium-nick- 
el (2% nickel, 1% chromium) was formerly used for cover castings, but 
since this alloy tends to crack and is unsuitable for thick-walled castings, 
it is no longer used. Nowadays, covers are cast in 20GSL steel. 

The servomotor cover has a conical shape and serves to connect the 
cylinder with the turbine shaft, The axial water pressure, runner weight, 
and torque are transmitted through the cover to the main shaft. In addition, 
the cover is subjected to oil pressure. 

The design of the servomotor cover is clearly visible in Figure VIII. 8, 
elevation. In the design shown in Figure VIII. 9, the cover is reinforced 
by a cylindrical rib. 

Recent developments in welding and in the manufacture of welded shafts 
have made it possible to combine shaft and cylinder cover into a single 
part, as shown in Figure VIII. 10. The design is thus simplified, since 
fitting bolts are no longer required. 

The use of such design of all-forged shafts was formerly limited by the 
technical possibilities of producing forged shafts with the required flange 
dimensions. 

The servomotor cylinder cover is secured to the cylinder with bolts and 
shear pins in a similar manner as the cylinder itself is secured to the hub 
body. 

Stress calculation of the cover. The runner-cover*is considered as a 
circular ring of uniform cross section, subjected to a torque uniformly dis- 
tributed along the ring. 

The stresses in the cover may be found from formula (VI. 207) 


o - M, Cy ; (VIII. 133) 


The effect of the flange joints is ignored in this expression. 

The flange joints securing the servomotor cover to the turbine shaft and 
cylinder strenghten the cover and lower the stresses in it. Exact calcula- 
tion of the stresses in the flange joint is difficult. L. M. Kachanov /34/ 
suggested accounting for the effect of the flange joints on the basis of the 
following considerations: 

After assembly, a pressure due to bolt prestressing acts between the 
contact surfaces of the flanges, ensuring a tight joint. When the load is 
applied to the cover, the conditions of contact between the flange surfaces 
alter. The pressure between them drops, but does not become zero. 
Since both the cover and the flange are massive parts, deformations at the 
joint mainly occur in the bolts. 

If the cover is assumed to be a rigid body, each section of which rotates 
through the same angle, pressure increases temporarily. This is due tothe 
additional tension exerted upon the bolt when the flange turns through the 
angle € (Figure VIII. 64, b). 

The additional strains h,6 and h,®, respectively, induce additional forces 
in the bolts: 


* [Obvious misprint, should read servomotor cylinder cover. ] 
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EAL, pM, 


where h,, h,- shown in Figure 64, b; 
lı la = lengths of the bolts subjected to tensile stresses; 
F,, F, = cross-sectional areas of the bolts. 





FIGURE VIII. 64. Forces acting upon the servomotor cover 


The moments exerted on the cover by these forces are 


pt n 

E P zi (VIII. 134) 
l 2 

3. ™ 


These moments act in opposite directions to the bending moments ex- 
erted by the external loads. Consequently, the effect of the flange joints is 
to reduce the bending moment and the stresses in the cover. 

By Hooke's law 


o mE 


r e. 


whence 


Et=o—. (VIII. 135) 


By taking into account the approximate effect of the flange joints accord- 
ing to formulas (VIII. 134) and (VIII. 135), formula (VIII. 133) then becomes: 


m 
^ (»- T) l (VIII. 136) 
de- eah R") 
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where y 


coordinate of a point on the cover with respect to the adopted 
reference axis; 

coordinate of the same point with respect to the axis of sym- 
metry of the cover; 

coefficients, functions of rand y, determined by formulas 
(VI. 209); 

number of bolts in outer bolt circle; 

number of bolts in inner bolt circle; 

distance from outer cover edge to outer bolt circle; 
distance from inner cover edge to inner bolt circle; 
cross-sectional area of the bolts securing the cover to the 
cylinder; 

cross-sectional area of the bolts securing the cover to the 
shaft. 


Bending moment. The bending moment is the algebraic sum of the mo- 
ments acting on the cover half due to the reactions and oil pressure. 


M, =M,—Mz—M, (VIII. 137) 


where M,= moment of reaction R, at the joint with the cylinder; 
M,= moment of reaction R, at the joint with the shaft; 
M, = moment of oil pressure p upon the cover. 


m= BB: 


My BB 


z(D—dp 4 (R*—: p 
M,m7——$ a $ — rp) = i DA). 


Consequently 


where 


My = (RD, — RD) — 4 (D'— 45, (VIIL 138) 


R,=G+P,,4+2 
R,=R,—@ 


G =- weight of runner without cover; 
P,, = axial water pressure; 
Q= force due to oil pressure 


Q = A (D — d) p. 


In LMZ practice, permissible stresses in the cover may attain 1000 to 


1200 kg/ cm2. 
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Chapter IX 


TURBINE BEARINGS 


55. GENERAL 


Modern turbines are noted for their massive and heavy parts. Due to 
their large mass, the flywheel effect of the rotating parts is large and con- 
siderable inertial forces occur if they are not well-balanced. The runner 
may be acted upon by lateral forces, if the flow around its circumference 
is asymmetrical, or the generator rotor may be subject to magnetic pull. 
All these forces, as well as the actual weight, must be safely taken up by 
the bearings over prolonged periods. 

Since the turbine and generator essentially form one unit, sometimes 
even having a single common shaft, the supports of the shaft — guide and 
thrust bearings — must be designed and mounted with due consideration for 
the general layout of the power-house, hydro-unit design, and loads acting 
upon the generator rotor. 

The main loads on the bearings in horizontal hydro units are the weight 
of the components acting perpendicularly to the shaft axis. The loads that 
act along the shaft are smaller in horizontal than in vertical units. 

Axial loads are carried by the thrust bearing. The radial bearings of vertical 
units (mainly guide bearings) are subject only to accidental loads caused 
by the dynamical imbalance of the rotor, and by asymmetrical water 
flow. 

The number of thrust bearings in horizontal hydro units, and of guide 
bearings in vertical units, depends on the design of the turbine and genera- 
tor, and on the length of the shaft. Both guide and thrust bearings may be 
either plain or antifriction (ball or roller) bearings. 

Oil- or water-lubricated plain bearings are mostly used in large turbines. 

Oil-lubricated bearings are more generally in use, especially for hori- 
zontal hydro units. Water-lubricated bearings are used only as guide 
bearings in vertical turbines. 

The guide bearings in large vertical turbines are of special design, 
which will be examined in detail further on. 

In horizontal turbines, which are mostly of small size, axial bearings 
are similar to those used in general machine construction. 


56. JOURNAL BEARINGS — A BRIEF SUMMARY 


Oil-lubricated plain journal bearings for horizontal turbines differ main- 
ly in their shells and lubrication systems. According to the mounting of 
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the shell, bearings may be classified into two basic types: rigid and self- 
aligning (spherical). 

Rigid bearings are used when no appreciable deformation of the shaft or 
bearing housing is likely to occur. 

Spherical self-aligning bearings permit their shell to assume various 
positions with respect to the housing, and to adjust themselves to variations 
in the shaft alignment. 

Figure IX. 1 shows various types of oil-lubricated plain bearings for 
horizontal shafts. 

Figure IX. 1, a shows a rigid bearing with ring lubricating. The oil ring 
is located in a groove in the upper shell and is supported freely on the shaft 
by which it is rotated, carrying oil from a receptacle beneath the shaft to 
the bearing surfaces. The ring is immersed in oil to a depth of about 1 
of its diameter. The volume of oil in the receptacle should be 1.0 to 1.5 
times the volume of the journal. The following data are available on the 
required rate of oil supply /1/. 
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FIGURE IX. 1. Plain bearings for horizontal shafts 


1— oil ting; 2— oil disk; 3— scraper; 4— seal; 5— spherical seat. 


An oil ring of 370 mm diameter, fitted to a journal of 225 mm diameter, 
and immersed to a depth of 50mm, supplies oil at a temperature of 60°C 
at the rate of 1.2 liter/min at a speed of 500 rpm and 1.7 liter/min at 800 
rpm; if the ring is immersed to a depth of only 25mm, it supplies 1.0 liter 
min at 500 rpm, and 1.2 liter/ min at 800 rpm. 

The bearing shells are usually made from high-grade babbitt. 

Tin-base B83 babbitt is usually used for lining radial thrust and axial 
bearings, and was formerly used also for turbine guide bearings. 

Since tin is expensive and scarce, the B16 tin-lead-antimony alloy is 
used nowadays for turbine guide bearings. 

The babbitts mentioned have the following composition and properties: 

1) B83 babbitt: 83% Sn, 11% Sb, 6% Cu, specific weight 7.38, Brinell 
hardness at 17°C, 30Hp,at 100°C, 13Hp; 

2) B16 babbitt: 16% Sn, 66.25% Pb, 16% Sb, 1.75% Cu, specific weight 
9.29; Brinell hardness at 17°C, 30Hp, at 100°C 13Hg. 

Figure IX. 1, b shows a bearing with disk lubrication. Oil is fed to the 
bearing by means of a ring or disk fastened to the shaft. The lower disk 
edge dips into the oil receptacle and rotation of the shaft causes the disk 
to carry some of the oil with it. A scraper is provided at the upper shell, 
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which causes the oil to flow by gravity to the surfaces. The amount of oil 
supplied is fixed experimentally; it increases markedly if the disk is im- 
mersed more deeply, or the rotational speed increased. The oil disk shown 
in Figure IX. 1,b is located on the journal end, but it may also be located 

in the middle of the bearing. 

Figure IX. 1,c shows a bearing with pressure lubrication. A pump de- 
livers oil to the bearing through a pipe. The oil is fed to the bearing sur- 
faces either through a horizontal groove between the shells or through 
grooves in the lower shell. It is then collected in an oil receptacle in the 
bearing housing flowing from there into a cooler (if necessary) and back to 
the pump. Large turbines are provided with a filter between bearing and 
cooler to clean the oil. The oil pressure usually varies between 0.5 and 
1.2 atm. 

The shells of large bearings are provided with special grooves for water 
cooling. A spherical self-aligning bearing shell (5) is shown in Figure 
IX.1,c. To avoid shattering of the load-carrying surface under repeated 
Shocks, it is advisable to provide a spherical land of adequate width. 


(5 > 0,9). 
The lubrication system for horizontal bearings is selected according to 
the circumferential velocity u and the specific bearing pressure. 


nir um 


If Vp? < 6, grease lubrication may be used; no cooling is required. 

If Vpui! = 6 to 50, ringordisk lubrication is used, without cooling. 

If Vp gu? = 50 to 100, ringordisk lubrication, with the oil cooled by water, 

or pressure lubrication may be used. 

If V pu? > 100, pressure lubrication is used. 

It should be kept in mind that for u < 2.5 m/sec and u œ> 13 m/sec, ring 
lubrication is not reliable. 

The particular operating conditions must also be taken into account. If, 
for instance, there is no free access to the bearing for inspection of the 
lubricating system, it is advisable to use pressure lubrication, even if not 
required by the bearing load. 

Journal bearings are designed for fluid friction which ensures minimum 
losses. To achieve minimum friction between two surfaces in relative mo- 
tion, it is always necessary to interpose a lubricant layer between them. 

The problem of fluid friction has been the subject of numerous researches 
since the basic propositions of the hydrodynamic theory of lubrication were 
first formulated by I. N. Petrov in 1883. 

The basic equation of the theory of hydrodynamic lubrication is: 


dp — Cu h—ha 
di 3 E da^ (IX. 1) 
where 4 = viscosity coefficient of oil, sec. kg/ m2. 


The remaining notations are shown in Figure IX. 2,8. The equation de- 
fines the value of the load p,, carried by a surface of length L and unit width: 


m= PRET, (IX. 2) 
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where T = coefficient of lift. 

Three basic cases may occur when two lubricated surfaces are in rela- 
tive motion: 

a) the moving surfaces are parallel to each other, and no pressure de- 
velops between them; 

b) the surfaces are inclined to each other, and oil flows from the wide 
end of the clearance toward the narrow end: (the film is wedge-shaped). In 
this case, the surfaces may carry loads acting perpendicularly to the di- 
rection of motion; 

c) the surfaces are inclined to each other, but the oil flows toward the 
wide end of the clearance. In this case the pressure in the lubricant film 
is negative. 

In order to obtain fluid friction, the clearance between two sliding sur- 
faces must be wedge-shaped. Oil of adequete viscosity, supplied continu- 
ously in the required amount, must fill the clearance. 

For a given load and lubricant, fluid friction is only possible at relative 
velocities exceeding a certain minimum — the float-up velocity — of rela- 
tive motion. 








M Pressure variation # ; 
in wedge-shaped 


— Float-up velocity u 
Region of 
dry friction 


FIGURE IX. 2. Schematic hydrodynamic representation of lubrication: 


a— pressure developed in wedge-shaped lubricant layer; b— friction coefficient for var- 
ious velocities. 


Figure IX.2,b shows the variation of the friction coefficient with velocity 
for a given pressure. The friction coefficient passes through a minimum 
at a certain velocity which tests proved to be quite close to the float-up 
velocity. In practice, however, the bearings operate over long periods 
at velocities 2 to 3 times higher than the float-up velocity, although in this 
case the friction coefficient is higher. 

In order to ensure fluid friction in horizontal journal bearings, a certain 
diametrical clearance ð between the journal and the bearing is required, 
depending upon rotational speed and oil viscosity. The proper selection of 
the smallest possible working clearance between journal and bearing is im- 
portant for safe bearing operation. Figure IX. 3 shows the position of the 
journal both at rest and in motion. | 
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At rest (n = 0), a wedge-shaped clearance is formed between the journal 
and the bearing (Figure IX. 3,a). On starting, when the journal speed is 
low, semidry or semiliquid friction develops. When the speed increases, 
the oil film develops oil pressure in the clearance, causing the journal to 
float up and become displaced in the direction of rotation (Figure IX. 3,b). 

The pressure in the oil film varies directly with journal speed and oil 
viscosity, The greater their product, the larger must be the minimum 
clearance he. 

In bearing design, the aim is to determine the conditions under which a 
load-carrying oil film may exist between journal and bearing. The relation- 
ship between the load-carrying capacity of the bearing and the clearances 
6 and h, is then found. 

Without giving in detail the derivation of the formulas for determining 
these values, we merely state the formulas in final form as used in design- 
ing the bearings of electric machines. 

The specific load on the bearing (acting on the unit area of the support- 
ing surface of the shell is 


Pa= -ir = peT? kg/ m2, (IX. 3) 


relative diametrical clearance; 
load constant of the bearing; 
correction factor for oil side leakages. 


where )= +. 


ast 


C; = 
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FIGURE IX. 3. Diagram for designing radial bearings 


Whendesigninga bearing, the journal diameterd and length i, pressure p, 
angular velocity e, and oil viscosity à are usually known. Consequently, 
the relative clearance may be determined from the formula (IX. 3) 


p = ]/ Se 


2C, Pm ` 
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The ioad constant of the bearing shouid be selected accorc:ng to «he rei- 
ative eccentricity g = = SO aS to ensure mitimum frictional Losses. h 


was found that optimum operating conditions may be expected for a rela::ve 
eccentricity of z= 0.3 to 0.7. An eccentricity of about z - 0.5 sbhou:d ns 
be adopted for sp.iit bearings to ensure a minimum fricnor coefficient. 
The ioad constant is plotted in Figure IX. 3,c as a function of ihe relave 
eccentricity. With the relative clearance known, the diametr:cal c:earance 


9 = od (IX. 4) 

and the minimum thickness of the oil fiim may be determined. 
= R —r —e = (R —ġ [I — L) = 2 (1 — : 
h, = R —r —e = (R n(1 x—.) ; ay. (IX. 5 


The following minimum oil-film thickness is usual for bearings in 
large machines 








Type of bearing 


Self-a.igning 





Knowing &,, we may select the type of bearing seat. The friction coef- 
ficient of the bearing may be calculated from the formula 


p-y? C, (IX. 6) 


where C, = V — = correction factor for oil side leakages; 


Pa = pressure, kg/ m2. 
The frictional losses in the bearing are determined from the general 
relationship 


Pat. (IX. 7) 
p 


where P = load on the bearing, kg; 
T = tangential force on the oil film, kg. 
Consequently, the frictional losses in the bearing are 


W = 9.81 Pup w, (IX. 8) 
where u = peripheral velocity of the journal, m/sec. 
The oil flow through the bearing is determined from the condition that 


the outlet temperature of the oil should not exceed the permissible limit. 
The heat generated per second and removed by the oil is 


V = QC, (IX. 9) 
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where yC = heat-absorption capacity of oil: on the average 1700 joule/ liter; 
®= oil-temperature increase. 
Consequently, the oil flow through the bearing is 


Q = qu 1/ sec. (IX. 10) 


For instance, with heat losses equivalenttol kw, and a temperature in- 
crease of 15°C, the required oil flow is about 2 — 5liter/min. 

The amount of oil that enters the wedge -shaped gap in the bearing is de- 
termined from formula 


Q, 20.015 (1 — -7r ) ald cm/sec, (IX. 11) 


where x and p= relative eccentricity and diametrical clearance, respect- 
ively; 
n= speed, rpm; 
i and d= journal length and diameter, respectively, cm. 

The oil supply should be arranged so as to ensure oil flow to the inlet of 
the wedge-shaped gap in the quantity calculated by formula (IX. 11). It is 
not advisable to cut oil grooves in the loaded zone of the bearing, since 
openings or channels located in this region, where the pressure is highest, 
reduce the load-carrying capacity of the bearing. 


57. THRUST BEARINGS FOR VERTICAL HYDRO UNITS — A BRIEF SUMMARY 


Thrust bearings for vertical hydro units are usually located close to the 
generator rotor. 

Up to 1930, thrust bearings for Soviet-built hydro units were designed 
and manufactured by turbine construction plants, Afterwards, with the use 
of umbrella-type generators and location of the thrust bearings close to the 
rotor, the thrust bearing became an integral part of the generator. Elec- 
trical machinery construction plants had therefore to start designing and 
manufacturing thrust bearings. Most companies abroad follow the same 
practice. 

Thrust bearings serve as supports for the rotating parts of the hydro 
units. The rotor of a modern unit is very heavy. In addition, a large axial 
force due to water pressure is encountered in large turbines, depending 
not only on the magnitude of the head but also on the runner dimensions. 
The load on the thrust bearing of a large turbine may therefore attain large 
values. Thus, for instance, the axial load upon the record-size thrust 
bearings on the turbines manufactured by the "Elektrosila" plant imeni 
Kirov for the Volga imeni Lenin HEP attains 3000 t. 

The thrust bearing inthistype of machine is the most important stressed 
part involving complicated technical problems in design and manufacture. 
Three different thrust-bearing designs are shown in Figure IX. 4. 

Figure IX. 4,a shows a thrust bearing used on low-power machines of 
small dimensions. The thrust bearing with its supporting disk is integral 
with the guide bearing (2). The disk supports the steel thrust collar (4) 
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fitted to the shaft (6) and secured to it by means of a key and nut (5). The 
thrust collar is also the journal of the guide bearing. The supporting ring 
is babbitted and fastened within the housing (3) which serves also as an oil 
bath. The oil receptacle (1) is attached to the housing from beneath, The 
oil to form the film between the supporting disk and the thrust collar is 
supplied through radial grooves cut into the babbitted supporting disk and 
chamfered at the edges. Oil circulation is ensured by the suction due to 
the centrifugal force acting when the thrust collar (4) rotates. 

Designs of thrust bearings for large hydro units are shown in Figure 
IX. 4,b and c. The wedge-shaped load-carrying oil film is formed by means 
of self-aligning shoes. In variant (b), the self-aligning shoes (8) rotate, 
while in variant (c), the shoes (7) are stationary. 


` 2 . y 
NES 
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FIGURE IX. 4. Designs of thrust bearings for vertical hydro units 


In self-aligning thrust bearings the proper selection of the support point 
of the shoe with respect to the center of load application is of great import- 
ance. The center of load application should be displaced in a direction op- 
posite to the movement of the shoe about its supporting point (the center of 
gravity). The shoes can thus tilt, permitting the formation of an oil film. 

The thrust bearing with a ring of moving shoes (Figure IX. 4,b) consists 
of the thrust collar (4), attached to the shaft (7) and secured to it by means 
of the locking ring (5). A steel ring (6) is fastened to the thrust collar from 
below; the ring is provided with seats and pivots (12) for fitting cast- 
iron shoes (8). The annular springs arranged between the ring (6) and the 
shoes, impart to the shoes inclinations varying withthe load. The shoe sur- 
faces are lined with babbitt (11). The shoes slide on a base ring (9) made 
of pearlitic malleable cast iron and fixed to the housing(1). The casings (2) 
and (10), fastened to the housing (1) form the oil receptacle of the thrust 
bearing. Lubricating oil is circulated by the pumping action of the rotating 
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shoes; oil cooler (3) may also be provided. Thrust bearings of this type, 
but with two rows of shoes (inner and outer), are used on the large hydro 
units of the Uglich and Rybinsk HEPs. 

Thrust bearings with rotating shoes are convenient for turbines operat- 
ing at very low speeds, since even at low speeds the suction of the rotating 
shoes provides enough oil for lubrication. 

Figure IX. 4,c shows a thrust-bearing design with stationary cast-iron 
babbitted shoes (7). The steel ring (10) supported by the head of bolt (8) 
is located in a circular groove machined into the stationary shoe. The 
bolts are fixed in ring (9) mounted on frame (1). Steel ring (6), attached 
to thrust collar (3) which is secured to shaft (5) by means of lock ring (4), 
slides on the shoes. Casing (2) is fastened to the housing. A forced- 
feed oil circulating system may be used if the receptacle comprises an oil- 
cooling arrangement. Usually, six to twelve shoes are fitted in the thrust 


bearing, the shoe length-to-width ratio pl. 


Thrust bearings with self-aligning stationary shoes are simpler in de- 
sign, more easily manufactured and more readily aligned than those with 
rotating shoes. Sometimes,the thrust bearing is made integral with the 
guide bearing, the thrust collar serving as journal. 

The design of a thrust bearing, when load P and speed n are given, is 
carried out in the following steps: 

1) selection of the bearing pressure within the limits p = 20to 40 kg/cm?2. 

The bearing pressure adopted nowadays for large hydro units with very 
high axialloads, p = 60 kg/cm?; 

2) selection of the number of shoes z, the diameter of their inner circle 


of location D,, the shoe-length-to-width ratio T^ l. and the clearance be- 


tween the shoes (between 10 and 15% of the circumference); 
3) computation of the diameter D, of the circle of location of the outer 
shoes from the formula 


where & = 0.85 to 0.9 = coefficient depending on the clearance between the 
shoes; 
4) determination of the mean peripheral! velocity 


De+ Dj n 
u — 5; (IX. 13) 
5) determination of the load acting on unit width of the shoe 


pı = = kg/cm; (IX. 14) 


6) determination of the coefficient of friction by the formula known from 
the theory of two-dimensional oil flow 


p= — H, (IX. 15) 
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where A= oil viscosity; 
B, 


H= coefficient of tangential force, depending on the ratios 5 and k 
and characterizing the inclination of the shoe; (A, = oil-film 
thickness at the trailing edge; h,= 


ing edge); 


oil-film thickness at the lead- 





. Turbine oil M 
0 02 04 0508 10 12 14 16 18 20.5 Turbine oil L 





FIGURE IX. 6. Temperature de- 


FIGURE IX. 5. Computation parameters for thrust 
pendence of oil viscosity 


bearings with E =2 


7) calculation, by formula (IX.8), of power losses due to friction for all 


shoes 
W = 9.81 Pup w 


8) determination (for all shoes) of lubricant flow at the leading edge by 


the formula 


M 
Q = z-100-uLBV, (wx) ? cm3/ sec, (IX. 16) 


where V; = coefficient of lubricant discharge; 
9) determination of the temperature increase in the lubricant by formula 


(IX. 9) 
V 
0 -— yoo ; 
10) determination of the oil-film thickness at the trailing edge of the shoe 


by formula (IX. 2) 


h =L Y 6T -i mm, 
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where T = coefficient of lift h, should be greater than &,,,. 

The following safe values are permissible for thrust bearings with self- 
aligning shoes: 

cast-iron shoes, h,,, = 0.05 mm; 

babbitted shoes, B4, = 0.03 mm; 

11) computation of the distance on the mean circumference from the 
point of application of the resultant pressure to the trailing edge, by the 
formula 


x, = XL mm (IX. 17) 


[the mean circumference is defined as the circle whose diameter is Pet Di 


Figure IX. 5 shows the computation parameters for a thrust bearing 


3 = 2 as a function of £ where H = coefficient of tangential force: X, = 


coefficient of relative distance from the point of application of the resultant 
pressure to the trailing edge (data from the Elektrosila plant). 

Figure IX. 6 shows the temperature dependence of the viscosity of various 
lubricants. 


$8. OIL-LUBRICATED TURBINE GUIDE BEARINGS 


The guide bearings of vertical turbines have to carry the main shaft in 
a perfectly vertical position and take up the radial forces liable to arise 
during operation. 

Figure IX. 7 shows two alternatives of 
oil-lubricated bearings, formerly in com- 
mon use, 

do Figure IX. 7,a shows schematically an 
oil-lubricated bearing. 

The removable babbitted shell (9) is 

d fastened to housing (4). The upper oil 
receptacle (7) is mounted on the housing; 
the lower receptacle (3) is fastened to it 
from below. In the upper receptacle, the 
oil is kept at a predetermined level by 
means of the overflow pipe (8) and a float 
(not shown in the figure). The oil flows 
through the bearing grooves into the lower 

FIGURE IX. 7. Oil-lubricated turbine guide receptacle. To ensure better drainage, 

bearings an oil-deflector ring (2) is provided on 
the shaft. The oil is returned from the 
lower receptacle through pipe (5) by pump (6), usually driven from the main 
shaft (1) through a gear or friction drive. A friction drive is preferable, 
since it enables switching the pump on or off while the turbine is running. 

The actuating force required for the frictional drive is provided by a spring, 

in which case the gear pump is mounted on a bracket attached to the upper 
receptacle. The guide bearings of large turbines are usually provided with 
an electrically driven stand-by pump, which is started when the normal oil 
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circulation is interrupted, and the oil level in the upper receptacle drops 
below the permissible limit. The pump motor is started by a floating de- 
vice provided with electrical contacts in the upper receptacle. This stand- 
by pump is also switched on immediately before the turbine is started to 
pump the oil from the lower into the upper receptacle, filling the latter to nor- 
mal level. During turbine shut-down the oil leaks through the bearing back 
into the lower receptacle. 

For bearing lubrication, oil of the same grade as for the governor sys- 
tem (L turbine oil) is used. 

For cleaning the oil when the turbine is running, a filter is usually em- 
ployed, formed by the bearing housing and shell with a filtering screen 
which is periodically cleaned. The filter should be cleaned more frequently 
during the early stages of turbine operation than is necessary later, since 
the oil is more likely to contain impurities when the turbine is restarted 
after repairs or inspection than during normal operation. 

For guide bearings operating at elevated temperatures (e.g., in hot 
climates), cooling coils are provided in the upper receptacle, cooling wa- 
ter being supplied from the industrial water main. 

The lubricating oil should be cooled only in exceptional cases, since 
cooling introduces complications and sometimes leads to emergency shut- 
downs due to the presence of water in the lubricating oil. 

To check bearing operation, the temperature of the babbitt lining is meas- 
ured by means of a resistance thermometer; a thermal relay gives a sig- 
nal when the temperature reaches a predetermined value. Bearings with 
lower stationary receptacle are used in high-speed turbines. For low- and 
medium-speed turbines it is preferable to attach the lower receptacle to 
the main shaft, as shown in Figure IX. 7,b, in which case the receptacle 
rotates together with shaft (1). A rotatingreceptacle (2) is more advantageous 
because the rotary motion gives rise to the pressure necessary to lift the 
oil through pipes (3) into the upper receptacle. These pipes are located 
within the lower receptacle and are provided with bent open ends pointing 
in a direction opposite to that of the shaft rotation. 

Bearing housing. The housing is usually a box-shaped cast-iron body 
made from segments whose number depends on the bearing dimensions and 
the production facilities of the manufacturing plant. The bearing housing 
is fastened to the turbine cover-plate by means of a flange and special set 
screws. The babbitted cast-iron shell is flanged for mounting in the hous- 
ing. Operating experience with guide bearings shows that, owing to the 
eccentricity of the journal with respect to the bearing, axial oil grooves cut 
into the shell are quite sufficient, no circumferential grooves being neces- 
sary. Formerly, shells were lined with high-grade babbitt containing a 
high percentage of tin (B83), but it was found that a babbitt with a low tin 
content (B16) may be used instead. 

Special dovetail indentations should be cut into the cast-iron shell to se- 
cure the babbitt lining. The seats provided in the housing for the shell may 
be either conical or cylindrical, both alternatives having advantages as well 
as drawbacks. The advantages of the conical seat consist in the ease of 
assembly and dismantling, in the fact that no special care is needed in ma- 
chining to obtain precise diametral dimensions, and in the relatively 
simple manner of adjusting the bearing diameter by raising or lowering the 
bearing with the aid of shims. These shims are usually 0.5 to 1.5 mm thick. 
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The disadvantages of this type of mounting are the complicated manufacture, 
the need for manual polishing (lapping) of large surfaces, and the inadmis- 
sibility of clearances in the joint. 

Cylindrical shells are usually mounted on two to four cylindrical collars, 
the number depending on the bearing dimensions. The shell collars should 
preferably be machined according to the dimensions of the housing; toler- 
ances may be less strict if machining is done in this way. 

In modern practice the length of the babbitt lining does not exceed the 
shaft diameter. 


| = (1.0 — 0.8) d. 
The clearances between shaft and babbitt lining according to the shaft 


diameter are shown in Table IX. 1, which gives the current practice for 
operating turbines. 


TABLE IX.1 
Clearances for babbitted bearings according to the shaft diameter 


mm 
.08—0. 500— 630 
630— 800 





Shaft diameter, 








Clearance, mm 









The upper and lower receptacles are made, depending on the bearing di- 
mensions, of two or four parts bolted together. The joints between the 
bearing and these parts are fitted with gaskets to prevent oil leakages. 

These guide bearings are shown schematically in Figures V. 5, V.11, 
and V.16. 

Self-lubricating guide bearings. Self-lubricating guide bearings have 
been used to some extent in turbines (Figure IX. 8). The lower edge of the 
bearing shell (1) reaches into the oil receptacle (2) rotating together with 
the shaft. The rotating oil flows through a number of straight chahnels (3), 
drilled into the enlarged lower part of the bearing to the shaft, impelled by 
the pressure created by the centrifugal forces. Thus, the oil level in the 
bearing is raised. The oil flows along helical grooves to the annular chan- 
nel (7) at the top of the bearing shell; from there it flows through the oil- 
level indicator (5) to the stationary oil receptacle (6), which contains a 
cooling coil (4). Excess oil flows through a pipe (not shown in the figure) 
back into the receptacle (2). 

Figure IX. 9 shows a self-lubricating guide bearing of the oil-bath type 
used in hydroelectric generators. The shell (2) is immersed in the oil bath 
down to one third or one fourth of its height. The rotation of the shaft causes 
oil to flow into special grooves cut into the babbitt lining and spread over 
the bearing faces. The intermediate sleeve mounted on the shaft is a dis- 
advantage of this design. To prevent the oil losses, a cylindrical shield 
forming the inner wall of the receptacle should be provided. This compli- 
cates the design of the intermediate sleeve. 
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Grease-lubricated guide bearings. Owing to their simple design, guide 
bearings with grease lubrication have been extensively used of late in tur- 
bines canstructed abroad (Figure IX. 10). 

The babbitted shell (2) is sealed at top 
and bottom by labyrinth-type seals(3). 
The water container (4) and seal (5) are 
mounted on top of the shell. The con- 
tainer is supplied with water for lubri- 
cating and cooling the seal. 

The oil is supplied to the bearing sur- 
face through pipe (1) to eight points on 
the circumference at mid-height. 

The oil flows toward the lower and 
upper parts of the bearing. The oil 
supply system includes a pump, usually 
of the piston type, valves, and pipes. 
Used oil is carried off by the water and 
a continuous oil supply is therefore re- 
quired. This causes some oil contami- 
nation by water. Oil consumption de- 
pends on the bearing dimensions; it may 
attain several kilograms per day. If 
grease is used as lubricant, separate 
cooling of the bearing must be provided, 
FIGURE IX.8. Self-lubricating guide bearing since grease does not carry away the 
(built by " Nohab") heat generated fast enough. The cool- 
ing medium is usually water, supplied 
through the pipe (6) from the turbine 
Scroll case and flowing across the bear- 
ing housing. 

The drawback of oil-lubricated bear- 
ings is that they require special seals. 
The guide bearing is located on the shaft 
close to the turbine water passages 
through which a large amount of water, 
often under high pressure, flows con- 
tinuously. Special seals must be pro- 
vided to prevent water from penetrating 
into the lubricating system, both when 
the turbine is running and when it is at 
rest, Apart from this, the seals pre- 
vent water from entering the turbine. 
The plant operators must constantly check the seals and the lubricating 
system; if water penetrates into the lubricating system, the oil must be 
changed. Water may leak into the bearing and into the turbine while at rest 
if the tailwater level is at a higher elevation than the bearing. Modern 
runners, having increasingly high specific speeds, involve the use of nega- 
tive draft heads, inwhichcase the bearing is practically always immersed. 
The seal between the runner and the bearing requires adequate space; run- 
ner overhang is thus increased, lowering the rigidity of the whole unit, and 
impairing its operational characteristics. Grease-lubricated bearings are 
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FIGURE IX.9. Self-lubricating guide bearing 
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more convenient in this respect; they require no lower receptacle and have 
a grease container with smaller axial dimensions, and permit a shorter 
unsupported shaft length. 
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FIGURE IX.10. Grease-lubricated bearing 


Most existing turbines with babbitted bearings have oil lubrication; 
grease lubrication has only recently been introduced (Figure V. 15). 

Babbitted guide bearings may last for from 5 to 8 years without relining. 
Some bearings have been in operation for twenty years without the linings 
being renewed, and without showing significant alteration in the clear- 
ances, The performance of bearings lined with B83 babbitt is higher than 
that of bearings with B16. On one particular turbine operating under un- 
stable conditions with runner vibration, the bearings were relined with B16 
babbitt — thereupon shaft play increased from 0.3 to 2 mm in two months, 

A fresh relining with B83 babbitt practically stopped play increase (in one 
year it increased from 0.3 to 0.4 mm only). 

Oil contamination by water leads to accelerated shaft corrosion and rapid 
wear of babbitt and shaft. Oil-lubricated bearings should therefore have 
reliable seals and means for water drainage from the turbine cover-plate. 

Grease -lubricated bearings have operated satisfactorily for three years 
in a hydroelectric plant without significant alterations in the linings. 
Oil consumption in a 700 mm-diameter bearing may reach 3 liters per 24 
hours. 
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59. GUIDE-BEARING SEALS 


Stuffing box. Stuffing boxes are used between the stationary turbine 
cover-plate and the rotating shaft. They are of two designs: one with a 
manually-adjustable gland that may be pressed down as the soft packing 
wears out, sealing the clearance round the shaft, the other where the clear- 
ance is sealed with machined graphite rings pressed against the shaft by 
circular springs. 

The first design, although common in machine construction, is used in 
hydraulic turbines only for grease-lubricated bearings where the stuffing 
box ig arranged above the bearing and is thus accessible for maintenance 
purposes, Oil-lubricated bearings with soft packings arranged between the 
runner and the turbine guide bearing are no longer used since they have 
proved inadequate under operating conditions. 

Packing wear due to shaft rotation leads to water leaking into the bear- 
ing. It is then necessary to repack the stuffing box, but this is possible 
only if the unit is stopped. 

The second type of packing — hard graphite rings pressed against the 
shaft by means of springs — is largely used in various designs abroad. 
Operating experience shows that its reliability 
depends on the quality of the graphite. It is dif- 
ficult to repair, and in many instances, radical 
redesigning of the bearing became necessary 
after a few years' operation because of the low 
quality of the graphite. Graphite packing requires 
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Wj Av a continuous supply of clean water. . 

—* If no water reaches the hemp of which the 
Vy jas packing consists, e.g., incase of low pressure in 
the water reservoir and tight packing at the bot- 
tom, the upper hemp layers may dry out. The 


[RSS tendency nowadays is to replace hemp by other 
NY materials. 


Figure IX. 11 illustrates three different types 
of packing: a) ordinary hemp packing; b) rubber 
ring (1) and hemp layer (3) pressed down by 
gland (2). The ring is rubber cord of square 
section with V-shaped lips forced by the water 
pressure against both housing and shaft; c) rub- 
ber cords (1) with a braid of cotton fibers (2). 

The packings represented in Figure IX, b and 
c have proved more reliable in operation than 
hemp packing. They ensure a better seal and 
require less frequent turbine stoppages to change 
the packing. 

Experience has shown stuffing boxes on turbines 
FIGURE IX. 11. Packing boxes coupled to pumps to be unreliable. Sand parti- 

cles in the seepage water erode the shaft surface 

and fillupthe pores in the packing, causing leak- 
ages. Ifthe gland is pressed in further, shaft damage and seepage will in- 
crease, Damage to the shaft in the stuffing box zone cannot be repaired in 
Situ; the shaft has to be dismantled and sent to the workshop for repair. 
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Labyrinth seals. Labyrinth seals are frequently used in turbine con- 
struction to prevent water from leaking into the turbine across the clear- 
ances between the stationary and rotating parts. Unlike stuffing boxes, 
which seal the clearances completely, labyrinth seals permit a certain 
clearance between the stationary and rotating turbine parts, but they reduce 
leakages to a safer level by creating additional hydraulic resistances. 

Labyrinth seals usually consist of either one or two pairs of disks ar- 
ranged in axial direction with the circular surfaces in mating recesses. 

To obtain minimum seal height and, at the same time, reduce the dis- 
tance between bearing and runner, the labyrinth segments should be shallow 
and several in number. Whenever the height of the seal is not restricted 
(e.g., bythe band of the Francis runner), a few large segments are used, 
since they are easier to manufacture. 

Labyrinth seals are shown in Figures V.11 and V. 16 beneath the oil- 
lubricated bearings. 

Two of the segments forming the labyrinth seal are mounted on the tur- 
bine cover-plate, and the rest within the cover-plate cone. 

A centrifugal pump is installed beneath the lower oil receptacle to pump 
the water leaking through the seal into the draft tube. The impeller of the 
centrifugal pump is mounted on, and driven by, the main turbine shaft 
while the pump casing is fastened to the turbine cover-plate. If the tail- 
water level is higher than the cover-plate elevation, a sealing device is 
provided in the seal to prevent water from leaking across the clearances 
from the draft tube into the turbine, when the latter is at rest. 

This device consists of a rubber chamber of circular section located in 
a recess of the pump cover. If during shut-down there is danger of water 
penetrating into the turbine, either water or air under a pressure of 1.5 to 
2 kg/ cm2 is led into the rubber chamber. The latter then expands and seals 
the clearance. The seal should preferably be connected to electric contacts, 
which emit a signal whenever the sealing device is operative. The seal may 
be put into operation only when the turbine is completely at rest. The rub- 
ber chamber must be deflated and the steel rings pulled down by their own 
weight or by springs to provide the necessary clearance when the turbine is 
in operation. These devices are not very reliable. 

Clean water, usually taken from the scroll case, and strained, is fre- 
quently led into the labyrinth seal. It enters at the center of the seal, so 
that one part flows toward the turbine runner, the other part flowing through 
the pump into the draft tube. 

This isdone, firstly, in order to lengthen the service life of the labyrinth 
seal by protecting the segments from wear caused by the silt-laden water 
always encountered in hydroelectric plants; secondly, by introducing water 
into the labyrinth, the possibility of air penetration into the turbine under 
certain operating conditions is excluded. Finally, if the clearances are 
small, a continuous water flow lubricates the seal and prevents possible 
damage. 

The design of a labyrinth seal for turbine bearing is governed by the same 
considerations as that of the seal of the Francis runner. The value of a 
seal design is judged, on the one hand by the amount of water leaking through 
the seal, and, on the other hand, by the ease in manufacturing. 

The need to minimize leakages makes it essential to reduce the clear- 
ances, or to increase the number or height of the segments. This involves 
either closer machining tolerances or increased axial seal dimensions. 
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These factors must be considered in labyrinth seal design. Owing to their 
complicated construction, labyrinth seals for bearings are seldom used 
nowadays. 


60. WATER-LUBRICA TED GUIDE BEARINGS 


Water-lubricated guide bearings are widely used nowadays in turbine 
construction, particularly in the Soviet Union. In design, they are simpler 
than oil-lubricated bearings. 

Water-lubricated bearings do not require seals, since the water that 
flows through the turbine has no damaging effect and is used as a lubricant 
on most installations. No auxiliary equipment for lubrication, such as 
tanks, pumps, etc., is needed. Since there are no seals the bearing may 
be located close to the runner. Operation and maintenance is thus simpli- 
fied, too. The shells of water-lubricated bearings are usually of rubber 
(Figure IX. 12), sometimes, also, of wood plastics. 
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FIGURE IX.12. Rubber-lined water-lubricated bearing 


The guide bearing consists of a cast-iron housing (1) made in sections 
fastened to the turbine cover plate; the housing encloses the rubber -lined 
shoes (6) fastened to it by bolts (7) and (8). The shoes (6) are part of a 
steel cylinder with rubber- lined inner surface (5). The water for cooling and 
lubricating the bearing flows through longitudinal grooves cut into the rub- 
ber. It is supplied through pipe (2) to reservoir (3). The clearance be- 
tween reservoir and shaft is sealed by means of a stuffing box whose tight- 
ness may be adjusted by the gland (4) pressed down by studs (9). The sul- 
fur content of the rubber increases shaft corrosion, which must therefore 
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be protected by a liner, preferably of stainless steel. Water is usually 
supplied to the bearing from two independent sources through separate pipes 
(Figure IX.13). A steady stream is led to the bearing from the water in- 
take (1) provided on the scroll case. The water runs through a pipe pro- 
vided with a strainer (2) and either a flow or a pressure relay (4), which 
makes it possible to control the flow through the pipe. If the flow drops 
below a minimum permissible value, the relay emits an electric impulse 
acting on solenoid valve (3), through which industrial water supply is 
connected. A similar solenoid valve is also fitted in the principal main. 

If the water supply from the industrial main is insufficient, the hydro 
unit is shut down by relay action. The stand-by lubrication system ensures 

safe operation, and enables the 
plant to be automatically controlled. 
Jj $ 5 8 After passing through the bearing, 
Muy , the lubrication water is discharged 
* into the water passage above the 
Main pipe [ From theindustrial runner. 
MACS maim If the turbine is operated under 
a low head, so that the pressure 
in the scroll case is insufficient to 
supply water to the bearing, a pump 
is installed to lift the water into a 
tank located from 15 to 17 m above 
the bearing. From the tank, the 
water runs by gravity to the bear- 
ing. Operating experience shows 
that pressure of 0.5 to 1.0 kg/ cm? 
gage in the bearing reservoir is 
FIGURE IX.13. Schematic diagram of the water sup- sufficient for lubrication. 
ply for bearing lubrication Most important is a continuous 
water supply; if the bearing is al- 
lowed to run dry, the rubber lining 
may burn out because of lack of heat dissipation. 

An adjustable strainer, as shown in Figure IX. 14, is used to clean the 
water. It consists of a cast or welded body (1) and a drum (2) covered by 
two brass screens (3) and (4). One screen has 100 openings per square 
centimeter, The screen is made from a 2 mm-diameter brass-wire net (5). 
The drum can be rotated manually by wheel (6) one quarter -revolution of 
which cleans the strainer; the dirt retained by the strainer is carried away 
by the water into the drainage System. This type of strainer is only suit- 
able for removing gross impurities from the water roughly. Water-lubri- 
cated bearings have proved highly satisfactory in Soviet power plants, being 
extremely reliable and easy to operate. One of the advantages of rubber- 
lined bearings is that they damp the vibrations of the shaft. Because of the 
elasticity of rubber, the shaft may rotate even if its center of gravity does 
not lie exactly on its geometrical center line. 

Experience has shown that these bearings operate reliably if clean water 
is available; if there is silt in the water, the surface of the shaft lining be- 
comes worn, in particular near the stuffing box. Hence, in the latest de- 
signs, stuffing boxes are replaced by radial seals consisting of two rings: 

a rubber ring fastened to the bearing housing, and a stainless steel ring 
pressed on the shaft. The water is prevented from penetrating into the 
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bearing by the rubber ring and drained through a pipe into the water pas- 
sage above the runner; water pressure upon the rubber ring may be ad- 
justed by means of a butterfly valve. A seal of this type is shown in Fig- 
ure [X.10, detail 5. The advantages of the radial seal compared with the 
stuffing box are: less wear of the shaft liner, longer service life of the 
seal, and less sensitivity to shaft play. In the latest hydro units a rubber 
sleeve is provided round the shaft, and the bearing shell is lined with metal. 
In this manner, even if the water is silt-laden, no wear is likely to occur 
on the shaft, and the bearing lining may be readily replaced when worn. 
This construction is likely to become standard design. Formerly the bear- 
ing was rather long (1 = 1.5d), but nowadays a length of 0.6 to 0.8d is con- 
sidered adequate. 
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FIGURE IX.14. Water strainer 
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Rubber -lined water-lubricated bearings in Francis and Kaplan turbines 
are showninfigures V.3, V.6, V.10, V.12, and V.18. In high-head turbines 
better lubrication may be obtained by introducing the water into the bear- 
ing (for H = 285m, see Figure V.6) at mid-height. 

Properties of rubber as a bearing material. A special type of rubber, 
No.1626, is used for turbine guide-bearing liners. Its main physical and 
mechanical properties are as follows: 

1) tensile strength not less than 200 kg/ cm?; 

2) elongation at rupture no less than 400%; 

3) deformation of a rubber specimen not to exceed 2% of its thickness 
when tested under a compressive stress of 5kg/cm2; 

4) hardness between 8.3 and 12.6 kg/cm2 (determined with the sclerom- 
eter according to GOST 263-53); 

5) the strength of bond of the rubber to properly machined metal to be 
about 40 kg/cm2; 

6) abrasive wear in dry friction not to exceed 700 cm3/kwhr (GOST 426-57); 
the amount of abraded material to be determined per unit energy consump- 
tion of the electric motor; 

7) weight increase not to exceed 0.15% when immersed in river water 
for ten days; 

8) physical and mechanical properties not to alter. i cooled to - 50°C and 
heated again to ambient temperature. 

In water-lubricated bearings this type of rubber is an excellent antifric- 
tion material. The coefficient of friction of rubber on steel varies with 
peripheral velocity and pressure. 

Tests showed that, in water-lubricated bearings, the coefficient of fric- 
tion of rubber on steel increases with increasing peripheral velocity and 
pressure, depending also on the quality of the surface finish, The lowest 
value of the coefficient of friction lies between 0.005 and 0.01 at velocities of 
1.5 to 3,5 m/sec. The coefficient of friction increases with temperature. 
Rubber is highly elastic, and endures much larger deformations than other 
materials. 

In designing rubber-lined bearings, clearances should be selected accord- 
ing to the deformations expected. It is important that they should not exceed 
the clearances of the labyrinth seals. It is advisable to use a thin rubber 
layer to reduce the bearing deflections. 

Figure IX. 15 shows the properties of rubber as bearing material as ob- 
tained by experiment. 

Figure IX.15,a gives the friction coefficient p as a function of peripheral 
velocity u for pressures ranging from 1.0 to 3.5 kg/ cm2 with a cooling-water 
temperature of 43°C. It can be seen that the coefficient of friction decreases 
with increasing pressure. For all pressures the coefficient of friction de- 
creases abruptly with increasing peripheral velocity at the beginning, re- 
maining almost constant thereafter /102/. 

Figure IX.15,b shows the variation of the coefficient of friction with 
temperature. Since the coefficient of friction increases with temperature, 
it is desirable to provide a large amount of cooling water to keep the tem- 
perature low. 

Figure IX. 15,c shows the deformation under compression of rubber test 
specimens of various thicknesses as a function of pressures. ` 

L.G.Smolyarov suggested the following empirical formula for the approx- 
imate determination of the coefficient of friction: 
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.cY* 
pC; 


where u = peripheral velocity, m/sec; 
p= pressure kg/cm2; 
C = coefficient depending on the peripheral velocity. 


Peripheral velocity u, m/sec ... 1.0 2.0 4.0 6.0 8.0 10.0 
Coefficient C ............ 0.25 0.2 0.16 0.15 0.13 0.125 
a b 
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FIGURE IX.15. Properties of rubber as a bearing material: 
1— 6.3mm; 2—12.7 mm; 3— 19.0mm; 4—25.4mm; 5— 25.4 mm (perforated). 


The major advantage of rubber is its reduced wear. If sand gets into 
the bearing, the particles are pressed into the elastic surface of the rubber 
lining; by rolling upon it, they reach the nearest groove from where the 
water washes them out. "Thus there is no bearing wear, even if the water 
contains sand. A drawback of rubber is its poor resistance to petroleum- 
base liquids and mineral oils. If the water reaching the bearing contains 
oil or kerosene even in small quantities, the rubber is dissolved, becoming 
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soft, sticky, and unserviceable. Rubber may be kept for a long time in 
damp sawdust at a temperature between 0° and + 20°C if shaded from sun- 
light. Under the action of sunlight and heat, it hardens and loses its elas- 
ticity. The friction in rubber bearings is fluid friction. To a certain ex- 
tent, this is proved by the fact that the coefficient of friction decreases 
with increasing of peripheral velocity. The pressure distribution in the 
lubricant layer of the rubber bearing /96/ with the shaft rotating in either 
direction, was measured. It proved to be similar to the typical pressure 
distribution in an ordinary metal bearing. However, owing tothe elasticity 
of rubber, the maximum pressure was lower. In the space bounded by the 
oil grooves, a wedge-shaped lubricant film carrying the shaft is formed 
between the latter and the rubber lining. 

Rubber-lined bearings. Rubber-lined bearings are used in shipbuilding 
as tailshafts and were first used on hydroelectric turbines in the U. S. A. 
The LMZ started to fit rubber-lined bearings in medium and large turbines 
in 1935 /28/. 

The first such bearing was installed by the LMZ on the Karamyshev tur- 
bine (N= 1350kw, shaft diameter 380 mm); later, bearings of this type were 
fitted in the Uglich turbines (N= 65,000kw, shaft diameter 1340mm). The 
first bearings designed for these turbines were babbitt-lined and oil-lubri- 
cated; the design was later considerably simplified by the use of water- 
lubricated rubber bearings. The lower rotating receptacle, the oil pump, 
and the complicated labyrinth seals between the bearing and the shaft 
flanges were dispensed with. The weight of the bearing and seals was re- 
duced from 66 to 41 t. 

Table IX. 2 gives a comparison between babbitted oil-lubricated and rub- 
ber-lined water-lubricated bearings for the Uglich HEP. 


TABLE IX.2 


Comparative data for oil- and water-lubricated bearings 


Weight, kg 


Number of parts Standards 
Type of bearing of bearing Cast iron | Babbitt Rolled ie d Stainless | Total 
and seal sections steel weight 
TEAM * mort ants * TES 0 
MEME Gave: sso | - [us | iav | 200 | aom 


Thus, the use of rubber-lined bearings permitted 25,000 kg of metal to 
be saved in each turbine; in addition, machining hours per turbine were 
reduced by 2000. 

In small turbines with shaft diameters between 100 and 200 mm, the rub- 
ber bearing usually consists of a metal bushing lined with rubber, with 
eight to fourteen longitudinal grooves cut into it for water lubrication and 
cooling. 

The rubber shell for medium-size turbines with shaft diameters between 
300 and 500 mm is usually made in two parts, bolted to the turbine -bearing 
housing. 
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In large turbines with shaft diameters exceeding 500mm, the bearings 
usually have eight to twelve shoes. Figure IX.16,b shows such a shoe con- 
sisting of a curved steel plate (1), to which a rubber layer (2) is vulcanized. 
The shoes are fastened with bolts (3) to the bearing housing. To obtaina 
better bond between rubber and metal it is advisable to cut a fine thread 
on the bushing. Brass provides the best bond with rubber; hence large 
steel-shoe bearings, designed to take a rubber lining, have brass surfaces 
to which the rubber is vulcanized. A special copper-compound adhesive 
may also be used. 

Experience has shown that the bond between vulcanized rubber and the 
brass surface of a steel shoe has a resistance to shearing of 25 kg/ cm?, 
while the resistance to shearing of rubber is 61 kg/cm2. The thickness of 
the brass coating varies between 0.00125 and 0.0015 mm. First, the sur- 
face is rinsed and pickled; the brass coating is then applied by electro- 
plating, using a direct current of 500 to 1000amp at 6 to 12v. The anode 
is a brass plate containing 70% copper and 30% zinc. The plating process 
lasts for about 20 minutes. On contact with air the brass-coated surface 
oxidizes; hence, if the rubber is not to be vulcanized immediately, the 
brass coating should be covered with liquid latex glue. The shoe is vulcan- 
ized in a special press mold whose dimensions and weight usually depend 
on the available load-hoisting facilities of the vulcanizing plant. This isa 
determining factor in selecting the number of shoes for the bearings of 
large turbines. 
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FIGURE IX.16. Rubber-lined bearing 


Figure IX.16,a shows a cross section through a press mold for shoe 
vulcanizing. It consists of two parts: the lower part (1) and the upper part 
(2); in between are the distance plates — the left-hand plate (3) and the 
right-hand plate (4) — fastened with dowel sleeve (5) and conical pin (6). 
When assembled, the press mold encloses a space into which the shoe clad 
with sheets of raw rubber is inserted; vulcanization is then carried out 
under pressure. The shoe, after being lined in this manner, has a machin- 
ing allowance. In the turbine plant the shoes are assembled into one single 
ring whose inner surface is then machined on a vertical lathe with special 
cutting tools of high-speed steel. 

The KhTZ recently began using rubber shoe bearings without machining 
after vulcanization. Such bearings will undoubtedly become universal, 
since the rubber surface is smoother than that obtained by machining, and 
has better antifriction qualities. Longitudinal water grooves are usually 
cut into the bearing, the shape of the groove section being shown in Figure 
IX.17. The grooves serve for the passage of lubricating and cooling water, 
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`~ 
as well as for removal of the sand and silt carried in. The shape and di- 
mensions of the groove are determined empirically, and depend on the 
bearing size. Its depth varies between the limits 


h, = (0.4 to 0.5) h,. 


Rubber -lined bearings with helical instead of straight lubrication grooves 
have also been used in turbines, Single or double helical grooves of semi- 
circular or trapezoid cross section are cut into the bearing surface along 
its length. Since the lubrication groove is rather long in this design, the 
hydraulic resistance increases and therefore lubricating water at an appre- 
ciable pressure is required; moreover, this type of groove is more liable 
to become clogged. Bearings with helical grooves are not widely used. 
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FIGURE IX.17. LMZ standardized rubber-lined bearing shell 


Clearances in rubber-lined bearings are similar to, or slightly smaller 
than, those in metal-lined bearings, since rubber deforms easily. With 
large clearances shaft play increases, The lubricant film may be thinner 
in rubber-lined bearings than in metal bearings, since rubber can conform 
to any unevenness in the shaft. Bearings have even been used successfully 
in which the inner diameter was less than the shaft diameter. Bearings 
of this type reduce shaft vibration. In the event of excessive pressure, 
however, dry friction might occur between metal and rubber, causing the 
latter to overheat. It is therefore better to provide a small clearance in 
the bearing, ensuring the formation of an extremely thin water film. 
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Permissible loads on rubber-lined guide bearings depend on the shaft 
speed and the force applied. The latter is difficult to determine since, 
with uniform flow distribution, the turbine runner is theoretically balanced. 
There always exists, however, a certain imbalance of the rotor mass, as 
well as nonuniformity of the water flow; hence, forces always act on the 
bearing. These forces may be determined indirectly by setting up the heat 
balance for the bearing, as shown below. With the forces known, the pres- 
sure on unit bearing-area may be determined; it may then be compared 
with values adopted in previous designs, or in marine engineering. Deter- 
mination of the permissible pressure is based upon the possible bearing 
deformation and rotational speed. The minimum peripheral velocity at 
which the lubricant film is capable of carrying a load is 0.5 m/sec. At this 
velocity, the load on the rubber -lined bearing should not exceed 3.5 kg/ cm?. 
Rubber -lined bearings in turbines usually operate at peripheral velocities 
from 1.5 to 12.0 m/sec, with bearing pressures up to 5kg/cm?. 

In marine turbines, the permissible pressure on rubber -lined bearings 
for horizontal shafts is about 2.5 kg/ cm2, so that these bearings are rather 
long. 

According to V. M. Shannikov /96/, the pressure on a horizontal bearing 
may be raised to 50kg/cm2, but the load should only be applied after the 
peripheral speed of the shaft has reached a value of 2.5 m/sec. The rate 
of water flow through the bearing must be adequate to keep the lubricant 
film at a sufficiently low temperature. Shaft and bearing surfaces must be 
very smooth. 


TABLE IX.3 


Data on turbines with rubber-lined bearings 











Weight of rotating 
parts of turbine 









Turbine 
output, kw 


Year put into 
operation 





Type of 
turbine 


eter, m 

















































1,350 Kaplan 1938 
15,000 Kaplan 1940 
65,000 Kaplan 1940 
75,000 Francis 1946 
41,500 Kaplan 1951 
61,500 Francis 1952 
57,000 Francis 1954 
85,000 Francis 1953 
65,000 Francis 1955 
90,000 Kaplan 1956 

126,000 Kaplan 1956 
200,000 Francis Under 
construc- 
tion 
500,000 Projected 





Rubber-lined bearings have been in service for a long time in many 
hydroelectric plants in the Soviet Union. Table IX.3 gives data on several 
turbines equipped with these bearings. 
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Rubber-lined bearings with diameter D, = 1340 mm have been in success- 
ful operation since 1940 in the large Kaplan turbines at the Uglich and 
Rybinsk hydro plants. Allthe turbines at the Volga HEPs imeni Lenin and 
imeni XXII Congress of the KPSS are equipped with rubber -lined bearings, 
with diameter D, = 1400 mm. At the Volga plant they have been in success- 
ful operation since 1955. Bearings of this type are also giving reliable ser- 
vice on Francis turbines. The large Dnieper-plant turbines have been in 
operation since 1949, having rubber-lined bearings with diameter D, - 
= 1120mm. The high-head Gyumush turbines, in operation since 1954, with 
a head H = 285 m, have rubber-lined bearings with D,= 600mm. Powerful _ 
turbines are now being built at the LMZ for the Bratsk plant (N= 225,000 kw) 
having rubber -lined bearings with D, = 1500mm. The giant turbine (N= 
= $00,000 kw), designed for the Krasnoyarsk plant, will have a rubber-lined 
bearing with D, - 2300 mm. 

Cases are reported of rubber-lined bearings burning out when the lubri- 
cating water supply failed because of a drop in the headwater level. The 
turbine was not shut down immediately, and the bearing operated under dry 
friction. Due to the high temperature, the rubber lining melted and the 
stainless-steel shaft-lining became deformed, with fracture of the welded 
seams and the screws securing it to the shaft. The liquid rubber flowed 
under the shaft lining into the clearances around the screws where it hard- 
ened, preventing the lining from resuming its former position. The shaft lin- 
ing took a long time to repair. Part of it had to be cut away, then replaced 
and rewelded after removing the rubber. The bearing itself had to be re- 
lined. Cases are also known where the water supply to the bearing was in- 
terrupted because of water-pipe freezing. 

In several hydro plants, hardening, cleavage, or softening of the bearing 
rubber occurred after eight to ten years of service; however, since these 
were only local defects, it was not necessary to shut down the turbine. 

Cases are known of unsatisfactory bearing performance due to misalign- 
ment of bearing; perfect alignment is difficult to attain since, during as- 
sembly, the rubber may become deformed under the weight of the gage. 

No exact data are available on the rate of rubber-lining wear; however, 
after a certain time, the lubrication grooves had to be deepened in several 
bearings. The service life, without intermediate repairs, of a rubber bear- 
ing in the Dnieper HEP varies between three and six years. 

Figure IX. 17 shows the LMZ standardized design of a rubber -lined bear- 
ing shell with its principal dimensions. The variant on the left is for diam- 
eters D, 1000 mm, on the right, for Dy < 1000 mm (Table IX.4). 

Bearings lined with wood plastics. The Soviet turbine -construction in- 
dustry also uses guide bearings with wood-plastic linings. They were in- 
troduced at the LMZ by I. M. Filipova /88/. Sheets of laminated wood 
plastics of type DSP-B10 or DSP-B20 (also known as lignofol) are used for 
this purpose. They are made 0.5 mm-thick layers of birch veneer, im- 
pregnated with either phenol- or cresol-formaldehyde (18 — 20%). The 
grade and the physical and mechanical properties of wood plastic depend on 
the direction of the fibers in the veneer layers. In DSP-B10 and DSP-B20 
plastics one layer out of every ten or twenty is laid at a right angle to the 
rest. In this case, 90 to 95% of all the wood fibers end on face (3) (Figure 
IX.18,b). The antifrictional properties are higher in this direction, and 
swelling in water is practically eliminated. Bearings lined with wood- 
plastic may be either water- or oil-lubricated. Since water is a better 
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TABLE IX.4 


Dimensions of LMZ standard rubber-lined bearings 
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1. D'—the outer diameter of the metal shoe is provided with a machining allowance of 2.5 mm on the side of the press-mold (missing in 


Figure IX.17). 2. The rubber-lined surface of the metal shoe has an undercoat of brass. 3. The rubber is vulcanized with a machining allowance of 


10mm on the diameter Dp. 
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a — lubrication recommended in dependence on pressure and velocity; b— coefficient of friction as func- 
tion of pressure and velocity. 
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cooling medium than oil, higher pressures and speeds are permissible when 
water is the lubricant. Ya.S.Gallai /14/ recommends selecting the type of 
lubrication according to pressure and velocity from the diagram in Figure 
IX. 19,a. 

DSP wood plastics have high antifriction qualities. The coefficient of 
friction p depends on velocity and pressure, varying between 0.005 and 0.013 
for velocities between 1.0 and 10 m/sec and pressures from 10 to 100 kg/cm?. 
With water lubrication, the coefficient of friction decreases with increasing 
velocity and pressure (Figure IX.19,b). The —— we ight of the wood 
plastics used varies between 1.3 and 1.4kg/cm?; the heat conductivity is 
1/160 that of bronze. Wood plastics become highly plastic under pressures 
of 100 to 200kg/ cm?. This favors running-in the bearing but, on the other 
hand, the clearance increases considerably when the bearing is subjected 
to large pressures. Wood plastics tend to absorb water, mainly along the 
fibers; this causes swelling and changes in the bearing dimensions. The 
plastic material swells mainly in the direction opposed to that of the pres- 
sure. Special measures are required to restrict water absorption, e.g., 
enclosing the plastic in a metal frame. This limits water absorption to 2 
or 3%. The mechanical and physical properties of DSP -B wood plastics 
differ basically from those of nonferrous metals and rubber. Owing to its 
fibrous structure, DSP plastics exhibit different properties in different di- 
rections: at the face (3), (Figure IX. 18,b) along the fibers, on the "edge" (4) 
across the fibers, and "on the flat" (1) in the direction of the pressure. 
Material characteristics are best at the face. The strength of DSP- B plas- 
tics is 600 kg/ cm2 in compression and 2600 kg/cm? in tension; the Brinell 
hardness is 30Hp. The modulus of elasticity is 0.3: 1080 kg/cm?, and the 
maximum operating temperature 80°C. 

In designing plastic-lined bearings, plates of the following dimensions 
are used: 


Thickness 2.223 s 40, 45, 55, 60mm 

Length ow sc ee nnn 700 to 1500 mm, in multiples of 100 
Width sc. oh meee Se a 900 to 1200 mm, in multiples of 100 
Tolerance of plate thickness . . £3mm 


In order to avoid shaft seizure through swelling, the bearing shoes should 
be located so that the face (3) of the material comes into contact with the 
turbine shaft and the sides of the shoe coincide with surface (2). Because 
of the low heat conductivity of wood plastics, the thickness of the bearing 
lining should be kept to a minimum; elastic deformations are also reduced 
in this way. 

In LMZ practice, the standardized thickness is 12 to 25 mm, according 
to the bearing diameter. Cracks may occur if the thickness is inadequate. 
If the material swells, stresses of 150 to 200 kg/cm2 may arise; it is 
therefore necessary to fix the shoes securely to the bearing. 

Figure IX. 18,c shows the shoes (3) fastened by means of locking plates 
(1) The plates are provided with projections engaging in corresponding 
grooves in the cast-iron shell (2). The plate is fastened to the bearing 
by means of screws (4). The force arising when the wood-plastic lining (3) 
swells is taken up by projection (1). 
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In manufacturing the shoes, the wood-plastic plates are first cut into 
separate pieces (shown by dotted lines in Figure IX. 18,b). 

The first machining operation is milling the shoe face with a special cut- 
ter to a radius equal to the inner radius of the metal shell. 

The second operation is chamfering the shoe sides. When assembling, 
the last shoe must be provided with a special clearance for adjusting the 
locking plate and the shoes. The last operation is boring the shaft hole. 

Figure IX. 18,a shows a cross section through a bearing lined with DSP 
wood plastic. The bearing consists of a cast-iron shell (1) divided into 
four segments. A wood-plastic lining (2) is fastened to each segment, as 
shown in Figure IX. 18,c by means of the locking plate (5). At the top and 
bottom of the shell, projections (3) prevent the wood plastics from swelling 
and sliding along the shaft. 

To reduce water discharge through the bearing, ring (4) is inserted at 
its base. The clearance between the ring and the shaft is about ] mm. The 
bearing clearances for wood-plastic lining are the same as for babbitt lin- 
ing. A water chamber (7) with cover (9) and stuffing box (8) is arranged 
on top of the bearing. Water for lubrication is supplied through pipe (6) 
either from the scroll case or from the industrial water main. Water leak- 
ing across the packing is drained through pipe (10). The turbine shaft is 
lined with Kh18N9T stainless-steel plates. Adjustment of the clearance be- 
tween the shaft and the bearing to take up wear is effected by means of brass 
shims inserted between the bearing-shell joints. The shims are of various 
thicknesses (0.5; 1.0; 1.5 mm). By removing shims, the shell may be 
lowered on the conical seat and the inner diameter of the bearing reduced. 

Experience with wood-plastic-lined bearings shows that, under proper 
operating conditions, and with clean water used for lubrication, the bearing 
gives full satisfaction. The service life of a bearing lined with wood plastics 
is from five to six years. These bearings can operate even if the lubricat- 
ing water supply fails for a short time. 

However, if the turbine is running under unstable operating conditions 
characterized by increased rotor vibrations, e.g., cavitation, imbalance 
of the rotating parts, or misalignment, these bearings fail after a short 
time, the clearances exceeding permissible values. 

Wood -plastic -lined bearings have been known to swell due to water ab- 
sorption and inadequate fastening of the locking plates. 

Heat balance of a water-lubricated guide bearing. Owing to the low heat 
conductivity of rubber linings, it may be safely assumed that all friction 
heat is carried away by the water. Water is usually supplied to the bear- 
ing at a pressure of 0.5 to 2.0 kg/ cm? from two independent sources. When 
setting up the heat balance, the source with the lowest head should be taken 
into account, At the LMZ, computation is carried out in the following order: 

If P is the load on the bearing, the following amount of heat is dissipated 
per second in the bearing: 


A= kcal/ sec, (IX. 18) 
where u= peripheral velocity of the shaft, m/sec; 


p= coefficient of friction; 
427 = mechanical equivalent of heat. 
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The amount of heat raises the temperature of q liters of water per sec- 
ond flowing through the guide bearing by Af degrees centigrade. 


Consequently 
A P 
q= Cont = CGA A 1/ sec, 


where C= specific heat of water, kcal/kg°C; 
y = Specific weight of water; 
whence the permissible radial load is 


P = S279C AE , e. (IX. 19) 
up 
The pressure on a bearing having diameter d and length 1 is 
P 427. t 
p= g= an kg/cm2. (IX. 20) 


The maximum temperature rise of the water flowing through the bear- 
ing is 
Atf = fi — fa (IX. 21) 


where f, = 50°C = maximum permissible temperature of the rubber bearing; 
f, = 25°C = maximum water temperature in summer, 

The flow g (1/sec) for a given bearing should be calculated from the hy- 
draulic losses in the water pipe and the bearing itself, and from the exist- 
ing pressure-drop between water inlet A and outlet B into the throat ring 
(Figure IX. 13). 

By analogy with the calculation described in Section VII (seal of the run- 
ner band), we may write the general formula for water flow through the 
bearing 


q= ELI (IX. 22) 
(arg) 


where  A,- head losses in the pipe between A and B; 
à= coefficient of friction in the pipe; 
i, d,» length and diameter of the i-th pipe section; 
f, = flow area of the i-th pipe section; 
Q = coefficient of local resistance. 
In LMZ practice the following values are assumed for (, /68/: 


Pipe inlet ........... Cs = 0.75 
90° bend .......... . Ue, 0.29 
45° bend .......... . UY = 0.29 
Valve 4:46 cop o dg Ca = 0.2 
Strainer ......... LL t = 3.0 
Solenoid valve -. 07 5.0 
Flow relay .......... Cy = 5.0 
Outlet to bearing container ġe = 1.0 
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A detailed sample calculation of water flow through a bearing is given 
by L.G. Smolyarov in /24/. 

Figure [X.20 shows the relationship between the water flow for cooling and 
lubrication of rubber bearings and the shaft diameter obtained after pro- 
longed operation of a series of tur- 
bines. The flow should not be less 
than the value shown in Figure IX. 20. 

With the flow g known, the pressure 
p may be calculated for normal and 
runaway speeds, and the results com- 
pared with values determined in prac- 
tice, which usually do not exceed 
5kg/cm?. This may serve as a check 
to the Accuracy of the heat-balance 


E 


Shaft diameter, mm 





computation. 
FIGURE IX.20. Statistical relationship between The radial load on the guide bear- 
water flow for rubber-bearing lubrication and ing due to flow assymmetry may be 
shaft diameter determined approximately by assum- 


ing a given value for the hydraulic im- 
balance AM. For a hydraulic imbalance of two per cent of the shaft torque, 


AM = 0.02M, 
where 


M = 716.2% kgm and AM = 19.48 © kgm. 
The force due to the moment is 


P = 5M 


e 





whence 


P = 19.48. kg. (IX. 23) 


The radius r may be taken as approximately equal to the radius of the 
mean circumference that divides the runner area into equal parts. 
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Chapter X 


TURBINE SHAFTS 


61. GENERAL NOTES 


Small and medium-size turbines may be built with vertical or with hori- 
zontal shafts. The shaft of small horizontal turbines is connected to the 
generator shaft by an elastic coupling. It is either connected to the runner 
hub by a flange or is keyed to it directly. In large horizontal turbines, the 
shaft lengths are interconnected by flanges. 

Horizontal shafts are subjected to the weight of the rotating parts caus- 
ing bending, and to the torque transmitted from the turbine to the generator; 
in addition, the water flow causes an axial tensile load. The horizontal 
shaft is usually mounted on two bearings. 

Vertical shafts are subjected to axial tensile forces and transmit torque 
to the generator. The axial load consists of the weight of the rotating parts 
and of the axial water-pressure force. The shaft of a vertical turbine may 
also be subjected to lateral loads, due either to imbalance of the rotating 
parts or to nonuniform water flow. Torsional shaft vibrations may occur 
during regulation. According to the particular hydro-unit layout, the shaft 
may consist either of two parts (turbine and generator shafts) or of three 
(turbine, intermediate, and generator shafts). 

Latest vertical-shaft units are fitted with a one-piece shaft for minimum 
length. 

The layouts of several hydroelectric units with varying numbers of shaft 
sections are shown in Figure X. 1. 

The use of a one-piece shaft cuts construction costs, since intermediate 
flanges are eliminated. Moreover, the reduced stiffness of composite 
shafts which affects the operation of turbines is eliminated when using one- 
piece shafts. However, with a one-piece shaft of great length, the crane 
track level must be raised so that the shaft can be taken out of the turbine 
pit. It is therefore more convenient for assembly and dismantling to use 
a composite shaft consisting of two flanged sections instead of a one-piece 
shaft. 

Shafts are usually forged of high-carbon steel; however, welded shafts 
are now being introduced. 

Large turbine shafts are always provided with a central bore to permit 
inspection of the material. In Kaplan turbines, oil for the runner servo- 
motor is supplied through the bore. 

Stable and reliable turbine operation depends not only on the workman- 
ship of the connections between the shaft lengths and between the shaft and 
adjacent parts, but also on the congruence of the center line of the shaft 
with its geometrical axis, and of the center lines of shaft and runner, as 
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well as on the clearance between shaft and bearing. In composite shafts 
the center line should be straight, a condition which depends mainly on the 
workmanship of the flange connections. Special attention should be paid to 
this in designing and manufacturing the shaft. 


62. SHAFT DESIGNS 


As a rule, high-power turbines operate at low speeds; hence the torque 
attains high values, requiring large shaft dimensions, In a number of tur- 
bines shaft diameter attains 1.5m, the flange diameter being more than 
2m, and the shaft length over 6m. Some large shafts weigh up to 70t af- 
ter machining. Forged shafts of still greater weight and size require large 
forging presses and corresponding metallurgical equipment. 





FIGURE X.1. Various shaft connections 


a— tapered end with keys; b— with bolts and shear rings; c— with fitted bolts. 


The shaft of vertical turbines is usually a cylindrical forged part, 
flanged at both ends for connecting to the runner and to generator -shaft 
flanges. It may also be connected to the runner by means of keys and a 
nut, a method formerly used also in large hydro units. 

Figure X.1 shows various methods of connecting the shaft to the runner 
and to the generator shaft. 

Tapered shaft ends of Francis turbines are sometimes connected to the 
runner (Figure X.1,a) without flanges. The runner hub (1) is fitted to the 
tapered end of shaft (2) and secured to it by means of key (3) and nut (4). 
The axial loads are taken up by the-nut and the torque by the key. Thread 
cutting on such large diameters, and precise machining of the conical con- 
tact surfaces are highly complicated operations, while proper adjusting of 
runner and shaft is laborious. i 

Connection with bolts and shear rings (Figure X.1,b). The flanges of 
the turbine shaft (1) and generator shaft (2) are connected by means of 
loosely -fitting bolts (3). These take up only axial loads, the torque being 
transmitted by the shear rings (4), fitted tightly into the flange grooves. 


This design was formerly employed in some turbines; manufacture is more 
complicated, since more parts are required. 

Flange connections between the shaft and runner by means of fitted bolts 
subjected to tension and shear (Figure X.1,c). This is the most common 
design. The central portions of the bolts, accurately machined and ground, 
are fitted into the holes with minimum clearance (0.02 to 0.04mm), corre- 


sponding to an fit [Soviet classification]. Soviet experience shows this 
design ensures reliable flange connection provided the flanges of the ad- 
joining parts are properly aligned by means of the spigot and recess of di- 
ameter d,. The spigot is usually machined to a tolerance corresponding 
to fit P with respect to the actual diameter of the recess. The recess is 
machined to a second-class precision. To ensure accurate assembly of 
bolts and flanges, the holes should be machined simultaneously in both 
parts by means of reamers. 

The convexity of adjoining flange faces, determined with a thickness 
gage and a straight rule, must be within the following limits: 


Flange diameter «1m — .... not more than 0.083 mm 
Flange diameter» 1m  .... not more than 0.03mm per 1 m of diameter 


Diametrical play between spigot and recess of the flange should not ex- 
ceed 0.02 mm for shaft diameters up to 1500 mm. 

The flange diameter should be as small as possible to avoid large bend- 
ing moments, Although large flanges involve difficulties in forging the 
shaft, the flange diameter should be large enough to locate the bolts and to 
ensure a smooth transition to the shaft without undue stress concentration. 
The following (empirically established) basic relations between flange di- 
mensions of all- forged vertical-turbine shafts (see Figure X.1,c), are used 
in practice: 


Flange diameter ............ ew ee es Df = (1.5 to 1.85) 4, 
Diameter of bolt circle ............... Dp = (1.3 to 1.45) d, 
Flange thickness ........ ee een renee £ = (0.20 to 0.27) d, 
Diameter of aligning spigot  ......... LL. da = (0.9 to 1.0) d, 
Diameter of shaft bore for Kaplan turbines . .. . d, = 0.54, 
Diameter of Francis turbine shaft bore ....... d, = 0.3d, 
Filler radius 5-499 sv cba 9 RC ee d, = (0.07 to 0.10) d, 
Bolt diameter uu ee es es SE r = (0.10 to 0.17) d, 
Number of bolts 

for d; = 25010800 2... cee rcncnncee 25 = 10 to 14 

= 16 to 22 


for ds= 750 to 1600 ................ 2p 


The dimensions of the flange and of the bolted joint should be selected 
according to these relations, and the stresses should be checked. For 
large welded shafts with thin walls, the recommended relations between the 
main dimensions of the flange are given in Table X..1 (according to LMZ 
data). 

Figure X.2 shows the shaft of a high- power. vertical turbine connected to 
the generator shaft and the runner cover. 

The 5,195 mm long turbine shaft (3) is 1400 mm in diameter. The lower 
shaft flange is connected to the runner cover by means of eighteen fitted 
bolts (1) of 165 m diameter with IM160 thread. The nuts (2) are octagonal. 


559 


For safety reasons, bolt and nut heads are covered with removable caps 
(4) fastened to the bolts by means of screws (11). The shaft is guided ina 
rubber-lined bearing. The diametrical clearance between shaft and bear- 
ing, when new, varies from 0.25 to 0.4mm. 


TABLE X.1 
Dimensions of thin-wall welded shaft flanges (LMZ data) 


20 
20 
20 
20 
20 
20 
20 
20 





The spigot in the flange joint is provided with a rubber ring (5) for seal- 
ing, since oil under pressure flows through the shaft to the runner. 

The generator -shaft flange (6) is connected to the turbine shaft flange 
by means of similar bolts. The shaft attachment (10) fastened to the end 
of the generator shaft serves also as oil outlet from the turbine oil-supply 
head. 

Cast-iron guide bearings (7) with bronze linings (8) are fitted in the cen- 
tral bore of the turbine and generator shaft. The cast-iron bearings are se- 
cured to the shaft by means of locking screws (9). 'The bearing guides the 
pipe through which oil is fed to the runner servomotor. The turbine shaft 
is lined with stainless-steel plates (12) at the bearing and the stuffing box. 
In this example the lining is continuous over the bearing and the packing, 
but it is preferable to make the lining in sections that can be replaced sep- 
arately when necessary. This is important since the lining wears more 
quickly at the packing than at the bearing. 

Figure X.3 shows a forged turbine shaft with all dimensions for a 
200,000 kw turbine. The shaft is relatively thin-walled, thus facilitating 
production of a one-piece forging. The transition from the relatively thick 
flange to the actual shaft is conical. The flange, its shape and the dimen- 
sions of the bolt holes, and of the machined surfaces are shown in Figure 
X.3A. Almost all shaft surfaces are machined to surface finish Y 7, with 
the exception of the surface in contact with the bearing and the packing 
which are machined to surface finish V8. Blanks for large two-flange 
shafts are not suitable for forging since they require much superfluous me- 
tal at both ends. The larger the flange diameter, the more difficult it is 
to forge the flange. A large machining allowance should be provided if the 
shaft is forged integral with the flanges. 

Size and weight of the shaft usually increase considerably with increas- 
ing turbine output; this increases the difficulty of manufacturing it as a one- 
piece forging. 
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Larger forged-shaft dimensions cause the weight of the ingot to increase. 
However, ingot weight is limited by the capacity of the large forging presses 
and the melting furnaces, as well as by the lifting capacity of the cranes 
and internal transportation equipment. 

With large forgings it is difficult to obtain a high-quality forging, partic- 
ularly at the flanges. After forging the metal inside the flange may have 
a cast-steel structure with lower mechanical properties. For large shaft 
dimensions it is therefore advisable to employ designs fabricated from 
Simple blanks: a tube and two flanges. 

Figure X. 4 shows the welded shaft of a high-power turbine. The upper 
flange (1) cast of high-alloy steel (e.g. 20GSL manganese silicon steel) 
is welded to the cylindrical tube (4) by electroslag welds (3). The tube 
may be forged or made of two curved steel plates welded together long- 
itudinally. 
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FIGURE X.4. Welded shaft, d, = 1600 mm 


The design having the tube fabricated of two curved plates was used at 
the LMZ for an experimental shaft (d, = 1500 mm). However, a tendency 
to cleavage was detected in the steel plates after rolling; therefore, this 
design is no longer used. The lower flange (6), cast of the same steel 
grade, is welded to the central part by the electroslag method. In this de- 
sign, the lower flange is larger than the upper flange, and is fastened di- 
rectly to the runner servomotor-cylinder instead of the cover. The outer 
flange diameter D; is equal to the outer diameter of the servomotor cyl- 
inder. In this design there is no joint between shaft flange and servomotor 
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cover. This affords a substantial saving in metal and simplifies manufac- 
ture. The use of a similar design for forged shafts has so far been limited 
by the difficulties in obtaining a forged shaft with flanges of large dimen- 
sions; such shafts have therefore been used only in medium-size turbines. 

With welded shafts no such limitations exist. 

The use of welded shafts is advantageous also from the economic stand- 
point. This may be seen from Table X.2, where data are given for various 
shaft designs used for the Bratsk HEP turbines. 

Two variants of forged shafts (ordinary and thin-walled), and one welded 
design are included. 

For anordinary forged shaft of 1500 mm diameter, a 223 t ingot is required; 
a thin- walled shaft requires 200 t; a forged tube for a welded shaft requires an 
ingotofonly 105t; this design reduces metal consumption by 35% compared 
with an all- forged shaft of equal dimensions; manufacturing costs are also less. 

With a welded tube, the labor required for machining is reduced by 25%, 
this being mainly achieved by reduced machining allowances on the welded 
plates which form the tube. 

Welded shafts are being used more and more. To further development, 
additional research into the properties of large-size welds and their strength 
is required. 

Since at the transition from the thin-walled shaft to the flange there 
is considerable local bending and large torsional and tensile stress con- 
centrations, the problem of the strength of 
the material in this zone should be given par- 
ticular attention. 

Shaft-lining dimensions Figure V. 14 shows a shaft with a large 
lower flange, used in the Kamsk HEP Kaplan 
turbine (runner diameter D, = 5.0m). The 
turbine shaft is connected to the runner-servo- 
motor cylinder in a similar manner, as shown 
in Figure X. 4, by means of loosely fitting 
bolts inserted into holes (2), and cylindrical 
pins inserted into holes (5) which are drilled 
simultaneously into the flange and the servo- 
motor cylinder. 

Shaft lining. The shaft surfaces adjoining 


TABLE X.3 





Lining thick- 
ness, mm 






Shaft diam- 
eter, mm 


After machining i 


Diameter of electrically 


welded rivets, mm 


250 — 400 
450 — 700 the bearing and the stuffing box are usually 
750 — 1100 12 lined if the shaft is water-lubricated. Lining 


1100 — 1600 






protects the shaft against corrosion, which 
is intensive when rubber bearings are used. 
because of the organic sulfur compounds 
contained in the rubber. The lining may be made of either bronze or stain- 
less steel. If bronze is used, chemical reaction is liable to occur between 
metal and rubber, particularly if bearing and lining are both immersed in 
water. 

In general, Soviet designers use linings of IKh18N9T stainless austenitic 
steel (ultimate strength = 58 kg/ mm?, yield strength = 20kg/mmé2, elonga- 
tion = 40%), which may be welded without preheating, which usually causes 
internal stresses. 

Shaft linings made of stainless steel plates are shown in Figures X. 2 and 
X.3. Depending on the diameter, the shaft lining consists of two or three 
parts, connected by welded seams. In longitudinal direction it may consist 
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of a single plate or of several plates welded together, depending on bearing 
length and available plate sizes. 

The lining plates are usually provided with a machining allowance for 
subsequent turning of the shaft to the required dimensions. The lining parts, 
made of the same steel grade, are fixed on the shaft by special clamps and 
welded together. For better adhesion to the shaft the lining plates are se- 
cured by welded rivets (Figure X.3,b) spaced at about 200 mm. 

The thickness of the lining for various shaft diameters is shown in 
Table X. 3. 

The disadvantage of this design is that the worn lining must be replaced 
in the workshop. 
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FIGURE X.5. Detachable shaft linings 
a - Escher-Wyss design; b— LMZ design. 


In one instance, however, a 600 mm-diameter shaft lining was replaced 
in situ. The new lining was made beforehand in the workshop, and fixed to 
a special drum simulating the turbine shaft. The lining was then machined 
on the drum according to the "as new" dimensions of the old lining, and 
was then welded to the shaft at the hydroelectric plant. The surfaces of 
the seams and welded rivets were manually ground away and the lining sur- 
face was checked by means of templates and a straight rule. The play of 
the shaft in the bearing did not exceed 0.1 mm after repairs had beeneffected. 
Other methods of lining the shaft are also in use. 
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Figure X. 5,a shows a detachable lining used by Escher Wyss for a 960 
mm diameter turbine shaft. It consists of two halves (1) and (2), connected 
by means of a wedge-shaped lock (3) which permits the assembly, disman- 
tling, and replacement of the lining halves. 

The lining in this design is 35 mm thick. 

Figure X. 5,b shows another design of a detachable lining for a 1100 mm 
diameter shaft. The two halves (1) and (2) are joined by means of dovetailed 
lock (3) having a slight longitudinal taper. Oak pieces (4) are inserted 
into the joints between the two halves to facilitate assembly. This is done 
by first tightening the lining by means of bands, whereupon lock (3) is slipped 
cold over one of the joints, while another lock preheated to between 300 and 
400°C is slipped over the other joint. After cooling, this causes prestress- 
ing that forces the lining tightly against the shaft. After the jackets are 
mounted, all the vertical joints (0.5 mm wide) must be carefully smoothed 
out, because any protruding edges may damage the bearing and cause ac- 
celerated wear. The detachable linings described were never widely used 
because of the large amount of labor required to make the lock joint, and 
because of the longitudinal seams on the shaft lining that cause bearing 
wear irrespective of surface finish. 

Flame-spraying of small and medium turbine shafts with stainless steel 
has been successfully carried out at the Ural' Plant for Hydraulic Machine 
and Equipment /19/. The process consists of fusing by electric arc a grade 
OKh18N9 stainless-steel wire and spraying the particles on the shaft surface 
by a jet of compressed air. An EM-6 spray gun was used, the shaft being 
mounted on an ordinary lathe, 


63. DESIGN OF VERTICAL TURBINE SHAFTS 


The shaft of a vertical turbine is simultaneously subjected to tension 
and torsion. 

At the LMZ, the shaft diameter is selected from a chart according to the 
torsional stress. The permissible torsional stresses Tas may attain 400 
to 450kg/cm2, which, including the tensile stresses, amounts to a com- 
bined stress of about 850 to 900kg/cm2. The tensile stresses in the shaft 
during transverse and torsional oscillations, are later checked. 

The strength of the shaft is calculated for the maximum shear stresses. 

The torque is 


M, = 97 400 - kgcm, 


where N= power transmitted by the shaft, kw; 


n - rpm. 
The torsional stress in the shaft is 
M, 
T = T,’ 

where 

w = ae —q). 
Thus j i (ae ) 

q = MONA 16 kg/cm2, (X. 1) 


— 
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where d, = outer shaft diameter; 
d, = diameter of central shaft bore. 
The tensile stress in the shaft is 


P 4P 


S, 


P p, + Ga 


where p, = axial water pressure; 
G, = weight of runner and shaft. 
The combined stress 


o = V o? + 4i kg/cm?. (X. 3) 


When the turbine operates under generator short-circuit conditions, the 
torque may increase four- or fivefold for-a short period. 
A. E. Zhmud' investigated these emergency operating conditions, and 


found that the additional shaft stresses depend on the ratio p= 3, where 
2 


J, = moment of inertia of the turbine runner, and J, = moment of inertia 
of the generator rotor. 

In vertical-shaft units, the moment of inertia of the generator rotor 
considerably exceeds the moment of inertia of the turbine runner. 

The value of p varies between 0.02 and 0.15. Large values of p corre- 
spond to low-speed units with large-size runners. The large moment 
of inertia of the generator rotor acting as flywheel damps the torsional 
oscillations occurring during short circuits, and reduces rotor accelera- 
tion; the relatively small moment of inertia of the turbine runner does 
not lead to any significant twisting of the turbine shaft; thus, the additional 
stresses in the shaft caused by the short-circuit are insignificant, and may 
be disregarded in strength calculations. 

Shaft flanges. At LMZ the shaft flange is usually calculated by formulas 
(VI. 196, VI. 197, VI. 198). 

The shaft flange is thus considered as an elastic plate joined to a shell 
at its inner edge, with the free outer edge subjected to a uniformly distrib- 
uted load along it. For shafts in which the wall thickness exceeds the flange 
thickness, (g >t) (Figure X.6), the effect of shell deformation may be neg- 
lected. In this type of flange only the radial stresses need be calculated. 
The formulas of Waters and Taylor apply as follows: 

Radial stresses 


o, = 2s FAF. (X. 4) 
Tangential stresses 
o, = 0.30,(1+ $ 4). (X. 5) 
where the rated force p, is 
P= (p, + Co), (X. 6) 
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F,, F,, F4 = coefficients found from the chart (Figure X. 6); 
= LPY a 
A = 0.506 (7) V £2, 


where z= coefficient depending on shaft length and diameter (Figure 
VI. 57); 


for turbine shafts 2- 1; 
Fis Ts. Tr, f g = flange dimensions according to Figure X. 6. 







A, (Waters and Taylor) 


A, (Timoshenko) 


a 
5 


— a — 
OU 12 13 14 15 16 17 181920 22 24 26 25 30% 
10 15 20 B(h) m 


FIGURE X.6. Diagram for calculating the shaft-flange stresses 


In a thin-walled shaft, where g< t, the axial stresses are highest: 


9, = 9, (r) . (X. 7) 
The axial stresses should be added to the tensile stresses o,. Conse- 
quently, in this case, the combined stress in the shaft is 


0,, = Y (0, + 0,)! + 4* kg/ cm2. (X. 8) 


The stress in the flange may also be calculated by S. P. Timoshenko's 
formulas, which assume that the flange is deformed like a rigid ring, with 
no distortion of the cross section, The outer edge of the ring is considered 
to be free, and the inner edge connected to the thin shell. 

The bending stress at section I-I (Figure X.6) is 


3P, (r, — r, | 
a= TEES (X. 9) 
m n F, 


The shear stress at section I-I is 


Laid. re ee (X. 10) 


er) EC 


The tangential bending stress at the inner flange edge is 


oy, = — pr uno “F ; (X. 11) 
xr f* in +) i alt sin (Z+) 
gt) 
where 
1.285 | 
-Vorn 


m and n = constants depending on the product Bk, where & = length of the 
Shell as shown in Figure X. 6. 


F4 — F, 
P = nor Pat G,). 
L.S. Zlotnik compared the stresses in the shaft flange as computed by 
various methods. 
For purposes of comparison the formulas are written as follows: 
Waters and Taylor 


oh 


Timoshenko 


P 
o =k, -£. 


^" 


The values of k, and &, for different ratios 7t are given in Figure X. 6. 
e 


The chart shows that the differences in results of calculations by either 
formula do not exceed 7 to 8%; Timoshenko's formula yields smaller stress 
values. In both methods, the pattern of the stress distribution along the 
tubular part of the shaft is almost the same. The stress concentration at 
the fillet, of radiuse, between flange and shaft raises the torsional stresses. 

The maximum shear stress is 


Y, = GT, (X. 12) 


where a, = coefficient of stress concentration, depending on the ratio of 
flange diameter to fillet radius Q. 
The value of the stress coefficient should be selected from the graph in 
Figure X. 7. 
In calculating the stresses in the shaft flange by these formulas, the ef- 
fect of the bolts was not taken into account. The bolted flange joints play 
an important role by reinforcing the flanges and reducing the bending stresses 
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at the transition from the flange to the shaft, since by pressing the flanges 
tightly against each other, the bolts prevent flange twisting. This is par- 

ticularly important in the design of thin-walled shafts, where the combined 
stress approaches the yield strength due to the high bending stresses. 
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FIGURE X.7. Stress-concentration coefficient gg. 


A.U. Bugov of the LMZ carried out a study on the effect of bolted joints 
on the stresses in the flange /11/. He considered two cases describing the 
moments and shearing forces acting at the flange section in each case. 
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FIGURE X.8. Effect of bolted joints on stresses in the flange 


a— bolts not fully tightened, flange may turn freely; b— bolts fully tightened, flange warps. 


In the first case the bolts are not fully tightened. The axial load causes 
the section of the flange to turn through an angle y without warping (Figure 
X. 8,a). 

In the second case, the bolts are assumed to be fully tightened, causing 
considerable prestressing. The axial load on the shaft will therefore cause 
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deformation of the flange sections, and the stresses in the flange should be 
calculated for bending as an annular plate with the outer edge rigidly fixed 
by bolts and the inner edge connected to a shell (Figure X. 8,b). 

In the first case, the bending moment at section I-I acting on unit length 
of the shaft mean circumference is 


P | — F, F —F, 
Mya = f(b 1) Ee (X. 13) 
T 
fm 
h--w a ey 
— nj nr]. 
Fam p [Pn (g) BE]: 
Fm Fe Fmt foe 
F — 
sn E 


The bending stress at section I-I is 


where 


GAN] - 1 
917—987 


The bending moment at the cylindrical section II-II of the flange, which 
is weakened by the bolt holes, is 


M-i = F,(UUI,, + FP). (X.14) 
where 


3a (1 — p? din (ry — r3. 
Fo 


F= PE 
Tix (1 — pi’ 


P= axial load on the shaft; 


P = (—") = shell (shaft) flexibility; 





fn = radius of mean shell circumference; 

p = Poisson's ratio; 

F, = area of bolt section; 

n= number of bolts; 

f= effective length of bolts; 

d, = bolt diameter. 
The remaining symbols, i.e., the flange dimensions, are as in Figure X.8. 
The bending stress at section II-II is 


6M 11i (X. 15) 


93-117 —"5 
"E 
Kat 3a, AAT 
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where 


In the second case, the bending moment at section I-I is 
M,-, = ah TB. 
($) hth 
where 
fi = Br, (2 + 60; 
fy=—1+2In2; 


E". l 
h= sq r Ter 
f= A (1 +p) +1 — p: 
h- (1— À) (2 + 64) Brn: 
Ky = Fu. 


The moment at section II-II is 
My = E + (fs +2M,-) fp 


where 
f= $ (inn, (1 + p) + T 


h= aorti E" 


To provide a basis for comparing results obtained by the methods of 
Waters and Taylor, Timoshenko, and Bugov, the latter calculated the bend- 
ing stresses for shaft thicknesses g between 50 and 200 mm, equal axial 
load P = 900t, equal number of bolts a = 20, and the following flange di- 
mensions in mm: 


r, = 1400; t = 200; 
Te = 1050; d, = 160. 


The results are plotted in Figure X. 9. 

Curve (1) — stresses computed according to Waters and Taylor; curve 
(2) — according to S. P. Timoshenko; curves (3) and (4) — depending on 
the bolted joint, according to Bugov (curve (3) for not fully tightened 
bolts, curve (4) for prestressed bolts). The chart shows that the stress 
according to curves (1) and (2) depends mainly on the shaft-wall thickness: 
the smaller this is, the higher is the stress. 

For the bending stress, curves (3) and (4) give values which are nearly 
independent of the shaft-wall thickness. Curves (1) and (2) are markedly 
different from curves (3) and (4). The thinner the shaft wall, the greater 
is this difference. If the bolted joint is also taken into account in calculat- 
ing the flange strength, the resulting bending stresses are smaller, particu- 
larly for thin-walled shafts. It must be noted, however, that these deductions 
have not yet been checked experimentally. 
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Permissible radial and tangential stresses in the shaft flange may attain 
700 to 800 kg/ cm?. 





FIGURE X.9. Bending stresses in section I-I of the 
shaft, calculated by various methods 


64. SHAFT VIBRA TIONS 


Transverse shaft vibrations. At certain critical speeds, when the num- 
ber of revolutions per second coincides exactly with one of the natural shaft 
frequencies, strong vibrations may set in. Transverse vibrations may oc- 
cur due to an asymmetry of the magnetic field in the generator, an imbal- 
ance of the rotating parts of the turbine, or a nonsymmetrical water flow. 





FIGURE X.10. Loads acting on horizontal shaft 


Using Lagrange's equations, S. P. Timoshenko proposed a method for 
determining the natural frequency of a shaft of uniform cross section, with 
three bearings and two concentrated loads. 

Forahydro unit with three bearings and three acting forces (Figure X. 10), 
the shaft vibrations may be determined similarly. 

Figure X.10 shows the load diagram ofthe shaft, with the following notations: 

P,= weight of generator rotor and shaft portion AB; 

P,= weight of shaft portion BC; | 

P= weight of turbine runner and shaft portion CD. 
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The statical deflections due to these forces are 


yı = aP, + bP, + cP}; 
ys = OP, + dP, + IPs; (X.18) 
ys = cP, + IP; + fPs, 
where a, b, c, d, L and f = deflection coefficients. 
The kinetic energy of the system, when the weights P4, P4, and P, oscil- 


late in the vertical plane through the shaft (Figure X.10) about their equili- 
brium positions, is 


= FE (A + 3p UR) + e AD" (x. 19) 


The forces that balance the deflections given by equations (X. 18) may 
be found by Cramer's rule 


Q _ M (df — ©) + x (le — bf) + y (bl — ed), 
= e (bI — ad) + 1 (bc — dl) + f (od — BF * 


9 (cl — bf) + vs (af — c) + y, (bc — al) . 
Qa = EL ed) +1 (be — di) +] (ad —b ee) 


Q, = Hle — 00 + n (be — al) + ys (ad — b) 
»7 el of + 1 (be— dh + fad — 95 


The change in potential energy is 


Substituting from (X.20), we obtain 


jia 1 A I— D) +2 yell— bf) + 24 s{b0—cd) +3 (af —c) + 2yays (bc — al) + y3 (ad — b) (X. 21) 
32'* | c(b—oe)ri(c—a)ctl(od—^?  — - 


Lagrange's equation is 
4 [0T oT , 90V 
a (a) 9e we ze 


By considering (X.19) and (X.21) as well, we obtain the following differ- 
ential equations: 


n Aui 4 AK ULT DE I 80 0100 
c (bl — cd) + I (bc — al) + F (od —85 ~~ 


E 4. Hid — dN + nll — 9 gs ie — aD) p. (X. 22) 
€ (bL — ed) + I (bc — al) + ] (ad — PF) 


E 4p Ha (bl — ed) + i (bo— al) + (0d b og 
€ (bl — cd) + 1 (bc — al) + f (ad — 


If the shaft vibrates at one of its natural frequencies, 


Yı = À, cos(pt— a); ys = A, cos (pt— a); Ya = 4; cos (pt — a). (X. 23) 
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By inserting the values of pı, ys and ys from equation (X. 23) into equa- 
tion (X. 22), and denoting the denominator c (bl — cd) + | (bc — al) + f (od — P") 
by A, we obtain 


(RT) Dinar tage un 


mM) an(Hze— Be) antte | as 
MICA + AG (ETE =—2 g)-o 


To obtain the frequency, the determinant of these equations has to be 
equated to zero: 


d[-h QP. d—M. W—ed 
Se: St cU 


d-di, d-e _ Gy. 
A A gr = (). 


i—cd bc—al, ad—# Q 
c xm x ae ge 


After expanding the determinant, transforming, and denoting p? by &, 
we obtain the equation of the frequency of the natural transverse shaft vi- 
brations 


me — qa a; (ad — 0) Q0, + (ef —2) Q9, + (df — P) Qe (X. 25) 


+ aha, (QQ: + 40, - 10) x — 4555. - 0. 


The roots of the resulting cubic equation in p? give the frequencies of 
the three main modes of vibration of the system. To each value of p a par- 
ticular critical speed corresponds 
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aA = — rpm. 


A cubic equation of the type g* —a,y* + a,y + a4, 0 may be solved by 
Cardano's method. According to this method, a new unknown quantity x is 
introduced instead of y 


y=xz+ 6, 
so that the equation becomes 
x? + px—q= 0. 


The roots of this equation (when there are three real roots) are deter- 


mined by the formula 
x = 2 y/r cos e í 


f= y-Z ; cos @ = — $; y= 0, 1. 2. 
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where 


The deflection coefficients a, b, c, d, | and f may be found by considering 
the shaft to be a statically indeterminate beam resting on three supports. 
With the notations in Figure X. 10 we have 


— Sates MA —eq—a(—at Poy — elias 
Orme (lee (P—d—4)— «6 (P—8— 4) (* — 4 —4)): 
€ = aay (26i (* — cf) — bye, (P — 0) ceram 


: (X. 26) 
malgr Umea- a(— 8 + Pl, — Be) (P —0—4d)): 


l = ER — [23s (cf — Bey + 2M) — te, (P — A) — 


t= sey HAR n). 


LMZ designers generally determine the frequency of the first-mode 
transverse vibrations of a shaft of uniform rigidity by Rayleigh's approxi- 
mate method, By this method, the complex system of the rotating parts is 
transformed into a system with one degree of freedom. This increases the 
rigidity of the system, the resulting vibration frequencies thus being Slightly 
higher than the exact values. 

By Rayleigh's method, the vibration frequency is 


p= EZ! | (X. 27) 


and the critical speed 


IPs; 
30 | / Pa: 
cor = > IPS (X.28) 


where P,= force at i-th point; 
yy = deflection at i-th point due to the forces. 

The values of the deflections, for various conditions of shaft loading 
common in turbine design, may be found from a chart drawn by L.S. Zlotnik 
(Figure X.11) for a shaft supported at two points. 

When there are several supports, the effect of the intermediate supports 
may be found from the reactions at these points. 

The chart contains equal-deflection curves plotted for a beam supported 
at two points, the beam being loaded by unit force (P= 1) at any point be- 
tween the supports or at the overhang. The abscissa gives the point of 
application of the force along the beam and the ordinate gives the points at 
which the deflections are to be found. The point of intersection of the co- 
ordinates gives the value of the deflection, according to the scale. 

Considering the beam resting on four supports, and loaded as in Figure 
X.12, the deflections due to the four forces are 


p = GP, T a1 P, + aP + âP e 
Y = as P, + a4 —,P, + a4—;P3 + G,,P,; 
ya = G3, P, + as_2P_ + a4 P; + a4 4 P4; 
Yo ™ QPI + Gy_gP 2 + aL sP, + ac 4 P, 


(X. 29) 
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FIGURE X.12. Diagram for calculating the transverse vibrations of a four- 
support beam 


The first subscripts of a indicate the point at which the deflection is to 
be determined; the second, the force causing the deflection. 
According to the theorem of reciprocity we may write 


Qs. UG, a33 = 03; = f; 
GQ, = G4, = b: Q4. = O4 4, = M; 
Q3 = Gy. = €; G35 = A; 
Qi = Qi = d; az = Qes = k; 
Qo. ™e a, = Í. 


The deflections are then 


i = aP, + bP, + cP, + dP, ys = OP, + eP4 + [Ps + mPa 


ys = cP, + fP + nP + RP, yy = dP, + mP + RP} + IP, (X. 30) 
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The deflection coefficients depend on the forces and reactions, and can 
be found from the following expressions: 


a = 04, + 45-4 — — +a — : 
tee cda C7 n a 
c= a, tapa = — Tea — B-B. 


MC UE —— 
janes d ds ar Gp rM y — pq 


(x. 31) 

[eret EEE SE ga — P 

"E GAB — B0«—B — 
m ERA I + CREER = 

n= 03, - 04 7 : maru ge paa pt 

= 94—80.—8— B-B. 
k Oa aa TEE ET — — pet 
| Og + yp — SH a~ Sar pu 


The coefficient a may be determined from the chart in Figure X.11. The 


grid points are plotted in Figure X.12. Each coefficient a is denoted by its 
abscissa and ordinate (Table X. 4). 


TABLE X.4 


Abscissae and ordinates of coefficients a 







Coefficient 
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According to the notations in Figure X. 12, 
=$; am 4; $m a= >: 


p=? =F. 
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The chart in Figure X.11 was plotted for P= 1, shaft length/ = 1, and 
EJ- 1. The actual values of the deflections are multiplied by 109. The 
scale factor is thus 


. IO £4 
K > UB * 


Consequently, the critical speed will be determined from the formula 


. r th + Pas Pus + 
Rer x y wee ETFUPFEFFWVER (X.32) 


The resulting critical speed should be at least between 10 and 15 percent 
higher than the maximum runaway speed. If it is less, then the shaft rigid- 
ity must be increased by increasing the shaft diameter. 

Torsional shaft vibrations, During the process of regulation, the torque 
exerted on the shaft may vary, causing its angle of twist to change. A peri- 
odical variation of the angle of twist may leau to torsional vibration in the 
shaft, For a shaft rigidly fixed at one end, and carrying at the other end 
a mass having a moment of inertia J, the equation of the dynamic equilibri- 
um movement is 


JE + ke 0, (X. 33) 


where @= angle of twist of the shaft; 
k,= torsional rigidity of shaft. 
The period 7, the natural vibration is 


Ty = 24V 2 = 2x aT,’ (X. 34) 


where /= shaft length; 
G= shaft modulus of elasticity in shear; 
J,= polar moment of inertia of the shaft cross section. 
The frequency (in cps) is 


het-a VF. (X. 35) 


On a shaft with disks at both ends — as in a hydro-unit shaft, with the 
turbine runner at one end and the generator rotor at the other — the ends 
will be twisted in opposite directions under torsional vibrations. A cer- 
tain section of the shaft (the node of the vibration) will remain stationary 
(Figure X.13). Considering the node as the point at which the shaft is fixed, 
and assuming that the two disks pass simultaneously through either equilib- 
rium position, viz., the positionofthe untwisted shaft, and the position of 
maximum shaft deformation, we obtain the equality 


ox V a = 2 VE. 


J 
h- T1! 


whence 


581.7 ^ t 


Thus, the period of the first-mode vibration of a shaft carrying disks 


at both ends is 


The frequency (in cps) is 


L L t9 
f =a = = —— (X. 36) 


The critical speed of the shaft is 


n... = 60f = = y 95 a4 7j rpm, (X. 37) 


where J; = moment of inertia of the turbine runner; 
J, = moment of inertia of the generator rotor; 
l = equivalent shaft length. 





FIGURE X.13. Torsional vibration of the shaft 


When determining the critical shaft speed in torsional vibration (Figure 
X.13), the equivalent length of the shaft is 


d d, V 
tly —2t(1— en (X. 38) 


where z= number of flanges; 
L= shaft length; 
- flange thickness; 
d,- shaft diameter; 
D,= flange diameter; 
= distance from runner flange to runner cg; 
= radius of gyration of the runner 
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(c Vee. (X. 39) 


r 


where Q, is the runner weight. 

The moment of inertia of the Kaplan runner may be approximated by the 
sum of the moments of inertia of the cylinder (runner hub) and the disk ring 
(blades) 


4 mJy dum M Tp We, tmsec?, (X. 40) 
where Q, = hub weight; 
Qy = blade weight; 
yr, = radius of runner hub; 
z= number of blades; 


fcgb= radius of blade center of gravity. 
The moment of inertia of the generator rotor is 


n= tmsec?, (X. 41) 


where QD* is the flywheel effect of the generator rotor, mt?. 
The polar moment of inertia of the shaft is 


4, 7 75 (4-4). 


The critical speed of the shaft should exceed the maximum possible runa- 
way speed by at least 10-15 percent. 

Excessive shaft vibrations may cause transverse vibrations inthe bearings. 

Permissible vibration amplitudes of the bearings operating under normal 
conditions, for various speeds and designs of the hydro unit are given in 
Table X. 5. | 


TABLE X. 5 


Permissible amplitudes of transverse vibrations of hydro-unit bearings 


Double amplitude of transverse vibration, mm 
Vertical hydro units 










Rpm Generator Horizontal hydro 
units 
dx Umbrella type | Overhung type 
62.5 0.090 0.090 0.125 — 
83.3 0.075 0.075 0.115 — 
100.0 0.070 0.070 0.110 — 
150.0 0.060 0.060 0.096 — 
187.5 0.060 0.050 0.090 — 
214.0 0.045 0.045 0.086 0.086 
300.0 0.040 0.040 0.075 0.075 
375.0 0.035 0.035 0.070 0.070 
500.0 0.030 0.030 0.065 0.086 
000.0 — — — 0.060 
750.0 — — — 0.055 
1000.0 — — — 0.050 
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When shaft vibrations exceed the normal values, the causes must be as- 
certained and eliminated. The hydro-unit bearings can ensure normal run- 
ner operation only if the unit is balanced, with no significant electric or 
hydraulic perturbation forces acting. Determination of the causes of ex- 
cessive vibration is sometimes difficult, involving special tests of the unit 
in actual operation: under no-load conditions with and without water flow, 
with the generator working as a synchronous motor, and, finally, with the 
generator as a synchronous motor and the runner out of the water. The 
generator rotor must be balanced and matched to the generator shaft flanges 
with maximum precision. After assembly, the shaft alignment is usually 
checked with a steel wire or with a plumb line, the rotor being turned 
through 180° and the corresponding distances measured with a dial indica- 
tor. This method is more accurate. Methods of checking the shaft align- 
ment are described in detail by Ya. F. Fiterman in /89/. 

With relatively low-speed turbines, static balancing usually proves satis- 
factory under normal operating conditions. If the vibration of the hydro- 
unit bearings are caused by mechanical imbalance, dynamic balancing must 
be carried out. The following method is recommended: a trial weight P, is 
successively placed on the rotor at three points 120° apart, and the double 
amplitude of the vibration is measured in each case. The method is based 
on the fact that the vibration amplitude varies in direct proportion to the 
magnitude of the exciting forces 


Qi, Ry, Rs, Rs, B, his Pes Ba 


where Q, exciting force due to rotor imbalance, causing vibrations 
of amplitude ip; 

R:, Rs, R= exciting forces due to the trial weight when placed suc- 
cessively at three points 120° apart, causing — in com- 
bination with force Q — vibrations of amplitude $f, ips 15s. 

With the value of P, known, we determine the imbalance vector by meas- 
uring p, p,, andp,. This gives the magnitude and position of the required 
balancing weight. 


65. CALCULATION OF THE FLANGE-JOINT BOLTS 


In turbine construction, fitted bolts are usually prestressed to 1200 kg/ cm?, 
the prestressing load being two or three times the external load. Under 
these conditions, the axial load on the shaft cannot open the joint between 
the flanges. To check the prestressing of the bolts, a special measur- 
ing device (Figure X.14) is used, which measures bolt elongation by means 
of a dial indicator. Rod (1) is introduced into the central opening of bolt (2) 
and fastened to the bolt head. The indicator dial is fastened to the other 
bolt end. The magnitude 6 of the bolt elongation is determined by the in- 
dication on the dial. The required value of 8 is found from the formula 


324 mm, 


where / = length of the bolt; 
e = stress; 
E = modulus of elasticity. 
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To avoid oil leakages from the servomotor cylinder, the bolts on the 
flange connection between the shaft and the cover of the Kaplan runner should 
not be bored through. A small undrilled portion should be left at the bottom, 
to which the measuring rod is attached. 
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FIGURE X.14. Device for measuring the prestressing 
of the bolt 


If an axial load P acts on the shaft, the axial force including prestress- 
ing acting on each bolt, is 


$ -^. 


where z= number of bolts; 
1.7 » prestressing coefficient. 
The shearing force acting on the bolt is 


rx 


where Dy - diameter of bolt circle. 
The tensile stress at the critical bolt section is 


e FOE a u om?, (X. 42) 


where d, = diameter of the critical bolt section. 
The stresses in the fitted part of the bolt are 
a) tensile stress: 


17P-4 GAP 
gs, = $ = kg/cm2, 


andl, ndi 
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where F, = cross-sectional area of the fitted part of the bolt 
F, SE cm?; 
b) shear stress: 
DR 3M I LL M kg/cmé2; (X. 43) 
TO DA 


c) crushing stress: 


o= ay = ag, ke/cm?; (X. 44) 
d) combined: 
om |y 0, +40 = zd v 4-un rp ke/em?. (X. 45) 


Permissible stresses in bolts are as follows: 


Combined stress: uv yox Y o RS from 1000 to 1200 kg/cm? 
Tensile Stfe$$. v ooo wow E CROCO d 900 to 1000 ("^ 
Sher stress Ad ale NR EROR OU» E CR " 400 to 450 ” 


Calculation of the flange-joint nuts. The load including prestressing 
acting on the nut is 


1.7P 
Qo - 7E. 
The actual force on the nut is 
D; — dm Dax— 4m 
PO = Sag, 7 gr 
where D,,- diameter of the circle at whose periphery the axial force is 
applied; 


dm = mean diameter across thread; 
S = width across flats. 


St46. 
D= V ete 


where d, = diameter of hole in the flange. 
The tangential stress is 


P 5 (Da x— dy) P 
where H= thickness of nut; 


k, = coefficient depending on the ratio z- (Figure X.15). 
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The crushing stress of the nut (Figure X. 14) is 


a (X. 4) 


= Q E 


The stresses in the nut thread are: 
a) bending stress: 


O, = 0.9 5. = as KE/ cm?; (X. 48) 
b) shear stress: 
r=- oe uias k&/ cm?, (X. 49) 
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FIGURE X.15. Relationship between coefficient &, and ratio * 
m 


c) crushing stress 


Q, 1.7P 
Som Rdmta = id far 





kg/cm2, (X. 50) 


where f= depth of thread; 
a= x = number of threads; 


$% = thread pitch; 
dm= diameter at bottom of thread. 
Maximum permissible bending and crushing stresses are 700kg/cm2. 
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Chapter XI 


AUXILIARY EQUIPMENT 


66. OIL SUPPLY HEAD AND RODS 


In Kaplan runners, oil is supplied to the servomotor from the pressure- 
oil system through the control valve, which is usually located in or near the 
governor actuator. The governor actuator itself is installed in the machine 
room. From the control valve, pressure oil is fed to the rotating servomotor 
through the oil-supply head; this is usually located above the generator and 
encloses the ends of the rotating tubular rods that pass through the shaft 
and provide the connection to the servomotor cylinder. The oil from the 
servomotor and the runner cavity is also removed through the supply head. 

Figure XI. 1 shows the design of the oil-supply head and rods for the tur- 
bine-runner of the Volga HEP imeni Lenin. The oil-supply head is a coni- 
cal casing (2), mounted on top of the generator exciter and divided into sep- 
arate oil chambers. It houses the guides for the ends of the rods (3) which 
consist of two telescopic tubes connected at the bottom by a common flange. 
A cross piece (1) fastened to the rod end connects the rod to the switch 
through a cable, and to the shaft of the pilot generator. The rod is not 
made of one piece but consists of three sections (5), (7), and (13) connectedby 
flanges, because the shaft itself also consists of three sections: two shafts 
(turbine and generator) and the extension shaft. If the shaft is in one piece, 
the rod may also be made in one piece. Each section consists of an exter- 
nal steel] tube (11) 426 mm in diameter and 14 mm thick, and an inner tube 
(12), 245 mm in diameter and 10 mm thick, welded to the flanges (8). Apart 
from these, the position of the tubes in relation to each other is fixed by 
screws (10). Cylindrical guide sleeves (9), welded to the outer tube, slide 
in bronze bushings (6) fitted in the shaft near the flange. Each flange is 
provided with one central hole and four peripheral holes (4) for the oil. 
When the rod is fitted inside the shaft, the three cavities (a), (b), and (c) are 
thus formed. Cavity (a), between the shaft and the outer tube, is connected 
to the discharge chamber of the oil supply head. Cavities (b) and (c), formed 
by the outer and inner tubes, are used to supply oil to the servomotor. They 
are connected at the top with the pressure chambers of the oil-supply head. 

Figure XI. 2 shows an earlier design of an oil-supply head for large tur- 
bines. The supply head consists of the base (1) forming a cylindrical tank — 
the conical casing (2) having one discharge and two pressure chambers — 
and the end casing (3). 

Bushings are provided in the chambers and the end casing to guide the 
end of tubular rod (6), connected at the top to lever (5) of the blade -control 
mechanism. The pilot generator (4) of the governor drive is mounted on 
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FIGURE X1.1. Oil-supply head and rods 
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top of the end casing. Because the oil inlet and outlet chambers are located 
one on top of the other, and the servomotor piston has a large stroke, the 
dimensions of the oil-supply head are large, particularly its height H. 







To the pressure- 
oil system mn D 
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FIGURE X1,2. Oil-supply head of early design 


A modern design of an LMZ oil-supply head with much smaller dimen- 
sions is shown in Figure XI. 3. The oil-supply head consists of the lower 
tank (1) — the base — and the casing (2) provided with a boss for support- 
ing the pipes in the region of the pressure-discharge chambers (b) and (c). 
Pressure gage (3) is mounted on the pressure pipe. Cavity (a) is connected 
to the discharge tank of the oil-supply system and is not under pressure. 

A recess is provided in the lower tank for the oil-deflecting ring (10), which 
serves as a labyrinth seal and prevents oil from leaking into the generator. 
Bushings (7) guide the end of the rod which consists of two tubes (6) and (9). 
In order to make the supply head as small as possible with an adequate pis- 
ton stroke, sleeve (8) with a collar at its end is fitted in the casing of the 
oil-supply head; the collar surrounds tube (6) and separates chamber (b) 
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from chamber (c), which would otherwise have been in communication through 
the radial openings in the rod end. The crosspiece (16) (detail N) fastened 
to the top of the rod is connected to the end of rod (25) and the two ball 
bearings (17) by means of cover (19) and nut (18). The crosspiece, moving 
together with the rod, provides the drive for the cable (24) to the control 
valve. Roller (20) for the cable has its axis (21) fitted in fork (4), with ball 
bearing (22) and the locking cover (23). An indicator (11), showing the posi- 
tion of the runner blades, is also attached to the crosspiece. A spline shaft 
(5) slides inside nut (18), driving the pilot generator of the governor motor, 
which thus follows the speed variations of the runner, The spline connection 
enables the rod end to move freely on the spline shaft during the motion of 
the servomotor piston. 
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FIGURE XI.3. Modern oil-supply head 
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The oil-supply head, rods, and oil pipes form a closed electric circuit 
across the generator stator. Stray currents liable to cause corrosion are 
thus induced in these parts. Insulating gaskets must therefore be provided 
to protect the rods and the connections. 

The gaskets (14) and bushings (13) made of textolite and the studs (15) 
of the oil-supply head are shown in section B —B. An inspection hole is 
provided in the oil-supply head, covered by lid (12). 

This is the standard design at the LMZ, with the following dimensions 
(Table XI. 1). 


TABLE XI.1 


Principal dimensions of standard oil-supply head, mm 





The size of the oil-supply head should be selected according to the oil 
flow velocity in the supply pipe of diameter d, 


. -F (X1.1) 


where F= piston area of the runner servomotor; 
s= piston stroke; 
f = regulation time of turbine; 
F,= cross-sectional area of the supply pipe. 

The velocity v is between 5 and 7 m/sec. 

With the increasing use of open-air powerhouses — without generator 
room — even lower oil-supply heads are required. Such oil-supply heads 
have, however, not yet been installed and tested in practice. One possible 
design is illustrated in Figure XI. 4, which shows an oil-supply head pro- 
posed by the KhTZ, similar to the standard design but considerably lower: 
the head is partly located in the shaft cavity. For a pressure-tube diameter 
of 250 mm and an outer rod diameter of 426 mm, the, height above the 
foundation flange of this oil-supply head is only 700 mm altogether, instead 
of 2155 mm for the standard design. The oil-supply head is supported by 
the generator bracket. This design requires a larger shaft bore than the 
standard design, since the rod end and the pressure chambers (b) and (c) 
are located inside the shaft. The only part protruding above the rod end 
is the connection to the blade-control mechanism. The pilot generator 
should be located at a lower elevation. 

The rods in the oil-supply head have a simultaneously rotary and axial 
motion. During erection it is therefore necessary to align the supply head 
very carefully with the rod. No inflection of the rod axis should be toler- 
ated to avoid transverse stresses in the guides. The bushings of the oil- 
supply head act not only as guides for the rod end but also as seals, pre- 
venting oil leakage from cavities (b) and (c) into (a). Large clearances 
should therefore be avoided. 


592 


Design of the rods. The runner rods must be designed to withstand 
stresses, buckling, and transverse vibrations. 
Stress calculations. The tangential stresses in the inner and 


outer tubes are: 


DERE Gy, ==. (X1.2) 


where D, and D,= outer diameters of inner and outer tubes; 
ô and ô= thicknesses of inner and outer tubes; 
[p = oil pressure]. 
The axial stresses are: 


Oe, = Oe, = a. (XI. 3) 
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FIGURE XI.4. Oil-supply head of reduced size located partly inside the shaft 


The stresses in the stud when pressure oil is led into the outer tube of 
the rod 


2 
1.3-7 (D3—Dii)P — (ag, D1—Di (XI.4) 
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where D,; = inner diameter of the outer tube; 
dı, = root diameter of stud thread. 
Resistance to buckling. The inner tube, subjected to external 
pressure, must be designed to resist buckling. 
If the length of the rod tubes is 


17» 1.73D, y. (XI.5) 


the critical pressure within the proportional limits (oe, < o,) that may 
cause buckling is determined by the formula 


"e : (X1.6) 
B. * ) XI.6 


If Poisson's ratio p= 0.3, the critical pressure is 


n, = 2.2E (B). (X1.7) 


The critical pressure in the event of loss of stability above the propor- 
tional limit (c, > oj) is determined by Southwell's formula 


— — XI.8 
Per D, 1 Se (Ix) ( ) 


where o,= proportional limit in compression. 
The safety margin is 


= Kt 
k - > 4.0. 


Calculation of transverse-vibration frequency. Being 
very long and relatively thin tubes, the rods are liable to vibrate strongly 
when the rotational speed lies near the natural frequency. 

In calculating the transverse vibration, LMZ designers generally as- 
sume the inner and outer tubes to be independent and vibrating separately. 
This lowers the calculated critical speed and thus increases the safety 
margin. 

The rod is considered as an equal-span beam, with either freely sup- 
ported or rigidly fixed ends, uniformly loaded all along its length by its own 
weight and the weight of the oil within. The weight and rigidity of the flange 
and connecting elements are neglected. If the spans are unequal, the larg- 
est is used for the calculation, thus increasing the safety margin. 

The critical speed is determined by the formula 





f q (x) y (x) dt 


i 9 (XI. 9) 
| Q (x) y* (x) dt 
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where q (x) = distributed load; 
Q (x) = mass of rod per unit length; 
y (x) = deflection under the action of the distributed static load g (x). 
For tubes of uniform section: 


q (x) = q = const; 


e (x) = e = © = const. 


The critical speed is therefore 





na = X. — (X1.10) 
* 
The equation of the elastic curve of a uniformly loaded beam is 
y= 471 (+). (X1.11) 


The function t(+-) depends on the boundary condition. 


The integrals in the formula of the critical speed are 


8 

f ydx = B. -$7 : 
è 
i 


[rac = Baby. 


where B, and B, = dimensionless coefficients depending on the boundary 
conditions. 
Then 


30 
na = — Y Las (X1.12) 


The load per unit length of the inner tube is 


91 hn + flos (X1.13) 


The weight load per unit length of the outer tube 


qs = (fi + fe) vi + (for + ho) Ys. (XI. 14) 


wall cross sections of inner and outer tubes; 
effective cross section of inner and outer tubes; 
specific weights of steel and oil, respectively. 


where /, and /, 
fox and fo 
yi and Y: 
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By considering the tubes as uniformiy :oaded beams, the values of the 
dimensionless coefficients B, and B, may be determined for the foi.owing 


cases: 
1) uniformly loaded beam with freely supported ends: 


Thus, 
P). 3 

Bi—43: 5: = gue 
2) uniformly loaded beam with rigidly fixed ends: 


8 
[s ner: 
Pde Eu ET 


— o. 


Thus, 
B, =; B —— 
(m Bs = see: 


(X1.15) 


(X1.16) 


3) two-span symmetrical beam with rigidly fixed ends, uniformly loaded, 


for each span: 


Thus, 
3. 754 
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(X1.17) 


67. TRANSMISSIONS AND PIPING 


The mechanisms of the turbine-governing system are located at various 
points of the powerhouse, and interconnected by oil pipes and mechanical 
transmissions. The layout should be as simple as possible. The distrib- 
utor servomotors are usually located in the turbine pit and, if possible, 
directly above it, in the machine room, the governor with the oil-supply 
head. In earlier designs, the mechanism usually consisted of rods and 
levers coupled through cylindrical pins in bushings. The large number of 
pins, with their inevitable clearances, caused considerable lost motion in 
the transmission system, interfering with the operation of the governor and 
causing hunting and instability. Hence, the bushings of the cylindrical pins 
are now replaced by ball bearings. 

To reduce the elastic deformations of the rods, they are nowadays made 
of thin-walled steel tubes of relatively large diameter. 

Cable transmissions have become very common of late. A 5 or 6mm 
diameter steel cable, made up of a large number of thin wires, leads from 
the servomotor piston over rollers to the appropriate lever of the governor. 
At the point of its connection to the governor, the cable is provided with a 
counterweight which keeps it tightly stretched. 

To protect the cable it is enclosed in a tubular casing filled with grease. 

The oil piping for a Kaplan turbine usually consists of three parts. The 
part from the oil-supply head to the governor includes two pressure pipes 
connecting the pressure chambers of the oil-supply head with the control 
valve of the runner and a discharge pipe from the supply head to the sump 
tank of the pressure-oil system. The second part consists of two pipes 
connecting the governor control valve with the pressure and sump tanks. 
The third part connects the governor control valve with the distributor 
servomotor and consists of two pressure pipes, branching out in the tur- 
bine pit into four pipes leading to two servomotors. 


68. PRESSURE REGULA TOR 


Pressure-regulator construction. Pressure regulators are used to pre- 
vent sudden pressure rise in the turbine penstock, mainly on high-head tur- 
bines (H = 100 to 150 m) with long penstocks. They are installed at the 
scroll-case inlet. When the guide vanes close rapidly, the pressure-regu- 
lator opens rapidly, closing slowly afterwards. Thus, while the discharge 
through the guide vanes is abruptly reduced, the combined discharge 
through the turbine and the pressure regulator, i.e., through the penstock, 
changes only slowly, and the pressure rise is insignificant. Pressure 
regulators usually permit the pressure rise in the penstock to be lim- 
ited to between 15 and 20% of the static head. They are provided with an 
oil dashpot that causes them to open only if the guide vanes turn rapidly 
and a considerable pressure rise is likely. If the guide vanes turn slowly, 
the dashpot piston remains stationary, and the pressure regulator does not 
open. 

The oil cylinder (1) of the dashpot (see Figure XI. 5) is connected to the 
pressure-regulator drive at point (B). Rod (4) is connected at point (A) 
with the transmission (not shown in the figure) to the distributor servomotor. 
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The spaces on both sides of piston (7) are connected with each other through 
orifice (8). When the piston moves downward rapidly (corresponding to 
distributor closure) the oil beneath the 
piston has not enough time to flow 
through the throttle valve upward. The; 
pressure below the piston rises and cyl- 
5 inder (1) moves downward together with 
point (B), causing the pressure regulator 
to open and to compress spring (2). The 
force of the spring causes the oil to flow 
through the orifice, and the cylinder to 
return to its former pisition, closing 
the pressure-regulator valve. The 
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The main parts of the pressure reg- 
ulator are the water passage, deter- 
mining its discharge capacity, and the 
valve drive. 

Pressure-regulator water-passages 
of various designs are shown in Figure 
XI.6 with their discharge capacity 
curves. 

A needle-valve pressure -regulator 
is shown in Figure XI. 6,a. 

Needle valve (4) is mounted in the spherical] casing (1). Valve move- 
ment is controlled by the large piston rod (2) guided in sleeve (3) and bush- 
ing (5) mounted in the outlet pipe (6), in which the needle point moves. 
Pressure regulators of this type are used by several European companies; 
LMZ also used them in early designs of small turbines. 

Figure V.5 shows a pressure regulator of this kind mounted on a 
12,800 kw turbine. 

The disadvantage of this design is that the valve closes downward. In 
the event of a fault in the actuating system, the valve is pressed against 
the seat by the water, causing the pressure to rise abruptly in the penstock. 
The water passages shown in Figure XI. 6,b and c do not have this draw- 
back, since they open downward. If the actuating system fails, the valve 
opens under the water pressure, so that dangerous pressure rises in the 
penstock are averted. 

The mushroom-disk valve (Figure XI. 6,b) (4) and conical valve (Figure 
XI. 6,c) (4) are secured to the bottom end of rod (1) whose movement is guided 
in boss (2); the bend (3) is mounted on top of outlet pipe (6), guide (5) in 
its interior. 

The shape of the valve affects the discharge capacity of the pressure 
regulator. 

B. P. Gur'ev determined experimentally /26/ the discharge capacity of 
valves of various shapes (Figure XI. 6,d). The discharge capacity of the 
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conical valve pressure -regulator is about 10% greater than that of the mush- 
room-disk type. At full opening of the mushroom-disk valve the discharge 
Qi, -23001liter/sec,ofthe conical valve, Qj, = 2500liter/sec. In the closed 
position, the valve is pressed against the seat by the force P. of the servo- 
motor. Pressure may be applied either by oil from the oil-pressure sys- 
tem, or by water from the penstock. 
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FIGURE XI.6. Pressure-regulator designs, and discharge-capacity curves 


Small pressure regulators may be actuated by the distributor servomotor. 
The servomotor piston is connected by means of levers and rods to the pis- 
ton of the dashpot mounted on the pressure regulator. Rapid movement of 
the distributor servomotor piston causes the dashpot piston also to move 
rapidly. The oil has not enough time to flow through the orifice, so that a 
force P, acts upon the dashpot cylinder which is connected to the valve rod. 
The force P,,together with the force of the water pressure N,, causes the 
valve to open, Consequently, in the closed position of the valve, the force 
on the pressure-regulator servomotor piston should exceed the force of the 
water pressure on the valve: 
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FIGURE XI.7. Pressure regulator (d= 500 mm) 
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P,» N,. (XI. 18) 
So that the valve may open, the 
servomotor force must be less 
than the total resultant force of 
the water pressure on the valve 
and of the oil pressure on the dash- 
pot cylinder. 
P, <N, + P4. (XI. 19) 

The force P, caused by the mo- 
tion of the dashpot piston must be 
calculated so as to include all losses 
in the transmission from the servo- 
motor to the pressure regulator. 
This force must be taken into ac- 
count when selecting the size of the 
distributor servomotor. On large 
turbines, pressure regulators are 
operated hydraulically, the distrib- 
utor servomotor directly actuating 
the pressure -regulator control 
valve which supplies oil to the cyl- 
inder of the pressure regulator in 
order to open or close the main 
valve. A dashpot is also provided 
in the transmission system to the 
control valve, so that the latter 
moves only when the distributor 
opensorcloses rapidly. If the pres- 
Sure-regulator servomotor is oil- 
actuated, this must be taken into 
account when calculating the capac- 
ity of the pressure oil system. 

Figure XI. 7 shows a pressure 
regulator of modern design, built 
at the LMZ for a 55,000 kw turbine, 
operating under a head of 300 m. 
Bend (3) of the pressure regulator 
with inspection hole (4) is fastened 
to the scroll casingby means oi the 
650 mm flange on the inlet, Anaux- 
jliary 400 mm-diameter water- 
actuated piston (6) moves in a cyl- 
inder on top of the bend. The pis- 
ton is fastened to rod (5). Above 


this there is the 500 mm-diameter piston (8) with the oil-actuated servo- 
motor. The control valve (9) of the oil servomotor is connected to dashpot 


(11) by means of transmission (10). 


The conical 500 mm-diameter valve 


(2) is secured to the bottom end of the rod, above guide bushing (7). The 


cylindrical outlet has a diameter of 720mm. The pressure regulator is 
hydraulically actuated. If the distributor is closed rapidly, the dashpot 
transmits the motion to the control-valve. This moves downward, the space 
beneath the piston of the oil-actuated servomotor is connected with the oil 
Sump, and the water opens the valve — whose diameter is larger than that 

of the auxiliary piston. The control valve, actuated by the dashpot end the 
restoring link from the servomotor piston, moves upward and connects the 
space beneath the piston with the oil pressure tank. The pressure oil 
forces the piston upward, and the valve is closed. The position of the valve 
depends on the forces acting on it. In the closed position, the combined 
forces on the oil-actuated servomotor piston and on the piston of the auxiliary 
water -actuated servomotor are greater than the force of the water pressure 
on the valve. The resultant force is directed upward 


P, + N,>N,. 


When the valve is open, and no force acts on the oil-actuated servomotor 
piston, the force on the valve due to the water pressure is greater than the 
force acting on the auxiliary servomotor piston, The resultant force is 
directed downward. 


N, < N,. 


Peculiar to this design is cam (12), whose contour is selected so as to 
impart to the valve a predetermined motion ensuring the most advantageous 
variation of flow through the penstock, and a corresponding relationship 
between the pressure rise in the scroll case and the runner speed. 

Selection of the pressure-regulator sizes. The diameter of the valve D, 
determines the size of the pressure regulator. The valve stroke is usually 
between 0.25 D, and 0.3 Dy). The discharge Q, may be selected from the dis- 
charge curve of the pressure regulator (Figure XI. 6,b) according to the type 
of the valve. It should be kept in mind that, if the outlet from the pressure 
regulator is below tailwater level, the discharge Qj, is increased by 3 to 5%. 
The presence of the bend at the pressure-regulator outlet lowers the dis- 
charge Qj, by 5 to 10%. 

The actual discharge through the pressure regulator is 


Q: = Q DV HL (1 + È), (XI. 20) 


where -= relative pressure rise in the penstock; usually = 0.15 to 0.20; 
H, = rated head. 
The maximum discharge Q, that can pass through the pressure regulator 
is 
Q, = Q(1— 7). (XI. 21) 


where Q, = maximum flow through the turbine; 

T, = time taken for guide-vanes to close with the pressure regulator 
operative, the increase in pressure and rpm being limited to 
permissible values; 

T = ditto, but with the pressure regulator inoperative. 
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The interval T is 
2 Lo 
- XI. 22 
T Hs: ( ) 


where SjLv = sum of products of penstock-section lengths and velocities of 
water flowing through them; 
g = penstock pressure characteristic 


—— 


Viri 


The diameter of the pressure regulator is 


D, = | Fn ^ pn "NN (XI. 23) 
Qi, V Ha +E) 


After determining the diameter of the pressure regulator, the required 
speed regulation is calculated on the basis of the discharge curves of pres- 
sure regulator and turbine. 

With program control of the pressure-regulator valve, as proposed by 
A.E. Zhmud', the size of the pressure regulator can be reduced. In pro- 
gram-control operation, the pressure regulator opens more when the guide 
vanes start closing from fully-open position. Thus, the turbine -closing 
time is reduced so that the turbine-speed increase for a given pressure 
rise in the penstock is also reduced. 

In designing pressure regulators, provision should be made for introduc- 
ing under the valve, and for using energy dissipators for the outflowing 
water. 


69. GATES AND VALVES 


Gates and valves are commonly used for controlling the water flow 
through the penstock. 

Long penstocks of high-head hydro power plants are, in general, equip- 
ped with two gates: one at the penstock inlet and the other immediately up- 
stream from the turbine, The first is required for inspections and repairs 
of the penstock, the second (usually referred to as the turbine gate) per- 
forms the same function for the turbine, so that emptying the penstock in 
the event of an emergency turbine inspection is unnecessary. If the turbine 
is shut down for a long time, the closed gate reduces water leakages. 

The penstock inlet of low- and medium-head turbines is usually provided 
with one gate only. 

The gates on the steel penstocks in front of the turbine are part of the 
auxiliary equipment and are supplied by the turbine builders. 

Gates and valves. Either butterfly or spherical valves, as shown in 
Figure XI. 8, are used on large turbines. The simplest type of butterfly 
valve consists of disk (1) and housing (2). The disk is pivoted in the housing 
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by two pins. When open, the plane of symmetry of the disk lies in the pen- 
stock axis, and the water flowing past it can enter the turbine. 

To reduce water-flow fluctuations in the valve, the outlet diameter is smaller 
than the inlet diameter. The velocity of the water flowing through the valve 
is slightly raised by the reduction in pipe cross section due to the disk. 
Since the reduction of the valve -outlet cross section equals the reduction of 
the effective cross section due to the disk, the velocity remains approxi- 
mately constant. The disk usually turns through an angle of 90°C, but de- 
signs exist with a smaller angle of rotation (75 to 80°). In this case the 
valve is sealed tightly when the disk, whose periphery fits the housing 
closely, is forced against the latter, Steel seal rings are sometimes used 
for this purpose. The disadvantage of this seal is that only part of the disk 
periphery is forced against the housing. The housing may also become de- 
formed; furthermore, it is difficult to seal the clearances at the disk pivot. 
Angles of rotation of 90? are therefore more widely employed; a thick rub- 
ber tube of special] shape arranged in the valve housing or in the disk is used 
as seal. The tube is inflated with air under a pressure of 5 to 6atm above 
the water pressure in the penstock. This type of seal is shown in Figure 
XI. 9. 





FIGURE XI.8. Schematic drawings of 


a—butterfly valve; b—spherical valve; c—needle valve. 


Butterfly valves, though cheap and simple in design, have the following 
drawbacks: the disk increases the resistance to water flow and promotes 
cavitation; the losses increase with the head, since the relative disk thick- 
ness and the flow velocity increase. Hence, butterfly valves as a rule are 
not used under heads higher than 200 m. Butterfly valves may have diam- 
eters up to 8.5 m. 

Spherical valves do not have this drawback. When open, they do not 
throttle the water flow, and are therefore widely used on high-head turbines. 

The valve (1) (Figure XI. 8) is turned by a servomotor through 90? about 
its pivots mounted in housing (2). The sealing is effected by seal rings, 
shown in Figure XI. 10. 

The spherical valve is more complicated in construction than the butter- 
fly valve. It is used only on relatively small high-head turbines, and is 
thus heavy and expensive. Such valves are made with diameters up to 3 m. 
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FIGURE X1.9. Butterfly valve, M = 100m 
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FIGURE XI. 10. Spherical valve, H 680m 
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In butterfly and spherical valves the disk or sphere should be in fully-closed 
or fully-open position. Considerable flow disturbance is caused in inter- 
mediate positions. 

Figure XI. 8,c shows a needle valve used in penstocks provided with 
branch pipes to by-pass part of the water around the turbine. The valve 
consists of a streamlined body (1) held by struts in the housing (2). A mov- 
able plunger (3) shaped at its end like a needle slides inside body (1). The 
valve is opened or closed by the motion of this plunger. 

The pressure in chambers A and B, controlled by means of valves (5) 
pilot valve (4), moves the plunger. 

The needle valve offers the following advantages: its shape is stream- 
lined, a tight seal may be obtained by forcing the valve against its seat, 
and it can be readily controlled. The disadvantages are large size and 
weight, as well as high cost. The ratio of weights of butterfly, spherical, 
and needle valves is 1:2:3. 

Valve operation. Whereas large valves are usually hydraulically oper- 
ated, smaller ones are operated either by hand or by an electric motor and 
worm gear. Various layouts of hydraulic drives are shown in Figure XI.11. 





FIGURE XI.11. Hydraulically operated valves 


In Figure XI.11,a, the valve is operated by means of a plunger servo- 
motor mounted on the valve housing. This layout is used with medium- 
size valves for small- and medium -size turbines. The plunger is sometimes 
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connected to the lever through a rack-and-pinion drive instead of a shackle. 
A radial force due to the servomotor causes bending of the valve pivot. The but- 
terfly -valve drive by means ofa rotary servomotor is shown in Figure XI. 11,b. 
The servomotor is mounted on top of the valve housing. The advantage of 
this layout lies in the small servomotor size and absence of radial loads on 
the upper pivot. On the other hand, a major disadvantage of this layout 

is the difficulty of tightly sealing the clearance between rotor and cylinder. 

The advantage of these two layouts is that the servomotor force is bal- 
anced internally and gives rise to no external load on the valve housing. 

In the layouts shown in Figure XI.11,c and d, the servomotors are lo- 
cated outside the valve on a separate foundation; such a layout is used for 
large valves with powerful servomotors. The servomotor forces act on the 
valve; this should be taken into account when installing the servomotor. 

In Figure XI.11,c, the transmission from the servomotor piston rod to 
the valve lever is by connecting rod and crosshead. The layout in Figure 
XI.11,d consists of an oscillating-cylinder servomotor pivoted to the founda- 
tion by means of a cylindrical pin. Oil is supplied to the servomotor either 
through flexible hoses made of oil-resistant rubber or through the stationary 
pivot. Oscillating-cylinder servomotors (Figure XI.9, (5)) are common in 
Soviet practice, and have proved satisfactory in operation. It is advisable 
to arrange the axis of rotation of the valve horizontally, since the pivots 
are thus less exposed to wear by silt, and two servomotors may be more 
easily installed. 

Butterfly valves. Figure XI.9 shows a recent designofa large butterfly 
valve with an entrance diameter of 7000 mm for a head of 100m. The Steel 
housing (1) is welded or cast in several sections; two of them at the sides 
are provided with bosses for the bearings of pivots (4) and with feet for se- 
curing to the foundation (7). The figure shows two different types of disks: 
cast (2) and welded (8). Either disk consists of three parts: the central 
part with the pivots and two symmetrical] parts bolted to it. An air-inlet 
valve (vent) (3) is provided on top of the butterfly valve to admit air when 
the penstock or the casing are emptied. The vent also prevents formation 
of vacuum downstream from the valve, thus reducing the force on the disk 
due to water pressure. A by-pass formed by a pipe with an electrically- 
operated valve (6) is provided at the bottom of the valve for supplying water 
to the scroll case before the valve opens and equalizing the pressure on 
both sides of the disk. 

The disk is sealed at its periphery by a rubber ring (11) inserted in a 
recess of the valve housing, and retained by ring (9). The connection to 
the air pipe isby nipple (10). The rubber ring is kept circular by a helical 
spring (12) inserted in it. After the valve is closed, air is admitted into 
the rubber ring, sealing the clearance between the disk and the ring. 

Cylindrical gates. Figure XI.10 shows a spherical valve of 1400 mm 
diameter for a head of 680m. The steel housing (1) is the main part of the 
valve; it consists of two hemispheres bolted together, and contains the steel 
sphere (2) having a central bore. Two pivots (5),bolted to the sphere, are 
guided in the bushings (6) mounted in the housing. A sealing disk (3), fitted 
so that part of the sphere facing the tailwater is foroed by the water against 
a stainless-steel seal ring (4) fitted in the housing. To open the seal, a hole 
provided in the space between disk and sphere is opened to the atmosphere. 
The radial shift of the sealing disk is usually from 12 to 15 mm. A double- 
seal design (upstream and downstream from the sphere) which permits 
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repairs of the downstream seal has come into use recently. The connecting 
flanges of the valve housing shown in Figure XI.10 are not located on the 
axis of symmetry, in order to provide place for the pivots. All parts of 
the valve should be so dimensioned as to be able to withstand high water 
pressure, 

The spherical valve may be rotated by means of a servomotor as shown 
in Figure XI.11. 

Figure XI,12 shows a toroidal plunger servomotor for valves. The to- 
roidal plunger (1) connected to the valve pivot (2) moves inside the annular 
casing (3) through which oil is supplied and discharged alternatively. It is 
very difficult to machine the circular surfaces of the toroidal plunger. For 
servomotors of this type, Allis-Chalmers employs Square cross sections 
with rounded edges instead of circular cross sections, 

Valve control. The control system of the valve depends on the servo- 
motor layout and on function and design. The valve may have to be closed 
only when the turbine is at rest, or 
also in water flowing with normal ve- 
locity, or under emergency conditions 
if the penstock is damaged. As an il- 
lustrative example, Figure XI.13 shows 
the control system of a spherical valve 
of 1700 mm diameter, designed and 
built at the LMZ for a turbine operated 
under a head of 290m. The mecha- 
nisms are shown with the valve in 
closed position. Two oscillating-cyl- 
inder servomotors (16), each of 
400 mm diameter, connected to valve 
levers (15) and actuated by the oil 
supplied from oil pump (1) under a 
pressure of 25kg/cm?2, provide the 
force required to turn the valve under 
emergency conditions when the guide 
vanes and pressure regulator fail to 
operate. A pipe with a nonreturn 
valve (2) is connected to the pressure- 
oil system. The total discharge 
through the pipeline is 33 m?/sec, and 
the water velocity ~15 m/sec. The highest head, Hay , taking into ac- 
count the pressure surge, is 374 m. The oil is fed by the pump into 
the main distributing valve (3), which supplies it to the closing side of 
the servomotor and to the locking valve (13) actuated by combined oil and 
water pressure. The water from chamber (A) of the housing (10) flows 
through the annular clearance into cavity (B) and forces the seal disk (7) 
against the housing. To open the valve, the distributing valve is moved 
upward by means of an electromagnet provided with a ratchet. Oil under 
pressure enters the locking valve (13) and flows from there to the hydrau- 
lically actuated bypass valve (12). Valves (12) and (13) open, and water 
starts flowing into the scroll case and pipe (6), the guide vanes being closed. 
Cavity (B) between the sphere and the sealing disk is connected by means 
of discharge pipe (11) with space (C) after water valve (9) is opened. The 
pressure within cavity (B) is suddenly lowered, and the water pressure in 





FIGURE XI.1Z2. JToroidal-plunger servomotor 
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chamber (A) acting upon the outside of the sealing disk forces it away from 
the housing. The water then flows across the clearance space into space 
(C) and the turbine casing. 
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FIGURE XI.13. Control system of a spherical valve 


If the pressure in the scroll casing rises, the control valve (4) actuated 
by combined oil and water-pressure supplies oil to the opening side of the 
servomotor (16) and the valve opens. 

To close the valve, the electromagnet moves the distributing valve (3) 
into its lower position. Oil flows into the servomotor and the valve closes. 
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A moment is thus created tending to close the valve. To prevent the water 
cylinder of valve (4) from clogging, a strainer (5) is provided in the water 
pipe. The locking and throttling devices ensure the required operational 
sequence of the control mechanisms. The locking valve is connected to 
valve lever (14). 

Selection of valve characteristics and their calculation. The principles 
of valve calculations as proposed by A. E. Zhmud' /64/ are given below. 
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FIGURE X1.14. Flat disk and its characteristics 


In designing a valve, the aim is to obtain minimum losses under normal 
operating conditions. The losses are determined by the formula 


v 
hy = Ca 9 (XI. 24) 
where {= resistance coefficient of valve. 
But, since 
=l 
aD ' 
4 
hy = 0.0827 tS. (XI. 25) 
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For fully-open spherical valves, t£ = 0. 

The principal dimensions of spherical valves are shown in Figure XI. 8, b. 
With butterfly valves, the value of ¢ depends upon the relative disk thick- 
ness b/D and the disk shape. 

B.I. Yanshin /100, 101/ found that a disk of lenticular shape (see Fig- 
ure XI. 14) is most advantageous. It causes the smallest hydraulic losses, 
and has the smallest hydraulic moment when turning. The diameter of the 
butterfly valve has to be determined allowing for the reduction of the pen- 
Stock cross section due to the pressure of the valve disk. 

The reduction of the penstock cross section is allowed for by the coef- 
ficient a 


4F, 
G = D (XI. 26) 


where F, = cross-sectional area of the penstock at the valve. 
With a scroll-entrance diameterd, the valve diameter is 


d 
D, = Va" 
LMZ recommends the following valve diameters: 


Butterfly valves ...... 1200; 1600; 2000; 2500; 3200; 
4000; 4500; 5000; 5600; 6000; 
6500; 7000; 7500 and 8000 mm 

Spherical valves ..... 700; 800; 1200; 1600; 2000; 
2500 and 3200 mm 


The thickness of the valve disk depends on the head; for high heads, i.e., 
large loads, the disk should be thick. 
The following formula is used at LMZ to relate the disk thickness to the 


available head 


b 3 


where H,,,- highest possible static head allowing for water hammer, m. 
B.I. Yanshin gives the following values of the resistance coefficient of a 
lenticular disk for various relative thicknesses with the valve fully-open*. 


Ratio WD .......... 0.05 0.1 0.15 0.2 0.25 0.3 
Resistance coefficient €¢.. 0.031 0.044 0.065 0.096 0.147 0.222 


The dependence of the relative disk thickness 0 and of the coefficients e 
on the head is shown in Figure XI. 14. 


* (Russian original reads "fully closed". ] 
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In designing a valve and determining the forces and moments acting on 
it, it is customary to use experimental data from model tests. The forces 
and moment due to the water flow vary in direct proportion to the square 
of its velocity 


P,=i » 
= À, (a) Dio (XI. 28) 
M, = p, (a) D3o?, 
where a= angle determining the valve position with respect to 
the flow; 
A, (a) and p, (a)= experimental coefficient depending on the valve 


shape. 
The velocity of the water flowing through the valve, the latter in various 
positions, depends on the hydraulic resistance. The head losses should 
therefore also be determined during the model tests 


AH = s (a) -. (XI. 29) 


where e(a)= experimental coefficient depending on the valve shape (and 
angle a |. 


The velocity is: 


* 
Ü = —— —— (XI. 30) 
V le —« (0) + “Ey 


where v and e(0) = velocity and losses in the fully opened valve, respect- 
ively. 
The force acting on the valve disk is thus 


P, = 285 (a) -H (XI. 31) 


a. 7h 
le meong a 


and the moment 


M, = — NOD m HJ. (XI. 32) 


s (a) — «(00 + 


Figure X1I.15 shows the forces and moments due to the water flow acting 
on the valve disk for two cases: 

a) when the lower disk edge moves in the direction of flow during opening; 

b) when the lower disk edge moves against the flow during opening. 
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FIGURE XI.15. Forces and moments acting upon the valve 
disk 


Experiments have shown that the horizontal force R on the disk always 
acts in the direction of the velocity, that the vertical force P, acts upward 
(Figure XI.15,a) or downward (Figure X1. 15,b), respectively, and that the 
hydraulic moment always tends to close the valve. 

For a fully closed butterfly valve, a= 90°: 

1) the horizontal force is 


P,,(90°) = YE AH, (XI. 33) 


where AH -= difference in pressure on disk faces, m W.G. ; 
2) the vertical force P,(90*) = 0; 
3) the hydraulic moment when the axis of rotation is vertical: M (90°) = 0; 
4) when the axis of rotation is horizontal, a hydrostatic moment 


M = a (XI. 34) 


acts on the disk. 

The curves in Figure XI.15, plotted from the experimental data obtained 
by B.I. Yanshin, illustrate the laws of variation of the velocity, hydraulic 
moment, and force acting on the disk when in various positions. The values 
are given for an equivalent hydraulic resistance e= 1. If the resistance 
varies, the character of the velocity and moment curves changes. The 
character of the curve = f (a)plays an important role in the calculation of 
water hammer. 
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In calculating the torque required to turn the valve, the hydraulic moment 
and the friction at the valve pivots must be taken into account. The friction 
depends on the reactions Rp which are determined by the water pressure P 
and servomotor force P, 


M, -f XR, (XI. 35) 


where f= coefficient of friction; 
M= moment of friction resistances; 
rp? pivot radius. 
For the most frequently used valve-actuating systems with oscillating- 
cylinder servomotors (see Figures XI.9 and XI.13), the servomotor force 


P, is 
P, = HEM RE a, (XL 36) 
where R= radius of valve lever; 


distance from axis of rotation of lever to axis of rotation of 

servomotor; 

= angle between lever and line connecting axes of rotation of lever 
and servomotor. This angle changes with the angular position 
of the valve disk; 

z = number of servomotors. 


@ t 2g 
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Chapter XII 


TURBINE REGULATION 


70. HYDROMECHANICAL GOVERNORS 


The motion of the hydro-unit rotor is determined by the basic equation 
of power transmission 


de 
JG = M,—M,,. 


f 
F 
® 
* 
e 
< 
! 


= moment of inertia of the rotor; 
angular speed; 
M, = moment of resistance forces (external load on the generator); 
M,, = moment of driving force developed by the turbine. 
The frequency of the electric current generated should be practically 
constant. Since it varies in direct proportion to the speed of the hydro unit, 


it is essential that Faxo. This is true if the moment of the driving force 


equals that of the resistance forces. 
Mm = M.. 


To maintain a constant frequency, the moment of the driving force must 
conform with the varying load 


Mu wen, 


and the most convenient way of altering the moment of the driving force is 
to vary the flow through the turbine. 

In Francis turbines, the flow is controlled by the guide vanes, in Kaplan 
turbines, by the guide vanes and runner blades jointly. 

Hydraulic turbines are mostly designed for speed regulation, the gov- 
ernor responding to variations in the rotational speed. 

The general theory of machine control and regulation has been examined 
in detail by many authors. Regulation problems specific to hydraulic tur- 
bines have been studied by I. N. Boznesenskii /13/. 

Further research into regulation problems has been done at the LMZ in 
connection with the design of governors for high-power turbines. 

The theory and design of modern hydraulic-turbine governors are treated 
in detail by Yu. I. Garkavi and M. O. Smirnov /16/. 
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The governor maintains constant the speed of the hydro unit by alter- 
ing the driving moment M,,in accordance with the resistance moment M, of 
the generator operating under varying loads. 

To rotate the regulating elements, Le., guide vanes and runner blades, 
large forces amounting to hundreds and even thousands of tons are required. 
These forces are produced by the main turbine servomotors which are the 
final-control elements of the governor. These elements are connected to 
the governor speed-responsive elements which react to the slightest change 
in speed. These speed-responsive elements may be classified as centrif- 
ugal (flyballs), hydraulic, and electric. Hydraulic turbines are generally 
provided with centrifugal governors, in which a change in speed causes a 
variation of the centrifugal force acting on the rotating weights, and there- 
fore of their displacement. This displacement is transmitted to a control 
element directly connected tu the distributing valve supplying pressure oil 
to the servomotors. 

The weights of centrifugal governors are attached to the shaft by elastic 
suspensions of various designs, such as helical springs or leaf springs. 
The latter are widely used nowadays because of their simple design and high 
sensitivity. 

The hydraulic speed-responsive element is driven by a pump that sup- 
plies oil to a cylinder at a pressure proportional to the turbine speed. The 
spring-loaded piston is displaced by the pressure oil actuating the regulat- 
ing mechanisms. 

The electric speed-responsive element is described in this book together 
with the electrohydraulic governor. 

A number of intermediate oil-hydraulic amplifiers, distributing valves, 
and piston servomotors are inserted between the governor and the main 
servomotor to amplify the small impulses of the governor to the forces re- 
quired to operate the guide vanes and runner blades. The distributing 
valves are usually piston valves, the piston being a cylindrical body with 
several lands. According to the position of the piston, some of the valve 
ports are covered by the lands. Pressure oil supplied either directly by 
the pump if the governor is of the direct-action type, or from the pressure 
tank if the governor is of the pressure-tank type, is fed to either end of the 
servomotor cylinder. 

On governors of the direct-flow type /79/, the lands of the piston do not 
cover the ports completely, clearances being left between the edges of the 
lands and the ports. In mid-position, the valve piston has a slight recipro- 
cating motion, thus creating the necessary pressure difference between the 
oil supplied continuously by the pump and the servomotor. Part of the oil 
compensates for the leakages in the servomotor, the rest returning to the 
sump. 

Figure XII.1 shows schematically a direct-action governor. Pump (2) 
is driven continuously by electric motor (1) or through belts from the tur- 
bine shaft. The oil, drawn from sump (8), is supplied to distributing valve 
(4) through pipe (3). From the distributing valve the oil is fed to servo- 
motor (6) through pipes (7). When the valve piston is in mid-position, the 
oil flows through the clearances between the piston lands and the ports into 
the sump. When the flyballs (5) cause the valve piston to move from mid- 
position, oil is admitted into the corresponding servomotor-cylinder port, 
producing the force required. 
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The direct-action governor is usually housed in a cylindrical casing 
which also contains the sump. The gear pump, horizontally located servo- 
motor, the distributing valve, and the flyballs, are mounted on top of the 
casing. 





FIGURE XII.1. Direct-action governor 


The force developed by the servomotor, and the time required for a full 
stroke, depend on the pump capacity. If the pump or the pump drive fail 
to operate properly, the governor cannot regulate the turbine. With this 
type of governor, automatic control of the turbine is difficult to arrange. 
Direct-action governors are therefore used only on small turbines. 

In the pressure-tank governor (Figure XII.2) oil is supplied to distribut- 
ing valve (3) from pressure tank (9). Oil level and pressure in the tank are 
controlled by pump (6), equipped with safety valve (5), relief valve (8) and 
check valve (7). Air supplied to the tank from a compressor builds up a 
sufficient pressure reserve to regulate the turbine for a short period, 
should oil-pump failure occur. 

In the distributing valve (3) of this type of governor, the piston lands com- 
pletely cover the ports when the piston valve is in mid-position, only a 
small amount of oil passing through to compensate for leakages in the gov- 
ernor system, 

During regulation, when the distributing-valve piston changes its position, 
oil is fed from the pressure tank through the open ports into servomotor 
cylinder (4), developing the force required to turn the guide vanes. In 
Kaplan turbines, oil is fed simultaneously to the runner servomotor through 
its distributing valve, which is actuated by a special feedback mechanism 
that ensures the required synchronism between runner -blade and guide- 
vane rotation. 

Hydro-turbine regulation differs from the regulation of other prime 
movers, Alteration of flow velocity through the turbine causes the appear- 
ance of water hammer, and a corresponding change in the head under which 
the turbine operates, For the generator to produce current of a given fre- 
quency, the turbine governor should ensure that, at the end of the regulation 
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process, the rotational speed is the same as at the beginning, i.e., its 
characteristic should be such as to ensure speed-droop compensation. By 
speed-droop (nonuniformity) is understood the ratio of the difference bet- 
ween no-load and full-load speeds to the normal speed. This condition is 
fulfilled by using a pilot-operated (indirect) governor provided with pro- 
portional-plus-floating control-elements [(isodrome control)] (Figure XII.2). 





FIGURE XII.2. Pressure-tank governor 


Speed is maintained constant by inserting a feedback (2) mechanism con- 
sisting of an oil dashpot and a cylinder with an oil-actuated piston. The 
two cylinder-ends are connected by a pipe with constriction. The dashpot 
cylinder is rigidly linked to the servomotor piston by a lever transmission, 
the dashpot piston being linkedtothe lever connecting the governor (1) with 
the regulating valve (3). Regulation is as follows: Under steady -operating 
conditions, the speed of the hydro unit is constant, The governor (1), the 
floating lever (OAB), and the distributing-valve piston (3) are in mid-posi- 
tion, The servomotor piston is maintained by the oil pressure and the re- 
sistance of the regulating mechanism in a position corresponding to equili- 
brium. 

When the load on the generator drops, the speed increases, the angular 
velocity of the flyballs increasing with it, causing the governor sleeve to 
move upward. The floating lever turns about the fulcrum A, assuming the 
new position O’AB’ and forcing the distributing valve downward. Oil is ad- 
mitted into the right-hand servomotor cylinder end, and the piston moves 
to the left, acting upon the regulating mechanism which closes the gates 
and reduces water admission. 
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Simultaneously, through the oil dashpot which initially acts as a rigid 
connection since the oil cannot flow fast enough through the by-pass con- 
striction, the servomotor piston forces point A upward, The lever, turning 
about fulcrum 0’, compresses the spring and moves the distributing valve 
upward back to mid- position. The lever is now in position O'B. The spring, 
striving to assume its former position, returns point A together with the 
dashpot piston [slowly] into mid-position. [Since the turbine speed has re- 
turned to its normal value, the governor sleeve is again at point O. Thus, 
the lever is again in position OAB, although the servomotor piston is in a 
new position corresponding to the equilibrium condition at the reduced load.] 
The regulation process is over only when the servomotor piston stops moving. 

The turbine governor is equipped with various additional control mech- 
anisms: a droop-compensating relay and a speed-changing mechanism. 





— 


FIGURE XII.3. Governor with droop-compensating relay 


The floating lever connecting governor (1) to the distributing valve (3) 
(Figure XII. 3) is provided at point A with, apart from the ordinary isodrome 
control, an additional linkage to the servomotor (4) through the droop-com- 
pensating mechanism and rod (5). 

Toward the end of the regulation process, when point B is nearly at mid- 
position, fulcrum A at the end of lever LMN is not in mid-position because 
of the feedback by the droop-compensating mechanism. The governor sleeve 
connected to the floating lever is also not in mid-position corresponding 
to the normal speed. The unit thus operates at a steady speed different 
from the former. 

The speed-adjustment mechanism permits synchronization of several 
hydro units in a system, with individual loads varying from no-load to 
maximum at normal frequency. The governor is adjusted by means of 
mechanism (6) linked to point C. Thus, steady operation is possible at 
various flyball positions corresponding to different speeds. An upward 
displacement of point C results in a higher speed, and vice versa. 
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Apart from the devices enumerated, the governor also includes a device 
for automatic turbine starting and stopping, a mechanism for limiting the 
guide-vane opening, and other miscellaneous equipment. 

In Kaplan turbines a runner-blade control valve is also provided. 

The simplest mechanical control of the blade-operating mechanism 
(formerly used by many works building Kaplan turbines) is shown in Figure 
XII.4. The force required to turn the blades is transmitted from the gov- 
ernor servomotor (4) to the guide vanes through the regulating shaft (5) and 
to the runner blades through rod (1) and mechanism (3). A double thrust- 
collar (2) is mounted on the shaft. 

This method is appropriate for small turbines, but is inconvenient for 
medium and high-power turbines, since the considerable regulating forces 
require a corresponding increase in size of the rods, levers, and links. 
This type of control has therefore been superseded by hydraulic control 
with rotating servomotors. 





FIGURE XII.4. Mechanical blade control 


Double regulation of Kaplan turbines with hydraulic control is shown 
schematically in Figure I.6. 

The guide vanes are adjusted to the required opening by means of oil 
servomotor (4). 

Oil is supplied to the distributor servomotor through the distributing 
valve (1), displaced by the governor (7), driven electrically from the main 
turbine shaft. 

Runner blades (6) are adjusted simultaneously with the guide vanes. The 
force required to turn them is produced by the oil servomotor (3), controlled 
by the distributing valve (1), connected to the driving mechanism of the dis- 
tributor by means of a rod system and the sliding cam (2). 
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Various layouts have been adopted for the main parts of the runner -blade 
adjusting mechanism. The most important are given below. 
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FIGURE XII.5, Hydraulic control of blade adjustment, 
Verkstaden-Kristinehamn design 


l. Verkstaden-Kristinhehamn (Sweden) design (see Fig- 
ure XI1,5). Servomotor (1) is located above the runner, distributing valve 
(2) inthe hub inside the runner rod, and sliding cam (3) on top of the shaft 
above the oil-supply head (4). In this design the control valve is hydrauli- 
cally operated. 

The positive feature of this layout is the small distances of the servo- 
motor and the distributing valve from the blade-operating mechanism, 
which permits minimum rod length. The large dimensions of the control 
valve, due to its long stroke which equals the servomotor piston stroke, 
are a drawback. If the control valve jams, the runner must be dismantled, 
which requires a good deal of work. 

With this layout it is difficult to install a blade-position indicator. 

2. Voith (West Germany) design (see Figure XIL6). The 
runner servomotor (1) is located outside the hub between the shaft flanges, 
while the distributing valve and the sliding cam are located inside the gov- 
ernor casing (2) in the machine room. A linkage (3) connects the distrib- 
uting valve to the runner servomotor. The disadvantage of this layout is 
the great distance between the servomotor and the blade-operating mecha- 
nism. The distributing valve is readily accessible and its stroke is independ- 
ent of the servomotor piston stroke, which is an advantage. 

3. The layout employed by the LMZ for small and medium 
turbines is shown in Figure XII.7. The servomotor (1) is located inside 
the runner hub, thus requiring only a minimum rod length; the distribut- 
ing valve (4) is mounted on the upper extension of the shaft inside the oil- 
supply head. The servomotor is hydraulically actuated through rod (2) ri- 
gidly connected to the servomotor piston. A cam wedge (6) is located inside 
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casing (5) which also encloses the auxiliary servomotor with the pilot valve. 
The linkage from the distributor servomotor is only slightly loaded, since 
the cam wedge actuates only the pilot valve. 





FIGURE XII.6. Hydraulic control of blade adjustment, 
Voith (Heidenheim) design 


A series of LMZ turbines were equipped with this control and proved 
highly satisfactory in operation. 

The location of the tubular distributing valve (4) in a special housing (3) 
above the generator is characteristic of this layout; the valve encloses the 
end of the control rod which is also used to feed oil to the servomotor. The 
arrangement also includes a runner-blade position indicator. This layout 
was first proposed by V. A. Time /82, 83/. Casing (5) is located in the ma- 
chine room and contains, beside cam wedge (6) and pilot valve (7), also 
manual controls for the runner distributing valve and the cam wedge. 

For large high-power turbines, these arrangements proved impractical, 
since the runner distributing valve mounted on the servomotor piston has 
the same stroke as the servomotor piston; its dimensions become very 
large, necessitating two, or even three, control stages, thus complicating 
the layout. The layout shown in Figure XII.8 was therefore specially de- 
vised at the LMZ by N. N. Kovalev and S. A. Branovskii for the high-power 
Rybinsk and Uglich hydro turbines. Distributing valve (1) is enclosed in 
the casing of the blade-control mechanism located in the machine room. 
Oil is supplied from the distributing valve to the runner servomotor (2) 
through the oil-supply head (3), mounted above the generator. Displace- 
ment of the distributing-valve piston is effected by cam wedge (4), con- 
nected by linkage (5) to the distributor servomotor (6). This layout is sim- 
ilar to that shown in Figure XIL.6, the only difference being in the location 
of the runner servomotor (inside the runner hub) and of the distributing 
valve. | 
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The casing of the blade-control mechanism for the Rybinsk and Uglich 
turbines contains also the manual- and remote-control mechanism for the 
runner distributing valve and cam wedge, as well as all the required 
indicating instruments. 

In the LMZ layouts described, the runner distributing valves are easily 
accessible for inspection and removal. The servomotors are located in- 
side the runner hub, So that the piston rod is of minimum size. A blade- 
position indicator is also provided. 

The separate casing for the blade-control mechanisms enables use of a 
wedge for blade adjustment according to head, and the close grouping of 
all indicating instruments. 

The distributing valves are of simple design. Oil is supplied to the run- 
ner servomotor through pipes passing through the central shaft bore. The 
oil is led in through the oil-supply head mounted on the shaft end above the 
generator. 

Later, improved designs of blade-control mechanisms were worked out. 
One of these, by Yu. I.Garkavi, has a rotating cam instead of a cam wedge. 
The design of the oil-supply head was also simplified. On modern LMZ 
turbines, the casing for the blade-control mechanisms is combined with 
the governor-actuator casing into a common cabinet of type RKO. 

Modern layouts of runner servomotor, oil-supply head, 
and blade-actuating mechanis m are shown in Figure XII. 9, a, b, 
and c. 

In the design adopted by LMZ and KhTZ (Figure XII. 9, a), oilis supplied 
through oil-supply head (1), located above the generator and tubular rods 
(2) passing through the shaft to the runner servomotor (4) inside the run- 
ner hub. The servomotor piston develops the required force P, which gives 
rise to a moment M, acting on the blades by means of rod (3) and blade- 
actuating mechanism (5). This is the best location for the servomotor, 
since the heavily-loaded rod transmitting large forces from the piston to 
the blade levers is thus of minimum length. 

The design shown in Figure XII. 9,b is used by several companies abroad. 
The oil-supply head (1) is also located above the generator and oil is sup- 
plied through the tubular rods (2) to the runner servomotor (4) located be- 
tween the shaft flanges. The force P,developed by the servomotor is trans- 
mitted through the long rod (3) and a lever mechanism to the blades. In 
the author's opinion, this layout is inferior, since it requires a longer rod 
(7 to 10 m) subject to elastic deformations to transmit the force. 

With the recent construction of hydro power plants without separate pow- 
er houses, it has become necessary to eliminate the oil-supply head above 
the generator. Several firms have therefore devised arrangements for ad- 
mitting oil into the shaft through the bearing (Figure XII. 9,c). 

The oil-supply head (1) is integral with the generator bearing, with the 
runner servomotor adjacent. The force P, developed by the servomotor is 
transmitted through the long rod (3) and blade-actuating mechanism (5) to 
the blades. Generally speaking, this arrangement is more complicated 
and less reliable in service. This is evident from Figure XII. 10, which 
shows designs for the oil supply to the runner servomotor through the gen- 
erator bearing (Figure XII. 10,8), and through the oil-supply head located 
above the generator (Figure XII. 10,b). 

In the design shown in Figure XII. 10,a, the servomotor is located in- 
side the generator, the servomotor cylinder (2) forming, at the same time, 
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the base of thrust collar (4) and the hub of the generator rotor (1); the generator 
bearing is mounted in the conical frame (6). Six channels are provided in 
the bearing, with corresponding borings in the shaft, for the pipes (8) and 
(9) supplying oil to the servomotor cylinder through the shaft bore. Under 
the action of the oil pressure, the servomotor piston (3) operates the blade- 
actuating mechanism by means of rod (10). Thus, in this design the bear- 
ing functions also as oil-supply head. Experience with vertical hydro units 
has shown that, in operation, the main shaft vibrates with an amplitude li- 
mited by the bearing clearance, the actual vibration depending on operating 
conditions. Seals for a 1400 mm shaft diameter must be provided in the oil- 
Supply head bearing to prevent the oil, supplied to the runner servomotor 
at a pressure of 20 to 30 kg/cm?, from leaking out. These seals are of 
intricate design and reduce the service life of the turbine. 
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FIGURE XII.9. Various layouts of servomotor, oíl-supply head, and blade-operating mechanism 
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FIGURE XII.10. Designs for the oil supply to the runner servomotor 


In the second design (Figure XII. 10,b), with the oil-supply head located 
above the generator and oil fed through the shaft end, the oil-supply head 
may be made considerably smaller, its diameter being only 400mm. Oil 
is fed to the runner servomotor through pipes (1) and (2) and flows through 
the oil-supply head (4) and rods (7) passing through the 1400 mm diameter 
shaft (5). Oil enters the servomotor cylinder (8) and moves the piston (6) 
connected to short rods. The oil-supply head described is not connected 
to the turbine shaft and thus not subjected to the shaft vibrations, requiring 
therefore less complicated seals and being more reliable in operation. 

The pressure-tank governor has a separate oil-pressure sys- 
tem consisting of sump, pressure tank, pressure pumps, and governor- 
actuator cabinet housing the flyballs, the control mechanism, and the dis- 
tributing valves, The servomotor is mounted directly on the turbine, and 
connected by means of piping and transmissions consisting of rods, levers, 
and cables. 

Figure XII. 11 shows the governor installation of the Uglich turbine manu- 
factured at the LMZ before World War II. The oil-pressure system (1) con- 
sists of two pressure tanks, each equipped with two gear pumps (6) mounted 
on common sump (5), the governor-actuator cabinet (2) and the casing (3) 
for the blade-control mechanisms located in the generator room. 

The type K-350 governor is provided with a 350 mm diameter pilot-dis- 
tributing valve. The flyballs are driven by an electric motor fed by a syn- 
chronous generator mounted on the turbine shaft. The large distributing 
valve (4) forms a separate unit located below the governor -actuator cabinet. 
The runner distributing valve, the blade-control system, and the turbine 
control mechanism are all grouped in a separate casing (3). 

Improved turbine governors of types UK, RK, RKO, and RO were built 
at the LMZ after World War II. 
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FIGURE X11.11. Governor installation of the Uglich 
turbine 


The UK governor has been in use since 1946. It is made in three sizes: 
UK-100, UK-150, and UK-250, the diameters ofthe main distributing valves 
being 100, 150, and 250 mm, respectively. Flyballs with leaf springs, with- 
out hinges and links, and characterized by a high sensitivity, were employed 
for the first time on this model. The oil-pressure system was provided with 
screw pumps which are more reliable than gear pumps. Composite RK 
governors, combining blade and guide-vane operating mechanisms in a 
single unit were designed for Kaplan turbines in 1950; they are made in 
three sizes: RK-100, RK-150, and RK—250, with different distributing- 
valve diameters (100, 150, and 250 mm). 

The special RKO governor, combined in a single unit with the oil-pres- 
Sure System, was designed at the LMZ in 1953 for the turbines of the Volga 
plants imeni Lenin and imeni XXII Congress of the KPSS. Figure XII. 12 
gives a view of the governor. Pressure tank (1) and governor-actuator cab- 
inet (2) are mounted on sump (4); the main distributing valves (3) of the run- 
ner and distributor servomotors are mounted on the wall of the sump, and 
the vertical screw pumps are located inside. Their driving motors (5) are 
mounted on top of the sump. The governor is designed for automatic power- 
system control. 


71. BASIC PRINCIPLES OF AUTOMATIC CONTROL 


Modern electric or hydraulic governors ensure remote control and opera- 
tion of turbines under normal and emergency conditions. 

The automatic control system of a hydro unit is usually devised with the 
following principles in mind: 
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FIGURE XII.12. Type RKO-250 governor 


1. The staff has to supervise automatically operated units only. 

2. The unit is automatically started and stopped by a single control im- 
pulse, after which the mechanisms act in the required sequence. 

3. Correct operation of the unit and its components is controlled by 
mechanical and electrical relays (pressure relays, level relays, speed 
relays, etc.). When one of the mechanisms fails to operate normally, a 
warning signal is given to indicate whether operation may continue for a 
certain time; if not, the unit is automatically shut down. 

4. Emergency shutdown is effected automatically. 

5. Provision is made for manual control of the turbine and its mecha- 
nisms for purposes of testing and adjustment. 

6. The most important elements of the hydro-unit control system, such 
as oil pumps of the pressure-oil system are duplicated by stand-by units 
fitted with automatic-starting devices. 

In line with the above, hydraulic equipment is designed to meet the fol- 
lowing turbine-operating conditions: 
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1) automatic starting, operating in the following sequence after reception 
of the command: the guide vanes open, the unit starts running, the genera- 
tor is synchronized, and switched into the net; 

2) automatic control of rotational speed under varying loads; 

3) automatic refilling of the pressure-oil tank (starting the main oil 
pump); 

4) automatic starting of the stand-by oil pump when the pressure in the 
pressure -oil tank drops below a predetermined minimum; 

5) automatic pumping of air into the pressure-oil tank when the oil level 
rises above normal; 

6) automatic starting of the pump when the oil level rises in the sump; 

7) automatic starting of the ejector (if provided) when the water level 
rises above the turbine cover-plate, with simultaneous indication on the 
control desk; 

8) automatic stand-by lubrication of the turbine guide-bearing from the 
industrial water main (when water lubrication of bearings is employed); 

9) automatic control of the air -admission valve feeding air through the 
turbine bore into the cavity below the runner when the unit is operating 
under unstable conditions; 

10) automatic admission of compressed air into the water passages 
adjoining the runner when the unit operates as a synchronous motor for 
power -factor correction; 

11) normal automatic shutdown which — after reception of the com- 
mand — removes the load from the generator and disconnects it from the 
line, closes the turbine distributor, and brakes the hydro unit from low 
speed to a complete stoppage. After this, the unit is ready to be restarted; 

12) emergency automatic shutdown; 

a) by actuating the start-stop control system of the turbine; 

b) by means of an emergency control valve supplying pressure oil from 
the oil pressure-system directly to the distributor servomotor when the 
overspeed relay acts; 

c) by means of the quick-action intake gates; 

13) automatic changing over of the hydro unit from operating as genera- 
tor to operating as synchronous motor for power-factor correction: after 
reception of the command the distributor is closed, and the water removed 
from the throat ring down to a predetermined level. 

To carry out automatic operation as described, the hydraulic equipment 
has to be provided with various automatic devices, such as: 

1) a pressure relay controlling the fluid pressure and operating at pre- 
determined pressures; 

2) a time relay making the connections after a predetermined interval; 

3) a temperature relay operating when a predetermined temperature is 
attained; 

4) a flow relay operating at a predetermined flow velocity; 

5) a speed relay operating at predetermined rotational speed of the hydro 
unit. 

Automatic devices also include solenoid valves, hydraulically operated 
valves, float devices with electric switches, etc. 
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36—amplifier valve; 


37—starting valve; 38—start and stop electromagnets; 39—amplifier-runner distributing-valve; 40—specíal valve; 41—emergency valve of the blocking device; 42— 
46—servomotor-blocking valve; 47— 


18—runner-blade position indicator; 19— distributor-position 
29— mechanism for cutting-out the dashpot; 30—dashpot; 


20— mechanism to limit opening; 21— planetary gear for adjusment to head; 22— adjustment indicator; 23— quick-action stop; 24—head-sensitive stop; 
51—high-pressure pumps; 52—safety valve; 53—counterweight; 54—special 


55—separate servomotor for emergency shutdown; 56—cable; 57—speed relay; 58— pilot generator; 59—oil-supply head; 60—strainer; 61—hydraulic valve; 
62— lubrication flow relay; 63— pump-priming valve; 64—ejector; 65—contacts; 66—gate ring; 67—curbine stuffing-box; 68—turbine shaft; 69— distributor; 70— 


turbine bearing; 71—runner; 72—drain pump; "73—electrotachometer; 


74— float relay. 


10— minimum-pressure relay; 11— actuating shaft; 12—speed-adjustment mechanism; 13— droop-compensating 
44— distributor servomotor; 45—emergency distributing valve; 


33— counterweight; 34— main distributing valve of the distributor servomotor; 35— distributor hydraulic valve; 


32— pressure gage; 


1—sump level indicator; 2—sump; 3—pressure tank; 4—level relay in pressure tank; 5—check valve; 6—electrically-driven ofl pump; 7—relief valve; 8— pressure 
48— push-button control; 49—servomotor stop; 50—stop~blocking valve; 


mechanism; 14—speed-droop indicator; 15—synchronous motor; 16—flyballs; 17—electrotachometer; 
25—regulation starting-device; 26— governor starting device; 27—regulation cam; 28—auxiliary servomotor; 


FIGURE XII.13. Schematic diagram of the RKO-250 governor 
indicator; 


relay to switch-on the stand-by pump; 9—oil strainer; 
runner hydraulic valve; 43— main runner distributing valve: 


31— oll strainer; 
drainage unit; 


valve; 


72. INTERACTION OF GOVERNOR ELEMENTS 
IN THE KAPLAN TURBINE 


Figure XII. 13 shows schematically the 
type RKO-250 governor used for high-power 
Kaplan turbines. Numbers 1 to 10 indicate 
the mechanisms and devices of the pressure- 
oil system; numbers 11 to 43, the mecha- 
nisms and devices grouped in the governor- 
actuator cabinet and the most important 
servomotor distributing-valves, numbers 
44 to 74, the parts and mechanisms of the 
servomotor, the oil-supply head and the 
turbine itself. It is assumed that initially 
normal operating conditions obtain. When 
load is rejected, turbine output and conse- 
quently water flow are greater than the gen- 
erator requires, resulting in increased gen- 
erator speed. The speed of the pilot gener- 
ator (58) also increases and, with it, the 
speed of the synchronous motor (15) driving 
the flyballs. The increased c-ntrifugal 
forces cause the rotating weights to move 
outward, actuating the piston of the pilot 
distributing valve which moves upward, ad- 
mitting oil to the auxiliary servomotor (28). 
The piston of the auxiliary servomotor moves 
downward, displacing the slide of amplifier 
valve (36), which actuates the main distribu- 
tion valve (34) of the distributor servomotor. 

Oil under pressure is fed from pressure 
tank (3) through distributor hydraulic valve 
(35) and main distributing valve (34) to the 
pressure end of the cylinder of distributor 
servomotor (44), whose opposite end is con- 
nected through main distributing valve (34) 
with sump (2). Oil pressure acting on 
the servomotor piston develops the force 
required to actuate distributor (69), reduc- 
ing the water flow and thus also the power 
developed by the turbine. By means ofa 
cable (not shown in the figure) the servo- 
motor piston rotates the actuating shaft (11) 
which moves the blade-control cam (27). 

The lever, whose roller is pressed against 
the cam, actuates the amplifier runner- 
distributing valve (39). This valve forces 
down the piston of the main runner distribut- 
ing valve (43); pressure oil is fed through 
runner hydraulic valve (42), oil-supply head 
(59), and the rod to the runner servomotor. 
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From the discharge end of the servomotor cylinder, the oil flows through 
the second rod, the discharge chamber of the oil-supply head, and a dis- 
tributing valve into the sump. The oil pressure moves the servomotor pis- 
ton with its rod. The axial rod movement is transmitted by means of a 
crosspiece, lever, and cable (56) to the main runner -distributing valve (43), 
causing it to return to its mid-position. The runner blades turn to an angle 
corresponding to the new distributor position. 

In turning, the actuating shaft (11) pushes the cylinder of dashpot (30) 
upward. By íts rapid motion, the dashpot cylinder carries the dashpot pis- 
ton with it, which latter moves the piston of the auxiliary servomotor (28) 
toward its mid-position, thus causing also the main distributing valve (34) 
to move toward mid-position. The dashpot piston also moves the needle of 
the flyball control valve toward mid-position corresponding to normal speed. 
By means of a spring, the dashpot piston returns to its mid-position. 

Regulation is a damped-oscillation process which comes to an end when 
the guide vanes and runner blades reach their new position. The new rota- 
tional speed of the unit depends on the permissible speed droop. 

When the load on the unit is increased, the regulation process is similar 
but reversed. 

In practice, the action of the various mechanisms of the governor system 
is much more complex because of the many auxiliary devices and mecha- 
nisms employed in the system. 

A change of the equilibrium rotational speed maintained by the governor 
is effected by speed-adjustment mechanism (12) consisting of an electric 
motor and a reduction gear which moves the left end of the lever linked to 
dashpot (30). If, for instance, this end moves downward, the lever turns 
about its right end which is connected to the dashpot rod; a second lever, 
connected to the auxiliary servomotor (28), is moved simultaneously, so 
that finally the piston of servomotor (44) causes the distributor to open: 
turbine speed increases. By moving the speed adjustment mechanism in 
the opposite direction, equilibrium conditions at a lower speed are obtained. 

The speed droop may be varied from 0 to 6% by means of the droop- 
compensating mechanism (13), connected to the actuating shaft and acting, 
as shown in Figure XII. 13, on the same lever to which the speed-adjustment 
mechanism (12) is connected. The blade-control mechanism operates as 
follows: regulation cam (27) is driven by gears from actuating shaft (11). 

A roller is pressed against the cam by oil pressure in the amplifier runner- 
distributing valve (39) acting on its lever. If, for instance, the distributor 
closes, the cam turns so that the amplifier runner-distributing valve (39) 
and, with it, the main runner-distributing valve (43) are actuated, and the 
runner servomotor closes the blades. 

To permit adjustment of the blade-control mechanism connection to the 
head variations, the cam surface has a double curvature. Adjustment to 
head is effected by means of the planetary gear (21), provided with both 
manual and remote control. 

The mechanism to limit opening (20) is actuated either manually or by 
remote control. It acts on the lever whose left end limits the upward (open- 
ing) motion of the valve of auxiliary servomotor (28). 

Pressure oil system. The electrically driven vertical oil pump 
(6) transfers oil from the sump through non-check valve (5) and the isolat- 
ing valve into the pressure tank (3). Oil under pressure is fed to the gov- 
ernor through the pressure pipe and flows back through the return pipe to 
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sump (2). When the pressure in the tank attains the required value, relief 
valve (7) opens, and oil is discharged from the pump directly into the sump; 
check valve (5) is then closed by the pressure, preventing reverse flow. 

If the relief valve fails to open, pressure may continue to rise. A safety 
valve must therefore be provided to prevent undue pressure rise in the tank. 
Two pressure relays, operated by clean oil, are mounted on the duplex 
oil strainer (9). Pressure relay (8) switches on the stand-by pump if the 

oil pressure in the tank drops approximately 20% below normal. 

Minimum-pressure relay (10) causes turbine emergency shut-down when 
the pressure in the tank drops below a predetermined minimum at which 
the distributor can still be closed. 

A sump-level indicator (1), which signals whenever minimum or maxi- 
mum oil level is reached, is provided in the sump. A level indicator and 
a level relay (4) are provided in the pressure tank. 

Full automatic control of turbine operation involves additional equipment, 
and requires a strict sequence of operation in a modern unit designed for 
fullautomatic control, normal starting and shutdown procedure is as fol- 
lows, provided the oil pressure system operates normally: 


Turbine starting 


1. The switchboard operator turns the main control key of the hydro 
unit into the "start" position. 

2. The electromagnet moves the valve of the hydraulic valve (61) for 
water lubrication of the main turbine bearing. The electromagnet actuates 
the valve and is then de-energized. The hydraulic valve opens, water is 
fed to the turbine bearing (70) and the lubrication flow relay (62) closes 
the switches for the following operations. 

3. The starting valve (37) is actuated. The distributor and runner hy- 
draulic valves (35) and (42) open. The turbine blades are adjusted to the 
starting position, the distributor is closed, the servomotor -blocking valve 
(46) is actuated, and the servomotor stop (49) is disconnected. 

4. The distributor opens until the starting position is reached. The unit 
starts to run. The governor-starting device (26) gradually opens the dis- 
tributor, and the speed increases accordingly. The runner blades assume 
a corresponding position. 

5. When normal speed is approached, the flyballs (16) take over the reg- 
ulation of the turbine. The distributor opening is reduced to no-load value. 

6. When normal speed is reached, the unit is ready for synchronization 
and connection to the line. 


Unit shutdown 


1. The unit is unloaded, the generator disconnected from the line, and 
the distributor closed to no-load position. The control key is turned to the 
"stop" position. Several relays, interacting to shut down the turbine, are 
put into operation. 

2. The shutdown electromagnet, which actuates the remote-control valve, 
is switchedon. The distributor is closed and the locking device is switched on. 
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3. When the speed drops to 35% of normal, the speed relay is actuated 
and energizes the generator-rotor brakes. 

4. After the generator rotor has been braked, water to the bearing is 
shut off. The hydraulic valve on the industrial-water main closes. The 
runner blades assume their starting position. The hydraulic valves of the 
governor close. 


Emergency shutdown 


Automatic emergency shutdown of the turbine occurs in the event of 
equipment failure, storm damage, etc. The shutdown is connected by the 
contact switches of one of the following protective devices: 

a) key for manual emergency shutdown; 

b) relay protecting against failure of water supply to bearing; 

c) relay protecting against pressure-drop in the oil tank; 

d) overspeed relay. 

The operating sequence during emergency shutdown is similar to that 
during norma! shutdown. 

Modern hydromechanical speed-regulation governors 
are extremely reliable and sensitive, and ensure stable regulating conditions. 

However, the isodrome-control elements of the governor have a high 
inertia and therefore do not respond quickly to small speed variations or 
when the speed-adjustment mechanism is switched on, This drawback can 
be eliminated by reducing the inertia of the isodrome elements, or by com- 
pletely cutting them out when the turbine supplies current to a large system. 

The main limitation of existing hydromechanical governors in the light 
of modern requirements is that they do not ensure over-all speed regulation 
of a whole group of turbines, and require the use of additional frequency 
regulators or other devices. 

As a recent development, governors are being provided with special 
electromagnetic corrective devices which permit group regulation. These 
devices, however, have many disadvantages. In order to solve the problem 
of group regulation, hydromechanical governors must be replaced by elec- 
trohydraulic governors (EHG). 


73. ELECTROHYDRAULIC GOVERNORS 


Increase in system power, extension and ramification of transmission 
lines, and automation of individual generating plants and entire power sys- 
tems, have posed new problems and put forward new requirements concern- 
ing hydro-turbine governors. 

It was once considered sufficient to ensure stable speed regulation to 
compensate for changes in the individual load on the unit and to permit ad- 
justment of speed droop from 0to6 or 8%; these arrangements made possible 
operation in parallel of generating units, the load being apportioned to each 
according to the static characteristics of the hydromechanical governors, 
for which they were quite adequate. 
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Large hydroelectric units are nowadays practically always operated in 
parallel, and load distribution according to the static characteristics of 
their hydromechanical governor becomes inadequate for the following rea- 
sons: 

1. The load is not distributed according to economic requirements, but 
according to the static characteristics of the governors which may be al- 
tered only by hand. 

2. Under fluctuating-load conditions it becomes necessary, in order to 
maintain frequency constant, to employ secondary frequency control. This 
complicates the regulation system. 

3. Even a high-power hydro unit is inadequate for the regulation of power- 
system frequency according to floating-control characteristics (with zero 
speed drooporcloseto it). Plants with a large number of high-power units 
can only maintain a constant frequency of the whole power system if stable 
parallel operation of these units is effected with floating-control charac- 
teristics. 

4. In multi-unit plants, individual control of each unit becomes incon- 
venient. When the number of units in operation is changed, load redistrib- 
ution among the units has to be carried out by adjusting the governor set- 
tings of each unit. This must also be done when the load carried by the 
entire plant varies, the frequency remaining constant. 

All this creates a need for group regulation, which is to ensure: 

a) control of any number of units at a given plant, as one single entity; 

b) equal load distribution among individual units, or maintenance of uni- 
form distributor openings; 

c) automatic program-controlled variation of plant load; 

d) operation of the whole plant with speed droop adjusted from the main 
switch panel; 

e) adjustment, in accordance with the loading program, of the settings 
of the various governors, taking into account economic factors, power 
transmission, fluctuations, etc. 

Obviously, with group regulation, the whole problem of turbine regula- 
tion changes. 

Various electrohydraulic governors have been designed according to the 
above requirements. 

The electrohydraulic governor designed at the LMZ consists of the hydro- 
mechanical actuator and the electrical equipment cabinets, both mounted 
in the machine room. The electrical equipment cabinet contains the elec- 
trical part of the governor only, while the actuator cabinet contains the 
hydromechanical devices. The governor ensures automatic control of the 
unit under the following conditions: no-load operation, individual operation, 
group operation of units and regulation of power supply to an entire power 
system. 

A special tachogenerator of about 100va output — connected to the main 
shaft — transmits current at a frequency of 50 cycles to the electric meas- 
uring circuits of the governor. When the speed of the unit changes, the 
frequency of the tachogenerator supplies changes also, whereupon a dis- 
criminator responding to frequency variations emits an electric signal. 
After being amplified, this signal is transmitted to the electromechanical 
final-control element, where it is transformed into a mechanical displace- 
ment transmitted through the lever system of the amplifier valve to the 
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main governor valve. Being moved from its mid-position in direct propor- 
tion to the strength of the electric signal, the main governor valve feeds 
oil under pressure to the servomotor of the turbine distributor. The guide 
vanes turn in the direction corresponding to the sign of the electric signal. 

The mechanical restoring link transmits the motion of the servomotor 
piston to the shaft located inside the governor. From there the motion is 
transmitted further to electric transducers (potentiometers) which actuate 
the following electrical elements of the governor system: 

1) isodrome controls for varying the response characteristics within 
wide limits, and for automatic readjustment when the load changes from 
full to idling, or vice versa; 

2) droop-compensating mechanism, which may be adjusted for speed 
droops from 0 to 10%; 

3) speed-adjustment mechanism, permitting load control and synchron- 
ization of the unit for connection to the grid; 

4) output or distributor-opening control for group regulation. 

The distributor-opening limiting-mechanism is connected to the actuat- 
ing shaft. 

The governor electric relays provide for rapid readjustment of the gov- 
ernor when the operating conditions change. The energizing current for 
the relays is 220v d.c. or a.c. 

Starting, shutdown, manual control, and the limiting of the distributor 
opening are effected by the distributor-opening limiting-mechanism, which 
may be remote or manually controlled. 

The governor electrical-equipment cabinet contains the following elec- 
tricaldevices: the frequency discriminator, the speed-adjustment mecha- 
nism, the blocking relays, the protective relays, the transformers, and 
the power control or device for group regulation. The electrical-equipment 
cabinet is connected to the governor-actuator cabinet and to the main switch- 
board of the plant by means of electric cables. 

The frequency discriminator includes the device for measuring the ro- 
tational speed of the unit, the electrical isodrome controls, the phase- 
sensitive discriminator, the electronic amplifier, the relay for speed- 
droop compensation, the device for group regulation, etc. The frequency- 
discriminator generates an electric regulating signal of equal sign to, and 
directly proportional in strength to the magnitude, and to the required dis- 
placement of the governor distributing valve. 

The contact system and protective relays are of the magnetic -switch 
type; they control all the automatic operations of hydro-unit control under 
starting, shutdown, and varying-load conditions, and protect the unit in 
the event of failure under normal operation. 

Transformers are provided for the power supply to the electrical equipment. 
In contrast to the ordinary centrifugal governor with flyballs, the operations 
performed by electrohydraulic governors — measurement — act by means 
of electrical devices. 

The resultant electrical signal (composed of two pulses) actuates the 
electromechanical devices which transform it into the proportional dis- 
placement of a rod. This displacement is then amplified hydraulically in 
several stages to the magnitude required to actuate the turbine distributor. 

The main advantage of the electrohydraulic governor is that the regulat- 
ing signals (from the speed- measuring instrument, isodrome controls, 
compensating mechanism, speed-adjustment mechanism, etc.) obtained in 
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the form of electric-voltage pulses may easily be combined in any desired 
proportion. Similarly, they can be combined with other electrical signals: 
from the device for group regulation, devices for water-flow and overcur- 
rent measuring on the transmission lines, or from other governors. 

Figure XII. 14 shows the wiring diagram of the frequency discriminator, 
tachogenerator, and operator. 

Speed-measuring device. The device for measuring the rotational speed 
of the unit is based upon the variation with frequency of the impedance of 
an LC circuit (parallel-connected capacitor C, and choke coil L,). 

Since the tachogenerator for the LC circuit is connected to the main 
shaft, its frequency varies in direct proportion to the rotational speed. 

The values of C, and L, are selected so that resonance of the circuit occurs 
at a frequency of 50c, corresponding to normal speed. At resonance, the 
circuit impedance rises abruptly (becoming infinite for an ideal circuit) 
and practically no current flows through it. 

When the rotational speed rises or drops, a capacitive or inductive cur- 
rent, respectively, proportional to the speed deviation, flows in the circuit. 
This current is then combined with other regulating signals, rectified by a 
phase-sensitive rectifier, amplified, and fed to the actuator. 

The extension rod of the actuator is moved in the corresponding direc- 
tion, and the distributor opening is varied by means of the hydromechanical 
part of the EHR governor. 

Electrical isodrome control. The action of the electrical isodrome con- 
trol is based upon the property of an rC circuit (series-connected capacitor 
C, and a set of resistors r, — r«) topermit passage of achargingor discharg- 
ing current which, after the variation of the applied voltage, gradually de- 
creases to zero, as the oil-dashpot piston returns to its mid-position after 
being displaced in its cylinder. 

The voltage fed to the rC circuit from the potentiometer (not shown in 
the diagram) varies with the distributor opening, since the potentiometer 
is connected to the governor shaft. 

Phase-sensitive rectifier. The phase-sensitive rectifier is a device 
which converts the a.c. signals from the speed-measuring device (the LC 
circuit), the compensating potentiometers, the speed-adjustment mecha- 
nisms, etc., into d.c. signals of corresponding magnitude and sign. These 
d.c. signals are then amplified by an electronic amplifier. The phase- 
sensitive rectifier consists of rectifying B, and B, bridges composed of 
crystal diodes of type DG-Ts27 (D7J), and the input transformer Tp,. The 
control voltage is supplied by special windings of the power transformer 
Tp, . The resistors r, and s,, inserted in the circuits of these windings, 
limit the current flowing through the diodes. Ana.c. signal fed to the 
primary winding of the transformer Tp, develops a corresponding d.c. volt- 
age (the rectified signal) between the mid-point of the secondary winding 
and the common point of both rectifying bridges. The rectified signal is 
fed to the input of an electronic amplifier (one of the electronic valve grids). 

Electronic amplifier. The purpose of the amplifier is to provide an 
electric signal of adequate strength at the discriminator output. Itisa 
direct-coupled differential amplifier incorporating the double -triode T, 

Droop-compensating device. A device, consisting of three potentiom- 
eters, is provided on the EHR governor to enable the unit to be operated on 
a static characteristic. The slide of one of the potentiometers is connected 
to the piston of the main servomotor. The voltage difference between the 
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Tachogenerator Operator FIGURE XII. 14. Wiring diagram of discriminator, tachogenerator and 
operator of the electrohydraulic governor 


ii ad T, —electronic amplifier; Tg —gas-filled kenotron; R, —controller for ad- 


justing the isodrome-control time for no-load operation; R»-controller 
for adjusting the isodrome -control strength for no-load operation; R4— 
controller for adjusting the isodrome-control at full-load; Tp) —input 
e transformer of the isodrorne-control circuit; Tp,-— input transformer of 
the frequency-regulation signal; Tp4— input transformer of the distribu- 


tor-opening adjusting signal; Tp ar input transformer of the droop-com- 
pensating signal; Tp,—input transformer for LC circuit tuning: Tpc— 
power transformer; Tyg input transformer of the phase-sensitive device: 
By and Bg—rectifying bridge of the phase-sensitive system; B4 and B4— 
rectifying bridges for the electronic-tube voltage supply; Bs—rectifying 
bridges for the isodrome -control circuit; D1— choke coil of the isodrome-control circuit; Lj—choke coil of the 
LC circuit; P—contact switch relay for the isodrome-control link; tj and rz-resistors in the oscillator circuit 
of the operator; r4 to re—resistors in phase -sensitive circuit; rg— cathode resistor of the tube V1; r4 to rj g—re- 
sistors in the isodrome-control circuit adjustment to no-load; r4 to r4g— resistors in the isodrome-control 
circuit for adjustment of isodrome control to no-load; trjg to rog— resistances in the circuit for adjustment of 
isodrome-control to full-1oad; ro4— resistor in the filter circuit of the isodrome control; rog— resistor for 
compensating the current fluctuations in the LC círcuit; rog— shunt resistor across the input winding of trans- 
former Tp4: r39-— resistor in the circuit of relay P; Cy and Co— filter capacitors in the electron-tube feeding 
circuit; C4—capacitor of the isodrome-control circuit (in the differentiating circuit rC); C4— phase-shifting 
capacitor; Co—capacitor in the filter circuit of the isodrome-control; Cg— capacitor of the LC circuit; 

C4-— capacitor in the oscillator circuit of the operator coils. 
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outputs of another potentiometer varies in direct proportion to the servo- 
motor stroke; the same potentiometer serves as voltage divider, by means 
of which the speed droop may be adjusted from zero to maximum. 

The voltage divider supplies a voltage proportional to the speed droop; 
this voltage is combined with other regulating signals, amplified, and finally 
actuates the EHG governor. 

Speed-adjustment mechanism, The mechanism for speed adjustment 
alters the distributor opening by means of a special potentiometer equipped 
with an electric motor, selsyn drive, and an electromagnetic clutch for 
their connection. 

When the hydro unit is operated under individual-regulation conditions, 
the potentiometer is connected to the electric motor controlled by push- 
button contacts from the plant switchboard. 

When the unit is operated under group-regulation conditions, the clutch 
automatically disconnects the electromotor and connects the selsyn drive 
(the selsyn receiver); the potentiometer slide follows the distributor open- 
ing, since the selsyn transmitter is connected to the actuating shaft. 

Operator. The operator is the connecting element between the electrical 
and hydromechanical parts of the EHG governor. The electrical part of 
the operator consists of a moving-coil system whose action is based upon 
the motion of a solenoid in the magnetic field created by a permanent mag- 
net. The solenoid actuates both a small hydraulic valve and the operator 
rod. 

The hydromechanical part of this governor is shown schematically in 
Figure XII. 15. 

All the elements are shown in the positions corresponding to normal 
operating conditions, with automatic control of the unit effected by the actu- 
ator (33 and 41). When the lever of the operator connecting switch is turned 
to the "automatic" position, pressure oil, admitted from the pressure pipe 
of the main distributing-valve cylinder (9) through valve (27) and strainer 
(28) into the space below piston (34), passes through the orifice into the 
space above piston (34). 

The pressure in the space above piston (34) depends upon the position 
of cap (42) with respect to the rod end of piston (34), since the cap covers 
a radial opening in the rod through which the oil from the space above the 
piston drains into the sump. Piston (34) is a differential piston, so that 
the forces acting upon the piston balance each other when the pressures 
above and below the piston are inversely proportional to its areas. 

When cap (42) is raised or lowered, piston (34) moves upward or down- 
ward, respectively. Cap (42) is rigidly connected to solenoid (37) held by 
lead spring (38). Solenoid (37) is placed in a constant magnetic field. When 
energized by the electric current fromthe discriminator, the solenoid moves 
together with the cap, followed by piston (34) with its rod, which moves 
slide (30) of the pilot valve by means of the lever and rod (31). Oil is ad- 
mitted through pilot valve (29) into the auxiliary servomotor (11) whose 
piston is connected with the main distributing valve piston (10) and causes 
the latter to move. 

The travel time of the distributor servomotor at distributor opening and 
closing, and the stroke of the main distributing-valve piston (10) are ad- 
justed downward (closing) by means of nut (12) and upward (opening) by 
means of screw (14). 
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FIGURE XIIL 15. Hydromechanical diagram of the electrohydraulic governor 


| electrical tachometer, 2—transducer of isodrome control; 3—restoring-link mechanism; 4-—cable; 
5—potentiometer; 6—weight; 7—lever; 8 —cable ends; 9—main distributing-valve cylinder; 10— 
main dístributing-valve piston; |! —auxiliary servomotor; 12—nut; 13—support; 14—screw; 15— 
lever; 16—handwheel ;. 17—main indicator; 18 and 19—pointers; 20—límit switches; 21 —limiting 
switch; ??-—electric motor; 24—reduction gear; 24—actuating shaft; 25—lever; 26 —opening-control 
screw; 77—valve; ?8—oil strainer; 2! —pilot valve; 30—slide of the pilot valve; 31—rod; 32— 
lever; 33 —hydromechanical part of the actuator; 34—piston of the operator auxiliary servomotor; 

45 —lever disconnecting the operator; 36—magnet; 37—solenoid; 38—leaf spring; 39—three-way 
cock; 40—pressure gage; 41 —electrical part of the actuator; 42—cap. 
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Governor operating-sequence. If, for instance, load is rejected, so that 
the moment of the driving forces is greater than the moment of the resist- 
ance forces of the generator, the speed begins to rise. The frequency of 
the current supplied by the tachogenerator, rigidly connected to the hydro 
unit shaft, also increases, The electrical part of the governor causes the 
current intensity in the actuator solenoid to alter, so that the solenoid 
moves downward. The piston of the auxiliary servomotor is thus also forced 
downward. The right-hand end of the lever is lowered, pivoting lever (15) 
about the left hinge by means of rod (31). 

The slide (30) of the pilot valve also moves downward, and oil is admitted 
into the space above the piston of servomotor (11), forcing main distribut- 
ing-valve piston (10) downward. Simultaneously, the left-hand end of lever 
(15) moves downward, pivoting about the lower end of rod (31) and returns 
slide (30) to its mid-position, cutting of the pressure-oil supply to the aux- 
iliary servomotor (11). The main distributing valve piston ceases moving 
downward. "Through the port of main distributing-valve cylinder (9) oil is 
admitted into the distributor servomotor causing it to close the distributor. 
Through the feedback lever (7) is turned through a certain angle with the 
closing distributor, moving support (13) and with it, by means of the per- 
manently stretched cables (4), the slides of potentiometers (5) from which 
electric signals are sent to the discriminator. After being combined and 
amplified, the signals cause solenoid (37) to move upward. This makes the 
slide of the pilot valve move upward too. Thus, the space above the piston 
of the auxiliary servomotor (11) is connected to the sump, and the main 
distributing-valve piston (10) moves upward, allowing pressure oil to enter 
the distributor servomotor: the distributor movement is stopped. The 
turbine governor is brought to a position that corresponds to the new load. 

Operation of the distributor-opening limiting- mechanism. This mecha- 
nismisusedto limit turbine output. For this purpose, the mechanism is 
set in the required position either manually, by means of handwheel (16), 
or by remote control through the electric motor (22). 

Shaft rotation is transmitted through a helical gear to a screw; this 
turns and moves the nut, guided by a key, upward. The movement of the nut 
changes the position of the left-hand end of lever (25). If the mechanism 
is operated, for instance, so as to reduce the distributor opening, the left- 
hand end of lever (25) is lowered, thus pressing with its mid-point on the 
opening-control screw (26), which limits the upward travel of the pilot-valve 
slide (30). The distributor-opening limiting- mechanism may be used to 
close the distributor completely; for this, the left-hand end of lever (25) 
should be pulled downward to the maximum, its mid-point forcing down the 
right-hand end of lever (15) by means of screw (26) and, with it, the pilot 
valve slide (30). 

This causes the distributor to close, after which the actuating shaft and 
lever (32) make slide (30) move upward and return main distributing-valve 
piston (10) to its mid-position. 

The limit switches (20) and (21) connect and disconnect the electric mo- 
tor (22) when the turbine is started and shut down. 

The distributor-opening limiting-mechanism is provided with pointer 
(19) on the main indicator to indicate the permissible distributor opening. 
The main indicator (17) is connected with the actuating shaft by one of 
cables (4). Pointer (18) indicates the actual opening of the distributor, 
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74. SELECTION OF BASIC PARAMETERS FOR TURBINE REGULATING SYSTEMS 


Selection of governor. The dimensions of the governor are determined 
by the diameter of the main distributing valve. This diameter is usually 
taken as equal to the diameter of the pipe supplying oil to the servomotor 
of the regulating element. It is therefore necessary to obtain the required 
speed of the regulating element during the regulating process. 

Oil flow through the main distributing valve is 


Q, - $-. (XII.1) 


where V, = W, +, total volume of both distributor servomotors; 
T. = time required for full servomotor piston travel de- 
termined by plant-regulation conditions*. 
The diameter of the pipe connecting the main distributing valve with the 
servomotor is 





4 
d, = YX A (XII.2) 
where v, = oil flow velocity through the pipe. 
The oil flow velocity v, usually varies between 4 and 8 m/sec. 
The velocity of the servomotor piston is 
= 28. 
= V 2 (XIL.3) 
where Ap = total oil pressure losses in the line from the pressure tank to 
the servomotor; 
A, = equivalent resistance coefficient referred to the servomotor- 


piston areas. 
[Y = specific gravity of oil. ] 
The oil-pressure losses are 


Ap = (0.3 to 0.5) pe, 


where f, = oil pressure, 2atm less than the pressure in the pressure tank. 
The equivalent resistance coefficient of the system is 


A, = Aw + A v Anp (XIL. 4) 
where A,,, = equivalent resistance coefficient of the oil pipe; 
ny 7 Equivalent resistance coefficient of the main distributing valve 
passages; 
Anp = equivalent resistance coefficient of the main dist.-ibuting-valve 
piston lands 
F 2 
Ano = Zt (FE). (XIL.5) 
* [Time required by distributor to close. | 
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where Į% = resistance coefficients of the oil pipe sections; 
F, = servomotor piston area; 
F, = cross section of the oil pipe. 
With the distributing valves employed on turbine governor systems, the 
coefficient A,, usually is 


A, = 20 ( Fa x 
nv (7) 
where 
adi 
F, = — (XII.6) 
d, = valve diameter. 
The coefficient A,, is 
Fa M 
Anp=0.9(7%), (XILT) 


where s = maximum effective distributing-valve stroke. 
In hydraulic-turbine design practice: 
for distributing valves of distributors 


s, = 0.ld; 
for distributing valves of runner servomotors 
s, = 0.15d,. 


Calculation of rated power-plant regulation conditions makes it possible 
to determine the time required for the distributor servomotor to close the 
distributor after full load rejection. This time affects the speed rise of the 
hydro unit, the magnitude of the water-hammer in the penstock, and the 
pressure drop in the drafttube. A short closing time leads to small speed rise 
after load is rejected, but causes a considerable pressure rise in the scroll 
case. If the rated closing time is slightly longer, the pressure rise in the 
Scroll case is less, but the speed may attain inadmissible values. 

By calculating the rated plant-regulation conditions, the closing time 
and the magnitude of the flywheel effect of the hydro-unit rotor may be found, 
which give the permissible values of speed- and pressure rise during the 
regulation process after sudden load rejection. In practice, speed rise 
should not exceed 35 to 45%. a s 

; _ Haas — — 

The permissible pressure rise § = FOE S is: 


for high-head turbines (H > 100 m) 


E = 0.15 to 0.3; 


for medium-head turbines (H 2100 to 40m) 


— = 0.3 to 0.5; 
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for low-head turbines (H < 40m) 


E = 0.5 to 0.7. 


The relationship between the rise in speed after sudden full load rejec- 
tion and the flywheel effect is given with sufficient accuracy by the formula 


6 = V A zd. (X1I.8) 


where N = turbine shaft output; 

T., = time required to close the distributor from full opening (usually 

a few seconds); 
[ = coefficient allowing for the effect of head variation under water- 

hammer conditions; it depends on the penstock characteristics 
and varies from 1.0 to 1.7; 

n, - Speed, rpm, before load rejection. 

For full load rejection 
T., =0.9% for Francis turbines; 


Tı 220.77. for Kaplan turbines. 


The precise calculation of rated power-plant regulation-conditions makes 
it possible to determine the influence of the servomotor motion, the varia- 
tion in turbine efficiency, the kinematic connections between distributor and 
servomotor, and the turbine characteristics. This calculation is usually 
performed during the final design of the hydro unit. 

The magnitude of the flywheel effect is of great importance for steady op- 
eration, particularly during the regulation process. 

The flywheel effect of the unit depends mainly on that of the generator, 
since the flywheel effect of the turbine is only about 10% of that of the gen- 
erator. The flywheel effect of the generator is usually determined by the 
generator supplier, who establishes also the required distributor -closing 
time. 

The magnitude of the flywheel effect required by regulation conditions 
depends on the hydro-unit output and speed, closing time of the distributor, 
and increase in head. These values are interdependent, and are determined 
during calculation of regulation conditions. 

The flywheel effect of the generator is approximately 


2 — 4 n 2 
GD 3 (Di. Ds.) ^ mte, (XII. 9) 
where D,. = outer diameter of the rotor; 
i, = length of the active iron [of the rotor]; 


D,.. = inner diameter of the generator rim. 
The inner diameter of the rim is 


D, = D, — 2h, — 2he, 
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where h, = height of the poles; 
h, = width of the rim. 

The calculated value of the flywheel effect has to be increased by 10% to 
allow for the flywheel effect of the turbine runner and the armature of the 
exciter. 

Determination of the sizes of the pressure-oil System. The pressure- 
oil System is characterized by the capacity of the oil-pressure tank. 

Standard series of pressure-oil system are given in Table XII. 1. 


TABLE XII. 1 


Pressure -oil systems 
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1600 2800 


3000 3000 
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To select the tank volume, the amount of oil required for the regulation 
process should be known. This is determined for the most unfavorable 
operating conditions of the servomotor to which the oil is supplied, allow- 
ing for leakages. When oil flows out, the pressure in the tank drops since 
the pump delivery is not equal to the maximum possible oil outflow from 
the tank. 

After oil has been used for regulation, the air contained in the tank must 
maintain the minimum pressure required to close the distributor. The 
pressure drop in the system will (for the same volume of oil used) increase 
inversely with the amount of air and the pressure obtaining in the tank in- 
itially. 
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The total volume of the oil-pressure tank is 


Vv =V + AV + Ve» (XII.10) 
where Vj; = volume of air required initially in the tank; 
AV = maximum volume of oil supplied from the tank; 
Ves = volume of the air reserve in the tank based on structural con- 


siderations. 
Experience showed the expansion inside the tank is adiabatic. At any 
moment, the relationship between the volume of air V and the pressure in 
the tank is 


pV* = const, (XII.11) 


where k = 1.41 = adiabatic exponent. 
The following relationship obtains between the air volume (Vo, p,) initially, 
and after oil-discharge from the tank (V,, py) 


p,V3 = pyV*. (X1I.12) 


After an emergency shutdown of the turbine, the volume of air and the 
pressure in the tank are 


Vs = Vo + AV; | (X1I.13) 
Pi = Pures 


where p,,, = minimum permissible pressure in the tank required for clos- 
ing the distributor. 
Consequently, by (XII. 12) and (XII. 13) the required air volume in the 
tank is 


V, = AV (X 11.14) 


The largest volume of oil taken from the tank is the sum of two volumes 
AV = AV, + AV.,, (XII.15) 
where AV, = maximum oil volume used for regulation purposes; 


AY,,,, = oil volume used for emergency shutdown. 
Consequently, by (XII. 10), (XII. 14), and (XII. 15) 


V, = (AV, + AV, / E — +1" + V. (X1I.16) 
y 22 — 
( Paia | 
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The values of AV, and AV, are calculated according to the following con- 
Siderations: 

The value of AV, is usually determined for the most unfavorable regula- 
tion conditions which, in the Kaplan turbine, occur after complete closing 
of the runner blades and several oscillations of the distributor. After this, 
the hydro unit is again put on line and takes on the full load, which causes 
full opening of runner blades and distributor (this usually takes place 
smoothly). As a result, the pressure in the tank drops until the minimum- 
pressure relay operates, causing emergency closing of the distributor. 

In a Kaplan turbine, the maximum volume of oil used during the regula- 
tion process is 


AV, — (a 3- ) V, +2, — (7T. € T,)(€Q,— 9. (XII.17) 
where V, = volume of the distributor servomotor -cylinder; 
V, = volume of the runner servomotor -cylinder; 
a=1.5to2 = number of distributor-servomotor piston-strokes ef- 
fected during runner -blade closing; 
Tec and T, = closing and opening times of the runner blades; 


q = oil leakages per unit time in the governor system; 
ZQ, = total pump delivery per unit time regulation. 
The volume of oil used under emergency conditions is 


AV. = V, HELV, Ta. (XII.18) 


where 7, = closing time of the distributor. 
In Francis turbines, maximum volumes of oil used for regulation and 
emergency shutdown are respectively 


AV,=(a+1) IV, — T, ZQ;— 9k" (XII.19) 
AV. =V; + Tyg. (XII.20) 


Consequently, the total volume of the pressure tank is, by (XII.16) to 
(XII.20). 
for Kaplan turbines 


V, =[@+29M + (24 7 )V —(he + To) 20,—0]x 


a OEE eV (XII.21) 
‘ Po ex 
} Pmin 


for Francis turbines 





V. =((a+2)Vi +7 (TQ — g) (a - 1) - T, g]x 


x — t + Ves- (XII.22) 
Vu 


* [The meaning of @ is not clear in this formula, since Francis turbines have no adjustable blades. J 
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The relationship between the times required for full strokes of the dis- 
tributor and runner servomotor -pistons is: 
closing 
Tic = 67,; 
opening 
Fro = 3T, e 
The initial pressure in the tank is 
Po = p,— Ap;, 
where P, = upper limit of the normal pressure in the tank; 
AP, = 1.5 to 2.0 kg/ cm? - pressure reduction caused by the action of the 


relief valve of the pump. 
The minimum pressure in the tank is 


Pan =p, + Ap, 


where p, = minimum pressure required in the servomotor, determined by 
the forces acting upon the distributor; 
Ap = 0.5 to 1.0kg/cm2, 
The pump delivery Qp is determined by the time T, during which the oil 
for the regulation process flows from the tank, By (XII. 17) and (XII. 19) 
[ AVp = Te Z Qp) 
for Kaplan turbines 


LG DV.O +2V; . . 
Q, Beth tT.) TE? (X11.23) 


for Francis turbines 


Q = TD T (XII.24) 
for medium turbines 
T, = 80 to 140 sec; 
for large turbines 
Te = 140 to 200 sec. 
For determining total pump delivery, it has been assumed that one pump 


discharges oil into the tank continuously, while the other works only part 
of the time: 


Z Q, =: BQ.» 


where f = 1.8 — pump operation coefficient. 
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For various turbine types, the following approximate relationships exist 
between the pressure-tank volume and the servomotor-cylinder volumes: 
for Kaplan turbines 


V, = (18 to 20 V, + (3 to 4) V;; (XII.25) 


for Francis turbines with pressure regulator and valve, if the latter is 
controlled by oil pressure from the pressure-oil system 


V, = (18 to 20) Vy + 3V, + (9 to 10) Vp. (X11.26) 


where V, and Vor = volumes of the valve and pressure-regulator servomotor- 
cylinders,respectively. 
The relationship under normal operating duties between the air and oil 
volumes Va and V, is usually 


V, = (0.6 to 0.7) Vi; (X11.27) 
o = (0.3 to 0.4) V.. (X11.28) 


The basic dimensions of the oil-pressure tank are determined by the 
total volume required, with the following relationship between the tank 
height and diameter 


H = (2t0 3) D. (X11.29) 


The thickness of the pressure-tank walls is determined according to 
boiler-inspection standards by the formulas: 
for the tank walls 


s= — — (XIL.30) 
(4-5). 


for the cover 





TES pDe 
uber t Ce. (X1I.31) 


rated pressure, kg/cm?2; 
inner diameter of the tank, mm; 
outer diameter of the cover; 
ultimate strength, kg/ mm2; 
safety factor; 
strength factor for welded seams; 
coefficient allowing for the cover shape; 
C,, and C, = allowances (mm) for variation in the thickness of the 
rolled sheets, and for corrosion. 

In designing the pressure tank, the following values are assumed: «o, = 
= 41 kg/ mm? for 20K steel; n = 4.35; e = 0.95; C, = 1 to 2mm; C, = 2 to 
3 mm. 


where 


" 
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Chapter XIII 


HYDRAULIC-TURBINE DESIGN AND MANUFACTURE 


75. DESIGN PROCEDURE 


The designing of a hydraulic turbine is usually performed inthree stages: 
preliminary study, over-all design, and preparation of working drawings. 

Preliminary study. The preliminary study of a new turbine design is 
carried out when the total plant capacityZ N, the rated head H,, and the 
head variation (between H mna and H,,,) are known, 

On the basis of these data, preliminary design entails selecting the main 
turbine parameters, such as: type of turbine, runner type and diameter, 
and speed, and determining the general layout of the hydro unit. 

The particular turbine type (Kaplan, axial fixed-blade, Francis, or 
Pclton) is selected according to the [available] head. Each type has its 
advantages and limitations. Thus, for instance, Kaplan turbines are more 
suited tolow heads. With simultaneous regulation of distributor and runner 
blades, they provide higher outputs and efficiencies under varying operating 
conditions than other turbines, Kaplan turbines are, however, more com- 
plicated in design and more expensive, and their water passages are larger. 

The construction of the submerged parts of plants for Kaplan turbines is 
expensive, particularly the deep draft tubes. Special calculations are re- 
quired to decide whether Kaplan or simpler Francis turbines should be used 
for high heads. In selecting the turbine characteristics, the number of 
hydro units to be installed in a plant must also be decided. Present trend 
is to prefer a small number of large units to a large number of small units. 

The selection of the runner diameter D, and speed n depends largely upon 
the draft head. Higher turbine speed leads to smaller turbine and generator 
dimensions, requiring, however, a larger discharge capacity Q, and greater 
speed a,. Turbines with high specific speeds are usually more prone to 
cavitation and therefore require higher draft heads, i.e., deeper draft tube 
settings. Several alternatives should be considered in this event, and 
compared from the economic standpoint. 

In selecting the turbine type, special designs should also be considered; 
thus, for instance, a pumped-storage hydro plant should, in principle, be 
equipped with both turbines and pumps. A single hydro unit may also be 
used, however, designed to work either as turbine or as pump (reversible 
pump -turbine). 

In tidal power plants the turbines planned are such reversible pump- 
turbine units. In selecting the basic characteristics of a hydraulic turbine, 
series-production of turbines of the same type should also be envisaged. 
For a large series of turbines of the same type, production costs can be 
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considerably reduced. Thus, e.g., the cost of.the last turbines of a series 
of 20 identical units for the Volga HEP imeni Lenin was 40% lower than the 
cost of the first. 

Economic analysis is uSually performed jointly by the turbine and hydro- 
plant designers, 

In preparing the technical design of an HEP for given turbine types and 
sizes, it is important first to study the turbine water passages, from scroll 
casing todraft tube, and to solve the technically and economically important 
task of designing turbines of high-efficiency ņ with low cavitation coefficients 
o for minimum over-all sizes (width B and depth L} of the turbine -block struc- 
ture. These requirements, however, are conflicting. Thus, for high ef- 
ficiency, free water passages of large dimensions (i.e. large sizes of the 
turbine block), are required, but this markedly increases construction costs. 
On the other hand, smaller water passages increase the flow velocity and 
reduce efficiency. 

Over-alldesign. To reduce the depth of the submerged structures of 
the plant, a low draft tube is required, but this necessarily impairs flow 
conditions, since the proximity of the elbow to the runner increases flow 
nonuniformity in the outlet diffuser of the draft tube, and thus the losses 
in the draft tube. Therefore, to obtain high efficiencies, high draft tubes 
with large elbows are required. 

A careful comparative study of various designs of water passages is 
necessary in order to ensure the required efficiency and low cavitation 
coefficients. Analytic computations and elaborate laboratory research 
(aerodynamic and hydrodynamic tests) are undertaken for this purpose. 

Various designs for runners, scroll cases, draft tubes, etc., are in- 
vestigated on special test rigs. 

For the turbines of the Volga plant imeni Lenin, ten alternative runners 
were designed and tested, as well as draft tubes of various shapes and 
depths, such as: L = 2.3D,, L= 1.9D,, and L= 1.5D,, conventional elbow 
type, hydrocone-type tubes, and draft tubes with guiding ribs in the elbow. 

All the main turbine parts are first designed in several variants. After 
careful comparison the final design of each part and component is selected, 
and the turbine layout as a whole decided. 

For this, the weights of the parts, the manufacturing process, the man- 
hours required, and the total cost for the different designs are compared. 

For the Volga HEP imeni Lenin the following turbine parts were designed 
in several variants: 

1) six runner variants with various blade-adjustment mechanisms; 

2) the main turbine shaft in normal design, either with forged flanges or 
without flanges. A single shaft for both turbine and generator was also 
considered; 

3) four distributor variants: conventional design, with the servomotor 
mounted on the turbine cover-plate, and with separate servomotors; 

4) three variants for the foundation parts; 

5) three variants for bearings, with oil or water lubrication, of conven- 
tional design, mounted above the turbine runner, or below it in a special 
bracket in the draft-tube cone. 

The following alternatives were compared for the speed ring of the larg- 
est turbine, having a diameter of 14 m and weight of 166t, installed at the 
Volga plant imeni Lenin: 

1) speed ring (stator) cast in eight sections; 
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2) speed ring without the lower ring and with a welded lining; 

3) speed ring with welded streamlined columns; 

4) speed ring welded and cast with ribs welded to the lower lining. 

Apart from the design itself, the following data were calculated for each 
alternative: a) weight of the finished part and of the blank; b) man hours 
required for machining, such as turning on vertical lathes, boring, and 
other operations; c) man hours required for manual operations in the shop 
and on erection; d) electrode consumption [for welding]; e) total cost; f) 
time required for manufacture and erection, 

All these data were analyzed and compared, taking into account the nov- 
elty of the design and its reliability in operation, and the design was then 
finalized. Since the elements of the water passages were the same for all 
speed-ring variants, output and efficiency were not considered in this com- 
parison. 

The Francis runner for the Bratsk HEP turbine (D,= 5.5 m, N = 225,000kw, 
H= 100m, over-all runner dimensions 6X2.7 m, weight over 100t) may 
serve as another illustrative example. 

The following runner designs were compared before deciding upon the 
final solution: 

1) all-cast integral runner; 

2) runner in two halves, with the upper and lower band welded on erec- 
tion; 

3) runner in two halves, bolted at the upper band, and welded (on erec- 
tion at the lower band; | 

4) runner in two halves, bolted at the upper band and secured by a fast- 
ening ring at the lower band; 

9) runner in two halves, secured by fastening rings at the upper and 
lower bands. 

The variant providing for final machining on site was finally select- 
ed, since otherwise the assembled runner could not have been trans- 
ported. 

A mechanical assembly-shop was therefore installed on the site of the 
Bratsk HEP, provided with the necessary equipment for the fina] machining 
of the runner, and with an electric furnace for final heat treatment after 
welding. 

The following data were determined for each variant: a) weight of fin- 
ished part and blank; b) cost of the half-runner blank; c) weight and cost 
of the connecting pieces of the runner (fasteners, rings, welds, etc.); d) 
cost of runner machining; e) nonrecoverable expenses for the equipment 
used in machining the runner on site and for heat treatment; f) total cost 
of the runner, including nonreceivable expenses. Manufacturing schedules 
were drawn up for each variant. 

In comparing the alternatives, the reliability of the design and the ac- 
curacy with which the required water-passage shapes might be obtained for 
each design were also taken into account. 

Working drawings. After the shape of all component parts of the water 
passages has been decided, the design of the actual turbine parts begins. 

Experience gained in turbine operation should be used. The following 
aspects must also be considered: availability of plant to reduce production 
time to a minimum, simplicity of machining techniques, facilities for trans- 
portation to the erection site, means of obtaining blanks with minimum 
machining allowances. 
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Experience at the LMZ and KhTZ has shown that, besides all-cast parts, 
combined welded-cast, welded-forged, and fully fabricated parts can be 
used. 

The type of blank to be used is decided upon on the basis of technical and 
economic analysis. The available machine tools and hoisting equipment are 
a decisive factor in the selection of a particular production technique. It 
is sometimes necessary to equip the shop with new machine tools. Thus, 
for instance, when the turbines for the Volga plant imeni Lenin were built, 
cost analysis showed it advisable to purchase special machine tools for 
parts whose machining on existing equipment would have been too expensive. 

New machinery was installed in the turbine construction shops for ma- 
chining the guide vanes, blade pivots, runner hubs, and other parts. 

When preparing working drawings, the strength of each part must be 
either precisely calculated, or tested on a model. Since many turbine parts 
have a very intricate shape and do not lend themselves to precise analytical 
design, the stress pattern has to be determined experimentally in model 
tests, These tests lower the total cost of the turbine because an accurate 
determination of the stresses in the part under actual operating conditions 
makes it possible to adopt a lower safety margin, thus reducing the weight 
of the part. The 85t rubber hub of the Volga plant imeni Lenin turbine can 
serve as an illustrative example. It is an intricate part as regards both 
shape and machining operations required, and is loaded by a complex sys- 
tem of forces. Model tests helped to determine not only the stress and 
strain distribution but also the effects of adjoining parts, and to decide upon 
the correct runner -hub design. 

In studying the different designs for a specific part, the facilities of 
allied manufacturing branches have also to be taken into account. 

The production methods for blanks of turbine shafts, runner blades, etc., 
also affects equipment requirements. Thus, for instance, a 75t all-forged 
turbine shaft requires large forgings and special forging equipment; a 
composite welded shaft requires simpler blanks that can be produced with 
simpler machinery. 

Production of stainless-steel all-cast runner blades of 20 to 25t net 
weight is more complicated than manufacture of conventional low-al- 
loy steel blades lined with stainless-steel plates. The new electrohydraulic 
governor entails use of new electrical equipment and instruments. Thus, 
the designing of new turbines exerts a direct effect upon allied industries. 

In conclusion, in designing a large turbine the following problems must 
be solved: 

1) design of water passages ensuring high efficiency and output; 

2) reliable detailed design of the turbine parts; 

3) design of the governor and the auxiliary equipment; 

4) producing the turbine with minimum machining. 


76. RUNAWAY PROTECTION IN HYDRO UNITS 


In designing a turbine, operation under runaway conditions has also to 
be considered. 
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Turbine and generator must withstand the effects of full runaway speed 
for a short time, as stipulated in the delivery specifications of the order. 
According to the experience of Soviet hydro plants, actual runaway occurs 
only very seldom. 

In all known instances of runaway, no serious damage was found when the 
unit was stopped. In plants with automaticregulation, out of twelve instances 
of runaway, four occurred during the governor -adjustment period, and 
eight during normal operation; the unit was shut down by the governor it- 
self in five instances. 

By statistical analysis, Gidroproekt found the probability of runaway 
occurring to be once every 24 years. The analysis covered 450 hydro units 
for a period of five years (1954 — 1958). 

Instances of runaway in European hydroelectric plants are very rare; 
they occurred mainly during turbine starting and were due to distributing- 
valve jamming. Except for one instance in Finland, no damage whatsoever 
occurred and the turbines were shut down by closing the distributor. 

Several instances of runaway in the U. S. A. which caused considerable 
damage are known; details are not available, however. 

Because of this, large low-head turbines, irrespective of location or 
make, are always equipped with runaway -protection devices. 

Experience shows that all existing protective devices receive the control 
impulse only after a significant time lag, starting to act only when the run- 
ner rotates already at 160% to 170% of its normal speed. Devices such as 
plain sliding gates are only lowered when the runner has reached full run- 
away speed. 

The problem may be formulated thus: 

1. Proceeding from the assumption that runaway is likely, the distrib- 
utor may be used in conjunction with additional protective devices; the 
runner should be designed to withstand short-time runaway. In this case 
design is necessarily more complicated and a larger amount of material 
is needed. 

It might also be advisable to provide an individual servomotor for each 
guide vane. This servomotor would be the final-control element of the 
governor under normal conditions, and would shut down the unit at runaway 
if connected to the emergency control-valve. 

2. Proceeding from the contrary assumption, that runaway is unlikely, 
special protective devices could be omitted so as not to complicate the 
turbine, only the normal governor equipment with a stand-by pressure 
Source being installed. The rotor can thus be designed to withstand smaller 
runaway speeds. Possible damage due to runaway will be considered ac- 
cidental, and will be compensated for by the savings obtained through the 
more economical design. 

The second alternative is undoubtedly economically sounder, since the 
probability of runaway occurrence is so small that the eventual costs of 
damage repair would be far less than the savings obtained by eliminating 
the heavy and costly runaway protective devices. 

A quantitative analysis can be made only by means of specific calcula- 
tions in each case. 

According to the above, in Kaplan turbines having a runner diameter of 
6 to 10m it is advisable to use the distributor as a protective device, as- 
suming that an emergency pressure-oil system is provided, and that the 
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control impulse is given immediately after load is rejected should the dis- 
tributor fail to close. 

The unit should therefore be designed so as to be able to withstand for 
a short time full runaway speed, and head gates should be provided together 
with means for changing the shear pins while the turbine is running. 

In Kaplan turbines with runner diameters from 3 to 5m it is possible to 
adjust the blades to mid-position for runaway protection in addition to the 
emergency shutdown control-valve. 


71. MANUFACTURING TECHNIQUE 


Extremely diversified metal-cutting equipment is required to manufacture 
a large turbine, and the inspection of the machining quality and accuracy 
is often difficult owing to the large dimensions and weight of the handled 
parts. 

Apart from this, by the very nature of its design, the turbine cannot be 
completely assembled and tested in the shop. This circumstance stresses 
the necessity of high-quality manufacturing of the parts and complicates 
the production technique. 

The machining of such large parts for the turbine of the Volga HEP imeni 
Lenin as, for instance, the 175 ton speed ring, the 53t turbine cover-plate, 
the 85t runner hub, the 70t upper ring of the distributor, and others 
poses complicated problems as regards the manufacturing technique and 
the required equipment. 

Handling such parts makes great demands on labor and floor space, and 
frequently requires special equipment and highly skilled workers. 

Marking ofi, setting up on the machine, and similar operations are la- 
borious when very large parts, liable to become deformed under their own 
weight, are machined. 

The following may serve as an example: the roughly machined blank for 
the shaft of a large turbine weighs 58t. After marking off, the part is to 
be machined on the lathe. One of the first operations is the correct mount- 
ing and centering of the shaft to the faceplate, the other end being mounted 
on a Steady rest. The worker then cuts a control strip close to the face- 
plate after which he turns the shaft over with the strip toward the steady 
rest; the strip is checked for throw by a dial gage. If the throw exceeds 
0.02 mm, another strip is cut, the shaft is set again in the reverse position, 
and the throw is checked once more. 

This operation is repeated until the throw at both ends does not exceed 
from 0.01 to 0.02 mm. For very heavy shafts this operation takes up two 
weeks or more, even with highly-skilled workers. Actual machining only 
begins afterwards. 

Complicated problems to be solved also arise in connection with the 
measuring of large-size parts, which has to be done during machining; 
temperature and weight of the measuring instrument,and the skill of the 
worker have a great influence on the high accuracy required. 

The inspection of the material is also difficult since castings and forg- 
ings for the large parts met with in turbine construction have frequently 
an inhomogeneous internal structure. The place where the test specimen 
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has to be cut out must be properly selected so as to provide correct informa- 
tion on the properties of the part itself. It is not less difficult to discover 
hidden defects in the metal, such as cracks, cavities, etc. 

If a complicated part is made from several sections it may easily be 
brought to the fina] shape with little machining, if the shape of the blank is 
close to that of the finished product. 

The use of welded instead of cast parts for the turbine for the Volga 
plant imeni Lenin considerably reduced the weight of the turbine and the 
number of man hours for manufacturing. This is also valid for Francis 
turbines, Welding has therefore been widely employed for turbines in re- 
cent years. Such parts as scroll casings, speed rings, distributor rings. 
shafts, guide vanes, Francis runners, valve disks, and cylinders are now- 
adays made by welding. 

Welding of Kaplan runner blades enables the shape of the blank to be 
closer to the shape of the finished part, with reduced weight of the blank, 
and less labor, production time, and cost. Other factors affect machining 
and assembly of the part and should be taken into account in the design. 
The following recommendations are tentative: 

1. Make the shape of turbine parts as simple as possible to facilitate 
machining on high-productivity equipment; reduce to a minimum the time 
spent on auxiliary operations such as setting, centering, and clamping the 
parts in the fixtures. 

2. Provide for optimum requirements regarding machining accuracy 
and surface finish. 

3. In turbine design avoid interdependent parts that have to be machined 
together. 

4. Introduce interchangeability on a large scale. 

3. Promote extensive standardization of parts and components so as to 
reduce to a minimum the machine tools required. 

The problems of economical design were solved for the first time at the 
LMZ by Z. M. Gamze; these are essential for the production of large series 
of turbines. One or a few units of different type may be manufactured by 
any method: complications in production due to an intricate design would 
not be as serious as when a large number of units have to be made to an 
uneconomical design. In this respect the experience in the manufacturing 
of a large series of [similar] turbines for the Volga HEP imeni V.I. Lenin 
and for the plant imeni XXII Congress of the KPSS is typical. These 
power plants were equipped with identical turbines, each having a runner 
diameter of 9.3 m and an output of 126,000kw. Forty-two turbines had to 
be manufactured in a relatively short time for these two plants only. 

When designing the turbines for the Volga HEP and considering the prob- 
lems of construction and manufacture, it was deemed necessary to rebuild 
the shop and to equip it with new special machine tools. Lack of time made 
necessary the adoption of new methods characteristic of series production. 

After analyzing the designs of the new turbines and the condition of the 
existing equipment, it was deemed advisable to order new, special-purpose 
lathes for the labor-consuming machining processes, 

The new lathes were designed for high-speed cutting with rotatirg tools 
and stationary work -holding devices for the large blanks. These lathes 
made it possible to raise the productivity and to improve the machining 
quality. 
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A special purpose lathe for maching guide-vane pivots is shown in Fig- 
ure XIII. 1 





FIGURE XIIL.1. Lathe for machining guide-vane pivots: 


1— guide vane; 2—headstock; 3-— slide rest; 4, 7— faceplates; 5— tools; 6— work-clamping device; 
a— pivot; b— guide-vane end-surfacc. 


Formerly the guide-vane pivots were machined on center lathes. Be- 
cause of the intricate shape of these pivots it was impossible to balance the 
guide vane perfectly, so that the pivots became oval. To obviate this, a 
very low cutting-speed was employed, but even so, oval-shape of the pivot 
could not be avoided. 

During machining the guide -vane pivot is stationary in the lathe and rests 
upon its still unmachined surfaces, The correct mounting of the pivot be- 
tween the centers (both pivots are usually machined simultaneously) is per- 
formed by a quick-acting device. 

The machining of the guide vanes themselves provides another example. 
Formerly the guide vanes were roughly shaped by means of pneumatic 
presses and finished by means of flexible-spindle hand grinders. 

This process was laborious without leading to high surface finish. Fig- 
ure XIII. 2. shows a new special-purpose copying-milling machine designed 
to machine guide-vane surfaces; the copying devices are mounted at both 
ends of the machine table which has a longitudinal motion; the flange of 
the guide vane is clamped in the table and moves together with it. 

The vane surface is machined simultaneously from both sides by two 
conical end-mills. Copying is performed by means of an electromagnetic 
follow-up device, connected through a complicated kinematic linkage, the 
models being the two guide-vane surfaces made to the scale of 1:5. 
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These milling machines made it possible to raise the productivity con- 
siderably and to improve the maching quality. 

A special lathe for guide-vane flange machining also proved useful. 

Formerly, the flanges were machined on vertical lathes. Since it was dif- 
ficult to clamp the rotating work piece rigidly in a vertical position, a low 
cutting speed, and a good deal of time for set-up was required. 

In the new lathe the cutting tool rotates clamped in a special chuck, and 
the heavy workpiece is stationary. 
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FIGURE XIII. 2. Special-purpose copying-milling machine for guide-vane surface-finishing 


During flange machining, the guide vane is set with its axis of rotation 
coinciding with the axis of:the spindle, so that the machined frontal flange 
surface is normal to the axis of rotation of the guide vane. 

Apart from these machines, other special-purpose machine tools were 
provided for machining the openings inthe rubber hub below the blade pivots, 
the openings in the turbine-shaft flanges, the blade flanges, etc. 

With the introduction of specialized equipment, production methods of 
the main turbine parts were radically changed, to the great benefit of Soviet 
turbine construction. 

Series production is important for lowering costs and shortening pro- 
ductiontime. Thisis illustrated in Figure XIII. 3 which shows the reduction 
in cost and man hours in the manufacture of the twenty turbines for the 
Volga plant imeni V.I. Lenin. The curves prove that it is advisable to use 
turbines of the same type in several plants, 

The chart in Figure XIII. 4 shows the man hours required for machining 
and assembling as a function of weight for Kaplan and Francis turbines. 
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FIGURE XIII. 3. Effect of series-production of 
hydro turbines on production costs and time 
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FIGURE XIII. 4. Man hours required for assembling 


Correct selection of the machining allowances is of particular importance 
for economical design. Frequently, the surfaces to be machines are of 
large dimensions, their machining and inspection being difficult. Machin- 
ing allowances for large parts cannot be specified independently but must 
accord with the blueprint dimensions of mating parts. The optimum allow- 
ances for large diameters should be according to the type of fit, as rec- 
ommended in GOST. It is advisable to carry out a technical analysis for 
each part in tabulated form, as done in Table VII. 2 for a Francis runner. 


73. SELECTION OF TURBINE SIZE 


Selection of the appropriate turbine size and output in large power plants 
should be coordinated with the selection of the remaining generators, gates, 
hoisting equipment, transformers, and miscellaneous electric equipment. 

The optimum turbine may not match with the best available other equip- 
ment. The cost of the powerhouse structure, which largely depends on 
the turbine size, must also be taken into account. 

An analysis of these factors is outlined below: 
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Hydraulic turbine. The turbine output is determined by the relation 
N = 9.81D?H VÄ Qin. 


The efficiencies of turbines of the same type vary only slightly for the 
same head. For instance, if the diameter increases by 100%, the efficien- 
cy increases only by between 0.5 and 0.7%. Neglecting the difference in 
efficiencies, it can be assumed that the turbine output increases as the 
square of the runner diameter: 


N = aD}. 


The weight of the turbine varies roughly with the 2.5th power of the 
runner diameter: 


G = BD}. 


The man hours required to construct turbines of the same type vary ap- 
proximately with the 1.5th power of the diameter: 


T = yD} $. 


Thus, with increasing turbine diameter, the weight of a turbine of iden- 
tical design increases more rapidly than its output, so that metal consump- 
tion per kilowatt capacity increases. The man hours required for manu- 
facturing lag behind the increase in output, less labor being required per 
kilowatt. 

With the increasing unit output and a reduction in the number of units, 
manufacturing time decreases, 

All this is valid for turbines of the same design, and for runner diam- 
eters permitting transportation by ordinary means. 

With high-power turbines, the large runner and the ring-shaped parts 
must be divided into separate transportable sections, to be assembled on 
the erection site by means of bolted joints, welding, securing rings, etc., 
with subsequent machining so that the man hours required and the costs 
increase, 

As an example, consider a Francis runner (D, = 7.5 m) designed for a 
head of 100 m. 

To comply with railroad transportation regulations the runner has to be 
divided into four sections, which are welded on site to form a single part. 

Annealing and machining are required after welding, raising the costs. 

When turbine dimensions become so large that the main parts have to 
be made in sections, costs increase rapidly because of the additional ma- 
chining operations performed in the shop and on site. Transportation costs 
also increase. 

The cost of a turbine consists mainly of the cost of the materials which 
depends on the turbine weight, and the cost of labor (including overhead), 
which varies directly with the difficulties involved in manufacture. 

The cost of an hydraulic turbine may thus be given as the sum of two 
components 


S; = Kp Di + KrDi e 
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The first member on the right represents the cost of materials, the sec- 


ond, the cost of labor. 
Generators. The weight of the generator depends upon output and speed: 


G, = f (N; x) 


For instance, if the generator output is doubled (from 175,000 kw to 
350,000 kw), the specific weight is reduced by a factor of 1.5 or 1.6. Fora 
Speed reduction from 125 to 75 rpm at constant generator output, the spe- 
cific weight increases by about 80%. 

The dimensions of the generator vary inversely with its rotational speed. 

For constant head the speed decreases in inverse proportion to the out- 
put and the runner diameter. 

Thus, with increasing output, the speed of the generator is reduced and 
its dimensions, weight, and cost increase. 

The cost of the generator S; may be assumed to vary approximately in 
direct proportion to its weight. Thus 


S =f (N; —). 


Approximately, 

Hoisting equipment. The weight and cost of a crane depend on its hoist- 
ing capacity Q and span L: 

G. = f (Q; L); Sc = fi (Q; L). 

As shown above, with increasing output the speed decreases, and the 
dimensions and weight of the generator rotor, which is the heaviest part 
of the unit and determines the hoisting capacity ofthe crane, increase. Thus 
span and hoisting capacity of the crane increase with generator output. 


The hoisting capacity Q of the crane is determined by the weight of 
the generator rotor, which may be considered to vary as the cube of the 


runner diameter, i.e., 
Gio x a Di. 


The span of the crane may be considered to vary in direct proportion to 
the runner diameter, i.e., 


L = xD). 
Consequently, the cost of the crane may be assumed to be 


S, = x. Di. 


Gates. The width of the gate at the intake is directly proportional to the 
runner diameter. The weight G, of the plain sliding gates and their cost S, 
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are approximately proportional to the third power of the width L, i.e., 
the third power of the runner dia meter D,: 


S, = xD}. 


Penstocks. Penstocks for medium-head turbines are usually inside the 
dam, completely embedded in concrete. Their weight and cost therefore 
depend mainly on their diameter and wall thickness. 

Since the wall thickness of the penstock is directly proportional to its 
diameter D, the penstock weight is 


If instead of one penstock, there are 2, 3, ...a penstocks, the diam- 
eter of each, for the same total cross-sectional area, is 


= Dp. 
d Ya j 


and their total weight 
Dy M 
2.6, =k, (2) =x D». 


Thus, the total weight of the penstocks, and consequently their cost, will 
depend only slightly on the speed and output of the hydro unit. 

Electrical equipment. With increasing unit output and the reduction in 
the number of units, the number of oil-circuit breakers, disconnecting 
Switches, current transformers, as wellas protective, control, and meas- 
uring devices, decreases. The number of power transformers also de- 
creases, 

On the other hand, the current and the power ratings of all the above- 
mentioned equipment increase, except for the protective, control, and 
measuring devices. 

It may be assumed, on the whole, that a variation of 50 to 100% in the 
hydro-unit power does not sensibly affect the cost of the electrical equipment. 

Powerhouse structures, The basic dimensions of the powerhouse con- 
crete section depend on the dimensions in plan of the scroll case, and on 
the depth of the draft tube, i.e., the distance from the level of the lower 
slab beneath the draft tubes to the crane beams. The volume of rock ex- 
cavated, if a powerhouse is required, depends on the surface of the con- 
crete section and the draft head. The depth of the rock to be excavated 
depends on the distance from the distributor axis to the lower slab surface. 

The cost of the powerhouse structure may be considered to be approxi- 
mately 


Sip =K Di. 


The optimum values of the turbine output and runner diameter may be 
determined from the minimum expenditures JS min 


E Sman = S, +$,+S. TS,TS, TS. Sy, c Sa. 
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The cost of the gates S,, auxiliary equipmentS,,,, penstock Sp, and elec- 
trical equipment S, depend only slightly on turbine output and dimensions. 
They may therefore be denoted by the constant C. 
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FIGURE XIII.5. Variation of specific cost and weight 
of the unit with unit output (head H = 100 m): 


1— cost of powerhouse structures (including cranes); 
2 — cost of turbines; 3— cost of turbines without ad- 
ditional transportation and special manufacturing 
expenses; 4— cost of generator; 5— total cost of 
powerhouse, including auxiliary-power and hoisting 
equipment; 6—turbine weight; 7— generator 
weight. 


C = S, + Sp + Se Sae. 
The minimum cost of the powerhouse and equipment is then 
D; S mia = &nDi + &yDi + KD, E kc Dit+n, Di +C, 


where D, = runner diameter. 

Several of the coefficients in the above formula are not constant even 
for a constant head, and depend upon output and number of units. There- 
fore, the relationship between the total cost of the powerhouse (including 
equipment) and the output of the unit, is very complex and cannot be solved 
analytically. 
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The comparison of costs for various design variants should therefore 
be made by direct calculations for each particular case. 

Figure XIII. 5 shows results of actual calculations for several turbines 
with outputs varying between 200 Mw and 900 Mw, for a head of 100 mand in- 
stalled plant capacity of between 5900 and 6300 Mw; the curves show the 
costs per kilowatt of installed capacity. 

It appears from the curves that, in the output range of 300 to 500 Mw per 
unit, the specific cost of the turbine varies little (curve 2), but the lowest 
specific cost corresponds to outputs between 500 and 550 Mw. 

Without considering the additional transportation and manufacturing ex- 
penses concomitant with large runner diameters (curve 3), the specific cost 
of the turbine decreases to a minimum at an output of 600 Mw. 

For Francis turbines (H= 100m), additional expenses are incurred com- 
mencing with a runner diameter of 5.5 to 6.0m. 

The specific cost of the generators (curve 4) drops continuously with in- 
creasing unit output up to 600 Mw, but starts increasing beyond 800 Mw. 

The specific cost of the powerhouse (curve 1), together with the hoisting 
equipment, increases continuously with increasing output. 

The specific cost is at a minimum for an output of 250 to 300 Mw. 

The least total specific cost of the powerhouse (curve 5), including the 
cost of auxiliary-power and hoisting equipment, is obtained for a unit out- 
put of between 600 and 700 Mw. 

The minimum turbine weight is obtained at about 550 to 600 Mw, and the 
minimum generator weight at about 700 Mw. 


79. MEANS TO REDUCE THE TURBINE WEIGHT 


The manufacture of large turbines involves great expense. The largest 
Kaplan turbine (N= 126,000kw, H= 22.5 m, see Figure V.15) for the Volga 
HEP imeni Lenin, has more than 50,000 parts. Many of these are large 
and heavy. The speed ring has an outer diameter of 14 m and weighs 166 t; 
the six runner blades each weigh 18.5t; the turbine cover-plate has an 
outer diameter 1.5 m, a length 9.4 m, and weighs 60t; the turbine-shaft 
diameter is 1.5 m, its length 12.5 m, and its weight 60t. 

Besides the many large and heavy parts forged, welded, or made of in- 
tricate castings, the turbine also has a number of comparatively small 
parts. 

The weights of Some parts for the turbines of the Volga plant imeni Lenin 
are given in Table XIII. 1. The table also shows the weight of the metal 
used for steel castings, forgings, and products of roll mills. 

It appears from the table that most of the metal is used for the runner 
and the distributor, their combined weight being 877 t, or about two-thirds 
of the total weight of the turbine. A good deal of attention should therefore 
be paid in the design to reducing weight to a minimum. 

The linings of the water passages and concrete pits, the foundation 
frames, the penstocks, etc., are usually fabricated from steel sheets and 
rolled sections, The amount of metal used for turbine parts made from 
castings is 75 to 85% of the total metal consumption. 

With the considerable advances in welding techniques during recent 
years, welding is being employed more and more in turbine construction. 
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Foundation parts, distributor rings, turbine cover-plates, gate rings, 
runner hubs, bearing brackets, etc., are nowadays generally welded. 

Welded structures are fabricated from various types of blanks. Flat 
parts are cut out from sheets; parts of cylindrical or annular shape are 
rolled; intricately-shaped parts are stamped. 

Welded structures have enabled the duration of machining to be reduced, 
particularly that performed on large special-purpose machines. Important 
savings were thus obtained, caused mainly by the reduced surface area to 
be machined and the reduced machining allowances of the welded parts. 


TABLE XIII. 1 


Weight of parts, and manhours required to manufacture the type PL-587-VB-930 turbine, N = 126,000 kw, 


H max ^ 30m, 9 = 68.8rpm 


Material, t Man hours 


Weight for each 
turbine, t 
Standard man- 


Foundation parts (without 
speed ring) 


Speed ring 
Turbine shaft 
Runner rods 


Distributor . j " 45,200 
Guide bearing 3,300 
Distributor servomotor s . ; 2,200 
Governor type RKO-250 6,300 
Pressure-oi] installation 


type MNU-32 8,600 
Oil-supply head , . = 
Platforms and ladders 
Turbine and servomotor pits 
Lining of draft tube cone 
Lining of scroll case 
Other parts 


Ca a tow (etd an take aaa ce ace Tce 
Ti toon nem] | 


* By using welded constructions the weight of steel castings was reduced to 170t, while the weight of rolled 
sheets increased to 200 t. 





Welded structures made of simple blanks may have thin walls, thus 
avoiding internal structural defects frequently occurring in heavy intricate 
Steel castings. 
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In the subsequent series of turbines for the Volga HEP imeni Lenin, a 
number of cast parts were for this reason replaced by welded parts. 

Table XIII. 2 shows weights of two turbine variants for the Volga plant 
imeni Lenin and the man hours required for manufacturing. The table 
shows that the total weight of the parts of the cast variant is 376 t, and that 
of the welded only 303.2t; thus, a weight reduction of 72.8t was obtained. 
16,218 standard man hours were required for machining the cast parts, and 
10,754 standard man hours for the welded parts; thus a reduction of 5,464 
standard man hours was obtained. These data confirm the advantages of 
employing welding. However, in the lower distributor ring and the turbine 
cover-plate the weight of rolled sheet steel used exceeds the weight of the 
cast blanks. This is explained by the fact that the surface areas of these 
parts which are to be machined are comparatively small, even for the cast- 
ings; the small machining allowances for welded parts is explained by the 
fact that the blanks can be cut from rolled sheets to the exact shape. Be- 
cause of the significant reduction in machining man hours, it is nevertheless 
advisable to substitute fabricated parts for castings even in these instances. 


TABLE XIIL.2 


Comparison of welded and cast parts of turbines for the Volga plant imeni Lenin 


abor saved, 


Standard 

















standard 





Weight, t 








man hours man hours 








[otal material con- 


sumption 


nacnii 
€ 


machining and 


finished product 
assenibl \ 


machining 





Foundation parts 5,500] 4,870 
Lower distributor 

fing «see eee 2,630) 1,870 
p p« distributor 


- 


, 7 324 
ring (,000| 4,524 


Iurbine cover- 
plate ...... 3.207| 2,440 
994 314 

1,100 900 

1,500} 1,300 


Runner cone, 
Gate ring 


[hrust bearing , 





,531 lf 218 2 





* Metal dissaving 


In the construction of large turbines, welded-cast parts obtained by 


welding cast blanks together are also used, e.g., Speed rings, guide vanes, 
etc. 
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To reduce the weight of parts and man hours required, combined blanks 
obtained by casting together two or more parts are sometimes used for parts 
formerly joined together by means of bolts, studs, and nuts. Although com- 
plicating blank design, this is advantageous whenever welding is impractical 
and mechanical fastening requires much work. By using, for the Dnieper 
HEP, an all-cast Francis runner ( D,* 5.5 m) instead of a runner made in 
three sections, its weight was reduced by 12t and 1100 man hours were 
saved on assembly. 

Combining the turbine and generator shafts of a large turbine into a single 
part reduced the shaft weight by 8t, and assembly time by 800 man hours. 

The component weights of the type RO-211-VM-410 Francis turbine (N= 
= 75,000kw, H= 66.5m, D,= 4.1 m) installed at the Bukhtarma HEP, are 
given in Table XIII. 3. For turbines inwhichonly the scroll casing is welded, 
this latter, together with the speed ring and the distributor with its servo- 
motor are the heaviest parts; their'combined weight is 184t, or more than 
60% of the total weight of the turbine. 


TABLE XIII. 3 
Component weights and man-hours required for production of the type RO-211-VM-410 turbine 






















s Man-hours 
3 2 Standard 

Type Su d E man-hours for ma- | for manual 
a 8 i 5 = labor and 
& 8 E v 3 = per chining 
oe 3 Zo E : turbine assembly 
zd OQ 2q o E 















































Runner with seals 6,300 3,700 
Foundation parts 19,250 15,000 
Speed ring together 
with No. 
11 and 12 
Turbine shaft 1,650 1,250 450 
Guide bearing 1,050 650 400 
Distributor 14,350 10,250 4,100 
Distributor servo- 
motor 1,500 900 600 
Governor 3,700 2,700 1,000 
Pressure -oil instal- 
lation 4,000 1,800 2,200 
Platforms and lad- 
ders 450 
Turbine and servo- 
motor pits, lining 
of draft tube cone — 
Scroll case = 
Other parts 1,250 
29,700 


Figure XIII. 6 shows how the specific weight (kg/kw) of various types of 
turbines has been reduced since 1900. These curves show that, over a 
period of 30 years, the specific weight of Kaplan turbines for H a 20 m was 


667 


reduced from 27.5kg/kw to 15kg/kw; over a period of 50 years the spe- 
cific weight of medium-head (H a 60 m) Francis turbines was reduced from 
33 kg/kw to 7.5 kg/kw, or to less than 
one fourth. In high-head Francis tur- 
bines (H 2 200 m), the specific weight 
was reduced from 12.5 kg/kw to4kg/kw. 
These figures show how turbine designs 
improved so that a considerable weight 
reduction could be obtained. They also 
Show that the specific weight of the tur- 
bine varies considerably with the head. 

Figure XIII. 7 shows the specific 
metal consumptions [kg/ kw] for several 
modern vertical turbines for various 
heads. These curves were plotted from 
FIGURE XIII,6. Reduction of specific turbine actual turbine data, Low-head Kaplan 
weight over the last 60 years turbines show the greatest specific 

metal consumption, high-head Francis 
turbines the lowest. With increasing 

head the specific metal consumption drops rapidly, particularly in the range 
H= 30m to H= 100m. 

In the range H =400mtoH = 100m, the design of the scroll casing exerts 
a strong influence on Specific metal consumption. On the basis of an anal- 
ysis of the weight figures for various existing turbines built during the last 
15 — 20 years, I. NL. Umikov/86/ of the LMZ staff established charts to de- 
termine the theoretical weight of the turbine and its main parts. For this 
purpose Kaplan turbines were classified according to the number of blades 
(four -blade and six-blade), and Francis turbines according to the type of 
scroll casing (welded or cast), i.e., the turbines were in fact grouped ac- 
cording to the ranges of head under which they operate. The weights of 
these turbines are given in Figure XIII. 8 for various runner diameters. 
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FIGURE XIII.8. Turbine weights (according to LMZ data): 


a— Francis; b— Kaplan. 
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FIGURE XIII. 9, . Generator weights as function of outputs for different rotational speeds: 


b — generators from 150 to 350 Mva (by courtesy 


&— generators from 15to150 Mva; 


of the "Elektrosila" plant). 
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The over-all weight does not include the weight of the governor and pres- 
sure-oil system. The weight of the turbine with cast scroll includes only 
the weight of the pressure regulator but not that of the gate. In Figure 
XIII. 8,b, the speed ring of the four-blade turbine consists only of stay ribs 
embedded in concrete, and the thrust collar is supported by the bearing 
bracket, while the six-blade runner has a speed ring complete with upper 
and lower rings, with the thrust collar mounted upon the turbine cover- 
plate. 

Weights are given for Kaplan and Francis turbines and their main parts: 
runner, distributor, scroll casing, and foundation parts. 

The weight and characteristics of several Francis and Kaplan turbines 
built at the LMZ are given in Tables XIII. 4 and XIII. 5 


TABLE XIII. 4 


Weights and characteristics of some Francis turbines built in the Soviet Union 





— wu o0 
2 F 533 = 
T ae J a 
E Selsey St 
8s] g =§ a <= 
3 2$ GeSc| 22 
> ERliags2i 3S2? 
1933 15,300 | 126.50 11.40 38.00 
1939 21,000 | 229.00 22.50 44.50 
1946 15,000 | 660.00 92.00 . 160.00 
1950 61,500 | 314.14 46.43 84.33 
1951 85,000 | 631.96 112.15 150.00 
1953 55,200 | 165.54 8.56 40.00 
1954 85,000 — 47.00 ~ 
1960 147,000 | 658.00 99.00 = 
1960 215,000 | 807 93.20 — 


TABLE XIII. $ 


Weights and characteristics of some Kaplan turbines built in the Soviet Union 


£s Jh 
= D B 3E |F. 
E E = Sess 
" 9 9 BS ES 
: S : Psi. 
2 x a A 0 2 È 
1933 2,470 40.50 3.10 
1934 11,000 | 161.00 13.00 
1937 15,000 | 330.00 : 30.00 
1940 65,000 |1256.00 i 98.00 
1950 41,500 | 582.00 27.17 
1952 90,000 | 816.00 45.34 
1953 $9,000 | 1141.30 : 92.00 
1954 126,000 | 1460.00 83.76 
1958 §8,000 | 463.8 : — 
1959 36,000 | 169.0 — 
1960 45,400 | 930.0 — 
1960 41,750 | 321.0 — 
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Figure XIII. 9 shows the relationship between generator weight and out- 
put for different rotational speeds. 

The curves show that the speed exerts a great influence on the generator 
weight. Thus, for instance, a 100 Mva generator weighs 1350t for a speed 
of 62.5 rpm, but only 950t for a speed of 100 rpm. 


80. MATERIALS USED IN TURBINE CONSTRUCTION 


Steel, cast iron, bronze, and smaller quantities of other materials (bab- 
bitt, rubber, plastics are used tomanufacture the large turbine components. 
Most parts are made of steel castings, forgings, rolled sections, and 

sheets. 

Steel castings constitute about 55% of the total weight of a large Kaplan 
turbine, steel sheets and rolled sections about 25%. In Francis turbines 
the share of steel sheets and rolled sections is about 40%, the share of 
steel castings being also 40%. 

Since welding is more widely employed nowadays, the share of steel 
sheets and rolled sections is increasing, while that of steel castings is be- 
coming less. 

The weight of cast iron used in large turbines varies between 8 and 10% 
of the total weight of the turbine. 

Forgings constitute about 10 to 12% of the total weight. 

Steel castings are used for the largest parts such as the runner hub of 
Kaplan turbines, the runner of Francis turbines, the blades, guide vanes, 
turbine cover-plates, etc. 

By reason of their complicated structure and large dimensions, the parts 
must often be cast with thick walls, and casting defects may therefore oc- 
cur on the surfaces to be machined and at the transitions between sections. 

Hence, good castability and weldability are essential for the steel from 
which the castings are made. Most steel castings are made of 30L carbon 
steel with 0.25 to 0.35% carbon having the following mechanical character- 
istics: 


Ultimate (tensile) strength ........ 45 kg/ mm? 
Yield point ................. 23 kg/mm? 
Elongation test specimen (1- 5d} ... 16 % 
Reduction of area .......... eese 30 % 

Impact strength (Mesnager) ...... 3.0 kgm/cm? 
Brinell hardness ........... eee ° 128-180 


* (1 = 5, specimen diasneters d.) 


Large steel] castings are heat-treated, tempered, and stress-relieved. 

To ensure good weldability, the carbon content should not exceed 0.35%, 
25L low-carbon steel has good castability. 

Ingots of grade-40 steel melted in open hearth furnaces are used for im- 
portant forgings such as turbine shafts. The carbon content varies from 
0.35 to 0.45%. The approximate mechanical properties of the forging are 
as follows: 
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Ultimate (tensile) strength ........ 48 kg/mm? 


Yield POUNt 64a brushing 26 kg/mm? 
Elongation of the test specimen (1- 54) 16 % 
Reduction of area ............. 30 % 

Impact strength (Mesnager) ....... 4 kgm/cm? 


Steel sheets and rolled section shapes are usually made of hot-rolled 
carbon steel according to GOST 380-60 (carbon steel, standard quality) 
and GOST 1051-59 (structural high-quality steel). 

Parts of the turbine water-passages, particularly the runner of the 
Francis turbine and the blades of the Kaplan turbine, operate under cavita- 
tion conditions. Since cavitation cannot be completely eliminated by proper 
selection of the turbine characteristics and blade profile, cavitation erosion 
should be localized by using cavitation-resistant materials. This applies 
in particular to the blade of the Kaplan runner. 

High-chromium steel, grade 25Khl14NL, extensively used for large tur- 
bine blades, has the following chemical composition: carbon — 0.18 to 
0.25%, chromium — 12.5 to 14.5%, nickel — 0.5 to 0.8%, silicon — 0.4 to 
0.7%, manganese — 0.3 to 0.6%, sulfur — not more than 0.03%, phosphorus — 
not more than 0.03%. Yu. A. Nekhendzi was the first to use this steel for 
runner blades. Its mechanical properties are as follows: 


Ultimate strength ...... leen 55 kg/mm? 
Yield strength ........... leere 30 kg/ mm2 
Elongation of test specimen (l= 5d) .... 14% 
Reduction of area www we ee ee ce ee 30% 

Impact strength (Mesnager) ......... 30 kgm/cm? 
Brinell hardness... ...... 2... e eee 190-235 


The service records of carbon and high-chromium steels are of interest. 

A 40,000 kw Kaplan turbine, operating under a head 25m, was provided 
with blades made of 30L carbon steel and 20Kh13NL chromium steel. After 
13,000 hours of operation, no cavitation damage was discovered on the 
chromium-steel blades, whereas the lower surface of the carbon-steel 
blades was pitted on an area of 9dm2 to a depth of 4 to 5 mm after 4000 
hours of operation and on an area of 30 dm? to a depth of 5 to 88 mm after 
13,000 hours of operation. 

However, on another, larger turbine (N = 65,000 kw) operating under a 
head of 17 m, also provided with 20Kh13NL high-chromium steel blades, 
cavitation damage was discovered on all blades on an area of 16dm? to a 
depth of 10 mm after 34,000 hours of operation. 

Other turbines showed similar damage after prolonged operation. 

High-chromium steel has a considerable cavitation resistance and better 
mechanical properties than carbon steel. It is therefore extensively used 
in turbines, 

However, this steel has poor castability, is prone to cracking, and can 
be smelted only in electrical furnaces. Casting blades of this steel is very 
difficult. Facing by welding is only possible after preheating the blades 
to a temperature of between 350? and 400°C, so that repairs in situ of cor- 
roded blades is very difficult. 
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When a large order for blades for the large turbines of the Volga HEP 
imeni Lenin was received, efforts were made to find steels of higher mech- 
anical properties. 

Systematic research carried out at the TsNIITMAShand atthe LMZ on 
metals for large turbine blades has proved the difficulty of making large 
blades (20t net weight) with the required ductility and impact strength from 
25Kh14NL stainless steel. The properties of the material differ in the thin 
and thick sections of the blade and the blade castings show a considerable 
chemical inhomogeneity. 

Data on the properties of steel are usually obtained from tests on com- 
paratively thin cast test Specimens, and only give an approximate idea of 
the true properties of the casting. An improved stainless steel—20Kh1 3NL— 
was found suitable for the blades. Its composition is: carbon — 0.17 to 
0.22%, chromium — 11.5 to 13.5%, nickel — 0.6 to 1%, silicon — not more 
than 0.7%, manganese — 0.3 to 0.6%, sulfur — not more than 0.03%, phos- 
‘phorus — not more than 0.03%, titanium — not more than 0.15%. The addi- 
tion of titanium increases the impact resistance and improves the internal 
structure of the steel. This composition makes it possible to obtain a more 
uniform structure, higher mechanical strength, and ductility of the alloy. 

For blade manufacture, I. R. Kryanin suggested 18DGSL copper steel of 
following composition: carbon — 0.14 to 0.20%, silicon — 0.6 to 0.8%, man- 
ganese — 1.0 to 1.3%, copper — 1.2 to 1.5%, sulfur — not more than 0.03%, 
and phosphorus — not more than 0.04%. 

The mechanical properties of this steel are as follows: 


Ultimate strength ....... lese 60 kg/mm? 
Yield strength ............. € 42 kg/ mm? 
Elongation of test specimen (l= 5d) .... 14% 
Reduction of area 2.2... ene TIE 30% 
Impact strength ....ecccccsecees 6 kgm/cm? 


Steel tested at the TsNIITMASh on the magnetostrictive vibrator showed 
satisfactory cavitation resistance. A nickel bar immersed in water and 
subjected to the action of a magnetic field undergoes changes in its length 
due to magnetic forces. Because of the high frequency of the mechanical 
vibrations, the water separates from the specimen surface in the first half 
of the cycle, impinging on it again in the second half. Strong perturbations 
of the water flow are thus caused, the bubbles collapsing against the speci- 
men surface and damaging it. The test bars exhibited a high cavitation- 
resistance, and this steel grade was therefore used in manufacturing many 
types of blades for various turbines. Experience showed, however, that 
results of cavitation tests at the TSNIITMASh were not confirmed in operat- 
ing practice. Blades made of 18DGSL steel suffered,not less than blades 
made of common 30L carbon steel, severe cavitation damage in operation. 
Apart from this, 18DGSL steel shows a tendency to crack and has a poor 
weldability. It is, therefore, no longer used for casting turbine blades. 

A recent innovation is the manufacture of turbine blades from laminated 
metals. Castings of carbon or low-alloy steel are faced with welded stain- 
less steel plates, This construction combines the high cavitation-resistant 
properties of stainless steel with the machinability and low cost of carbon 
steel. Forthis purpose TsNIITMAShcreated the 20GSL steel, having the fol- 
lowing chemical composition: carbon — 0.16 to 0.22%, manganese — 1.0 to 
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1.3%, silicon — 0.6 to 0.8%, sulfur and phosphorus — each not more than 
0.03%. 
The mechanical properties of this steel are: 


Ultimate strength ...... E e sa 52 kg/mm? 
Yield ittengin............ — € 30 kg/ mn 
Elongation ...eecccccccscccvece 14% 
Reduction of area .......... errr 30% 
Impact strength ... 2... celeres 5 kgm/cm2 
Brinell hardness ...... a6 6 wre eee 156-197 


After heat treatment this steel exhibits better mechanical properties 
than common carbon-steel. Casting defects may be repaired by welding 
with standard electrodes without preheating. No quenching structure or 
cracks appear in the welds, so that no subsequent heat treatment is re- 
quired. 

By reason of its mechanical properties, 20GSL silicon-manganese steel 
is far more extensively used in turbine construction than low carbon steels 
of grade 30L and 25L; it may be welded without preheating. It is therefore 
used not only for Kaplan runner blades, but also for Francis runners and 
other large parts which, apart from high mechanical properties, require 
good weldability. This steel is not cavitation-resistant and thus regions 
liable to erosion damage should be faced by welding, or lined with IKh18N9T 
steel. The fatigue limit of 20GSL steel in water is considerably lower than 
that of stainless steel (12 kg/ mm? as against 19kg/mm2); this must be 
taken into consideration when selecting steel for blades or other parts sub- 
jected to vibrations. 

Austenitic stainless steel (grade IKh18N9T) used to line the blades has 
the following chemical composition: carbon — 0.14%, chromium — 17 to 19%, 
nickel — 8 to 11%, silicon — 0.9%, manganese — 0.8%, titanium — not more 
than 0.8%. It isductile and shows high chemical stability and good welda- 
bility. ° 

The similar 20GS silicon-manganese steel is used for large forgings such 
as forged shells for turbine shafts. 

A steel with austenitic-ferrite structure (10Khl 8N3G3D2 - L) is used at 
present in turbine construction for parts immersed in flowing water and 
subject to erosion. 

The chemical composition of this steel is: carbon — not more than 0.1%, 
silicon — 0.3 to 0.5%, manganese — 2.5 to 3%, chromium — 17.5 to 19.5%, 
nickel — 3.0 to 3.5%, copper — 1.8 to 2.2%, sulfur and phosphorus — each 
not more than 0.03%. The mechanical properties of this steel are as fol- 
lows: 


Fatigue limit — ........ $9245. ^. — 55kg/mn? 
Yield strength. - zr pac RR 30 kg/mm? 
Impact strengths. 222 2.0 kgm/cm? 
Brinell harndess ,......... 250-320 


The erosion resistance of this steel is approximately 50 to 10076 higher 
than that of carbon steel (according to TsNIITMAShdata). However,itis 
very expensive and requires a complicated manufacturing process, partic- 
ularly for casting pieces of nonuniform thickness, The castings show 
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nonuniform ductility, especially when their carbon content is high. The 
Steel may be comparatively easily welded without preheating, especially 
after austempering. The parts of a welded structure should therefore un- 
dergo suitable heat treatment before welding. After welding they should 
undergo tempering to increase their hardness (260 to 320 Hp), and only 
afterwards should final machining be performed. If some parts (e.g., the 
runner body) require rough machining, this operation should be done before 
tempering. 

High chromium and nickel content confers a high cavitation resistance 
to 10Kh18N3G3D2L steel. 

I. N. Bogachev and R.I. Mints /9/ showed that cavitation resistance is 
conferred by a homogeneous solid-solution (austenitic or martensitic) struc- 
ture. They suggest chromium-manganese -base medium-carbon steel (of 
grade 30G10Kh10) as most suitable. 

These steels are self-hardening. Due to the shocks caused by cavitation 
on the metallayer, the austenite turns into martensite which hardens and 
becomes cavitation-resistant. This steel has not yet been used, however, 
in the construction of large turbine parts. Its technological operational 
properties are still unknown. 

Atthe LMZ, components of comparatively small dimensions (guide vanes 
of small turbines, protective linings, seal rings, etc.) made of carbon 
Steel, are surface-hardened through chemical and heat treatment (carbur- 
izing followed by quenching) to provide protection against erosion damage. 
Various compositions of cavitation-resistant alloys are also being consid- 
ered for facings. 

Rolled sheets of laminated materials (steel 3 + 1Kh18N9T and steel 3 + 
E1496) are frequently used for welded throat rings and for cavitation-re- 
sistant linings. 

For scroll casings of large turbines, sheets at grade SKhL -4 (10KhSND) 
steel are now increasingly used. This steel has the following composition: 
carbon — 0.12%, manganese — 0.5 to 0.8%, silicon — 0.8 to 1.1% chromium 
— 0.6 to 0.9%, nickel — 0.5 to 0.8%, copper — 0.4 to 0.65%, sulfur and phos- 
phorus — each not more than 0.04%. 

The mechanical properties of this steel are as follows: 
fatigue limit — 54 kg/ mm2, elongation of test specimen (1 = 5d) — 18%. 

It can be welded without preheating but its use is restricted to sheets 
up to 32 mm thick. 
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